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TECHNICAL  EVALUATION  REPORT 


by 


M.J  .Hartmann 
NASA 

Lewis  Research  Center 
Cleveland,  Ohio,  USA 


I.  INTRODUCTION 

The  55th  (B)  Meeting  of  the  Propulsion  and  Energetics  Panel  Specialists  on  Centrifugal  Compressors,  Flow 
Phenomena  and  Performance  was  convened  at  the  Bibliotheque  Royal  (Albertim  Royal  Library),  Mont  des  Arts  in 
Brussels,  Belgium  on  May  7-9,  1980.  The  purpose  of  the  meeting  was  to  provide  to  both  the  research  scientist  and  the 
development  engineer  new  knowledge  gained  by  theoretical  flow  field  calculations  and  by  new  experimental  investiga¬ 
tions.  The  following  sessions  include  21  papers  and  the  related  discussions: 

1  Experimental  Investigation  of  Flow  in  Impellers 
11  Theoretical  Calculations  of  Flow  in  Impellers 

III  Interaction  Between  Impeller  and  Diffuser 

IV  Design  Experience  and  Performance  of  Advanced  Centrifugal  Compressors  (Part  I) 

V  Design  Experience  and  Performance  of  Advanced  Centrifugal  Compressors  (Part  II) 


2.  SUMMARY  AND  COMMENTARY 

The  meeting  was  arranged  with  the  general  theme  and  perhaps  the  expectation  that  advanced  flow  calculation 
procedures  and  advanced  flow  measuring  systems  which  have  evolved  over  the  past  several  years  may  be  used  to  provide 
centrifugal  compressors  with  substantial  performance  improvements.  The  expected  improvements  to  be  achieved  by 
providing  designers  and  developers  of  centrifugal  compressors  with  the  ability  to  extend  stable  operating  range.  The 
meeting  theme  addresses  the  need  for  exchanging  information  between  the  analysts  developing  new  analytical  flow 
calculational  methods  and  experimental  engineers  presently  engaged  in  advancing  technology  through  contemporary 
methods.  In  addition,  considerable  information  was  brought  forth  on  the  present  design  and  development  methods  and 
the  high  levels  of  performance  being  achieved  in  centrifugal  compressors.  The  meeting  provided  an  excellent  information 
exchange  through  the  paper  presentations  and  the  related  discussion  periods.  The  papers  were  generally  of  very  high 
quality  and  the  meeting  arrangements  were  excellent. 

Rapid  advances  are  being  made  in  the  area  of  flow  analysis  in  centrifugal  compressors.  Several  numerical  analysis 
methods  have  been  developed,  programmed  and  some  computations  have  been  made,  generally  by  the  authors  of  the 
methods.  The  laser  based  and  other  methods  of  obtaining  detail  flow  distributions  with  minimal  or  without  intruding 
into  the  flow  stream  have  been  applied  to  compressors  of  moderate  speed  and  pressure  ratio.  The  authors  of  the 
numerical  methods  are  attempting  to  validate  the  calculated  flow  and  determine  the  necessary  complexities  and  the  input 
and  boundary  conditions  required  to  properly  model  the  observed  flow  in  these  machines.  Partial  agreement  between 
calculation  and  experiment  has  been  achieved.  It  is  also  noted  that  differences  between  the  various  theoretical  analysis 
methods  have  not  been  totally  resolved.  Considerable  experience  and  research  are  necessary  to  establish  the  level  of 
confidence  in  the  numerical  methods  to  establish  them  as  the  basis  for  the  design  of  high  pressure  centrifugal 
compressors. 

Present  design  and  development  methods  are  being  utilized  to  continue  the  advancement  of  centrifugal  compressor 
technology.  High  levels  of  performance,  and  broad  stable  operating  flow  range,  and  other  requirements  have  been 
achieved  through  extensive  development  efforts.  In  some  cases,  novel  concepts  have  been  evolved  to  provide  desired 
improvements. 

There  is  no  doubt  that  these  analytical  methods  will  be  utilized  and  are  necessary  to  support  the  advancement  of 
high  pressure  centrifugal  compressors.  The  exact  manner  in  which  this  support  will  evolve  cannot  be  determined  at  this 
time.  However,  a  strong  dependence  on  contemporary  design  and  development  methods  will  be  required  for  the  foresee¬ 
able  future. 
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3.  RECOMMENDATIONS 


The  advancement  of  centrifugal  compressor  technology  will  be  strongly  dependent  on  continued  research  and  the 
discrimination  of  information  in  a  number  of  key  areas.  The  key  areas  identified  as  a  result  of  the  subject  meeting  and 
recommended  for  additional  consideration  during  the  next  five  years  are  the  following: 

Instrumentation  and  measurement  systems  that  provide  detail  flow  information  in  high  pressure  ratio  centrifugal 
compressors  (6:1  or  greater). 

The  use  of  numerical  methods  in  the  How  analysis  and  design  of  centrifugal  compressors  of  moderate  pressure 
ratio. 


Analytical  and  experimental  studies  of  the  structural  design  and  aerodynamic-structural  interaction  in  high  speed 
centrifugal  compressors. 

Flow  phenomena  and  performance  of  high  pressure  ratio  centrifugal  compressors  (6:1  or  greater). 


4.  DISCUSSION 

The  general  outline  of  the  meeting  provided  first  a  discussion  of  the  detail  flow  experimentally  observed  in  centri¬ 
fugal  compressors.  Secondly,  the  status  and  some  new  developments  in  theoretical  How  computations  in  impellers  was 
presented.  The  third  session  was  primarily  devoted  to  diffuser  (lows  and  diffuser  impeller  interactions.  Finally,  the  last 
two  sessions  dealt  with  contemporary  performance  and  the  design/analysis/development  approaches  utilized  to 
advance  performance  levels.  The  comprehensive  review  and  information  exchange  afforded  by  the  five  sessions  will  be 
discussed  in  the  following  paragraphs. 

Session  I  -  Experimental  Flows  in  Impellers  and  Diffusers 

The  four  papers  in  this  session  dealt  with  the  complex  How  conditions  which  must  be  considered  in  a  meaningful 
theoretical  analysis  of  centrifugal  compressor  Hows.  Particular  difficulty  exists  at  the  exit  of  the  impeller  and  the 
entrance  to  the  diffuser  where  the  How  is  highly  spacially  distorted  and  subject  to  severe  unsteady  conditions.  Diffuser 
performance,  however,  is  remarkably  high  at  part  speeds  and  in  compressors,  designed  for  modest  pressure  ratios.  These 
poor  flow  conditions  do  result  in  high  losses  and  limit  stable  operating  range  of  high  pressure,  high  speed  compressors.  In 
analyzing  the  flow  in  centrifugal  compressor  components,  both  experimental  and  theoretical  researchers  have  observed  a 
variety  of  flow  distributions.  The  reason  for  these  differences  may  result  in  part  because  the  analytical  methods  are  still 
being  developed;  each  method  has  unique  capability  and  is  subject  to  the  interpretation  of  the  researchers.  It  may  also 
be  that  substantially  different  flow  distributions  do  occur  in  centrifugal  compressors.  This  probably  should  be  expected 
in  compressors  since  a  number  of  interacting  flow  phenomena  occur  simultaneously.  The  observed  flow  configuration 
then  is  dependent  on  the  particular  phenomena  controlling  or  dominating  the  flow  process  for  the  particular  design  or 
operating  condition  under  study.  Thus,  in  some  cases  what  appear  to  be  small  design  changes  can  result  in  considerable 
change  in  the  detail  flow  configuration.  Somewhat  different  secondary  flows  have  been  observed  in  impellers  utilizing  a 
front  cover  as  compared  to  one  that  has  no  front  cover.  The  fourth  paper  very  neatly  points  out  that  in  multistage 
centrifugal  units  the  vanod  duct  returning  the  flow  to  the  following  impeller  inlet  contains  a  substantial  velocity 
distortion.  These  velocity  distortions  like  other  flow  defects  in  moderate  pressure  ratio  machines  can  be  empirically 
accounted  for  in  the  design  in  such  a  manner  as  to  minimize  the  performance  defect.  To  be  successful  and  useful, 
advanced  theoretical  flow  analysis  methods  must  observe  and  suitably  account  for  a  wide  variety  of  real  flow  phenomena 
shown  to  exist  in  moderate  pressure  ratio  centrifugal  compressors. 

Session  II  -  Theoretical  Calculations  of  Flows  in  Impellers 

The  five  presentations  in  this  session  indicated  several  advanced  analytical  methods  that  are  in  various  stages  of 
development.  It  is  also  known  that  numerous  other  theoretical  methods  employing  analytical  and  numerical  methods  are 
under  study.  The  streamline  curvature,  two-dimensional  and  quasi-three-dimensional  methods  have  been  continuously 
improved  for  many  years.  Analysis  have  included  larger  numbers  of  stations  both  radially  and  circumferentially.  Some 
accounting  for  secondary  flow  effects  and  three-dimensional  boundary  layers  have  been  included.  Substantial  improve¬ 
ment  in  computational  time  have  been  achieved  through  the  applications  of  large  computers  and  improved  computation 
methods.  Substantial  progress  has  also  been  achieved  in  the  adoption  of  numerical  methods  which  can  provide  complete 
three-dimensional  viscous  flow  simulation  to  the  analysis  of  centrifugal  compressors.  The  methods  that  provide  solutions 
for  the  complete  Navier-Stokes  equations  have  generally  been  characterized  as  requiring  excessive  computational  time. 
The  advanced  scientific  computers  and  improved  coding  may  reduce  this  substantially  but  the  extent  of  the  computa¬ 
tional  time  reduction  must  still  be  determined.  Improved  algorithms  providing  for  the  modeling  of  three-dimensional 
inviscid  and  viscous  flows  in  impellers  that  result  in  relatively  short  computational  time  are  in  various  stages  of  develop¬ 
ment.  Some  of  these  methods  are  being  examined  by  the  authors  and  compared  to  available  experimentally  determined 
flows.  Besides  investigating  the  numerical  performance  of  these  codes,  the  authors  are  investigating  such  factors  as  the 
effect  of  inlet  vorticity,  inlet  boundary  layer,  and  impeller  clearances  to  determine  the  impact  these  factors  have  on  the 
general  flow  configuration.  Whereas  some  general  agreement  between  calculations  and  experiment  has  been  achieved, 
notable  exceptions  in  flow  configuration  and  particularly  in  magnitude  are  also  noted.  Comparison  between  theoretical 
methods  is  presently  not  well  in  hand.  Because  the  theoretical  analysis  methods  are  in  various  stages  of  development,  it 
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is  difficult  at  this  time  to  draw  overall  conclusions  concerning  the  relative  merits  of  the  methods,  the  degree  of 
complexity  necessary  to  suitably  model  the  How,  or  the  manner  in  which  these  methods  can  best  be  applied.  Substantial 
research  of  the  theoretical  flow  analysis  methods  is  still  required  to  fully  describe  the  How  at  the  near  design  (high 
efficiency)  operation  and  even  more  effort  will  be  required  to  extend  the  analysis  to  the  off  design  and  to  the  advanced 
levels  of  performance  now  expected  of  centrifugal  compressors. 

Session  III  Interaction  Between  Impellers  and  Diffusers 

Flow  conditions  in  the  diffuser  component  and  the  interaction  of  the  diffuser  flow  with  the  impeller  are  not  well 
understood.  Advanced  analytical  methods  apparently  have  not  yet  been  devised  that  adequately  describe  the  adverse, 
time  unsteady.  How  conditions  in  the  diffuser.  Available  analytical  studies  do  indicate  that  the  geometries  and  How 
conditions  in  the  region  of  the  diffuser  are  very  sensitive  to  small  changes  in  effective  How  areas.  Thus,  what  are  generally 
thought  to  be  small  boundary  layer  or  blockage  effects  can  result  in  substantial  changes  in  velocity  gradients.  Generally, 
empirical  data  and  experimental  development  studies  are  coupled  with  the  design  process  to  achieve  the  best  performance 
of  inducer  impeller  combinations. 

Shock  and  unsteady  (lows  result  in  detrimental  interactions  between  the  diffuser  and  impeller  flows  particularly 
when  high  How  velocities  occur  at  the  entrance  to  tl»e  diffuser  vanes.  Poor  (low  and/or  structural  damage  have  been 
observed.  Detail  flow  measurements  in  the  region  of  the  diffuser  indicate  that  rotating  nonuniformities  (rotating  stall) 
may  be  observed  at  certain  operating  conditions.  The  last  paper  in  this  session  provides  an  interesting  experimental 
approach  to  determine  the  diffuser  performance  defects  associated  with  the  unsteady  and  the  steady  diffusion. 
Continuation  of  'his  or  related  developments  could  lead  to  a  more  rational  and  less  empirical  design  method  for  diffusers. 
The  discussion  presented  in  this  session  indicated  that  the  diffuser  performance  and  the  interaction  of  the  diffuser  and 
impeller  (lows  are  probably  the  least  understood  and  most  difficult  picblem  associated  with  the  centrifugal  compressor. 

Sessions  IV  and  V  -  Design  Experience  and  Performance  of  Advanced  Centrifugal  Compressor  (Part  I  and  Part  II) 

The  presentations  of  these  two  sessions  delineated  a  number  of  very  important  points  in  considering  the  methods  to 
continue  advancing  centrifugal  compressor  technology.  Present  analytical/empirical  design  methods  have  been 
computerized  so  that  centrifugal  compressors  can  be  optimized  for  a  given  application.  These  overall  How  design/analysis 
systems  have  been  developed  in  a  consistent  manner  and  are  backed  by  an  extensive  experimental  base.  These  optimiza¬ 
tion  approaches  generally  include  directly  or  indirectly  stress  and  aerostruetural  computations  and  evaluations.  In  some 
cases,  impeller  blading  is  adapted  to  particular  computer  controlled  or  automatic  machining  processes  as  well  as  providing 
an  optimum  performance  potential  indicated  by  the  data  base.  Extensive  background  also  exists  to  “trim”  or  optimize 
the  design  through  an  experimental  development  program.  These  experimental  development  programs  have  in  some  cases 
been  long  and  costly  but  they  generally  have  resulted  in  centrifugal  compressors  of  very  high  levels  of  performance.  In 
the  course  of  developing  advanced  compressors,  “novel”  concepts  have  often  been  utilized.  These  concepts  include 
various  approaches  and  are  the  "stock  and  trade”  of  the  development  engineer.  The  extent  that  a  design  system  can  be 
“stretched”  with  dependence  on  these  novel  concepts  must  be  based  on  experience  with  the  particular  design  system. 

Flow  these  or  similar  concepts  can  be  exploited  in  the  analytical/design  process  is  not  yet  known. 

Flow  conditions  that  control  the  surge  line  of  a  high  performance  compressor  continue  to  be  relatively  unknown. 

It  should  be  noted  that  compressor  flow  components  contribute  to  surge  through  energy  addition  and/or  loss,  and  their 
dynamic  stability  characteristics  such  as  rotating  stall.  These  flow  components  determine  the  compressor  dynamic 
performance  characteristics,  which  along  with  those  of  the  system,  determine  the  likelihood  of  surge.  Thus,  a  discussion 
of  surge  is  not  meaningful  when  considered  only  from  the  standpoint  of  compressor  design.  It  has  also  been  observed 
(and  should  come  as  no  surprise)  that  compressors  operating  in  different  systems  exhibit  changes  in  the  surge  lines.  The 
compressor  technologist  should  be  concerned  primarily  with  the  energy  addition  and/or  loss  characteristics  and  the  stalling 
characteristics  of  the  flow  components  of  the  compressor.  These  are  the  areas  he  has  available  to  extend  the  capability 
of  the  compressor  to  operate  surge  free.  No  suitable  analytical  method  yet  exists  for  dynamically  matching  of  the  How 
components  of  a  centrifugal  compressor.  Until  this  is  achieved,  it  must  remain  the  task  of  the  empiricist  (by  correlations 
or  experimental)  to  extend  and  predict  by  whatever  available  means  the  performance  characteristics  and  in  particular, 
the  stalling  characteristics  (and  thus  the  surge  margin)  of  advanced  centrifugal  compressors. 


5.  CONCLUSIONS 

The  55th  (B)  Meeting  of  the  Propulsion  and  Energetics  Specialists  on  Centrifugal  Compressors.  Flow  Phenomena 
and  Performance  provided  a  good  interchange  of  information  between  analytical  and  experimental  researchers.  Contem¬ 
porary  as  well  as  advanced  design/analysis/development  methods  were  discussed  and  a  reasonable  indication  of  the  level 
of  technology  achieved  in  centrifugal  compressors  was  displayed.  The  meeting  provided  an  opportunity  to  consider  the 
evolutionary  nature  of  centrifugal  compressor  technology  and  specifically  pointed  out  the  following: 

-  Substantial  progress  has  been  made  in  the  development  of  several  new  flow  analysis  methods.  It  is  quite  probable 
that  over  the  next  several  years  the  authors  of  these  methods  will  have  demonstrated  the  capability  of  calculating 
the  flow  field  characteristics  which  have  presently  been  measured  in  centrifugal  compressor  impellers  of  moderate 
pressure  ratio.  These  flow  analysis  methods  can  be  an  effective  and  necessary  design/analysis  tool  in  improving 
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performance  and  delaying  How  conditions  leading  to  stall  of  moderate  pressure  ratio  compressors  in  the  near 
future.  Detail  How  measurements  in  a  broad  range  of  centrifugal  compressor  impellers  will  be  necessary  to  verify 
and  develop  a  high  degree  of  confidence  in  the  flow  analysis  methods. 

The  application  of  the  advanced  flow  analysis  methods  to  design  very  high  pressure  ratio  centrifugal  compressors 
(6:1  or  greater)  will  require  considerable  research.  It  is  necessary  to  examine  a  number  of  analysis  methods  to 
determine  the  type  of  analysis  required  to  predict  the  more  extreme  How  conditions.  It  is  quite  possible  that 
several  analytical  methods  will  be  necessary  over  the  range  of  flow  conditions  usually  encountered.  The  research 
will  require  a  substantial  number  of  detail  flow  measurements  in  centrifugal  compressors.  It  will  be  necessary  to 
extend  the  instrumentation  and  measurement  systems  to  be  capable  of  obtaining  the  detail  flow  data  in  high 
pressure  ratio  compressors. 

It  is  not  evident  that  present  numerical  analytical  methods  being  evolved  will  totally  model  the  severe  flow  condi¬ 
tions  encountered  in  the  diffuser  element  of  centrifugal  compressors.  It  is  desirable  to  reduce  the  diffuser  flow 
Mach  number  through  increased  impeller  backsweep.  This  requires  higher  rotational  speeds  to  achieve  a  given 
pressure  ratio,  and  structural  difficulties  may  result.  The  unsteady  flow  interactions  between  the  diffuse  and 
impeller  increase  these  difficulties.  The  unsteady  aerodynamic  forces  have  been  observed  to  excite  a  wide  range 
of  structured  modes  resulting  in  impeller  or  diffuse  cracking  and  failure. 

The  advanced  flow  analysis  methods  will  not  in  the  foreseeable  future  replace  the  experimental  development 
approaches  presently  employed  to  achieve  advanced  levels  of  performance  in  centrifugal  compressors.  The 
analysis  methods  will  be  used  in  conjunction  with  advanced  experimental  development  methods.  The  exact 
manner  in  which  the  flow  analysis  will  be  utilized  cannot  be  predicted  at  the  present  time.  The  levels  of  perfor¬ 
mance  and  technology  achieved  will  depend  even  more,  than  with  present  methods,  on  the  skill  and  ability  of  the 
researchers  to  interpret  the  available  analytical  and  experimental  information. 


DISCUSSION  FOLLOWING  TECHNICAL  EVALUATION 


by 

M.J.  Hartmann 


Opening  the  discussion  Mr  Jansen  (NREC)  asked  whether  the  suggestions  and  recommendations  that  had  been 
generated  by  the  meeting  would  be  followed  up  by  AGARD.  He  particularly  wanted  to  know  whether  AGARD  was  able 
to  provide  any  financial  assistance  in  order  to  ensure  that  the  more  important  recommendations  for  further  research  were 
properly  followed  up.  Dr  Dunham  (Chairman  of  the  Propulsion  Panel)  explained  that  AGARD  is  an  organisation  which 
has  no  funds  of  its  own  for  sponsoring  research;  funds  are  provided  in  order  to  organise  conferences  and  for  certain 
consultative  missions.  The  technical  recommendations  of  AGARD  meetings  are  really  addressed  to  managers  of  research 
in  commercial  or  university  research  organisations.  It  is  really  for  them  to  take  the  initiative  and  to  follow  up  the 
recommendations.  Dr  Dunham  hoped,  however,  that  the  existence  of  a  recommendation  from  an  AGARD  Panel  may  be 
sufficient  to  convince  those  who  control  the  funding  in  research  organisations  which  topics  are  worthwhile  and  that 
research  support  would  bring  benefits.  Dr  Dunham  then  went  on  to  say  that  he  had  noted  from  the  discussions  and  from 
the  papers  presented  at  the  conference  that  many  How  field  calculations  had  been  described,  covering  a  great  range  of 
complexity.  He  enquired  as  to  whether  there  was  any  concensus  as  to  how  complicated  a  method  is  required  to  represent 
the  viscous  and  other  important  effects  in  a  centrifugal  impeller.  Is  it  necessary,  he  asked,  to  make  a  big  advance  in  order 
to  improve  one's  modelling  of  the  How? 

Mr  Hartman  replied  that,  as  he  saw  it,  the  situation  in  the  centrifugal  compressor  is  very  analogous  to  the  situation  in 
the  axial  compressor.  For  machines  of  reasonably  easy  duties  then  the  simpler  methods  are  sufficient  to  give  the  designer  a 
knowledge  of  the  flow  within  tile  machine  but  for  compressors  which  are  attempting  duties  of  an  advanced  nature,  or 
for  compressors  for  which  speeds  and  Mach  numbers  are  high,  then  it  is  necessary  to  employ  a  more  complicated  flow 
model,  probably  including  viscous  effects. 

Dr  Japikse  said  that,  in  his  view,  history  had  shown  that  good  turbomachines  had  been  designed  with  comparatively 
simple  analytical  tools,  but  lie  wondered  how  long  this  pattern  is  likely  to  continue.  He  said  that  the  analytical  worker 
should  keep  the  design  objectives  in  mind  and  that  dialogues  are  required  between  the  analytical  researchers  and  the 
compressor  designer  so  that  the  more  advanced  analytical  tools  can  become  effective.  This  dialogue  had  been  absent  from 
the  present  conference.  Mr  Hartmann  agreed.  There  seemed  to  be  a  missing  link  due  to  the  fact  that  analysts  who  are 
presently  working  on  advanced  methods  would  in  future  go  on  to  work  on  other  advanced  methods  rather  than  assist  the 
designer  in  benefitting  from  the  advancements.  The  kind  of  man  that  is  missing,  he  said,  is  a  designer  with  an  analytical 
viewpoint. 

Prof.  E.Covert  (MIT)  said  that  he  could  see  that  there  was  a  difference  between  design  and  analysis  problems.  The 
designer  has  to  solve  the  inverse  problem,  that  is  to  say  he  would  like  to  specify  the  performance  of  a  compressor  or  a 
blade  and  have  the  analytical  tool  to  design  the  shape  for  his  required  duty.  Most  of  the  analytical  methods  that  had  been 
described  in  the  conference  could  not  be  reversed  in  the  way  that  the  designer  would  prefer. 

Dr  Cumpsty  (Cambridge  University)  said  that,  as  far  as  he  could  see.  calculation  methods,  no  matter  how 
sophisticated,  have  no  use  unless  they  are  properly  verified  against  good  experimental  results  so  what  are  needed  badly  arc- 
good  definitive  test  results.  The  results  of  Eckardt,  however,  are  the  only  examples  of  well-categorised  comprehensive 
measurements  in  a  centrifugal  impeller.  This  seemed  to  be.  said  Dr  Cumpsty,  an  indictment  of  the  research  programmes 
that  we  are  pursuing,  in  order  to  make  a  correct  assessment  of  analytical  methods  each  one  should  be  examined  with 
reference  to  the  same  set  of  experimental  results.  In  mentioning  the  overall  results  for  compressor  stages  presented  at  the 
conference.  Dr  Cumpsty  continued  by  saying  that  there  was  a  need  to  provide  measurements  and  complete  geometry  for 
the  whole  compression  system  before  one  could  make  definitive  statements,  particularly  about  range  and  surge  margin. 

He  therefore  asked  that  investigators  should  provide  all  the  necessary  information  when  reporting  overall  compressor  rig 
measurements. 

Professor  Serovy  (Iowa  State  University)  very  much  agreed  with  Dr  Cumpsty.  He  said  that  Working  Group  1 2  of  the 
PEP  had  recently  been  examining  the  subject  of  throughflow  in  turbomachinery  but  so  far  they  had  managed  (o  ignore  the 
problem  of  centrifugal  compressors,  in  spite  of  making  reasonably  good  progress  in  axial  compressors.  In  the  light  of  the 
progress  of  Working  Group  1  2.  Professor  Serovy  confirmed  that  what  arc  needed  are  good  test  data  obtained  from 
carefully  defined  geometry. 

Dr  Eckardt  (MTU.  Munich)  stated  that  his  compressor  test  results  which  have  been  so  widely  used  by  other 
investigators  have  only  recently  been  made  fully  available  by  the  German  industrial  concerns  who  funded  the  experiments. 
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However,  in  the  recent  ASM!  Conference  (New  Orleans,  1980)  further  details  of  the  geometry  of  the  radially-bladed 
impeller  had  been  released  and  also  laser  anemometer  measurements  on  a  swept-back  impeller  had  been  described. 

Dr  Eckardt  stated  that  any  researcher  who  required  further  details  of  either  the  measurements  or  the  geometry  of  both  of 
these  impellers  could  contact  him  and  there  would  be  no  difficulty  in  providing  full  information  on  these  machines.  He 
supplemented  this  by  saying  that  much  of  the  aerodynamic  data  which  had  been  gathered  had  not  been  reported  even  in 
summary  iorin  and  there  was  very  much  more  data  available  than  had  been  mentioned  in  the  literature. 

Dr  Japikse  added  to  this  the  information  that  the  C'reare  centrifugal  compressor  of  pressure  ratio  8  had  also  been 
extensively  tested  and  that  full  information  on  the  measurements  and  geometry  were  available  on  application  to  C'reare. 
He  added  that  measurements  did  not,  of  course,  include  detailed  information  about  the  flow  within  the  impeller  as  in  the 
case  of  the  Eckardt  compressor. 

Mr  Langdon  (Holsct  Engineering)  said  that  others  were  following  Eckardt’s  lead,  ifolset,  in  collaboration  with 
Crantield  Institute  of  Technology,  have  been  conducting  a  programme  of  laser  anemometry  measurements  in  a  centrifugal 
impeller  tor  2  years.  Unfortunately  it  was  not  possible  to  produce  the  information  obtained  which  was  considered  to  be 
of  a  proprietary  nature. 

Dr  Moore  (Virginia  Polytechnic  Institute)  said  that,  as  early  as  1 861 ,  a  pump  of  68  per  cent  efficiency  had  been 
constructed  and  that,  in  his  opinion,  the  progress  made  since  then  had  been  great.  We  are  now  struggling  to  obtain  the 
last  remaining  available  deficits  in  efficiency.  He  hoped,  however,  that  3-dimensional  viscous  methods  will  be  able  to 
assist  the  designer  in  improving  efficiency  by  small  amounts  and  that  these  methods  would  be  indeed  used  by  compressor 
designers.  He  pointed  out  that  his  method  and  the  method  of  Dodge  in  the  USA  are  already  being  used  by  turbine 
designers  tor  the  design  of  turbine  nozzle  vanes  with  some  success.  In  this  context  he  emphasised  the  importance  of 
3-diinenional  How.  particularly  the  effect  of  secondary  flow.  Dr  Moore  said  that  2-dimensional  or  quasi  3-dimensional 
blade-to-blade  methods  such  as  that  recently  developed  by  Serovy  and  Hansen  which  include  some  viscous  effects  are 
extremely  useful  but  only  in  a  limited  range  of  near  2-dimensional  situations.  Three-dimensional  methods  will  bring 
important  light  to  bear  on  many  turbomachinery  (low  situations. 
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DFVLR-Institut  fUr  Antriebstechnik 
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SUMMARY 


Based  on  empirical  flat  diffuser  performance  maps  a  two-dimensional  straight  diffuser 
has  been  designed  and  tested.  First  experimental  results  concerning  overall  diffuser  re¬ 
covery,  diffuser  inlet  conditions  and  diffuser  performance  development  are  presented.  A 
two-dimensional  finite  difference  blade-to-blade  calculation  method  has  been  developed 
taking  into  account  diffuser  losses  and  sidewall  blockage. 
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boundary  layer  blockage  B  =  1  -  Aeff/Ageo 
meridional  diffuser  height  (Fig. 3) 
absolute  velocity 
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4>  stream  function 

SUBSCRIPTS 

0  compressor  inlet 

1  inducer  leading  edge 

2  impeller  tip 

2*  jet/wake  mixing  out 

3  vaned  diffuser  inlet 

4  vaned  diffuser  discharge 

c  absolute 

D  diffuser 

eff  effective 

geo  geometrical 

max  maximum 

red  corrected  to  standard  conditions 

rel  relative 

s  isentropic 

s-t  total/static  (efficiency) 

th  throat 

t-t  total/total  (efficiency) 


INTRODUCTION 

Small  gas  turbines  utilizing  centrifugal  compressor  stages  are  predominantly  used  as 
helicopter  engines  and  are  increasingly  tested  for  vehicular  applications.  Especially  in 
regenerative  gas  turbines  compressor  efficiency  influences  specific  fuel  consumption  con¬ 
siderably  [1,  2,  3].  Requirements  for  small  and  efficient  engines  necessitate  high  pres¬ 
sure  ratio  centrifugal  compressors  with  relatively  high  stage  efficiencies.  Todays  total 
to  static  isentropic  peak  efficiencies  of  centrifugal  compressor  stages  are  about  84  %. 
This  level  is  generally  only  reached  by  centrifugal  compressors  equiped  with  vaned 
diffusers,  since  vaned  diffusers  typically  have  higher  recovery  compared  with  vaneless 
diffusers. 

Although  diffusers  are  much  less  restricted  by  mechanical  limitations  than  impellers, 
they  are  very  often  the  critical  flow  elements  which  govern  both  surge  and  efficiency  of 
centrifugal  compressor  stages.  Their  difficult  fluid  dynamic  task  is  the  conversion  of 
kinetic  energy  into  static  pressure.  At  the  design  point  impeller  discharge  Mach  numbers 
range  from  0.9  to  1.2.  Consequently  transonic  flows  connected  with  shocks  -  which  may 
extend  into  the  impeller  -  occur.  Due  to  the  highly  distorted  impeller  discharge  condi¬ 
tions  (Jet/Wake)  the  flow  is  significantly  unsteady  in  both  the  absolute  and  relative 
frame  [4].  On  the  other  hand  it  has  to  be  expected  that  diffuser  vanes  will  affect  the 
three-dimensional  unsteady  flow  within  centrifugal  compressor  impellers.  In  order  to  con¬ 
tribute  to  the  enlightenment  of  this  complex  flow  situation,  a  flat  straight-channel 
diffuser  has  been  designed  and  employed  at  the  DFVLR  centrifugal  compressor  test  rig. 

This  paper  deals  with  the  design  procedure  and  the  experimental  and  theoretical  results 
gained  during  the  first  period  of  this  research  program. 

DIFFUSER  DESIGN  PROCEDURE 

Precise  diffuser  recovery  prediction  is  a  still  unsolved  task  in  centrifugal 
compressor  fluid  dynamics.  Inviscid,  steady  flow  theories  connected  with  boundary  layer 
calculations  may  reveal  an  impression  of  diffuser  performance  development  but  in  most 
cases  fail  quantitatively  in  the  impeller  exit/diffuser  entry  region,  since  usually  they 
do  not  take  care  of  the  highly  distorted  impeller  discharge  flow  [6] .  Therefore  the  de¬ 
signer  of  centrifugal  compressor  diffusers  generally  is  forced  to  refer  to  empirical  data 
available  in  the  open  literature.  Most  extensive  experimental  data  concerning  flat  diffu¬ 
ser  performance  has  been  published  by  Runstadler,  Dolan  and  Dean  (5) .  Fig. 1 ,  which  has 
been  reproduced  from  Runstadler' s  Diffuser  Data  Book,  shows  typical  flat  diffuser  per¬ 
formance  maps.  Diffuser  recovery  c^,  dependent  on  geometry  and  boundary  layer  blockage  B, 

is  plotted.  Runstadler 's  experiments  revealed  that  besides  the  geometrical  parameters 
boundary  layer  blockage  has  a  strong  influence  on  diffuser  recovery  (Fig. 2).  Maximum  re¬ 
covery  is  obviously  obtained  for  aspect  ratios  AS  =  1 ,  divergence  angles  7  <_  2c  £  10°  and 
length/width  ratios  about  16  £  l/h3  £  20.  It  is  this  material  which  generally  is  the 
basis  of  todays  diffuser  design  methods,  although  it  is  well  known  that  the  transmission 
of  these  data  to  real  machine  applications  is  affected  with  several  uncertainties.  This 
is  predominantly  due  to  our  limited  knowledge  about 

boundary  layer  development  from  impeller  discharge  to  diffuser  throat, 

shock  wave  boundary  layer  interactions  in  case  of  supersonic  impeller  discharge 

Mach  numbers. 
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impeller/diffuser  interactions  especially  in  the  transonic  flow  case. 

Despite  these  uncertainties  the  diffuser  data  presented  by  Runstadler,  Dolan  and  Dean 
are  todays  m-' -*■  effective  design  tool  for  flat  centrifugal  compressor  diffusers. 

Runstadler 's  performance  maps  are  presented  for  diffuser  aspect  ratios  of  AS  =  0.25, 
1.0  and  5.0  (Fig.1).  Unfortunately,  due  to  imposed  geometrical  constraints, the  designer 
is  often  forced  to  deviate  considerably  from  the  available  diffuser  performance  maps. 

If  an  appropriate  diffuser  has  to  be  designed  for  an  existing  impeller,  diffuser  entrance/ 
impeller  exit  radius  ratio  r3/r2,  the  meridional  diffuser  depth  b^  and  the  absolute  flow 

angle  a,  at  diffuser  leading  edge  are  largely  fixed  (Fig. 3).  Since  maximum  diffuser  re¬ 
covery  Jis  always  desirable  the  designer  will  be  intended  to  select  a  diffuser  with  as¬ 
pect  ratio  AS  =  1 .  Especially  for  high  specific  speed  centrifugal  compressors  this  pro¬ 
cedure  may  reveal  inconyenient  overall  compressor  dimensions.  Fig . 4  shows  such  an  example 
for  a  4  :  1  radial  discharge  compressor.  Maximum  admitted  diffuser  exit/impeller  dis¬ 
charge  radius  ratio  is  r4/r2  =  2.  For  AS  =  1  and  maximum  diffuser  recovery  the  resulting 

radius  ratio  r4/r2  is  about  3.0  and  exceeds  the  permissable  radius  ratio  of  (r4/r2>max*  2 

considerably.  In  order  to  realize  the  geometrical  conditions  two  possibilities  may  be 
taken  into  account 

1 .  passing  over  to  a  diffuser  design  with  AS  >  1 ,  which  according  to  Fig. 2  -  especially 
for  B  >  0.08  -  results  in  a  significant  recovery  deficiency, 

2.  deviation  from  optimum  length/width  ratio  l/h 3,  which  -  depending  on  the  degree  of 
deviation  -  also  results  in  a  recovery  deficiency.  Fig. 5  indicates  the  chosen  de¬ 
viation  from  optimum  i/h3#  which  delivered  the  dotted  line  of  Fig. 4 . 

Sometimes  both  procedures  have  to  be  performed  simultaneously  since  otherwise  the 
corresponding  blade  number  becomes  too  large  (see  Fig. 4).  In  these  cases  an  interpolation 
between  the  plotted  diffuser  maps  has  to  be  carried  out,  not  knowing,  whether  such  an 
interpolation  -  as  indicated  in  Fig. 2  -  is  tolerable.  Fig. 6  shows  the  estimated  compressor 
and  diffuser  performance  for  both  the  maximum  recovery  and  small  dimension  design.  Be¬ 
cause  the  admitted  deviation  from  maximum  recovery  has  been  small,  performance  deficiency 
seems  to  be  acceptable.  Nevertheless,  significant  reduction  of  overall  compressor  dimen¬ 
sions  is  to  be  recognized  (Fig. 4). 

Table  I  displays  the  final  diffuser  geometry  obtained  by  the  indicated  empirical 
approach. 


TABLE  I 


diffuser  parameter 


description 


r3/r2 

=  1 . 1 

radius  ratio  diffuser  leading 
edge/impeller  discharge 

r4/r2 

=  1.905 

radius  ratio  diffuser  discharge/impeller 
discharge 

AS 

=  1.6 

throat  aspect  ratio 

l/h3th 

=  11.46 

length/width  ratio  of  channel  diffuser 

2e 

=  7.54° 

divergence  angle 

zd 

=  27 

diffuser  blade  number 

THEORETICAL  APPROACH 

The  empirical  design  procedure  previously  described  permits  the  selection  of  a  geo¬ 
metrically  appropriate  diffuser  and  an  estimation  of  the  diffuser  recovery  to  be  ex¬ 
pected.  However,  it  yields  no  information  about  the  flow  field  development  ahead  of  and 
within  the  diffuser  passages,  which  would  be  of  prime  interest,  especially  if  the  de¬ 
signer  has  to  deviate  from  the  published  diffuser  performance  maps.  Unfortunately,  no 
convenient  flow  theory  -  taking  care  of  the  previously  mentioned  flow  phenomena  -  is  avai¬ 
lable.  Most  existing  theories  are  based  on  a  steady,  inviscid  approach  -  although  some¬ 
times  they  take  into  account  entropy  gradients  [8  )  -  but  mostly  don't  take  into  consi¬ 
deration  such  significant  effects  as  boundary  layer  growth  and  secondary  flows  [7  -  13]. 
Present  advanced  analysis  is  mainly  based  on  Wu's  fundamental  work  [14],  who  splitted  the 
steady,  adiabatic,  inviscid  three-dimensional  flow  equations  into  two  sets  of  equations. 
The  introduction  of  prescribed  S.  and  S2  stream  surfaces  permits  to  deal  with  the  ac¬ 
tually  three-dimensional  problem  in  a  mathematically  two-dimensional  manner.  Although  it 
is  well  known  that  this  concept,  applied  to  centrifugal  compressor  diffuser  flow,  might 
fail  quantitatively,  it  nevertheless  may  yield  valuable  insight  into  the  flow  develop¬ 
ment  to  be  expected  ahead  of  and  within  the  diffuser  blade  passages.  Preliminary  infor¬ 
mation  concerning  blade  loading  and  flow  deceleration  for  an  empirically  selected  high- 
performance  centrifugal  compressor  diffuser  may  be  extracted. 


A  blade-to-blade  calculation  -  based  on  Wu's  streamsur face  method  -  has  been  devel¬ 
oped.  For  a  flat,  straight  channel  diffuser  the  corresponding  Si  stream  surface  is  plane'. 
A  steady,  adiabatic  flow  and  a  gas  of  constant  specific  heats  have  been  assumed.  The 
principal  equations  for  these  assumptions  are: 

Continuity: 

7  •  (pc)  =  0  (1) 

Motion: 

-cx(7xc)  =  -7h^  +  T7s  (2) 

Energy: 

7hfc  =  0  (3) 

State  of  gas: 

j  __  S~Sn 

P/PQ  -  (T/T^)*'1  •  e  R  (4) 

Geometric  condition: 

n  •  c  =  0  (5) 

If  a  streamfunction  ip  is  introduced  into  equations  (1  -  5)  a  governing  second  order, 
elliptic  partial  differential  equation  is  obtained,  restricting  the  calculation  method  to 
subsonic  flows: 

Streamfunction: 


5  ‘  "B  »  =y 

b-6. 

(6) 

B  =  b 

(7) 

Fundamental  equation  (cartesian  coordinates) : 

+  M  +  Ml 3£g  M  -  (Bp)2T  M  /  dt  /  3y  (8) 

3y  3x2  3y  3y  3x  3x  3y 

These  basic  equations  are  solved  by  using  a  finite  difference  scheme  described  in 
detail  in  references  (7,  12].  Due  to  equation  (3)  a  constant  flow  property  distribution 
at  impeller  discharge  has  been  postulated,  an  assumption  certainly  doubtful  for  a  station 
before  jet/wake  mixing  out  [4] .  Along  the  suction  and  pressure  side  of  the  blades  the 
stream  function  has  been  taken  constant.  For  simplicity  the  flow  boundaries  in  the  vane¬ 
less  diffuser  part  have  been  assumed  as  logarithmic  spirals  (constant  swirl) . 

Fig. 8  illustrates  a  typical  result  of  the  approach  described.  Isobarics  are  plotted 
for  the  impeller  exit/diffuser  entry  region.  A  strong  pressure  gradient  connected  with  an 
abrupt  raise  of  the  isobarics  is  observed  upstream  of  the  diffuser  throat,  whereas  a 
nearly  one-dimensional  flow  occurs  downstream  of  the  throat.  This  predicted  flow  pattern 
agrees  qualitatively  with  measurements  [1,  15,  16,  17]  and  indicates  a  significant  pres¬ 
sure  rise  in  the  prediffuser  region,  which  has  to  be  overcome  by  the  hub  and  shroud  side- 
wall  boundary  layers,  resulting  in  a  considerable  throat  blockage,  which  -  according  to 
Runstadler's  diffuser  data  -  is  a  dominating  variable  governing  channel  diffuser  re¬ 
covery  (Fig. 2). 

Throat  blockage  prediction  is  mostly  based  on  an  empirical  approach  which  necessi¬ 
tates  knowledge  about  the  pressure  rise  from  impeller  discharge  to  diffuser  throat.  Fig. 9 
shows  such  a  correlation  suggested  by  Dean  [1].  Utilization  of  these  data  requires  a  flow 
field  prediction  in  the  impeller  discharge/diffuser  entry  region  unless  compiled  empi¬ 
rical  data,  derived  from  previous  experiments,  are  available. 

TEST  RIG  AND  INSTRUMENTATION 


A  detailed  description  of  the  DFVLR  centrifugal  compressor  test  rig  is  given  in 
references  [4,  19].  The  rig  has  been  equiped  with  a  radial  discharge  impeller  of  400  mm 
outer  diameter  and  the  flat  straight  channel  diffuser  of  Fig. 7. 

The  first  experimental  Investigations  have  been  mainly  concerned  with  diffuser  flow 
analysis  in  the  impeller  exit/diffuser  entrance  region.  Consequently  most  measurement 
systems  have  been  located  in  this  area.  Fig. 1 0  shows  the  corresponding  measurement  system 
arrangement  from  impeller  discharge  to  diffuser  exit.  In  reality  -  due  to  space  limi¬ 
tations  -  the  static  pressure  taps  as  well  as  the  combined  time  averaging  total  pressure/ 
flow  angle  probes  had  to  be  distributed  circumferentially  assuming  periodic  flow  in  this 
region.  However,  the  distribution  has  been  carried  out  in  such  a  way  that  the  pressure 
taps  and  probes  kept  their  relative  position  to  the  diffuser  blades  as  indicated  in 
Fig. 10.  6  combined  total  pressure/flow  angle  probes,  spacing  one  diffuser  pitch,  have 


been  employed  at  a  radius  ratio  r/r2  -  1.075.  Measurements  have  been  performed  at  9  equi¬ 
distant  axial  positions.  A  similar  arrangement  has  been  employed  at  a  radius  ratio 
rVr2  =  1.975  situated  near  diffuser  exit/collector  entrance.  Total  temperature  measure¬ 
ments  have  been  performed  at  the  compressor  inlet  and  exit  plenum.  Mass  flow  has  been 
measured  by  means  of  a  venturi  nozzle  situated  within  the  inlet  pipe  Fig. 11  and  12  show 
the  test  rig  equiped  with  the  described  measurement  systems.-  The  compressor  is  driven  by 
a  Ward-Leonard  regulation  of  1  500  KW  maximum  power  input. 

RESULTS  AND  DISCUSSION 

Fig. 1 3  displays  the  measured  compressor  performance  map  up  to  18  000  rpm.  Maximum 
achieved  total  to  static  isentropic  efficiency  at  measurement  plane  4  (r/r2  =  1.975)  is 
83  %.  Flow  range  at  18  000  rpm  is  about  17  %.  Nearly  constant  maximum  overall  compressor 
efficiency  occurs  up  to  16  000  rpm,  whereas  at  18  000  rpm  a  remarkable  efficiency-drop 
is  to  be  observed,  which  seems  to  be  due  to  Mach  number  influences.  Fig. 1 4  reveals  the 
mean  Mach  number  level  at  inducer  tip,  diffuser  entrance  (r/r2  =  1.075)  and  exit 
(r/r2  =  1.975).  The  approach  Mach  numbers  for  the  impeller  and  diffuser  are  approximately 
equal  and  vary  -  dependent  on  rotational  speed  -  between  0,6  <_  M  £  0.9,  whereas  the  Mach 
number  distribution  at  diffuser  exit  is  mostlv  independent  of  compressor  speed  and  varies 
between  0.15  <  M  .  <  0.3.  The  Mach  number  levels  at  inducer  tip  and  diffuser  entrance  for 

18  000  rpm  indicate  that  Mach  number  effects  caused  the  mentioned  efficiency  drop  at 
this  rotational  speed.  Fig. 1 5  illustrates  the  measured  overall  diffuser  recovery  cpD34* 

Maximum  recovery  is  obtained  for  all  speed  lines  near  rotating  stall,  whereas  diffuser 
recovery  drops  rapidly  for  constant  impeller  speed  and  increasing  mass  flow,  resulting  in 
a  considerable  overall  stage  pressure-drop  indicated  in  Fig. 1 3 .  Maximum  achieved  re¬ 
covery  is  largely  independent  of  entrance  Mach  number  corresponding  with  Rundstadler 1 s 
flat  diffuser  performance  measurements.  Therefore  the  observed  stage  efficiency-drop  at 
18  000  rpm  is  obviously  caused  by  the  impeller  and  not  by  the  diffuser. 

Diffuser  inlet  conditions  for  n  «  14  000  rpm  and  ih  =  5.3  kg/s  are  displayed  in  Fig. 1 6 
-  Fig. 1 9.  Fig. 1 6  shows  the  measured  total  pressure  distribution  5  ram  ahead  of  a  diffuser 
channel.  The  total  pressure  is  smooth  circumferentially  and  raises  gradually  from  shroud 
to  hub.  The  corresponding  absolute  flow  angle  and  radial  velocity  distribution  are 
illustrated  in  Fig. 1 7  and  18,  which  reveal  a  much  more  disturbed  pattern  in  both  the 
circumferential  and  axial  direction.  A  mass  flow  concentration  is  to  be  observed  in  the 
hub  region,  indicating  that  jet/wake  mixing  out  has  not  yet  finished  up  to  this  measure¬ 
ment  area.  The  circumferential  flow  angle  distribution  is  obviously  a  result  of  the 
diffuser  blades  which  react  upstream  causing  impeller/dif fuser  interaction.  For  5  axial 
cross  sections  Fig. 1 9  shows  the  absolute  velocity  direction  in  reference  to  the  diffuser 
blades  near  diffuser  leading  edge.  In  the  shroud  region  the  flow  is  directed  towards  the 
pressure  side  and  near  the  hub  towards  the  suction  side  of  the  diffuser  blades,  resulting 
in  a  considerable  incidence  distribution  across  the  relatively  small  diffuser  height. 
Despite  these  non-uniform  inlet  conditions  the  diffuser  reveals  a  good  overall  recovery 
(see  Fig. 15),  which  seems  to  be  due  to  enhanced  high-intensity  mixing  at  diffuser  inlet, 
which  is  known  to  increase  diffuser  recovery  considerably  [20], 

A  comparison  between  the  measured  and  calculated  static  pressure  development  along 
the  diffuser  blades  and  along  the  diffuser  passage  mean  centerline  is  presented  in  Fig. 20, 
The  calculation  has  been  performed  assuming  a  constant  polytropic  efficiency  and  constant 
mean  boundary  conditions  at  impeller  discharge  (r/r2  =  1),  which  have  been  derived  from 
measurements.  Good  coincidence  is  obtained  in  the  passage  diffuser  region  (r/r2  >  1.15), 
whereas  -  due  to  the  theoretically  assumed  two-dimensional,  steady,  inviscid  blade-to- 
blade  flow  -  expected  deviations  between  measurement  and  calculation  occur  in  the  vaneless 
and  prediffuser  region  (r/r2  <  1.15). 

Fig. 2 1  is  a  photography  of  the  shroud  wall  after  compressor  dismantling.  Pro¬ 
nounced  separated  flow  patterns  -  caused  by  air  pollution  -  are  to  be  observed  at  the 
blade  suction  sides  in  the  vaned  diffuser  exit  area  and  behind  the  blade  trailing  edges. 


CONCLUSIONS 


The  investigations  described  in  this  paper  revealed  a  highly  distorted  flow  pattern 
at  the  vaned  diffuser  entrance.  A  comparison  with  calculated  data  proves  that  the  simpli¬ 
fied  steady,  inviscid  blade-to-blade  calculation  is  not  capable  to  predict  the  flow  field 
in  the  diffuser  entrance  region  sufficiently.  More  detailed  experimental  investigations  - 
especially  concerning  the  unsteady  flow  character  at  the  diffuser  entrance  -  are  ne¬ 
cessary  to  improve  todays  calculation  methods  continuously  with  respect  to  reliable  flow 
field  predictions  in  this' area. 
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Straight  channel  two-di¬ 
mensional  diffuser  per¬ 
formance  maps 
(Runstadler,  Dolan, 

Dean,  ref. [6] ) 


Fig. 2  Maximum  pressure  recovery  of 

straight  channel  two-dimensional 
diffusers,  depending  on  aspect 
ratio  AS  and  boundary  layer 
blockage  B  (Runstadler,  Dolan, 
Dean  ,  ref  . 11  [  6  J  ) 
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Fig. 3  Cross-sections  of  the  centrifugal  compressor  stage  and  station  designati 
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Fig. 4  Calculated  diffuser  discharge/impeller  exit  radius 
ratio  r4/r2<  diffuser  blade  number  zp  and  diffuser 

divergence  angle  2 e  for  maximum  recovery  and  small 
dimension  design,  depending  on  aspect  ratio  AS 


Fig. 6  Estimated  compressor  and  diffuser  perfor 
mance  for  maximum  diffuser  recovery  and 
small  dimension  design,  depending  on 
diffuser  aspect  ratio  AS 


Fig. 7  Final  design  of  the  flat  straight  channel  diffuser 


Fig. 9  Diffuser  throat  blockage  dependent  on  pressure 
rise  coefficient 
(ref .  [1],  1181) 


Fig. 10  Arrangement  of  static  pressure  taps  and  combined 
total  pressure/flow  angle  probes  from  impeller 
discharge  to  diffuser  exit 


Fig. 11  Test  rig  equiped  with  movable  combined  total  pressure/ 
flow  angle  probes 


Fig. 12  Test  rig  and  distribution  of  static  pressure  taps  in 
the  diffuser  region 
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Fig. 17  Absolute  flow  angle  distribution 
5  mm  ahead  of  a  vaned  diffuser 
passage,  . 

■"red  =  5,3  kg/s'  nred  =  14  000  min  ' 
r/r 2  =  1.075 


Fig.  18 


Distribution  of  the  radial  ve¬ 
locity  component  5  mm  ahead  of 
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DISCUSSION 


P.M.Came,  NOTE,  UK 

In  the  calculation  by  Wu’s  SI  method,  how  was  the  value  of  polytropic  efficiency  chosen?  Also,  please  could  the 
author  explain  how  the  boundary  layer  blockage  value  was  selected. 

Author’s  Reply 

Both  values  were  taken  from  measurements  of  the  corresponding  parameters. 


T.Yoshinaka,  Pratt  &  Whitney  Aircraft,  Ca 

According  to  the  calculation  results  shown  in  Figure  8  an  aerodynamic  loading  appears  (at  the  upstream  end  of  the 
vaneless  diffuser)  which  causes  a  static  pressure  discontinuity  in  the  circumferential  direction  inside  the  vaneless 
space.  Would  the  author  please  explain  this  phenomenon. 

Author’s  Reply 

According  to  the  assumed  boundary  condition  in  the  vaneless  space  a  streamline  curvature  occurs  at  the  impeller 
discharge.  Due  to  this  curvature  a  static  pressure  gradient  in  the  circumferential  direction  has  to  be  taken  into 
account  by  this  calculation  method. 


Y.Ribaud,  ONERA,  Fr 

I  cannot  see  the  difference  between  your  theoretical  calculation  and  Katsanis’  method  which  also  takes  account  of 
blockage  and  polytropic  efficiency. 

Author’s  Reply 

The  author  is  not  familiar  enough  with  Katasanis’  calculation  method  to  answer  your  question  in  detail.  However, 
the  presented  results  have  been  obtained  by  using  our  own  calculation  method  developed  at  DFVLR.  This  method 
is  not  based  on  a  computer  program  published  by  Katsanis. 


D.Eckardt,  MTU,  Munich,  Ge 

Looking  at  Figure  10,  it  is  obvious  that  at  least  three  out  of  seven  probes  at  diffuser  discharge  are  within  the  diffuser 
blade  wake  region.  Would  the  author  please  comment  on  firstly,  the  applied  averaging  procedure  in  this  plane; 
secondly,  the  relevance  of  wake  probe  readings  with  respect  to  the  overall  compressor  exit  state. 

Author’s  Reply 

The  averaging  procedure  at  the  diffuser  exit  was  actually  the  same  as  in  the  measurement  area  near  diffuser  leading 
edge.  The  mean  total  pressure  is  an  integral  mean  value  of  the  measured  total  pressure  distribution;  the  mean  static 
pressure  is  an  arithmetical  mean  value  across  the  diffuser  pitch.  The  indicated  total  pressure  in  the  separated  flow 
area  behind  the  diffuser  leading  edge  coincides  with  the  corresponding  static  pressure. 
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The  flow  field  in  various  centrifugal  compressor  impellers  is  studied  both  theoretically  and  experimen¬ 
tally,  the  aim  being: 

(i)  To  improve  the  understanding  of  the  flow  phenomena  involved,  and 

(ii)  To  develop  numerical  methods  capable  of  predicting  the  complex  viscous 
and  turbulent  flow  field. 

The  circumferential  and  radial  components  of  velocity  and  the  rms  of  the  corresponding  fluctuations  in 
the  impeller  of  a  centrifugal  compressor  have  been  obtained  using  a  Laser  Doppler  anemometer.  The  results 
indicate  a  two  unequal  vortex  arrangement  with  opposite  direction  of  rotation  and  with  the  smaller  vortex 
immediately  behind  the  suction  side  of  each  blade.  The  radial  velocity  profiles  indicate  a  weak  wake  at 
the  centre  of  the  passage  near  the  shroud  as  for  curvature  dominated  flows. 

The  study  of  the  published  experimental  data  points  to  the  vorticity  being  a  dominant  feature  of  the  flow 
inside  the  inqpeller. 

Numerical  integration  of  the  vorticity  equations  shows  that  the  production  of  streamwise  vorticity  is 
affected  by: 

(i)  the  diffusion  achieved  in  the  inducer,  and 
(ii)  the  length  of  the  radial  part  of  the  impeller,  both  major  design  parameters. 

The  prediction  method  is  a  finite  difference  scheme  based  on  the  matrix  through  flow  analysis  as  has  been 
modified  to  incorporate  the  effect  of  viscosity  and  turbulence  on  the  flow  field. 

The  results  obtained  for  a  low  speed  compressor  are  compared  with  data  given  by  Mizuki.  Furthermore, 
results  for  a  high  speed  compressor  impeller  are  presented  and  quantitative  agreement  with  experimental 
data  is  shown.  Finally  the  problems  of  turbulence  modelling  in  centrifugal  compressor  is  discussed  in  the 
light  of  the  experimental  data  obtained  and  the  turbulence  models  available. 


Nomenclature 


B  Integration  factor 

C,,  C~,  C  Constants  in  turbulence  model 

1  u 

D  Dissipation  force  per  unit  mass 

F  Body  force 

G  Generation  term  defined  by  Equation 

hQ  Stagnation  enthalpy 

h  Enthalpy 

I  Rothalpy  (I  =  hQ  -  ttr  Vu) 

N  Normal  to  the  stream  line 

n  Normal  to  the  stream  surface 

r  Radius 

S  Streamwise  direction 

s  Entropy 

T  Temperature 

V  Absolute  velocity 

W  Relative  velocity 


Seconded  to  BHRA  Fluid  Engineering,  Cranfield,  Bedford 


Cartesian  space  coordinates  (S ,  N,  n) 
Axial  direction 


x. 

l 

z 

Greek 

e  Rate  of  dissipation  of  turbulence 

<  Kinetic  energy  of  turbulence 

u  Angles  of  stream  surface 

Ut  Turbulence  viscosity 

p  Density 

t  Stress  Tensor 

0  Angle 

4*  Stream  function 

w,  ft  Angular  velocity 


Subscripts 


b  Basic 

e  Inlet 

h  Hub 

p  Perturbation 

r  Radial  direction 

s  Shroud 

u  Circumferential  direction 

z  Axial  direction 


1.  Introduction 

The  calculation  of  the  flow  in  impellers  plays  an  important  role  in  the  theoretical  research  and 
design  of  centrifugal  compressors.  As  the  three-dimensional  turbulent  flow  within  the  impeller  is 
too  complicated  to  allow  a  full  numerical  solution,  several  methods  are  developed  assuming  steady  and 
inviscid  flow.  The  calculations  usually  involve  a  combination  of  the  flow  field  obtained  by  solving 
the  governing  equations  for  different  stream  surfaces.  Such  solutions  are  described  by  Stanitz  (1) , 
Katsanis  (2) ,  and  recently  by  Krimmerraan  et  al  (3)  .  Comparisons  of  the  above  solution  with  the  expe¬ 
rimental  results  of  Eckardt  (4) ,  Adler  et  al  (5)  and  Johnson  et  al  (6)  reveal  significant  differences 
in  the  velocity  profiles  which  can  be  due  to  the  effects  of  viscosity  and  turbulence  on  the  main  flow. 
Better  predictions,  therefore,  of  the  flow  inside  centrifugal  compressor  impellers  can  only  be 
obtained  when  viscosity  and  turbulence  are  taken  into  account. 

Furthermore,  examination  of  the  experimental  results  of  Eckardt  (4)  and  Adler  et  al  (5) ,  obtained 
using  laser  anemoroetry  and  Johnson  et  al  (6)  using  pressure  probes,  shows  significant  differences 
between  each  other  although  the  phenomena  involved  are  basically  the  same.  Thus  the  need  for  further 
experimental  information  which  will  allow  a  better  understanding  of  the  flow  inside  centrifugal 
compressor  impellers.  In  addition,  in  the  above  reports,  there  is  no  information  of  the  turbulence 
characteristics  and  since  they  are  often  responsible  for  the  mean  flow  characteristics  and  aid  to  the 
understanding  of  the  phenomena  involved,  their  determination  is  very  desirable. 

An  experimental  investigation  was  carried  out  in  order  to  improve  the  understanding  of  the  flow 
phenomena  inside  centrifugal  compressor  impeller  passage.  It  made  use  of  laser-Doppler  anemometry, 
which  allowed  the  measurement  of  the  centrifugal  and  radial  components  of  velocity  and  the  correspon¬ 
ding  normal  stresses,  and  an  Air  Research  compressor  which  was  rotated  at  11,800  rpm.  The  flow 
configuration  and  instrumentation  are  described  briefly  in  the  next  section  detail  and  can  be  found  in 
reference  7  and  is  followed  by  the  presentation  and  discussion  of  the  experimental  results. 

An  outline  of  the  theoretical  method  follows  and  the  results  of  calculations  of  the  flow  field  are 
presented  and  discussed.  Finally  the  problems  of  turbulence  modelling  are  discussed  in  the  light  of 
the  experimental  data  obtained  and  the  turbulence  models  available. 

2 .  Flow  Configuration  and  Instrumentation 

The  centrifugal  compressor  is  part  of  an  Air  Research  T04B  turbocharger.  The  impeller  had  1  f>  blades 
with  tip  and  eye  radii  of  0.035m  and  0.o22m  and  had  a  nominal  design  speed  of  80,000  rpm.  For  the 
present  work,  it  was  driven  at  11,800  rpm  by  the  turbine  of  the  turbo-charger  unit  which  was  supplied 
with  cotrpressed  air.  A  90  degree  segment  of  the  shroud  was  removed  and  replaced  by  a  plexiglass 


insert  which  allowed  optical  access  over  the  90  degree  sector  and  from  a  radius  of  0.028m  to  0.035m. 
The  surfaces  of  the  plexiglass  insert  were  polished. 
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The  rotational  speed  of  the  impeller  and  the  location  within  a  blade  passage  was  determined  by  the 
optical  tachometer  of  ref.  (8). 

The  laser  doppler  anemometer  comprised  an  optical  transmission  arrangement  and  a  data  acquisition  and 
signal  processing  unit. 

The  optical  transmission  arrangement  contained  an  Argon  laser,  a  water  filled  Bragg  cell,  focussing 
lens,  a  back  scatter  light  collecting  arrangement  and  a  photomultiplier. 

The  signal  from  the  photomultiplier  was  input  to  a  frequency  analyser  which  was  controlled  by  a  micro¬ 
processor.  The  microprocessor  arranged  for  the  signal  to  be  swept  with  a  300  kHz  bandwidth  filter  and 
Doppler  bursts  were  observed  above  a  preset  amplitude  of  5mV  and  their  frequency  recorded  on  magnetic 
tape.  The  sweep  rate  corresponded  to  steps  of  1  MHz  and  a  velocity  of  1.478  m/s.  An  analogue  signal 
was  provided  by  the  spectrum  analyser  and  had  a  voltage  level,  proportional  to  the  Doppler  frequency, 
which  changed  with  each  recognised  Doppler  burst  of  new  frequency.  A  typical  signal  is  indicated 
diagramatically  on  figure  1  which  also  presents  the  basis  for  its  analysis. 

As  indicated  on  figure  1,  the  signal  was  differentiated,  amplified,  rectified  and  Smidth  triggered 
to  produce  TTL- compatible  pulse  which  represent  the  time  at  which  the  particle  crossed  the  measuring 
volume.  The  output  from  the  tachometer  provided  a  pulse  for  each  blade  and  splitter,  as  indicated  on 
figure  2,  and  a  counter  reduced  these  pulses  to  one  per  revolution.  The  resulting  pulse  triggered  a 
pulse  generator  which  produced  a  sequence  of  equispaced  pulses  which,  with  analogue  to  digital  con¬ 
version  resulted  in  a  ramp .  The  time  between  pulses  indicated  the  circumferential  position  and  could 
be  preset  to  provide  a  desired  spatial  resolution  and  the  duration  of  the  enable  gate  which  allowed 
the  measured  frequency  to  be  recorded  on  a  magnetic  tape. 

The  present  results  were  obtained  with  64  pulses  within  a  blade  passage  of  22  degrees  and  correspond 
to  a  circumferential  spatial  resolution  of  0.3  degrees.  When  a  particle  crossed  the  measuring  volume 
and  the  enable  gate  is  high,  a  pair  of  pulses  instructed  the  system  to  store  the  value  of  the  Doppler 
frequency  and  the  instantaneous  position  in  a  buffer.  On  completion  of  1024  pulses,  the  stored  infor¬ 
mation  was  written  on  the  magnetic  tape  which  was  analysed  subsequently  on  a  CDC6400  conputer.  Each 
value  of  velocity  and  normal  stress  was  determined  from  between  60  and  200  individual  frequency  values. 

The  error  associated  with  the  measurements  was  analysed  and  the  results  of  this  analysis  are  as 
follows: 

The  radial  and  axial  positions  of  measurement  were  known  to  better  them  ±  O.OOOlm  and  introduce  no 
significant  error  as  does  the  evaluation  of  circumferential  position.  Similarly,  gradient  broadening 
was  calculated  and  found  to  be  insignificant  as  was  the  effect  of  the  bandwidth  of  the  spectrum 
analyser  filter.  The  sweep  rate  of  the  analyser  precluded  the  interpretation  of  an  individual  velocity 
within  ±  0.739  m/s  and  was  probably  the  largest  single  source  of  uncertainty.  Bias  errors  may  have 
been  introduced  by  the  method  of  averaging  but,  in  view  of  the  low  turbulence  intensities,  would  have 
an  insignificant  influence  on  the  results.  In  general,  it  can  be  expected  that  the  measured  mean  and 
rms  values  were  within  t  2.5%  and  =  10%,  respectively  of  the  maximum  measured  values. 


3.  Results  and  Discussion  of  the  Experimental  Study 

The  measured  distributions  of  mean  and  rms  radial  and  circumferential  velocities  are  presented  in 
figures  3  and  4  respectively.  One  of  the  features  of  these  profiles  is  that  they  are  different  for 
the  two  channels  formed  between  blade-splitter  and  splitter-blade  surfaces.  This  is  a  particular 
characteristic  of  the  impeller  under  consideration  and  has  been  observed  by  Goulas  (9)  at  the  exit 
of  the  same  impeller  using  hot-wire  aneraometry.  The  difference  is  probably  due  to  the  geometry  of  the 
leading  edge  of  the  splitter  which  is  usually  matched  with  the  blade  leading  edge  to  produce  similar 
profiles  when  the  conpressor  operates  at  the  design  point.  For  operation  at  an  off-design  point,  as 
here,  differences  tend  to  be  magnified. 

The  radial  velocity  profiles  for  the  two  channels  share  common  features.  They  indicate  an  area  near 
the  pressure  side  with  3V  /30  <  0  ,  a  low  velocity  area  near  the  centre  of  the  channel,  and  finally  an 
area  of  high  velocity  with  3vr/30  >  0  near  the  suction  side  of  the  blades. 

The  circumferential  velocity  profiles  indicate  the  presence  of  two  vortices,  a  large  one  covering  most 
of  the  channel  and  a  smaller  one  behind  the  blade  at  the  suction  side.  This  system  of  vortices 
produces  positive  velocities  in  the  region  near  the  shroud  (positive  being  flow  towards  the  suction 
side)  for  the  large  vortex  and  negative  velocities  for  the  small  one  as  is  the  case  here. 

The  core  of  the  small  vortex  is  established  near  the  suction-side-shroud  corner  of  the  passage  where 
it  is  fed  with  air  by  the  tip  leakage  flow.  The  radial  velocity  profiles  do  not  show  a  wake  in  the 
suction  side-shroud  comer  where  an  isentropic  flow  is  established  since  the  gradient  of  the  radial 
velocity  3Vr/30  ,  is  almost  equal  to  2to.  Thus  the  present  measurement  indicate  a  weak  wake  near  the 
centre  of  the  channel.  The  measurements  of  Adler  et  al  (5)  show  similar  radial  velocity  profiles  at 
the  centre  of  the  closed  channel,  which  correspond  to  the  shroud  area  for  the  unshrouded  Ispeller. 
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The  rang  values  of  the  radial  component  of  velocity,  figure  5  ,  has  maxima  at  the  suction  side  of  the 
splitter  and  at  some  distance  away  from  the  suction  side  of  the  blade.  These  maxima  suggest  that 
small  scale  vortices  are  shed  into  the  flow  from  the  region  of  separation  formed  near  the  leading 
edge.  This  region  of  separation  is  largely  the  result  of  the  negative  angle  of  incidence  (-15°) 
associated  with  the  present  impeller  and  its  rotational  speed.  As  the  length  of  the  blade  is  greater 
than  the  length  of  the  splitter,  the  vortices  formed  at  the  blade  leading  edge  have  time  to  be  con- 
vected  into  the  main  flow.  As  a  result,  the  two  maxima  lie  in  different  circumferential  positions, 
relative  to  the  suction  sides  of  the  blade  and  splitter.  The  rms  value  of  the  circumferential 
component  of  velocity,  figure  6'  ,  near  the  pressure  side  of  the  blade  or  the  splitter  is  of  the  same 
order  of  magnitude  as  the  radial  one,  suggesting  near-isotropic  turbulence  in  this  region.  Near  the 
suction  side  of  the  blades,  the  rms  value  of  the  circumferential  component  is  almost  half  its  radial 
counterpart  and  suggests  suppression  of  turbulence  in  this  direction  due  to  the  stabilizing  effect  of 
the  coriolis  force,  see  Johnston  et  al  (iq)  in  their  investigation  of  flow  in  rotating  diffusers. 


4.  Theoretical  Investigation 

The  three-dimensional  flow  field  in  a  centrifugal  compressor  impeller  can  be  predicted  by  solving  the 
following  equations: 


1. 

continuity 

a) 

2. 

motion 

(3) 

3. 

energy 

(1) 

4. 

state 

(1) 

These  six  equations  are  sufficient  to  determine  the  mean  components  of  velocity  and  the  mean  fluid 
properties,  provided  enough  information  is  given  about  the  turbulence  correlations  in  the  form  of  a 
turbulence  model.  A  straight  numerical  solution  of  the  above  system  of  partial  differential  equations 
though,  requires  a  prohibitive  amount  of  computer  storage  and  time,  instigating  thus  the  need  for  a 
method  to  reduce  at  least  the  necessary  computer  core. 

The  method  used  here  is  based  on  Wu's  (11)  general  theory  as  was  improved  by  Bosnian  et  al  (12)  and 
Goulas  (13)  and  consisted  of  a  combination  of  hub-to-shroud  and  blade-to-blade  solutions  of  the 
viscous  and  turbulent  flow  field.  Details  of  the  method  can  be  found  in  reference  14.  Here  only  the 
basic  points  will  be  presented. 

4 .1  The  3-P  Prediction  Method 

The  solution  procedure  starts  by  obtaining  a  solution  of  the  flow  field  on  a  hub-to-shroud  stream 
surface  having  geometry  similar  to  the  blade  camber  surface. 

The  resulting  streamline  s  can  then  be  used  to  generate  several  axisymetric  blade-to-blade  stream 
surfaces.  The  solution  of  the  flow  field  on  each  individual  stream  surface  will  provide  the  geo¬ 
metry  and  integration  factor  distribution  on  "basic"  hub-to-shroud  stream-surfaces.  The  solution 
will  proceed  into  solving  the  flow  field  on  each  one  of  the  hub-to-shroud  stream-surfaces  star¬ 
ting  from  the  surface  nearest  to  the  pressure  side  and  "marching"  towards  the  suction  side  of  the 
passage.  During  solution  the  geometry  of  each  stream  surface  is  allowed  to  deviate  from  the 
geometry  of  the  basic  stream-surface  in  order  to  satisfy  the  relation, 

W  .  n  =  0  (1) 

4.2  Flow  on  a  Stream-Surface 


Expressed  in  a  curvilinear  orthogonal  system  of  coordinates  with  axes  S  along  and  N  across  a 
streamline  on  the  stream-surface  and  a  third  axis  n  normal  to  the  surface,  the  equations  gover¬ 
ning  the  flow  on  a  stream-surface  are : 


(i)  Continuity 

(ii)  Equation  of  motion  for  the  N-direction: 

N  .  Wx(VxV)  -  N  .  (71  -  TVs) 

(iii)  Equation  of  motion  for  the  S-direction : 


(iv)  Equation  of  motion  in  the  n-direction. 

(v)  The  energy  equation  for  steady  flow: 


(2) 

(3) 

(4) 


(vi)  and  the  equation  of  state. 


For  the  flow  on  stream-surfaces  Wu  introduced  special  derivatives  in  order  to  reduce  the  number 
of  independent  variables  from  three  to  two.  Thus  when  r-6  are  the  two  variables  the  special 
derivatives  are  defined  as: 

F  3  ni  3 

3x.  =  3x.  n  3z 

1  i  z 


For  the  z-8  variables  the  special  derivatives  are: 

T  m  _3_  _  JJi  3_ 

9x^  *  9xa  3r 

Finally  for  the  r-z  variables  the  special  derivatives  are: 

F  =  _3 _ [|i_  3_ 

3x,  3x.  m  30 

i  i  u 

A  stream  function  S'  can  then  be  defined  for  each  individual  pair  of  coordinates  such  as  to 
satisfy  the  continuity  equation.  At  the  same  time  an  integration  factor  B  must  be  introduced 
which  is  equal  to  the  thickness  of  the  stream  surface .  The  N  equation  of  motion  then  can  be 
modified  to  produce  a  Poisson  type  equation  from  which  T  can  be  calculated. 

The  definition  of  ¥  for  each  pair  of  coordinates  together  with  the  resulting  equation  for  y  are 
given  below: 

For  the  r-  0  variables: 
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For  the  z-6  variables : 
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For  the  r-z  variables: 
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The  angles  X  and  y  define  the  local  geometry  of  the  stream-surface.  For  example  in  the  case  of 
the  r-z  coordinates  X  and  y  are  given  as: 


tan  X 


tan  y 


(11) 


During  the  third  stage  of  the  calculation,  calculation  of  the  flow  field  on  various  hub-to- 
-shroud  stream-surfaces,  the  circumferential  component  of  the  relative  velocity  is  split  into 
two  parts.  One  part  W^.  is  dictated  by  the  geometry  of  the  ’’basic"  stream-surface;  the  other 
one  is  a  perturbation  circumferential  velocity  ,  so: 


W  -  W 


(12) 


This  perturbation  is  considered  to  be  the  result  of  the  stresses  which  arise  due  to  circumferen¬ 
tial  gradients  of  velocity.  If  the  flow  is  isentropic,  the  viscosity  is  zero  and,  thus,  Wu  will 
be  zero.  Therefore: 


H 


isentropic  ^ 

and  the  flow  will  follow  the  stream-surface. 


"Up 

(13) 
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For  non -i sen tropic  cases,  the  geometry  of  the  stream  surface  will  change  in  order  to  take 
account  of  the  different  circumferential  component  of  velocity.  Therefore,  the  integration 
factor  B,  has  to  be  changed  accordingly. 

An  equation  for  the  "perturbation"  of  the  circumferential  component  of  velocity  can  be  obtained 
from  the  8-equation  of  motion.  The  final  expression  is: 


D 

Dt 


(rwu  ) 
P 


r  (D“* 
u 

s 


t 

pr 


=  Q 


u 


where : 


where  i  stands  for  either  s  or  b. 


(14) 


(15) 


The  term  (D^) .  is  obtained  from  the  previous  step,  the  solution  of  the  flow  field  on  the  blade- 
to-blade  stream  surfaces . 

The  change  in  the  geometry  of  the  stream  surface  requires  changes  in  the  integration  factor  B. 

An  equation  for  B  again  can  be  derived  as: 

(B  -  V  -  -  I  (  wr  I?  (ta"  «  +  w*  !e  (tan  x>)  (16) 

The  above  two  expressions  for  Wu  and  B  were  derived  assuming  that  the  deviation  of  the  geometry 
of  the  stream  surface  from  the  "basic"  one  is  small  and  circumferential  gradients  of  Wu  are 
negligible. 

The  solution  of  the  flow  field  on  any  stream  surface  is  obtained  by  solving  equation  (6) ,  (7) 
or  (lO)  according  to  the  system  of  coordinates  appropriate  to  the  geometry  of  the  stream  surface 
simultaneously  with  the  streamwise  equation  of  motion,  eq.  (3) . 

The  dissipation  force  which  appears  in  (3)  is  shown  by  Goulas  and  Baker  fl.3  )  to  be : 

D  =  -  (7.x)  (17) 

P 


For  turbulent  flows  a  turbulence  model  has  to  be  used  to  obtain  the  stress  tensor.  Throughout 
the  present  work,  the  x-e  turbulence  model,  as  described  by  Launder  and  Spalding  (15),  is  used. 
The  stresses  in  this  model  are  given  by  the  equation : 


“  '  p  Vj 


3W.  3W . 
— 1  x  — A 
3Xj  3x. 


p  6iJ 


(18) 


The  scaler  turbulent  viscosity, 


is  given  as: 


ut  -  cu  o  <2/c 


(19) 
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The  kinetic  energy  k  and  the  rate  of  dissipation  t  of  turbulence  are  obtained  by  solving  the 
following  system  of  differential  equations : 


.  1  JL  Uti! L  +  G  -  e 

05  P  K 


(20) 


De 

Ut 


1  J_ 

P 


c  e 

+  — J—  G 


K 


(21) 


The  generation  term  G  is  given  by  the  following  relation: 


vt  faw.  aw  }  aw. 


(22) 


The  constants  involved  are  given  as: 


c  =  0.09  ,  c  =  1.44 

M  I 


c  =1.92 


1  . 


o£  =  1 . 3 


4.3  The  yorticity  Equations 

The  production  of  vorticity  has  been  recognized  as  an  Important  factor  in  the  development  of  the 
flow  field  within  the  impeller  passage  (see  ref.  6  and  16 '  . 

Relative  vorticity  defined  as  : 

C  «  V  x  W 

is  produced  by  the  interaction  between  velocity  gradients  in  the  axial  direction  and/or  density 
gradients  with  0  and  by  the  interaction  of  normal  components  of  vorticity  with  curvature. 

The  transport  equations  for  the  streamwise  and  normal  components  of  vorticity  on  stream  surfaces 
are  given  as  (see  ref.  16)  : 


3S 


pff 


2<n 

^wff 


+  2nc 


W  3£  +  2n-(7W) 
p  3s  pW2 


(23) 


for  the  streamwise  component,  and 


as  *  '  an  3s 


ZnN )  ■  2nN  Is  * 


(24) 


for  the  normal  to  the  streamline  component  of  vorticity.  Equations  (23)  and  (24)  can  be  integrated 
along  streamlines  on  stream  surfaces  to  obtain  the  secondary  vorticity  components. 

4.4  Numerical  Solution 

The  numerical  solution  of  the  flow  on  a  stream  surface  involves  the  simultaneous  solution  of  eq. 

(1)  ,  (3) ,  (21) ,  (22)  and  during  the  final  stage  of  the  calculation  eq.  (14)  and  (16)  ,  together  with 
one  of  the  eq.  (6) ,  (8)  or  (10)  according  to  the  system  of  coordinates  used. 

The  finite  difference  scheme  used  is  derived  from  Taylor’s  serit-s  expansion.  The  lattice  for  each 
point  extends  over  four  grid  lines  in  both  directions.  This  ensures  accuracy  of  the  finite  difference 
of  the 

»4.  i  I 

,_4 


0 
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In  the  last  stage  'marching  stage'  and  for  the  circumferential  gradients,  a  backward  finite 
difference  scheme  is  u«*id. 

The  solution  procedure  to  obtain  the  flow  field  on  a  stream  surface  is  an  iterative  one.  Each 
iteration  starts  with  an  initial  distribution  of  the  stream  function  i|/  on  the  stream  surface. 
Differentiation  of  the  ^  will  give  two  components  of  velocity  with  the  third  calculated  through 
eq.  (1) .  The  next  step  is  to  solve  eq.  (10)  and  (23)  for  the  kinetic  energy  and  the  rate  of 
dissipation  of  turbulence.  With  the  turbulence  viscosity  utthen  known  the  stresses  can  be  obtained 
through  eq.  (18)  and  finally  the  dissipation  force  from  eq.  (17) . 

Eq.  (3)  ,  (14)  ,  and  (16)  can  then  be  integrated  along  streamlines  to  obtain  the  distribution  of 
entropy  s,  perturbation  velocity  Wu  and  integration  factor  B.  The  integration  is  possible  because 
the  distribution  of  the  stream  function  is  assumed  to  be  known.  With  velocity,  rothalpy  and 
entropy  known,  the  density  can  be  obtained  from  the  equation  of  state. 

Finally,  with  velocity,  entropy  and  density  known,  the  right  hand  side  of  eq.  (6)  or  (8)  or  (10) 
can  be  calculated,  a  banded  matrix  can  be  set  up,  so  the  system  of  linear  equations  can  be  solved. 

The  resulting  distribution  of  ^  has  to  be  compared  with  the  initial  one  and  the  whole  procedure 
repeated  until  a  convergence  criterion  defined  as  : 


is  satisfied  at  each  point  of  the  stream  surface. 

The  boundary  conditions  necessary  are  as  follows  : 

The  distribution  of  the  stream  function  at  the  inlet  is  calculated  from  the  given  initial  dis¬ 
tribution  of  velocity  at  the  inlet,  by  integrating  eq.  (5a)  for  the  blade-to-blade  stream  surface 
or  eq.  (9a)  for  the  hub-to-shroud  one; 

The  stream  function  is  constant  along  solid  walls; 

The  exit  conditions  are  :  for  a  hub-to-shroud  stream  surface  =  0,  where  x  is  the  grid  line 

direction  parallel  to  the  solid  walls;  for  the  blade-to-blade  stream  surface  the  Kutta  condition 
was  used; 

Solid  walls  are  streamlines  thus  is  constant  along  walls. 

The  boundary  conditions  for  the  stresses  at  the  walls  and  the  values  of  the  kinetic  energy  and  the 
rate  of  dissipation  of  turbulence  at  the  nearest  internal  point  of  the  flow  field  are  obtained 
using  the  logarithmic  law  of  the  wall.  Details  about  the  relations  involved  can  be  found  in 
Launder  and  Spalding  (15) . 

The  logarithmic  law  of  the  wall  is  also  used  to  calculate  the  tangential  velocity  gradients  near 
the  pressure  and  suction  sides  of  the  channel. 

For  the  vorticity  calculations  the  initial  boundary  conditions  are  : 


i.e.  the  absolute  vorticity  is  zero. 


5.  Results  of  the  Theoretical  Study 


Two  types  of  centrifugal  compressor  impellers  were  studied  using  the  above  described  method. 

The  first  is  a  typical  high  speed  centrifugal  compressor  used  for  turbocharger  applications.  Fig.  7 
gives  the  meridional  cross  section  and  the  camber  line  of  the  blade.  The  calculations  were  carried 
out  for  a  tip  speed  of  228  m/s,  rotational  speed  60000  RPM,  and  for  the  corresponding  mass  flow  of 
0.14  kg/s.  More  details  of  the  results  can  be  found  in  ref.  (16)  and  (17). 


Fig.  8  gives  the  pattern  of  streamlines  for  isentropic  flow  and  the  prediction  obtained  using  the 
k-e  turbulence  model.  The  growth  of  the  boundary  layers  can  be  seen  as  a  displacement  of  the  stream¬ 
lines  away  from  the  walls  for  the  k-e  turbulence  model. 

Fig.  9  shows  the  meridional  velocity  at  the  grid  points  nearest  to  the  shroud  along  the  shroud  for 
the  same  impeller,  but  with  or  without  shroud.  There  are  differences  at  the  inducer  and  the  radial 
part.  In  the  curved  region  connecting  those  two  parts,  there  are  no  changes  since  the  curvature 
effects,  which  are  the  same  for  both  shrouded  and  unshrouded  impeller,  dominate  the  flow  in  this  region. 
The  relatively  small  effect  of  the  presence  of  the  shroud  on  the  flow,  indicated  by  Fig.  9,  is  in 
agreement  with  the  experimental  results  obtained  by  Howard  and  Kittmer  (19)  .  They  obtained  velocity 
profiles  within  a  radial  iirpeller  with  backward  curved  blades.  They  found  that  the  primary  velocity 
profiles  were  basically  unaltered  despite  the  considerable  change  in  the  secondary  flow  patterns  thought 
to  result  from  the  tip  leakage.  Such  effects,  however,  have  been  ignored  in  the  present  calculations. 


IU 


In  Fig.  10a  the  streamwise  component  of  vorticity  along  the  nub  and  in  Fig.  10b  along  the  shroud  for  a 
mid-passage  hub-to-shroud  stream  surface  is  presented. 

Along  the  hub,  £  is  the  same  for  both  cases  of  shrouded  and  unshrouded  impellers;  negative  and  in¬ 
creasing  in  strength. 

Along  the  shroud,  the  streamwise  component  is  different.  For  the  shrouded  impeller,  the  streamwise 
vorticity  is  increasing  in  strength.  For  the  unshrouded  impeller,  the  vorticity  is  reduced  in  strength 
along  the  shroud.  This  is  due  to  different  circumferential  velocity  gradients  in  the  two  cases  as 
the  primary  flow  on  the  stream  surface  remains  almost  unchanged. 

Fig.  11  gives  the  normal  component  of  vorticity  along  the  hub  and  ihroud.  There  is  no  difference 
between  shrouded  and  unshrouded  impeller  as  c  is  not  affected  by  velocity  gradients.  In  real  terms, 
there  will  be  differences  introduced  by  the  binormal  component  of  vorticity  (,  and  the  radius  of 
torsion  t  which  are  different  for  shrouded  and  unshrouded  impellers. 

In  the  case  of  the  unshrouded  impeller  the  initial  rise  in  streamwise  vorticity  is  followed  by  a  reduction 
in  strength  and  as  a  result  the  vorticity  may  even  change  sign.  In  this  case  the  secondary  flow  is  ex¬ 
pected  to  change  drastically.  The  factors  affecting  this  change  are  the  length  of  the  radial  part  and 
the  maximum  value  of  streamwise  vorticity  produced  within  the  inducer,  which  in  turn  depends  on  the 
diffusion  within  the  inducer. 

As  for  the  length  of  the  radial  part,  experience  has  shown  that  there  is  an  optimum  ratio  of  eye  to  tip 
diameter  either  side  of  which  efficiency  for  the  same  otherwise  design  drops. 

As  for  the  importance  of  the  diffusion  within  the  inducer.  Dean  (18)  suggests  that  most  of  the  diffusion 
within  an  impeller  is  obtained  in  the  inducer. 

The  flow  field  within  the  low  speed  centrifugal  compressor  impeller  used  by  Mizuki  et  al.  (21),  (20)  is 
predicted  also  using  the  method  described  in  Section  4. 

The  calculations  were  carried  out  for  the  C-type  impeller  with  a  tip  diameter  of  270  mm,  rotational 
speed  6000  RPM  and  for  a  flow  coefficient  $  =  0.50. 

Fig.  12  shows  the  measurements  by  Mizuki  and  fig.  13  shows  the  predicted  velocity  profiles.  Although 
direct  comparison  is  impossible  because  of  the  scales  of  fig.  12,  the  relative  trends  are  correct. 

Fig.  14  shows  the  velocity  distribution  near  the  hub  at  the  inlet  to  the  radial  part  of  the  impeller. 

The  comparison  with  the  experimental  data  is  satisfactory. 

Fig.  15  shows  the  pressure  distribution  along  the  pressure  and  suction  sides  at  mid-height  and  for 
the  nearest  calculation  point.  There  is  some  disagreement  with  the  experimental  results  at  the  suction 
side  in  region  of  the  inlet  of  the  radial  part.  This  may  be  attributed  to  the  fact  that  due  to 
curvature,  pressure  gradients  may  exist  which  will  make  direct  comparison  of  the  results  difficult. 

Conclusions 


The  experimental  results  obtained  using  laser  anemometry  do  not  show  a  large  wake  area  as  it  was 
experienced  by  Eckardt  and  Johnson  and  are  in  agreement  with  the  results  obtained  by  Adler.  The  present 
and  Adler's  measurements  were  taken  in  impellers  without  an  inlet  pipe.  Eckardt  and  Johnson's  measure¬ 
ments,  on  the  other  hand,  had  a  long  inlet  pipe.  This  may  indicate  that  inlet  boundary  layers  are 
responsible,  to  a  certain  degree,  for  the  secondary  flows  experienced  in  centrifugar  compressor  im¬ 
pellers.  Theoretical  studies  show  that  vorticity  plays  an  important  role  in  the  development  of  the 
flow  field  in  a  centrifugal  compressor  impeller. 

The  experimental  results  of  the  RMS  show  also  a  suppression  of  turbulence  near  the  suction  side,  similar 
to  that  experienced  by  Johnston  et  al .  (lO) .  This  effect  cannot  be  predicted  by  the  usual  turbulence 
models,  i.e.  ic-e  model,  without  introducing  empirical  corrections. 

The  prediction  method  discussed  was  used  to  calculate  the  flow  field  in  two  impellers  :  a  high  speed 
impeller  and  a  low  speed  one.  The  results  show  satisfactory  agreement  with  the  experimental  data 
available. 
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DISCUSSION 


H.Weyer,  DFVLR,  Cologne,  Ge 

Could  the  author  please  comment  on  what  kind  of  seeding  was  used  in  the  experiments.  Does  the  author  realize 
that  particles  should  not  exceed  0.3  microns  in  order  to  avoid  errors  due  to  particles  following  the  flow  badly? 

Author's  Reply 

It  is  well  known  that  particle  size  control  is  necessary  to  avoid  errors  in  laser  doppler  signal  interpretation.  It  is  also 
known  that  the  largest  size  of  particles  which  can  be  tolerated  is  a  function  of  the  maximum  velocity  encountered 
within  the  flow  field. 

In  this  application  silicon  oil  was  used  for  seeding  with  a  mean  droplet  diameter  of  2  /am.  This  was  considered 
acceptable  as  the  maximum  velocity  encountered  was  only  50  m/s. 
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RESUME 

On  pr#sente  des  r#sultats  exp#rimentaux  obtenus  3  la  sortie  des  rouets  et  dans  des 
diffuseurs  lisses  de  deux  compresseurs  centrifuges  avec  et  sans  couvsrcle  . 

Deux  m#thodes  de  mesure  sont  ainsi  comparSes,  l'une  conventionnelle  qui  utilise 
des  sondes  de  pression  directionnelles ,  l'autre  qui  fait  intervenir  1 ' utilisation  d’un 
systSme  Laser. 

A  partir  des  rSsultats  obtenus,  une  tentative  d* analyse  des  #coulements  secondaires 
est  faite  en  prenant  pour  base  les  rSsultats  d’un  calcul  m#riaien  quasi-tridimensionnel . 
L'  approche  "ecoulement  secondaire"  exploite  les  r#sultats  d#j3  acquis  pour  le  cas  des 
machines  axiales  avec  une  prise  en  compte  plus  complete  des  t.ermes  suppl#mentaires  qui 
interviennent  dans  la  formulation. 


ABSTRACT 

EXPERIMENTAL  FLOW  ANALYSIS  IN  A  STAGE  OF  CENTRIFUGAL  MACHINERY 

Experimental  results  obtained  at  the  exit  of  the  impellers  and  in  the  vaneless  dif¬ 
fusers  of  two  centrifugal  compressors,  with  and  without  a  cover  plate,  are  presented. 

Two  measurement  methods  are  compared  :  one  is  conventional  and  uses  directional 
pressure  probes  ;  the  other  rests  on  the  use  of  a  Laser  system. 

Based  on  the  results  obtained,  an  attempt  is  made  at  analyzing  secondary  flows, 
using  the  results  of  a  quasi-three  dimensional  meridional  calculation.  The  "secondary 
flow”  approach  uses  the  results  already  acquired  for  axial  machines,  taking  fuller  ac¬ 
count  of  the  additional  terms  appearing  in  the  formulation. 


I  INTRODUCTION 


Les  deux  derniSres  d#cennies  ont  vu  un  progr&s  considerable  dans  le  domaine  des 
compresseurs  centrifuges,  longtemps  abandonnSs  au  profit  des  compresseurs  axiaux. 

Afin  d'am#liorer  les  performances  de  ce  type  de  machines,  une  clarification  des 
id#es  a  #t#  rendue  nScessaire  devant  1 ' impossibility  d'appliquer  directement  les  modeles 
issus  des  experiences  acquises  dans  le  domaine  des  machines  axiales.  Le  d#veloppement 
des  moyens  de  mesure  stationnaires ,  instationnaires  et  embarqu#s  a  contribu#  en  grande 
partie  3  cette  clarification  fl  3  10j*^ 

De  nombreux  r#sultats  d'essais  ont  ainsi  permis  une  meilleure  connaissance  de  1 1 e- 
coulement  et  une  meilleure  comprehension  des  ph#nom#nes.  Cependant,  ces  essais  s’appli- 
quent  en  grande  majority  soit  3  des  compresseurs  d'Scole  basse  vitesse,  soit  3  des  pro¬ 
totypes  de  haut  de  gamine.  Par  contre,  le  domaine  des  compresseurs  centrifuges  de  type 
"process"  dans  lequel  peut  §tre  class#  le  compresseur  utilise  pour  cette  etude  est  rela- 
tlvement  inexplor#.  Ce  type  de  machines  utilise  pour  des  applications  terrestres  se 
trouve,  par  sa  gamme  de  fonctionnement,  3  mi-chemin  des  differentes  machines  pr#cit#es. 

Les  analyses  exp#rimentales  qui  ont  #t#  men#es  visent  deux  objectifs.  Le  premier 
consiste  3  ameiiorer  la  prediction  du  champ  de  caract#r istiques  de  ce  type  de  machines. 
Le  second  objectif  qui  se  situe  3  plus  long  terme,  est  d'aborder  les  problemes  qui  res¬ 
tent  sans  r#ponse  en  ce  qui  concerne  le  developpement  des  ecoulements  visqueux,  et  les 
mecanismes  de  production  des  pertes  dans  les  rouets  de  telles  machines. 

Pour  mener  ces  etudes,  la  Soci#t#  Creusot-Loire  a  developp#  et  construit  un  etage 
de  compresseur  centrifuge  correspondant  3  sa  gamme  de  fabrication.  Ce  compresseur  a  ete 
muni  des  Squipenents  so#cifiques  ndcessaires  3  une  investigation  d#taill#e  de  1' ecoule¬ 
ment.  Deux  versions  de  la  roue  mobile  ont  et#  r6alisees,  l'une  6tant  munie  d'un  couver- 
cle  et  l'autre  version  n'en  possedant  pas. 

Les  mesures  ont  6t#  effectuSes  sur  le  banc  d'essais  install#  au  laboratoire  de 
M#canique  des  Fluides  de  l'Ecole  Centrale  de  Lyon. 


it  Les  chiffres  entre  crochetscorrespondent  aux  references. 


II  OBJECTIFS  DE  L 1  ETUDE 

Pour  rSpondre  3  l'objectif  concernant  la  prediction  du  champ  de  caractSristiques 
nous  nous  sommes  inspires  des  travaux  qui  traitent  le  probl&me  sous  un  aspect  monodimen- 
sionnel.  Ces  travaux  peuvent  Stre  decomposes  en  deux  categories  :  ceux  qui  traitent  du 
niveau  d'Snergie  transfer  de  la  roue  au  fluide,  et  ceux  qui  s 1 ir.teressent  3  la  mani&re 
dont  s'effectue  ce  transfert  c'est-3-dire  3  la  qualite  de  l'Gnergie  absorbGe  par  le  flui¬ 
de.  Pour  ce  qui  est  du  premier  point  il  necessite  la  modelisation  du  coefficient  de  glis- 
sementpour  lequel  on  peut  citer  les  travaux  de  WIESNER  [llj,  LIVSHITS  [12],  BALJE  [13]. 
Quant  au  second,  il  prend  en  compte  les  divers  mod&les  de  pertes  parmi  lesquels  on  peut 
mentionner  ceux  de  COPPAGE  Ci«l.  JANSEN  [15],  et  VAVRA  [16]. 

Une  comparaison  de  ces  diffSrents  crit&res  disponibles  a  etS  effectuSe,  et  un  choix 
a  StS  opSrS.  Un  effort  particulier  a  ports  sur  l'analyse  des  caractSristiques  en  dehors 
du  point  nominal.  Enfin,  une  Evaluation  des  caractSr istiques  de  1‘ Stage  sera  Sgalement 
prSsentee  en  utilisant  une  analyse  globale  de  l'Scoulement  dans  le  diffuseur  lisse. 

L'idSe  contenue  dans  l'objectif  3  long  terme  est  de  rSaliser  des  progrSs  tangibles 
dans  la  conception  des  compresseurs  centrifuges.  Pour  celS  nous  avons  pensS  qu'il  Stait 
interessant  d'explorer  la  possibilitS  offerte  par  les  mod&les  de  calcul  et  les  expSrien- 
ces  effectuSes  dans  le  domaine  des  compresseurs  axiaux.  La  formulation  thSorique  qui  a 
StS  developSe  jusqu'3  maintenant  3  l'E.C.L.  [17  ,  18]  a  notamment  fait  ressortir  certains 
aspects  originaux  de  l'Scoulement  visqueux  dans  une  machine  axiale,  et  a  abouti  3  une 
mSthode  de  calcul  intSgro-dif f Srentielle  des  Scoulements  secondaires  3  1'intSrieur  d'une 
grille  d'aubes.  Quelques  rSsultats  illustrant  les  performances  de  cette  mSthode  seront 
prSsentSs  ici.  Bien  que  nous  soyons  conscients  de  certaines  limitations  quant  3  la  modS- 
lisation  utilisSe,  nous  avons  dScidS  de  nous  en  inspirer  pour  dSvelopper  une  mSthode 
spScif iquement  adaptSe  3  une  machine  centrifuge. 

La  dSmarche  ainsi  suivie  nous  a  conduit  3  mettre  en  oeuvre  un  calcul  quasi-tridi- 
mensionnel  de  l'Scoulement  dit  "sain",  dont  quelques  rSsultats  seront  prSsentSs.  Les 
rSsultats  de  ce  calcul  doivent  servir  de  base  au  dSveloppement  thSorique  concernant  l'e- 
coulement  visqueux,  dont  nous  avions  dSj3  tents  une  premi&re  formulation  f!9J. 

Cependant,  il  faut  conserver  3  l'esprit  le  fait  qu'un  calcul  complet  reste  actuel- 
lement  hors  de  portee  de  1'ingSnieur,  et  que  la  seule  possibilite  qui  nous  reste  est  le 
dSveloppement  de  mod&les  de  calcul  utilisant  plus  ou  moins  de  donnSes  semi-empir iques 
tirSes  de  1 ' exp&rience.  En  effet,  notre  connaissance  sur  les  Scoulements  visqueux  forte- 
ment  tridimentionnels ,  tels  qu'ils  se  presentent  dans  une  machine  radiale,  reste  encore 
incomplete  malgrS  les  efforts  qui  ont  ete  effectues  en  ce  domaine  notamment  par  JONHSON 
et  MOORE  [20].  Notre  savoir  concernant  un  Scoulement  stationnaire  dans  un  repere  fixe 
est  dSj3  tr&s  limite.  La  presence  de  la  force  de  Coriolis  pour  le  cas  tournant  complique 
les  choses  de  faijon  sSrieuse  comme  le  montrent  les  travaux  de  BRADSHAW  [21t  22], 

JONHSON  [23],  PAPAILIOU  [24],  et  BERTOGLIO  et  A1  [25].  De  plus,  il  semble  que  le  caract&- 
re  instationnaire  de  l'Scoulement  joue  un  r61e  suffisamment  important  pour  qu'un  calcul 
stationnaire  visqueux  m&me  complet  ne  donne  pas  une  reprSsentation  de  l'Scoulement  con¬ 
form  e  3  la  realite.  Cet  effet  a  notamment  StS  mis  en  Evidence  par  DEAN  [26]. 

Ceci  met  1' accent  sur  la  nScessitS  du  dSveloppement  de  procSdSs  de  mesure  donnant 
notamment  acc&s  3  des  informations  sur  le  comportement  de  l'Scoulement  3  1'intSrieur  du 
canal  tournant  de  la  roue  mobile.  Il  faut  de  plus  souligner  la  haute  precision  demandSe 
aux  mesures  destinSes  3  preciser  quantitativement  les  caractSristiques  d'un  Scoulement 
visqueux.  Ce  fait  a  StS  mis  en  Svidence  par  l'Squipe  de  turbomachines  de  l'Ecole  Centrale 
de  Lyon  [27]  lors  de  mesures  effectuSes  sur  un  compresseur  axial.  Ces  deux  remarques 
apportent  sa  justification  3  1 ' utilisation  de  moyens  de  mesure  sophistiquSs  telle  1'anS- 
momStrie  Laser. 

Dans  le  cadre  des  objectifs  prScites,  on  presente  apr&s  une  description  de  1' instal¬ 
lation  et  des  moyens  de  mesure  les  rSsultats  d'une  analyse  unidimensionnelle  pour  les 
deux  versions  du  compresseur.  Les  essais  dStaillSs  qui  ont  permis  cette  analyse  globale 
seront  ensuite  compares  3  des  rSsultats  locaux  obtenus  par  1 ' anemomStrie  LASER  3  la 
sortie  de  la  roue  mobile. 

Ces  rSsultats  seront  ensuite  comparSs  avec  des  mSthodes  de  prediction  quasi  3-D  de 
l'Scoulement  qui  constituent  la  base  du  dSveloppement  d'une  formulation  des  Scoulements 
secondaires  dans  les  compresseurs  centrifuges. 

III  DESCRIPTION  DE  L ' INSTALLATION  ET  DES  MOYENS  DE  MESURE. 

III_l;Le_banc_d]_essai_de_comgresseursi 

Le  compresseur  StudiS  a  StS  montS  sur  le  banc  d' essais  de  compresseurs  du  laboratoi- 
re  de  MScanique  des  Fluides  de  l'Ecole  Centrale  de  Lyon.  Ce  banc  a  une  puissance  installSe 
de  630  kw.  Il  se  compose  d'un  moteur  Slectrique  3  courant  continu  auquel  sont  adjoints 
deux  multiplicateurs  en  sSrie  permettant  d'obtenir  une  Vitesse  de  rotation  maximum  d'en- 
viron  14000  tours/mn.  Le  circuit  de  d&charge  est  constituS  par  une  vanne  de  r&glage,  une 
vanne  anti-pompage ,  et  un  venturi  servant  3  la  mesure  du  dSbit.  La  salle  dans  laquelle 
est  implantSe  le  compresseur  servant  de  caisson  d ' alimentation,  les  conditions  amont 
correspondent  done  aux  conditions  atmospher iques . 

L'ensemble  des  manoeuvres  et  de  1 ' acquisition  des  donnSes  s'effectue  par  l'inter- 
mSdiaire  d'un  calculateur  Hewlett  Packard  installs  dans  une  salle  de  contrftle  sSparSe. 

III_2_;_Le_comgresseur_centr ifuggi 

Comme  nous  l'avons  d6j3  signals  les  caractSristiques  du  compresseur  d'essai  de  la 
SociStS  Creusot-Loire ,  dont  on  trouvera  une  reprSsentation  schSmatique  figure  (1),  corres¬ 
pondent  aux  gammes  de  fabrication  g&nSralement  utilisSes  par  le  constructeur .  Nous  allons 
les  SnumSrer  bri&vement  ci-dessous. 
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a)  Le  taux  de  compression  de  l'gtage  s' Stale  de  1.25  3  1.75. 

b)  L'entrSe  de  l’Stage  est  axiale  afin  d'assurer  des  conditions  aSrodynamiques  initia- 
lescorrectes . 

c)  Un  pavilion  d’entrSe  relativeraent  long  a  cependant  StS  place  afin  d’obtenir  des 
Spaisseurs  de  couches  limites  parietales  suf f isamment  importantes  3  l’entr6e  de  la  roue 
mobile,  telles  qu'on  les  rencontre  dans  une  machine  mult±4tag6e. 

d)  Le  rouet  realise  rSpond  3  des  critSres  industriels  :  encombrement  axial  faible, 
aubes  du  type  "couchSes  en  arriSre"  gSnSrSes  par  des  surfaces  simples,  et  presence  d'un 
couvercle . 

e)  L' Evolution  de  la  largeur  du  canal  permet  de  maintenir  la  section  de  passage  sensi- 
blement  constante. 

f)  La  largeur  de  veine  du  diffuseur  lisse  purement  radial  est  suffisamment  importante 
pour  permettre  une  exploration  detail lSe. 

g)  La  volute  est  du  type  industriel  et  permet  d'etudier  les  eventuelles  distorsions 
azimutales  quien  resaltent. 

h)  Afin  de  mettre  en  evidence  l'effet  de  jeu,  et  de  permettre  la  realisation  demesures 
par  anemometrie  laser  un  rouet  sans  couvercle  a  egalement  ete  realise  et  etudi6.  Pour 
cette  seconde  version  de  la  roue,  seul  un  anneau  a  ete  conserve  dans  la  partie  axiale  pour 
des  imperatifs  de  tenue  mecanique  des  palesen  rotation. 

i)  Les  principales  caracteristiques  geometriques  et  aerodynamiques  de  la  machine  sont 
presentees  dans  le  tableau  ci-aprSs  : 


^  (-) 

0,059 

Rl 

(deg) 

63 

N  (tr/mn) 

8000 

0  (Kg/s) 

6,5 

TT  (-) 

1,75 

Signalons  enfin  que  pour  permettre  les  essais  Laser,  le  carter  a  §te  muni  d'une 
fenStre  en  verre  disposee  le  long  de  sa  generatrice  verticale. 

III_2_:_3§§SEiE£i2Q_§£_i'SBt5Q£§ti2S_^§_IIiDS£Effl5SStationi 

a)  Determination  des  plans  de  mesure. 

Les  sections  choisies  pour  ef :ectuer  les  mesures  de  pression  statique  parietale  et 
realiser  les  explorations  de  1 ' ecoulemant  sont  respectivement  presentee*  figures  (2)  et  (3). 

Le  grand  nombre  de  sections  qui  a  ete  defini  a  permis  d'obtenir  le  maximum  d’ informations 
a  l'amont  de  la  roue  mobile  et  surtout  dans  le  diffuseur  lisse.  Les  prises  de  pression 
statique  y  sont  reparties  suivant  le  rayon  et  la  circonference  et  ce  sur  les  deux  flasques 
de  ce  diffuseur.  Les  explorations  ne  sont,  elles,  effectu6es  que  pour  une  position  azimutale. 

b)  Le  choix  des  sondes  d' exploration. 

La  grande  precision  de  mesure  necessaire  aux  explorations  des  zones  parietales  des 
machines  axiales  que  nous  avons  prec§demment  realisSes  f27]  nous  a  donne  une  certaine  ex¬ 
perience  dans  ce  domaine.  A  la  lueur  de  cet  acquis  nous  avons  utilise  deux  types  de  sondes 
pour  realiser  ces  mesures.  Celles-ci  sont  presentees  figure  (4).  II  s'agit  de  sondes  de 
pression  directionnelles  qui  permettent  de  determiner  les  valeurs  de  la  pression  totale  et 
les  caracteristiques  du  vecteur  vitesse  dans  un  plan, moyennant  un  etalonnage  angulaire 
prealable  pour  plusieurs  valeurs  du  nombre  de  Mach.  Une  perle  de  thermocouple  inseree  dans 
ces  sondes  donne  egalement  accSs  3  la  mesure  de  la  temperature  totale  connaissant  le  coef¬ 
ficient  de  recuperation. 

La  forme  gdometrique  des  deux  sondes  a  ete  determinee  afin  de  pouvoir  s'approcher  au 
plus  prSs  des  parois.  La  sonde  cylindrique  dite  "droite"  pouvant  entrer  3  l'int6rieur  de 
son  bossage  permet  la  realisation  de  mesures  jusqu'au  droit  de  la  paroi  exterieure  de  la 
veine.  La  sonde  type  "crochet"  permet  par  contre  d'approcher  la  paroi  opposee  au  bossage. 
Cette  derniSre  possSde  en  outre  une  prise  de  pression  qui  peut  §tre  assimiiee  a  une  stati¬ 
que,  et  les  resultats  obtenus  par  son  intermediaire  seront  discutes.  Notons  que  pour  un 
mSme  plan  de  sondage,  il  est  possible  d'obtenir  une  zone  de  recoupement  des  informations 
recueill iespar  les  deux  sondes.  Ceci  va  nous  permettre  de  minimiser  les  risques  d'erreur 
de  mesure. 

Cependant  la  presence  meme  de  la  sonde  dans  l'Scoulement  va  induire  un  certain  nom¬ 
bre  d'erreurs  de  mesure  dues  a  des  effets  de  deplacement,  de  gradient  et  de  blocage.  II 
est  nSanmoins  possible  par  une  analyse  complete  des  rSsultats  de  restituer  la  coherence 
des  mesures,  et  de  pouvoir  faire  confiance  a  la  mesure  au  moins  en  ce  qui  concerne  certains 
paramStres.  Ce  point  particulier  fait  ressortir  l'intSrSt  de  possSder  un  moyen  d' investi¬ 
gation  tel  que  1 ' anSnorndtr ie  Laser. 

c)  Le  systSme  d ' an^mom&tr ie  Laser. 

La  v§locim6trie  Laser  ne  presente  pas  les  inconvenient?.  precites.  Elle  n'est  notam- 
ment  pas  limitSe  par  la  vitesse  de  1 ' Scoulement ,  et  surtout  elle  n'y  procure  aucune  per- 
tubation.  Outre  qu'elle  ne  donne  pas  acc§s  aux  mesures  de  la  pression  et  de  la  temperature. 
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il  ne  faut  cependant  pas  non  plus  minimiser  les  probldmes  nouveaux  qu’elle  soulSve.  Parmi 
ceux-ci  nous  pouvons  citer  la  ngcessite  d'ensemencer  l'£coulement  et  le  coQt  relativement 
glev£  des  installations.  La  v£locim£trie  Laser  reste  cependant  un  moyen  d ’ investigation 
puissant,  et  le  seul  a  nermettre  des  mesures  a  l'int£rieur  de  la  roue  mobile  de  compres- 
seurs  haute-vitesse ,  la  solution  consistant  3  embarquer  des  moyens  conventionnels  [10  , 

25]  s'avgrant  trSs  difficile  a  mettre  en  oeuvre  lorsque  la  vitesse  de  rotation  de  la 
machine  excSde  3000  tours/mn. 

La  taille  rSduite  du  canal  inter-aubes  ou  de  la  veine  dans  le  diffuseur  lisse  des 
compresseurs  radiaux,  et  la  volontg  d'obtenir  des  informations  sur  l’Scoulement  jusque 
dans  les  zones  visqueuses  pari£tales  nous  ont  fait  opter  pour  un  type  de  v£locim&tre 
laser  a  temps  de  vol  (TFV) .  En  effet,  si  des  mesures  ont  d£j3  6t£  effectuSes  avec  succ&s 
dans  des  compresseurs  3  grande  vitesse  avec  des  vglocim&tres  laser-Doppler  (LDV)  [28 
29],  elles  ont  mis  en  lumiSre  1'extrSme  difficult^  qu'il  y  avait  3  s'approcher  3  une 
distance  de  moins  de  10mm  d’une  paroi  opaque.  Si  l’on  excepte  les  quelques  tentatives 
faites  pour  adapter  la  v£locim3trie  LDV  3  la  mesure  dans  de  petites  machines  [30]  ,  la 
v£locimetrie  TFV  dont  les  bases  ont  £t£  jet£es  par  THOMSON  [3lJ  et  TANNER  [32]  semble 
Stre  la  seule  3  permettre  des  mesures  trSs  pr&s  des  parois  (  moins  de  2mm)  comme  l’ont 
montrges  les  experiences  effectuSes  au  DFVLR  [33]  ,[34]  etC35],ce  que  nous  confirmons  ici. 

II  est  de  plus  apparu  que  dans  un  souci  technique  et  financier  il  n'etait  pas  sou- 
haitable  d'acqugrir  une  version  commercialisge  d' an£mom£tre  ,  mais  que  nous  devions  en 
redessiner  un.  En  effet,  il  devait  s'adapter  d'une  part  3  la  g£om£trie  des  compresseurs 
radiaux  et  du  banc  d'essais  en  notre  possession,  et  utiliser  au  mieux  les  moyens  d' acqui¬ 
sition  dej3  3  notre  disposition  afin  de  diminuer  le  coQt  de  1 1  installation ,  montrant  de 
ce  fait  qu'il  £tait  possible,  avec  des  moyens  financiers  raisonables,  de  se  doter  d'un 
outil  puissant  aux  performances  acceptables. 

L'an£mom£tre  laser  que  nous  avons  r£alis£  est  schematise  figure  (5).  La  chalne 
optique  a  £te  dessin£e  afin  de  rgpondre  aux  diverses  contraintes  g6om6triques,  et  a  obte- 
nir  les  caract£r istiques  dgsirees  du  volume  de  mesure.  L ' optimisation  de  ces  caractgris- 
tiques  prend  en  compte  un  certain  nombre  de  paramStres  qui  sont  enum6r£es  ref  [36] . 

Les  caracter istiques  retenues  sont  les  suivantes  :  une  distance  entre  les  taches 
de  convergence  de  0.5  mm,  une  longueur  axiale  d'environ  0.4  mm,  un  demi-angle  de  conver¬ 
gence  des  faisceaux  laser  de  5  degr£s  et  un  diam&tre  de  focalisation  d'environ  15  f<m.  La 
distance  entre  ce  volume  de  mesure  et  la  lentille  frontale  de  1'angmomStre  est  d'environ 
210  mm. 

Le  support  sur  lequel  repose  1' ensemble  du  v£locimetre  est  en  granit  ce  qui  lui  as¬ 
sure  une  grande  inertie  thermique  et  une  meilleure  rigiditg  qu'un  support  en  acier  pour 
un  poids  trois  fois  moins  important.  Le  positionnement  du  point  de  mesure  s’effectue  par 
deplacement  de  tout  cet  ensemble. 

La  source  lumineuse  est  constitute  d'un  laser  Argon  qui  peut  fournir  2.4  Watts  sur 
la  ie  verte  3  X  =  5145A.  Cette  puissance  donne  une  marge  de  s£curit£  importante  par 
rapport  3  la  centaine  de  milliwatts  ntcessaire  3  1 ' experience . 

Un  schema  synoptique  de  1 ' tlectronique  est  donnt  sur  la  figure  (6).  Les  signaux 
issus  des  deux  photomultiplicateurssont ,  aprSs  amplification, envoyts  respectivement  sur 
les  entries  START  et  STOP  d'un  compteur  qui  travailleen  mesure  d'intervalle  de- temps  entre 
deux  entries.  Les  donnees  sont  ensuite  stockees  puis  traitges  3  l'aide  du  calculateur 
Hewlett-Packard  d£j3  mentionnt. 

Afin  d'ensemencer  l'Scoulement  deux  g£n£iateurs  de  particules  ont  6t£  utilises.  Le 
premier  utilise  la  dispersion  de  poudre  de  dioxyde  de  silicium  3  partir  d'un  lit  fluidisg, 
et  le  second  permet  la  production  de  fum£e  par  combustion  lente  d'huile  de  type  vaseline. 

L'  antmomttre  laser  a  tte  prtalablement  teste  sur  une  configuration  de  jet  parietal 
bidimensionnel  dont  la  section  de  sortie  £tait  de  80x4mm.  Les  rgsultats  pr£sent£s  figures 
(7)  et  (8)  dgmontrent  sa  bonne  resolution  longitudinale  ce  qui  permet  d'une  partd'effec- 
tuer  des  mesures  dans  desveinesde  faible  dimension  en  presence  de  gradients importants  et 
d' autre  part  de  pouvoir  approcher  les  parois  3  un  millimetre  au  moins.  De  plus, la  preci¬ 
sion  de  mesure  est  encore  acceptable  dans  des  gcoulements  fortement  turbulents  (intensity 
de  turbulence  dgpassant  30  %) 

IV  PRESENTATION  DES  RESULTATS  ET  ANALYSE 


De  maniSre  3  couvrir  le  maximum  du  champ  de  caract£ristiques,  8  points  de  fonction- 
nement  ont  £tg  choisis  pour  effectuer  les  explorations  dgtaill£es  par  1 ' intermSdiaire  des 
sondes.  Ces  points,  portgs  figure  (9),  ont  £t£  retenus  pour  les  deux  versions  du  compres- 
seur  avec  et  sans  la  presence  du  couvercle. 

Nous  prSsenterons  pr incipalement  les  r£sultats  des  sondages  concernant  le  diffuseur 
lisse  pour  lequel  les  2  versions  seront  systSmatiquement  comparSes.  A  titre  informatif, 
la  figure  (10)  prgsente  Involution  de  la  vitesse  m£ridienne  en  amont  de  la  roue  mobile 

Les  rSsultats  des  sondages  en  sortie  de  roue  mobile  pour  la  version  sans  couvercle 
seront  ensuite  compares  3  ceux  obtenus  3  l'aide  de  1 ' angmomgtrie  LASER.  Cette  comparaison 
portera  sur  le  point  nominal  de  fonctionnement. 

IV_1 Les  caractf ristigues_a|rodynamigues_dans_le_dif fuseur_lissei 

Les  caractgristiques  moyennes  de  l'Scoulement  sont  dgduites  des  quantit£s  locales 
telles  que  les  distributions  de  pression  totale  P0 ,  temperature  totale  T0  et  angle  ab- 
solu  ok respectivement  pr£sent£es  figures  (11),  (12)  et  (13).  On  notera  les  possibility 
de  recoupement  des  valeurs  obtenues  par  les  2  types  de  sonde  et  la  coherence  des  rgsul- 
tats. 


a  -  L'evolution  des  caract6ristiques  moyennes  dans  le  diffuseur  lisse 

Pour  les  2  versions  du  compresseur,  on  presente  fig  (14)  les  evolutions  des  pres- 


sions  totales,de  l'angle  absolu  et  de  RV^pour  un  point  de  fonctionnement.  Le  premier  plan 
de  sondage  aprds  le  plan  de  sortie  de  la  roue  mobile  est  situe  a  un  rapport  de  rayon 

g  =  1.068.  Ceci  veut  dire  que  l'on  ne  pourra  obtenir  les  caracteristiques  dans  le  plan 
1  de  sortie  du  rouet  qu'3  l'aide  d'une  extrapolation.  Le  cas  de  la  quantity  PV^.  pout 
alors  etre  examine  car  il  doit  satisfaire  3  1 ' e  qua  t  ion  d'energie  et  recouperle  niveau  de 
temperature  totale  mesure. 

Les  6carts  les  plus  importants  enregistrds  apr&s  ddpouil  lenient  sont  de  l'ordre  de 
li  comme  on  peut  le  voir  sur  la  figure  (15)  on  considfrant  bion  entendu  la  zone  "saine” 
de  l'ecoulement  dans  Jr  diffusour  iisse  pour  R  , 

v 

b)  Le  choix  des  pressions  statiques 

On  connalt  les  difficultes  qui  surgissent  lorsque  l'on  veut  mesurer  une  pression 
statique  surtout  dans  des  dcoulements  dfilivres  par  la  roue  mobile  d'un  canprcsseur  cen¬ 
trifuge. 

La  tendance  cenisiste  -3  prendre  en  coupte  des  ,  iv.n  ion  ■;  u  nnjucs  parjetales  et 
generalement  une  distribution  linfiaire  est  adoptee  entre  les  2  flasques  du  diffuseur. 
Cette  hypothdse  donne  effectivement  de  meilleurs recoupements du  debit  dans  notre  cas, 
comme  on  peut  le  voir  figure  (16).  II  est  d'ailleurs  nfecessairc,  pour  a:.  rut:*-  upen.or.t 
correct,  de  prendre  en  comp te  les  dventuelles  distorsions  enregisiroos  fig  (17).  Cette 
hypothdse  de  distribution  lineaire  de  pression  statique  a  pu  etre  6gal orient  vdnfife  pai 
un  calcul  d'Squilibre  d '  dcoulement.  Ce  calcul  prend  on  compte  les  distributions  mc-sur6e.i 
de  pression  totale,  temperature  totale  et  angle  absolu.  Les  courbures  sont  negligees.  La 
convergence  s'effectue  sur  le  debit  impose  et  on  en  deduit  lor,  pressions  tutiques  local 
Le  recoupement  est  tres  bon  avec  les  mesures  des  pressions  pariftales  comme  on  peut  le 
voir  figure  (18). 

Cela  confirme,  enfin,  la  confiance  que  l'on  peut  avoir  dans  les  mesures  de  P„,  T0 
et  ol  .  La  mesure  des  pressionsitntiques  obtenues  par  les  sondes  reste  done  un  problcne. 

II  faut  cependant  noter  que  ces  memes  sondes  ont  donn6  des  resultats  tres  satisf aisants 
dans  le  cas  de  veines axiales  plus  larges  [27]. 

iy_2_=_Analyse_des_r6sultatsi 

IV  2.1  -  L'aspect  mono-dimensionnel . 

a)  Transfert  d'energie 

Etant  donne  la  possibilite  que  nous  avions  de  comparer  les  performances  d'une 
m«5me  machine  avec  et  sans  la  presence  d'un  jeu,  le  choix  des  crit&res  de  pertes  proposes 
dans  la  literature  ouverte  s'est  ports  sur  les  auteurs  qui  avaient  tentgs  une  classifi¬ 
cation  des  pertes  rouesmobile  comme  JANSEN  [15]  ou  VAVRA  [16]  en  particulier.  Notons  ici 
1' importance  des  termes  qui  prennent  en  compte,  dans  ces  formulations,  la  deceleration 
relative  de  l'ecoulement  .  Ceci  met  1 'accent  sur  la  bonne  connaissance  du  coefficient  de 
blocage  necessaire  pour  ce  type  de  prediction. 

Le  calcul  du  diffuseur  lisse  prend  en  compte  les  effets  d'Sclatement  brusque  3  la 
sortie  de  la  roue  rrobileet  le  calcul  des  effets  du  " jet-sillage"  propose  par  DEAN  et  SENOO 
[37]  Stendu  3  un  Scoulenent  compressible  [38]  et  [39]  .  Les  modSlisations  de  la  largeur  de 
la  zone  de  sillage  et  du  rapport  de  debit  ont  StS  introduites  d'aprds  les  travaux  de 
GREGG  [40]  prSsentSs  fig  (19)  et  (20). 

b)  Les  caracteristiques  en  dehors  du  point  nominal. 

L'essentiel  porte  sur  la  bonne  determination  de  Involution  du  coefficient  de 
glissement.  D'aprds  les  travaux  de  GREGG  [40],  il  est  possible  de  dSduire  une  courbe 
empirlque  presentee  fig  (21)  .  Les  resultats  exp§rinentaux  confirment  la  tendance  observee. 
L'analyse  qui  consiste  3  faire  l'hypothdse  d'un  angle  relatif  constant  en  sortie  de  roue 
mobile  quelque  soit  le  point  de  fonctionnement  donne  de  bons  resultats  pour  le  cas  ana¬ 
lyst  fig  (21)  . 

c)  Les  predictions  des  caracteristiques  moyennes. 

On  pr£sente  figure  (22)  la  comparaison  du  champ  de  caracteristiques  sortie  roue 
mobile  mesure  et  calcuie  pour  les  deux  versions  du  compresseur  etudie.  En  ce  qui  concer- 
ne  l'etage  (plan  de  sortie  du  diffuseur  lisse)  les  resultats  sont  presentds  figure  (23). 

On  peut  estimer  que  la  prediction  est  correcte  surtout  si  l'on  considere  que  les  critSres 
ont  ete  fixes  uniquement  au  point  nominal  de  fonctionnement. 

L'analyse  des  resultats  dans  le  diffuseur  lisse  conduit  3  determiner  un  coefficient 
de  frottement  Cr  different  pour  les  2  versions  comme  le  montre  la  figure  (14).  Les  tra¬ 
vaux  de  SENOO  [4l]  et  [4  2]  ont  dej3  montre  1' importance  de  l'ecoulement  deiivre  par  la 
roue  mobile  sur  le  fonctionnement  du  diffuseur  lisse, et  l'approche  proposee  par  SENOO 
confirme  le  caractdre  trop  global  d'une  analyse  qui  ne  prend  en  compte  qu’un  coefficient 
de  frottement  moven. 

IV  2.2  -  Les  caracteristiques  locales  de  l'ecoulement  deiivre  par  la  roue;  mobile. 

Comparaison  avec  les  mesures  LASER. 

Pour  des  raisons  de  simplification,  cette  analyse  portera  sur  le  point  nominal  de 
fonctionnement  des  2  versions  etudiees. 

a)  Le  resuitat  des  sondages 

Dans  le  plan  de  mesure  le  plus  proche  du  plan  de  sortie  du  rouet  on  constate  des 
differences  notables  sur les  distributions des  pressions  et  des  temperatures  totales  entre 
les  2  versions  du  m£me  compresseur  fig  (24 )  .  il  reste  cependant  que  les  distributions  de 
l'angle  absolu  oi  et  du  rendement  isentropique  sont  comparables  du  moins  dans  une  zone  oO 
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les  effets  visqueux  sont  negligeables  fig  (25).  Les  differences  que  l'on  constate  dans 
les  zones  parietales,  en  particulier  1 1  augmentation  de  la  vitesse  tanqentielle  lide  aux 
variations  de  1* angle  dans  le  cas  de  la  roue  sans  couvercle, oonfirment  1‘ analyse  de 

SENOO  et  al  (43)  sur  1 1  augmentation  du  coefficient  de  glissement.  Nous  avorts  tire  de  la 
ref  (43)  une  courbe  fig  (26)  oil  nous  figurons  le  cas  du  compresseur  teste.  Le  rendement, 
par  contre  est  plus  faible  pour  lecas  tans  couvercle  etant  donne  lapr6sence  du  jeu.  On  peut 
remarquer  que  la  correlation  propos&e  par  GREGG  (40)  presentee  figure  (27)  est  satisfai- 
sante . 


b)  Les  essais  laser 

Trois  sections  de  mesure  ont  ete  explores  pour  les  rapports  de  rayon 
R/R2  =  1.018,  1.059  et  1.107. 

Les  histogrammes  de  probabilitd  de  1' angle  absolu  de  l'ecoulement  3  la  sortie  du 
rouet,  presentes  figures  (28)  et  (29),  montrent  une  fluctuation  trSs  importante  de  cet 
angle  (plus  de  40°  pour  le  cas  le  plus  ddfavorable) .  Ce  phenom&ne  peut  s'expliquer  en 
grande  partie  par  la  trSs  grande  inhomogSnditg  circonf drentielle  prSsentde  par  l’ecoule- 
ment  3  la  sortie  du  rouet  dans  le  repAre  relatif  aux  aubages.  Cette  inhomogen§it§  est  en 
g£n§rale  d'autant  plus  marquee  que  l'on  se  situe  3  proximitd  de  la  sortie  de  la  roue  d'une 
part,  et  du  couvercle  d' autre  part  £20}  ce  qui  doit  se  traduire  dans  le  repSre  absolu  par 
une  fluctuation  de  vitesse  et  d'angle  dquivalente.  Cette  explication  semble  etre  valable 
car  les  fluctuations  d'angle  enregistrdes  sont  ef fectivement  d'autant  plus  importantes 
que  l'on  se  rapproche  d'une  part  de  la  sortie  du  rouet  et  d'autre  part  du  couvercle,  m§me 
si  les  effets  du  jeu  dans  cette  zone  sont  dgalement  trSs  importants.  Seule  une  mesure 
synchronise  avec  la  rotation  de  la  machine  permettrait  de  confirmer  d§f initivement  cette 
hypothSse. 

En  ce  qui  concerne  les  repartitions  d'angles  moyens,  presentees  figure  (30),  nous 
pouvons  faire  plusieurs  remarques.  Tout  d'abord  les  valeurs  des  angles  pour  les  deux  sec¬ 
tions  sont  3  peu  pr&s  identiques,  au  demi  degre  prds,  ce  qui  est  en  accord  avec  la  physi¬ 
que  de  l'ecoulement.  La  seconde  remarque  concerne  la  comparaison,  presentee  pour 
R/R2  =  1.059,  des  mesures  laser  avec  des  mesures  provenant  d'une  sonde  directionnelle  de 
pression.  L'allure  gdnerale  des  deux  courbes  est  tout  3  fait  comparable,  mais  on  enregis- 
tre  entre  les  deux  un  ddcallage  d' environ  quatre  degrds.  Ce  decallage  syst6matique  ne 
peut  s'expliquer  que  par  un  mauvais  reperage  angulaire  initial  du  volume  de  mesure  par 
rapport  3  la  machine. 

Les  repartitions  de  vitesses  absolues  et  leur  comparaison  avec  les  mesures  par  son¬ 
de  de  pression,  presentees  figure  (31),  sont  elles  tout  3  fait  satisf aisantes .  L'6cart 
maximum  enregistre  est  voisin  du  pour  cent,  et  les  courbes  sont  comparables  jusqu’3  une 
distance  d'un  millimetre  des  deux  parois.  Notons  cependant  qu'aucun  sondage  avec  une  son¬ 
de  de  pression  n'ayant  ete  effectue  dans  le  plan  le  plus  proche  de  la  roue,  les  valeurs 
portees  sur  la  figure  (31)  ont  ete  extrapoiees  sur  chaque  ligne  de  courant  ce  qui  intro- 
duit  une  certaine  imprecision  dans  des  zones  parietales.  Cette  extrapolation  donne  ce¬ 
pendant  une  idee  des  niveaux  de  vitesse  et  peut  Stre  consider6e  comme  assez  precise,  au 
moins  dans  la  zone  mediane. 

Les  repartitions  de  fluctuations  de  vitesse,  presentees  figure  (32),  n'ont  pas  ete 
comparees  3  celles  obtenues  avec  des  moyens  conventionnels .  .  Les  evolutions 

enregistrees  semblent  cependant  correctes.  On  assiste  en  effet  3  une  legere  augmentation 
de  la  fluctuation  avec  le  rayon  (effet  de  gradient  de  pression) ,  et  le  rel5vement  de 
cette  fluctuation  dans  les  zones  parietales  est  en  accord  avec  1 ' dpaississement  enregis- 
trd  de  la  couche  visqueuse. 

V  ANALYSE  THEORIQUE 

V_1 _-_Le_calcul_de_l^ecoulement_" sain" _par_la_m§thode_des_6iements_f inis^ 

Un  programme  de  calcul  meridien  a  ete  developpe  dans  le  laboratoire  pour  obtenir 
les  caracteristiques  de  l'ecoulement  "sain"  dans  un  compresseur  centrifuge  C44}  et  £4  5} 

Les  resultats  du  calcul  du  compresseur  ont  ete  compares  avec  ceux  d'un  programme  ddj3  mis 
en  place  3  CREUSOT-LOIRE  (methode  de  courbure  des  lignes  de  courant) ,  et  dont  on  peut 
voir  un  exemple  de  rdsultat  figure  (33)  .  Les  blocages  dOs  aux  couches  limites  parietales 
ont  ete  introduits  ainsi  q'une  distribution  de  glissement  et  de  perte  sur  la  largeur  du 
canal  de  sortie  afin  d'obtenir  un  reseau  de  lignes  de  courant  qui  est  le  point  de  depart 
de  l'approche  "ecoulement  secondaire". 

Les  distributions  de  vitesse  sur  les  aubages  deduitesde  ces  deux  calculs  quasi- 
tridimens  ionne  Is  ont  ete  compareesaveccettesobtenuasavec  une  methode  matridelle  ddvelop- 
pee  par  KATSANIS  £46}.  Cette  comparaison  est  presentee  figure  (34)pour  deux  lignes  de 
courant  caracteristiques  au  moyeu  et  au  carter. 

V  2 _;_La_pr §d iction_des_carac t§r 1st igues_rela tives _de_ l^ecoulement _saini 

Cette  prediction  porte  sur  les  valeurs  de  1’ angle  relatif  et  de  la  pression  totale 
relative  en  sortie  de  roue. 

a)  L' angle  relatif 

La  prediction  de  1' angle  relatif  pt  ,  pour  chaque  ligne  de  courant  ddduite  du  cal¬ 
cul  meridien,  utilise  le  calcul  circonf erentiel  de  KATSANIS  [46]  et  les  travaux  de  MILLER 
[47].  Les  resultats  sont  presentes  figure  (35),  et  on  remarque  une  tr@s  bonne  concordance 
de  la  distribution  d'angle  ft  dans  l'ecoulement  sain  obtenu  par  ce  type  d' analyse, avec 
les  mesures.  1 

b)  La  pression  totale  relative  fig  (36) 

A  partir  de  la  repartition  de  vitesse  deduite  des  analyses  precedentes  il  est  pos- 


sible  de  calculer  les  caract^r istiques  des  couches  limites  se  dSveloppant  sur  les  aubages 
3  l'aide  d'un  calcul  integral  prenant  en  compte  les  effets  de  courbure  et  de  CORIOLIS 
C 24~J.  Les  rSsultats  ne  sont  pas  encore  disponibles  mais  les  premiers  calculs  tenths  don- 
nent  des  r£sultats  trds  encourageants. 

V_3_;_Fgrmulation_th£or igue_de_la_gr£diction_des_£coulements_secondaires_dans_un 


Une  formulation  thCorique  concernant  l'Scoulement  visqueux  qui  se  dSveloppe  dans 
les  zones  parietales  d'une  grille  d'aubes  a  et§  dfeveloppSe,  incluant  au  systAme  d'£qua- 
tiona  final  le  cadre  semi-empir ique  necessaire  3  la  fermeture  du  nrobl^me  Cl7j  .  Cette  for¬ 
mulation  a  £t§  testfie  de  mani3re  satisf aisante  en  presence  d'un  jeu  Q83-  Cette  m&thode 
a  egalement  §t#  appliqude  telle  quelle  au  cas  d'un  compresseur  axial  transsonique  avec  la 
presence  d'un  jeu  Cl8j  .  Quoique  non  congue  pour  cel3,  et  malgr§  les  nombreuses  approxi¬ 
mations  qui  ont  dQ  Stre  faites  afin  de  l'appliquer  3  un  cas  compressible  sur  machine,  elle 
a  donne  des  r<§sultat6  trSs  encourageants  fig  (37). 

C'est  cette  m6thode  que  nous  avons  essaye  d'gtendre  3  l'Scoulement  compressible 
specifique  d'un  compresseur  centrifuge  C 36]  et  que  nous  pr&sentons  bri&vement  ici. 

a)  ModSle  des  trois  zones 

L'hypothdse  consistant  3  diviser  l'Scoulement  dans  le  compresseur  en  trois  zones 
distinctes  (modele  dit  "des  trois  zones")  a  et§  retenue  pour  cette  formulation,  bien  que 
nous  ne  rejetions  pas  1 ' eventuality  de  machines  ne  s'y  adaptant  pas.  Des  mesures  effec- 
tu6es  en  sortie  du  compresseur  Creusot-Loire  fig  (36)  tendent  cependant  3  confirmer  la 
validity  de  ce  module,  au  moins  en  dehors  du  passage  aubS  et  pour  cette  gamme  de  machines 
m5me  en  presence  d'un  jeu. 

b)  Equations  utilisees. 

Nous  avons  fait  usage  pour  la  resolution  du  problSme  des  equations  integrates  de 
quantite  de  mouvement  moyenn£esdans  la  direction  circonf§rentielle,  d'une  equation  rfigis- 
sant  le  developpement  de  la  composante  longitudinale  moyenne  devorticite  dite  secondaire 
et  de  1' equation  d ’ entrainement  de  HEAD.  Ces  equations  sont  developpees  dans  les  systdmes 
de  coordonnees  orthoqonales  curvilignes  adapt6s  3  la  ggometrie  de  la  machine  fig  (38).  Les 
equations  de  HEAD  et  de  quantite  de  mouvement  sont  3  caract6re  parabolique  et  regissent 
1' evolution  de  la  couche  limite  dans  son  ensemble  (forme  integrate)  dans  la  direction 
longitudinale.  L' equation  devorticite  aborde  elle  le  problSme  dans  la  direction  transver- 
sale  sous  une  forme  differentielle,  et  restitue  au  problSme  son  caractSre  elliptique. 

Ces  equations  sont  presentees  en  Annexe  1 . 

c)  Cadre  semi-empir ique 

L' information  semi-empir ique  necessaire  3  la  fermeture  du  problSme  peut  §tre  divi- 
s£e  en  six  points  : 

.  le  profit  longitudinal  de  vitesse  moyenne. 

.  le  raccordement  3  la  paroi  du  profit  .transversal  de  vitesse  moyenne. 

.  la  loi  de  frottement  3  la  paroi 

.  1 'information  relative  3  1' equation  d  '  entrainement 

.  la  relation  rSgissant  la  variation  de  la  masse  volumique 

.  1' estimation  des  termes  additionnels  provenant  d'une  part  des  integrations  succes- 
sives  et  d'autre  part  du  degre  sup6rieur  d ' approximation  utilise  dans  cette  formulation. 

Ce  cadre  semi-empirique  est  pour  le  moment  issu  de  1' experience  accumuiee  dans  le 
domaine  de  la  grille  d'aubes.  ESules  des  mesures precises ,  que  nous  comptons  obtenir  3 
l'aide  de  1 ' anSmometrie  laser,  dans  la  roue  mobile  d'un  compresseur  radial  nous  permet- 
tront  de  contrSler  la  validite  de  ces  relations,  et  de  les  modifier  si  besoin  est.  Nous 
pouvons  cependant  dSj3,  3  la  lueur  des  rSsultats  expSrimentaux  obtenus,  faire  quelques 
remarques . 

En  ce  qui  concerne  le  profil  longitudinal  de  vitesse  moyenne,  une  famille  de  profils 
bidimensionnelle  3  deux  paramStres  a  §t§  retenue.  Cette  famille  proposee  par  KUHN  et 
NIELSEN  [493  dScrit  de  fagon  acceptable  le  profil  mesurS  juste  en  aval  du  rouet  du  compres¬ 
seur  teste  fig  (39),  et  ce  resultat  est  encourageant  meme  s'il  n&cessite  une  confirmation 
3  1'intSrieur  du  passage  interaubes. 

En  ce  qui  concerne  les  termes  additionnels  explicitSs  en  Annexe  1,  ce  sont  les  compo- 
santes  et  AD,  „  du  deficit  de  force  du  3  la  variation  de  la  force  d’aubage  3  1 ’ intS- 

rieur  de  la  couche  visqueuse,  les  composantes  ADj^et  ADj  de  la  variation  des  fluctuations 
circonferentielles  des  paramStres  de  1 ' Scoulement ,  la  quantite  ADswqui  resulte  de  la  va¬ 
riation  de  la  pression  statique  dans  la  direction  normale  3  la  paroi  et  les  composantes 
AD^et  ADV  ^qui  sont  issues  du  degre  supSrieur  d ' approximation  utilisS  dans  cette  for¬ 
mulation. 

Une  relation  li&nt  les  deux  composantes  du  deficit  de  force  mise  en  Evidence  par 
PAPAILIOU  et  al  [50]  nous  permet  de  les  eliminer  de  la  formulation. 

Le  terme  de  deficit  de  pression  statique  a  Ste  nSgligS,  hypothSse  qui  a  6tS  vSrifiSe 
en  grille  et  sur  compresseur  axial  transsonique.  Notons  qu'une  verification  sur  machine 
radiale  est  rendue  extrement  difficile  car  les  mesures  de  pression  statique  dans  les 
veines  de  petites  dimensions  telle  qu'on  les  rencontre  dans  ce  type  de  machine  s'avSrent 
trSs  delicates. 

Aucune  modSlisation  n'existe  actuellement  concernant  les  termes  de  fluctuations, 
bien  que  leur  importance  reste  trSs  controversSe .  La  comprehension  de  ph&nomdnes  complexes 
parmi  lesquels  nous  pouvons  citer  la  migration  du  fluide  3  basse  Snergie  du  disque  vers 
le  couvercle  dans  les  zones  proches  des  aubes  et  la  structure  jet-sillage  est  indispensa¬ 
ble  avant  de  pouvoir  espSrer  modSliser  correctement  ces  termes. 
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Quant  aux  termes  supplgmentaires  apparaissant  dans  notre  formulation  et  qui  prennent 
notamment  en  compte  les  gradients  normaux  de  vitesse  de  l'gcoulement  sain,  les  courbures 
des  lignes  de  courant  de  ce  mSme  gcoulement  et  la  presence  de  la  force  de  CORIOLIS,  ils 
ne  constituent  pas  des  inconnues  supplgmentaires  du  problSme.  Ils  sont  en  effet  parfaite- 
ment  determines  lorsque  les  deux  profils  de  vitesse  sont  connus,  et  seront  injectes  avec 
un  pas  de  retard  dans  la  procedure  iterative  de  calcul.  Nous  avons  gvalug  ces  termes  pour 
le  cas  du  compresseur  Creusot-Loire .  Nous  avons  pour  cela  utilise,  d'une  part  les  rgsul- 
tats  d'un  calcul  mgridien  de  l'gcoulement  sain,  et  d'autre  part  ceux  d'un  calcul  des 
couches  visqueuses  parigtales  simplifig,  tel  qu'il  a  gtg  dgveloppg  pour  une  grille  d'aubes. 
Les  deux  termes  additionnels  AD^et  AD* ont  gtg  calculus  3  partir  de  ces  donnfies.  Leurs 
evolutions  3  travers  le  passage  inter-aubes  sont  donnges  figure  (40 ) . 

Enfin  nous  prgsentons  figure  (41)  une  comparaison  entre  les  valeurs  mesurSes  des 
gcarts  de  ^8  dans  les  couches  visqueuses  parigtales  par  rapport  3  l'gcoulement  sain,  et 
celles  obtenues  par  un  calcul  simplifig  (incompressible  et  sans  termes  supplSmentaires 
At>*  ).  La  concordance  est  bonne  dans  ce  cas  prScis.  Notons  cependant  que  1' existence 
du  profil  transversal  de  vitesse  lie  3  cette  variation  de  dans  ce  cas  est  en  majeure 

partie  explicable  par  le  changement  de  repere  3  1'entrSe  du  rouet. 


VI 


CONCLUSIONS 


Des  mesures  detaillees  des  caractSristiques  de  l'gcoulement  delivre  par  la  roue  mobile  d'un  ocirpresseur 
centrifuqe  ont  ete  effectuSes.  Ces  essais  ont  oortS  sur  des  confiaurations  de  rouet  possSdant  et  ne  possSdant 
pas  de  couvercle.  Les  tentatives  de  restitution  du  charm  de  caracteristiques  de  1' ensemble  de  l'gtaqe 
(roue  et  diffuseur  lisse)  ont  donnS  de  bons  rSsultats  en  utilisant  des  criteres  globaux  de  pertes  et  de  glis- 
sement  y  canpris  pour  les  zones  de  fonctionnemant  hors  adaptation. 

Les  resultats  obtenus  en  sortie  de  roue  nobile  nar  des  rnoyens  oonventionnels  de  mesure  ainsi  que  par 
une  technique  d'anemomdtrie  IASER  dans  le  cas  de  la  roue  sans  couvercle  ,  nous  oonforbent  dans  1 ' idSe ,  qu'au 
moins  pour  ce  type  de  irachines,  1* analyse  de  l'gcoulement  peut  s'appuyer  sur  le  module  dit  des  "trois  zones" 
tel  qu'il  est  developpe  dans  le  cas  des  machines  axiales. 

la  prevision  des  caracteristiques  de  l'gcoulement  sain  a  ete  abordge  en  utilisant  un  programme  de  calcul 
quasi  3-D  qui  utilise  la  m6thode  des  elements  finis.  L' evaluation  des  gooulements  secsondaires  ,  m&ne  si  elle 
fait  encore  appel  3  des  sinplifications  a  donng  des  rgsultats  encouraoeants . 

the  formulation  plus  oarplSte  a  alors  ete  tentge  pour  le  cas  de  machines  radiales.  Ceci  devrait  permet- 
tre  ,  en  s'anpuyant  sur  des  mesures  IASER  3  l'intgrieur  du  passage  inter-aubes  de  telles  machines,  d'en  tester 
1 'extension  possible  pour  une  plus  large  gamne  de  machines 
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ANNEXE  1 


Nous  presentons  ci-dessous  les  diverses  equations  qui  servent  de  base  au  calcul 
des  Acoulements  secondaires. 

a)  Les  deux  equations  integrales  de  quantite  de  mouvement  dans  les  directions 
circonferentielle  u  et  meridionnale  m  sont  les  suivantes  : 


=  *  a 

:  WfU  ( 7,  1  ^ 

blAi'  v  e  /o 


oQ  6  est  l'6palsseur  de  d6placement  dans  la  direction  m. 

et  sont  des  epaisseurs  de  quantite  de  mouvement. 

Les  quantites  indicees  1  sont  relatives  3  la  paroi,  et  indicees  0  relatives  3  l'ex- 
t6rieur  de  la  zone  visqueuse.  L'indice  e  indique  que  la  valeur  s'applique  3  l'6coulement 
sain  de  reference. 

Les  termes  AD  et  Ab  expriment  le  deficit  de  la  force  d'aubage  3  l'int6rieur  de  la 
“  n\ 


couche  visqueuse  pari6tale,  les  termesADjjet  sont  les  termes  de  fluctuation  et  AT* 
prend  en  compte  la  difference  entre  la  pression  statique  imposge  par  l'Scoulement  sain’" 
dans  la  couche  visqueuse  et  celle  qui  existe  rfiellement. 

Les  termes  AD»«u  et ADhm qui  sont  issus  du  degr§  sup§rieur  d' approximation  utilise 
dans  cette  formulation  s'expriment  ainsi  : 
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b)  L'equation  d'entrainement  de  HEAD  se  formula  ainsi 


AfS-.l)  +  T>s  =  U.t.Ws.  £■ 


avec  Dy  =.  J  f  |WS  UV^-W^  Svwj^*)  <*n 

Ht-  (S-S*,)/fr» 

■&-<)/<. 

oQ  :  He  est  le  facteur  de  forme  de  HEAD,  et  E  le  facteur  d’entrainement. 

est  l'epaisseur  le  deplacement  dans  la  direction  transversale,  et 
l'epaisseur  de  quantite  de  mouvement  dans  la  direction  longitudinale. 

c)  L'equation  r#gissant  le  d§veloppement  de  la  composante  longitudinale  de  vorticite 
dite  secondaire. 

Cette  equation  exprime  1' evolution  de  la  composante  longitudinale  moyenne  de  vorti- 
cite  qui  est  responsable  du  profil  transversal  de  Vitesse  et  s'Ccrit  dans  le  repSre  in- 


trinseque  (N,S,n)  sous  la  forme  suivante  : 


dAfl) 1 
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Dans  cette  equation  qQ  represente  la  deflection  de  l'Scoulement  sur  la  surface  aube 
a-aube.  \ 

La  composante  longitudinale  moyenne  de  vorticite  -R^ainsi  obtenue,  induit  un  champ 
de  vitesse  que  nous  appellerons  secondaire  sur  une  surface  normale  aux  lignes  de  courant 


Ce  champ  de  vitesse  est  determine  par  la  fonction  de  courant  Vl?  ,  qui  s'obtient  a  partir 
de  l'equation  suivante  :  „  >  ,  ,  „  _  nir 
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oil  hn  et  hjj  sont  les  metriques  du  systSme  de  coordonnees  intrinsSques . 


Figure  2  -  Implantation  des 
prises  de  pression  statique 


Figure  3  -  Posit ionnement  des 
plans  de  sondage. 


Figure  4  -  Schema  des  sondes  d ' exploration. 
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Figure  5  -  SchSma  de  l'an§mom§tre  Laser. 


Figure  6  -  Schema  synoptique  de  1' 61ectronique 
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Figure  30  -  Mesures  laser  :  angle  absolu  du  vecteur  vitesse  en  aval  du  rouet 


Figure  3i 


u 


-  Mesures  laser  :  module  de  la  vitesse  absolue  en  aval  du  rouet. 
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Figure  32  -  Mesures  laser  :  fluctuation  longitudinale  de  vitesse  en  aval  du  rouet 
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DISCUSSION 


H.Weyer,  DFVLR,  Cologne,  Ge 

I  was  surprised  by  the  good  agreement  between  the  laser  anemometer  data  and  the  probe  data  for  velocity  measure¬ 
ment.  At  the  beginning  of  your  presentation  you  referred  to  differences  in  measurements  between  the  various 
types  of  probe.  What  probe  was  used  for  the  velocity  measurement? 

Author's  Reply 

A  cobra  probe  and  a  straight  probe  were  used  for  the  velocity  measurement.  We  were  able  to  obtain  good 
velocity  measurements  using  the  information  given  by  the  cobra  probe  in  the  region  opposite  the  fixing  lug  and  by 
the  straight  probe  in  the  other  region.  Both  probes  give  the  same  information  in  the  intermediate  region.  The 
information  from  the  2  probes  we  took  into  account  are: 
total  pressure 
total  temperature 
absolute  angle 

The  static  pressure  is  given  by  the  wall  pressure. 

The  two  probes  were  calibrated  in  yaw  and  pitch  angles  over  a  range  of  ±10°  and  a  Mach  number  range  from  0.2  to 
0.8.  A  calibration  was  also  done  for  the  temperature  recovery  factor  for  the  same  conditions. 

C. Rodgers,  Solar,  US 

Would  the  authors  care  to  generalise  concerning  the  efficiency  which  is  obtainable  firstly  from  shrouded,  and 
secondly  unshrouded  impellers? 

Author’s  Reply 

The  authors  are  unable  to  comment  in  a  general  way  on  efficiencies  obtainable  from  shrouded  and  unshrouded 
impellers. 


K.D.Papailiou,  University  of  Athens,  Or 

The  authors  should  like  to  thank  Dr  Schodl  of  DFVLR  for  his  most  valuable  assistance  in  helping  us  to  interpret 
our  laser  anemometer  measurements. 
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INLET  FLOW  DISTORTIONS 

ON  INDUSTRIAL  CENTRIFUGAL  COMPRESSOR  STAGES 
EXPERIMENTAL  INVESTIGATIONS  AND  EVALUATION 
OF  EFFECTS  ON  PERFORMANCE 


E.  Benvenuti^ 


by 
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L.  Bonciani""',  U. Corradini 
Nuovo  Pignone  S.p.A. 

Via  F.Matteucci,  2  -  50127  Firenze,  Italy 


Abstract 

In  the  manufacture  of  process  centrifugal  compressors  use  is  made  of  standardized 
stages, whose  performance  must  be  individually  known  and  experimentally  evaluated  in  the 
same  fluid-dynamic  environment  present  on  the  multistage  configuration.  This  latter  usu 
ally  implies  the  presence  of  a  return  channel  with  high-turning  de-swirl  vanes  upstream 
of  the  impeller,  and  associated  circumferential  and  radial  flow  distortions.  Results  are 
presented  of  tests  carried  out  on  a  stage  equipped  with  three  different  inlet  configura¬ 
tions, two  of  which  with, respectively,  curved  de-swirl  vanes  and  straight  vanes,  and  one 
with  no  vanes.  Test  results  show  the  presence  of  high  intensity  wakes  downstream  of  both 
the  curved  and  straight  vanes,  that  are  not  completely  mixed-out  along  the  path  towards 
the  impeller.  Wake  mixing  is  associated  with  a  total  pressure  loss, whose  magiitude  can  be 
well  evaluated  from  the  measurements.  Stage  efficiency  is  decreased  by  the  presence  of 
both  straight  and  curved  vanes,  the  decrease  being  almost  the  same  despite  the  different 
wake  amplitudes  produced  by  the  two  types  of  vanes; the  strong  wakes  from  the  curved  de¬ 
swirl  vanes  decrease  the  impeller's  head  coefficient  somewhat  at  high  flows.  The  good 
repetitiveness  and  consistency  of  test  results  are  indications  of  the  reliability  of  the 
procedures  selected  for  investigating  complex  flow-fields  of  this  kind  and  assessing 
their  effect  on  stage  performance. 


Introduction 

In  process  centrifugal  compressors  a  relatively  high  number  of  stages  must  be  assem¬ 
bled  inside  a  single  compressor  casing. This  can  be  achieved  if  stage  geometries  having 
reduced  axial  pitch  are  available  insofar  as  manufacturing  and  operating  requirements  allow. 

Fig.  1  shows  the  horizontally  split  diaphragms  and  rotor  of  a  multistage  process  compressor; 
as  can  be  seen, 180°  U-bends  at  the  impeller  inlet  and  between  the  diffuser  outlet  and  de¬ 
swirl  vanes  are  necessary  for  achieving  stage  axial  compactness. 

On  its  way  through  the  U-bends  and  interstage  de-swirl  vanes  strong  deflections  that  produce 
highly  complex  and  sometimes  irregular  flow-fields, whose  existence  is  clearly  shown  by 
testing  carried  out  on  this  type  of  configuration  (Refs.  1  and  2).  Generally  speaking  it  is 
virtually  impossible  to  predict  flow-fields  of  this  kind  exclusively  by  means  of  the  avail¬ 
able  analytical  methods. 

This  paper  describes  test  procedures  and  related  data  reduction  methods  set  up  and  calibra¬ 
ted  within  an  extensive  and  continuing  process  centrifugal  compressor  stage  testing  program. 
The  purpose  of  this  detailed  testing  program  was  to  investigate  the  structure  of  the  radial 
circumferential  flow  distortions  existing  at  the  impeller  inlet  and  the  related  effect  on 
performance.  In  fact, distortions  are  normally  of  prime  importance  in  determining  stage  per¬ 
formance  and  flow  range,  especially  during  operation  at  the  high  Mach  numbers  required  for 
achieving  high  pressure  ratios  per  stage. 


Testing  standardized  stages 

Combining  a  number  of  standardized  stages,  i.e. stages  each  having  given  and  fixed  ge¬ 
ometrical  configurations, may  represent  a  design  procedure  for  multistage  process  centrifu¬ 
gal  compressors  (Ref. 2).  To  predict  the  performance  of  compressors  set-up  with  standardized 
stages, it  is  essential  that  the  single  stage  performance  curves  be  available.  These  can  be 
obtained  experimentally  from  stage  test  configurations  that  reproduce  as  closely  as  possible 
the  flow  conditions  existing  during  operation  of  the  same  stage  inside  the  complete  compres 
sor. The  flow-field  at  impeller  inlet, one  of  the  essential  conditions,  can  be  reproduced  by 
assembling  the  components  present  in  the  compressor  right  on  the  test  set-up.  Specifically, 
in  the  case  of  an  intermediate  stage  of  a  multistage  compressor,  a  return  channel  with  de¬ 
swirl  vanes  must  be  installed  upstream  of  the  impeller  in  order  to  simulate  the  presence  of 
the  preceding  stage. 


1 )  Manager,  Design  Computing  System  Development,  RAD  Dept. 

2)  Senior  Design  Engineer,  Turbocompressor  and  Steam  Turbine  Division 

3)  Specialist,  Radial  Turbomachine  Aerodynamics,  RAD  Dept. 
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Fig.  2  shows  an  overall  view  of  a  test  rig  of  this  kind  used  for  routine  testing  of  in  - 
dus trial  centrifugal  compressor  stages.  The  components  are  shown  clamped  to  special  de  - 
vices  specifically  designed  for  quick  set-up  of  the  test  configuration. 

A  typical  croes-section  of  a  stage  set-up  on  the  test  rig  is  shown  in  Fig.  3-  A  thorough 
investi^tion  into  the  flow  field  at  impeller  inlet  on  configurations  of  this  kind  is  im 
perative  for  two  major  reasons: 

a  -  the  average  total  pressure  at  the  de-swirl  vane  outlet  has  to  be  accurately  determined 
in  order  to  evaluate  stage  performance  parameters  (pressure  ratio  and  efficiency), 
b  -  since  the  impeller  geometry  does  not  usually  allow  direct  measurement  of  the  flow  pa¬ 
rameters  at  the  blade  leading  edge,  accurate  knowledge  of  these  parameters  for  an 
upstream  section  is  very  helpful  when  used  in  conjunction  with  appropriate  analytical 
methods  for  checking  the  flow  conditions  at  the  blade  leading  edge,  thus  allowing 
correct  evaluation  of  the  incidence  angles. 

In  order  to  achieve  these  objectives,  particular  test  procedures  were  set-up  and  Bpecial 
devices  were  designed,  as  will  be  shown  below. 


Measuring  flow  distortions  at  impeller  inlet 

Fig.  3  shows  the  special  device  designed  for  investigating  non-uniform  flow  fields 
at  impeller  inlets.  Its  purpose  is  to  allow  aerodynamic  probes  to  be  traversed  in  two 
fundamental  flow-path  sections:  the  de-swirl  vane  outlet  (corresponding  to  the  inlet  of 
the  stage  being  tested)  and  the  impeller  eye  (the  section  closest  to  the  blade  leading 
edge  that  is  accessible  without  particularly  complex  devices). 

The  device  consists  of  a  shaped  hub  (A)  which  reproduces  a  portion  of  the  inlet  channel 
and  can  be  turned  360°  around  an  axis  coincident  with  the  impeller's  centerline.  A  rake 
of  kiel  probes  (B)  located  close  to  the  de-swirl  vane  trailing  edge  and  a  three-hole  co¬ 
bra  directional  probe  (C)  that  can  be  radially  traversed  across  the  impeller  eye  are  in¬ 
stalled  on  the  hub.  Miniature  pistons  moved  by  high  pressure  oil  rotate  the  hub  and  ac¬ 
tuate  traversing  of  the  cobra  probe.  Accurate  positioning  is  p re-pro granmed  and  operated 
by  a  minicomputer  which  handles  all  data  acquisition. 

The  combined  movement  of  hub  rotation  and  cobra  probe  traversing  allows  complete  maps  of 
total  pressures  and  flow  angles  at  the  impeller  eye  to  be  drawn.  The  kiel-probe  rake 
in  turns  provides  a  complete  map  of  the  total  pressures  just  downstream  of  the  de-swirl 
vanes.  As  the  flow's  circumferential  distribution  is  repetitive,  exploration  is  normally 
limited  to  a  circumference  sector  that  includes  a  minimum  of  two  de-8wirl  vanes.  Explora¬ 
tion  takes  a  relatively  short  time  as  the  device  is  automatically  operated  by  the  mini¬ 
computer. 

It  has  been  proven  by  the  long-term  testing  of  a  large  number  of  stages  that  detailed 
knowledge  of  the  flow-field  structure  at  impeller  inlet  is  essential  for  correctly  calcu 
lating  the  average  values  to  be  used  in  evaluating  stage  performance. 

Hepeatability  of  the  measurements  is  achieved  through  the  use  of  the  previously-described 
procedure,  which,  however,  must  be  properly  suited  to  routine  testing  by  keeping  the  num¬ 
ber  of  measuring  positions  within  limits  representing  an  acceptable  compromise  between 
accuracy  and  time  requested. 

This  result  is  also  achieved  by  availability  of  present-generation  computer-controlled 
data  acquisition  systems  capable  of  handling,  analyzing,  and  synthesizing  the  huge  mass 
of  data  resulting  from  each  individual  test. 


Teat  data  reduction 

The  kiel-probe  total  pressure  readings  require  no  correction  since  they  are  valid 
over  a  flow  angle  range  of  *60° .  On  the  other  hand,  the  total  pressure  measurements  of 
the  non-rotated  cobra  probe  have  to  be  corrected  versus  pitch  and  yaw  angles,  by  means 
of  calibration  curves  (Fig.  4).  Moreover,  the  local  static  pressure  is  evaluated  as  an 
average  of  the  P2  and  P3  cobra-probe  side  pressures,  and  corrected  for  yaw  and  pitch  an¬ 
gles,  by  means  of  other  calibration  curves  (not  shown  in  Fig.  4). 

Since  the  static  pressure  measured  by  means  of  cobra  probes  is  generally  speaking  not 
wholly  reliable,  a  correction  is  performed  by  integrating  the  mass  flow  on  the  probe's 
measuring  section  and  comparing  it  with  the  flow  measured  by  means  of  the  calibrated 
orifice  installed  in  the  piping  at  the  test  rig  outlet.  The  static  pressures  measured 
with  the  probe  are  then  corrected  until  the  measured  mass  flow  is  coincident  with  the 
flow  integrated  on  the  measurement  section. 
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For  weight-averaging  the  total  pressures  measured  by  the  kiel-probe  rake,  static  pressures 
are  measured  on  the  two  opposite  channel  walls,  and  linearly  interpolated  inbetween.  Lo¬ 
cal  dynamic  pressures  can  then  be  estimated,  allowing  the  weight-averaging  of  the  total 
pressures  on  the  whole  section  to  be  established  with  sufficient  accuracy. 

After  a  preliminary  data  reduction  that  allows  the  local  values  of  the  flow  parameters 
(total  pressure,  static  pressure,  and  flow  angles)  to  be  known, first  the  circumferential 
weighted  averages  and  then  the  radial  ones,  are  calculated.  This  is  followed  by  calcula¬ 
tion  of  the  average  total  pressure  at  the  de-swirl  vane  outlet  and  at  the  impeller  eye 
for  determining  the  performance  of  respectively  the  whole  stage  and  the  impeller  alone. 

It  is  worth  noting  that  the  average  total  pressure  at  the  stage  outlet  used  to  calculate 
overall  performance  is  measured  in  the  same  way  as  that  at  suction,  i.e.  by  means  of  a 
rotating  device  fitted  with  a  multiple  probe  (detail  D  in  Fig.  3). 


Characteristics  of  the  flow-field  at  the  impeller  inlet 

A  number  of  results  from  measurements  made  at  the  impeller  inlet  of  a  typical  stand¬ 
ard  stage  using  the  equipment  and  procedure  described  above  are  shown  below. 

The  impeller  specific  speed  > - 

N  nl  Q  (D 

was  equal  to  38  (with  n  expressed  in  rpm,  Q1  in  mVBec  and  Had  in  meters).  This  corre¬ 
sponds  to  a  value  midway  among  those  typical  of  impellers  commonly  used  in  process  com¬ 
pressors.  The  impeller  blades  were  30°  backward-leaning  at  the  outlet. . 

The  results  shown  refer  to  the  three  different  stage  inlet  section  configurations  tested. 
The  first  (shown  in  Fig.  3)  is  typical  of  a  multistage  compressor  intermediate  stage  with 
a  return  channel  and  vanes  for  removing  the  flow  swirl  coming  from  the  preceding  stage. 

The  second  was  identical  to  the  first,  with  the  exception  of  the  inlet  duct  that  was 
fitted  with  straight  vanes  in  place  of  the  curved  de-swirl  vaneB.  This  configuration  was 
examined  for  estimating  the  effect  on  performance  of  wakes  having  not  as  great  an  ampli¬ 
tude  as  those  coming  from  strongly  curved  de-swirl  vanes.  Furthermore,  straight  vanes 
are  sometimes  used  upstream  of  the  first  stage  on  a  multistage  configuration  to  remove 
any  swirl  coming  from  the  inlet  scroll. 

Lastly,  a  series  of  tests  were  also  carried  out  with  an  inlet  configuration  typical  of 
the  front  end  of  a  multistage  compressor  (Fig.  5).  No  vanes  were  fitted  for  this  test, 
which  was  aimed  at  determining  the  performance  of  the  stage  fitted  with  an  inlet  duct 
without  any  obstacles;  the  results  were  used  as  reference  for  evaluating  the  net  perfor¬ 
mance  loss  associated  with  the  presence  of  upstream  vanes  (curved  and  straight). 

Figs,  6a  and  6b  show  velocity  distributions  at  the  curved  de-swirl  vane  outlet.  These 
were  evaluated  by  making  use  of  the  total  pressures  measured  by  the  kiel  probes  and  the 
wall  static  pressures.  Of  note  is  the  substantial  circumferential  repetitiveness  of  the 
flow  field  for  all  capacities  and  the  considerable  magnitude  of  the  wakes  filling  the 
whole  sector  included  between  two  consecutive  vanes. 

Wake  mixing  that  reduces  wake  size  occurs  along  the  path  between  the  de-swirl  vane  outlet 
and  the  impeller  eye.  Pig  .  7  shows  the  circumferential  velocity  distributions  at  the 
impeller  eye  corresponding  to  the  cobra  probe's  six  radial  positions  for  maximum  capacity. 
Although  the  wakes  are  still  well-defined  and  easily  distinguishable  in  the  vicinity  of 
the  hub  and  shroud,  they  are  flatter  at  the  mean  radius  and  also  have  lost  their  repet¬ 
itiveness.  Nonetheless,  in  all  positions,  wake  sizes  are  appreciably  smaller  than  those 
existing  at  the  de-swirl  vane  outlet. 

Variations  in  wake  magnitude  for  various  stage  capacities  are  shown  in  Figs,  8a  and  8b 
for  the  streamlines  adjacent  to  the  shroud  (8a)  and  hub  (8b).  While  wake  size  drastically 
decreases  as  capacity  decreases  at  the  shroud,  this  fails  to  occur  at  the  hub;  this  fact 
can  be  seen  quantitatively  in  Fig.  9,  For  each  circumference  sector  between  two  consec¬ 
utive  de-swirl  vanes,  the  following  parameter  was  evaluated: 

Sain 
Average 

Its  average  was  evaluated  at  the  de-swirl  vane  outlet  and  the  impeller  eye  respectively 
for  the  four  sectors  investigated.  The  ratios  between  the  two  averages  for  various  capac¬ 
ities  representig  wake  size  reduction  at  shroud  and  hub  appear  in  Fig.  9. 

Pigs,  10a  and  10b  show  the  velocity  distributions  measured  at  the  exit  of  the  straight 


vanes  near  the  shroud  and  hub  respectively. 

The  smaller  size  of  the  wakes  is  of  special  note.  This  is  due  to  the  presence  of  vanes 
without  aerodynamic  loading  in  place  of  de-swirl  vanes  providing  a  65°  deflection.  The 
decay  of  the  wakes  at  the  impeller's  eye  is  equivalent  to  that  observed  on  the  config¬ 
uration  with  curved  vanes,  and  is  not  shown  here.  There  is  a  drop  in  total  pressure  in 
conjunction  with  the  decay  of  the  wakes.  Using  the  weighted  averages  of  the  total  pres¬ 
sures  measured,  the  wake  mixing  loss  coefficient  for  each  test  point  was  calculated: 
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The  mix  coefficients  are  shown  in  Pig.  11;  it  is  evident  that  the  loss  coefficient 
is  only  37^  that  of  curved  vanes  as  a  consequence  of  the  minor  initial  intensity  of  the 
wakes. 


Fig.  12  shows  the  radial  meridional  velocity  profiles  at  the  impeller  eye.  They  were 
obtained  by  circumferentially  averaging  the  velocities  measured  on  the  configuration 
with  curved  de-swirl  vanes.  The  velocities  were  referred  to  the  weight-averaged  velocity 
corresponding  to  maximum  efficiency  capacity.  A  substantial  consistency  of  the  meridio¬ 
nal  velocity  distribution  can  be  observed  despite  the  differences  in  wake  magnitude  at 
shroud  and  hub  shown  above. 

The  same  figure  also  shows  meridional  velocity  profiles  calculated  using  a  potential 
streamline  curvature  flow  analysis  method  for  maximum  and  minimum  test  mass-flow  rates 
respectively.  Measured  calculated  velocities  mostly  agree  over  two-thirds  of  the  section 
span.  The  divergence  observed  near  the  hub  may  be  attributed  to  local  thicknening  of  the 
boundary  layer  due  to  deceleration  along  the  hub  contour  (not  present  along  the  shroud). 
The  boundary  layer  actually  shifts  the  streamlines,  producing  curvatures  different  from 
those  considered  by  the  potential  calculation  justifying  the  difference  in  velocities. 

In  the  configuration  with  curved  de-swirl  vanes,  the  flow  at  impeller  inlet  Bhows  whirl 
due  to  the  deviation  of  the  flow  with  respect  to  the  geometric  angle  at  the  vane  outlet. 
Pig.  13  shows  the  radial  distribution  of  the  whirl  angles,  circumferentially  averaged, 
for  different  flows. 


Stage  performance 

The  performance  parameters  of  the  different  stage  configurations  were  made  non-dimen 
sional  with  respect  to  the  corresponding  values  measured  at  the  maximum  efficiency  flow 
stage  with  free  inlet  (Pig.  5). 

The  performance  trends  shown  here  refer  only  to  the  impeller  design  speed,  since  prac¬ 
tically  identical  behavior  was  observed  at  other  teBt  speeds. 

Pigs.  14  and  15  show  the  overall  stage  polytropic  efficiency  and  the  head  coefficient 
based  on  total  temperature  increase: 

Head  coeff.  =  3^*  ATtot  (3) 

U* 

Since,  as  previously  described,  there  iB  a  certain  amount  of  flow  whirl  at  the  impeller 
inlet  in  the  configuration  with  curved  de-swirl  vanes,  the  head  coefficients  were  cor¬ 
rected  by  the  addition  of  the  corresponding  inlet  angular  momentum  to  make  them  compara¬ 
ble  to  those  measured  on  the  other  configurations: 

Mead  coeff.  (corrected)  =  ^Cp  ATtot _  +  ^'u‘l  r<  ( 4 ) 

Ui  U2rt 

where  U2  is  the  impeller  tip  speed,  r^  the  mean  impeller  eye  radius,  and  r2  the  impeller 
outer  radius;  the  corrected  head  coefficients  correspond  to  curve  4  in  Pig.  15. 

Likewise,  in  Pig.  14,  the  efficiencies  measured  on  the  configuration  with  curved  de-swirl 
vanes  were  referred  to  flows  corrected  as  a  function  of  the  average  flow  whirl  angle  at 
the  impeller  eye  (curve  4).  The  corrected  flows  correspond  to  those  required  in  the  ab¬ 
sence  of  flow  whirl  to  obtain  average  incidence  angles  at  the  blade  leading  edge  equal 
to  those  actually  existing  in  test  conditions. 

Pig.  15  shows  that  the  head  coefficients  relating  to  an  inlet  fitted  with  straight  vanes 
and  a  free  inlet  do  not  appreciably  differ  at  flows  below  maximum;  at  maximum  flow,  some 
residual  wake  from  the  vanes  reduces  the  work  output  to  a  certain  extent.  Efficiencies 
with  straight  vanes  average  1.3#  lower  than  those  with  free  inlets. 
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At  first  glance,  the  performance  curves  with  de-swirl  vanes  reveal  a  shift  in  the  flow 
capacities  toward  lower  values  as  an  effect  of  the  positive  impeller  inlet  whirl.  Com¬ 
parisons  of  the  head  coefficients  and  stage  polytropic  efficiencies  with  the  equivalents 
of  the  other  two  configurations  are  possible  by  using  the  curves  corrected  for  pre-whirl 
as  previously  described  (curves  4  in  Figs,  14  and  15).  Efficiency  is  not  apparently  re¬ 
duced  with  respect  to  the  straight  vane  configuration  if  the  shift  in  capacities  due  to 
whirl  is  removed. 

As  far  as  head  coefficients  are  concerned,  adding  the  flow  angular  momentumB  due  to  the 
de-swirl  vanes  brings  them  back  to  values  measured  on  the  straight  vane  configuration, 
with  the  exception  of  high  flow  points  where  a  2  -  3$  decrease  is  observed.  This  fact  is 
an  indication  of  the  possible  existence  of  residual  wakes  at  the  blade  leading  edge  which 
prevent  the  impeller  from  providing  more  work;  in  fact,  incomplete  mixing  of  wakes, espe¬ 
cially  on  the  shroud  streamline,  was  previously  noted  at  the  impeller  eye  for  high  capac 
ities. 

From  the  two  above  illustrations,  it  can  be  concluded  that  the  stage  performance  is  only 
slightly  affected  by  the  pressure  of  upstream  vanes,  either  straight  or  curved,  and  dif¬ 
ferent  associated  wake  amplitudes.  This  fact,  in  turn,  can  be  considered  a  good  indica¬ 
tion  of  a  fair  inlet  duct  system  capability  for  handling  and  damping  circumferential 
inlet  flow  distortions. 


Conclusions 

The  experimental  results  described  and  analyzed  aoove  offer  a  number  of  useful  indi¬ 
cations  for  determining  the  effect  of  inlet  distortions  on  performance,  as  well  as  estab¬ 
lishing  the  validity  of  the  test  procedures  set  up  for  executing  fluid-dynamic  measure¬ 
ments  within  flow  fields  of  this  kind.  This  latter  aspect  is  of  great  importance  when 
considering  that  a  relatively  high  number  of  stages  must  be  tested  and  reliable  perfor¬ 
mance  data  must  be  provided  for  predicting  overall  performance  of  multistage  compressors 
designed  by  suitably  combining  these  stages.  Also,  a  sufficient  amount  of  detailed  infor¬ 
mation  about  the  structure  of  the  flow  field  is  required  for  improving  the  design  and 
related  analytical  tools. 

With  regards  to  the  aspects  mentioned  above,  the  main  conclusions  that  can  be  drawn  are: 

-  at  the  de-swirl  vane  outlet,  total  pressure  gradients  are  of  such  great  magnitude  that 
it  is  unadvisable  to  take  measurements  by  keeping  the  kiel-probe  rake  in  a  fixed  posi¬ 
tion  where  the  local  average  total  pressure  corresponds  to  the  circumferentially  weight- 
averaged  value.  No  matter  how  greatly  test  times  are  decreased  this  way,  the  reliability 
of  the  measurements  would  still  be  appreciably  reduced. 

The  regularity  of  the  meridional  velocity  profiles  and  flow  angles  at  the  impeller  eye 
and  the  repetitiveness  of  the  mixing  loss  coefficients  downstream  of  the  de-swirl  vanes 
make  it  possible  to  decrease  the  number  of  radial  traverses  with  the  moving  probe.  How¬ 
ever,  this  can  only  be  done  after  the  non- variable  parameters  of  the  configuration  being 
tested  have  been  identified  by  means  of  a  series  of  preliminary  measurements. 

Despite  the  great  intensity  of  the  wakes  at  the  curved  de-swirl  vane  outlet,  the  merid¬ 
ional  velocity  profiles  circumferentially  averaged  at  the  impeller  eye  are  still  not  far 
from  those  predicted  using  axi-symmetric  streamline  curvature  potential  analysis  methods. 
This  is  also  a  sign  that  the  inlet  duct  geometry  is  able  to  handle,  and  even  reduce,  the 
circumferential  distortions, without  producing  considerable  meridional  flow  separations. 

-  The  presence  of  both  straight  and  curved  vanes  upstream  of  the  impeller  causes  a  varia¬ 
tion  in  performance  (polytropic  efficiency  and  head  coefficient)  which  is  relatively 
limited  compared  to  the  corresponding  performance  obtained  with  the  free  inlet.  This 
limited  effect  represents  still  further  confirmation  of  the  quality  of  the  design  of 
the  inlet  configuration  which  successfully  minimizes  the  effects  of  wakes  even  when 
they  are  of  great  intensity. 

-  Similar  testing  performed  on  stage  configurations  differing  from  the  one  described  in 
this  paper  has  shown  that,  despite  the  repetitiveness  of  certain  phenomena  and  flow 
field  parameters,  the  stage  performance  may  be  accurately  known  only  by  direct  testing 
on  the  actual  configuration  itself.  This  depends  upon  the  degree  of  variable  pre-whirl 
at  the  outlets  of  different  de-swirl  vane  configurations  and  upon  the  different  degree 
of  wake  damping  provided  by  the  inlet  duct  configurations  which  at  first  glance  would 
seem  to  differ  only  slightly. 
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Fig.  2.  Test  rig  for  individual  process  compressor  stage 
aerodynamic  testing. 
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DISCUSSION 


H.E.Gallus,  Technical  University  of  Aachen,  Ge 

The  results  of  your  paper  depend  on  the  profiles  of  the  return  channel  vanes.  The  figures  of  your  paper  give  no 
information  on  this  topic.  Could  the  author  say  where  such  information  can  be  found? 

Author’s  Reply 

An  indication  of  the  type  of  shapes  used  for  deswirl  vanes  can  be  found  in  Part  1  of  the  paper  cited  in  the  reference 
list  of  the  present  paper.  The  profiles  used  are  of  types  specifically  designed  for  this  application  and  experimentally 
developed  especially  to  match  the  flow  conditions  existing  at  the  exit  of  the  crossover  bend.  For  more  details  of  the 
flow  behaviour  within  the  deswirl  vanes  the  authors  refer  you  to  the  above  cited  paper. 


C. Rodgers,  Solar,  US 

In  matching  the  inlet  meridional  profile  to  the  impeller  blading,  what  radial  variation  of  impeller  incidence  is 
prescribed? 

Author’s  Reply 

In  two-dimensional  impellers  which  are  dealt  with  in  this  paper,  with  moderate  specific  speeds,  the  blades  used  are 
simple  with  constant  angles  at  the  same  radii  (non-twisted  blades).  The  inlet  blade  angle  variation  from  hub  to 
shroud  is  obtained  by  inclination  of  leading  edge  in  the  meridional  plane.  This  procedure  may  not  allow  one  to  have 
optimum  incidences  over  the  entire  leading  edge.  In  these  cases  incidence  is  minimised  at  the  shroud  (design  point 
incidence  is  kept  equal  or  close  to  zero)  allowing  for  a  few  degrees  of  incidence  at  the  hub  where  the  relative  Mach 
number  is  a  minimum.  For  impellers  operating  at  higher  overall  Mach  numbers  (e.g.  for  operation  with  heavy  gases) 
the  design  is  usually  changed  by  making  use  of  three  dimensional  (or  twisted  blades)  with  an  inducer  section  that 
protrudes  forward  into  the  inlet  channel.  In  this  case  more  freedom  is  available  for  selecting  incidence  angles,  and 
more  use  is  made  of  criteria  coming  from  axial  compressor  technology  and  from  design  of  high  speed,  high  pressure 
ratio,  inducer-type  impellers  with  axial  inlets. 


T.Yoshinaka,  Pratt  &  Whitney  Aircraft,  Ca 

Could  the  author  please  tell  us  how  many  points  in  efficiency  would  be  lost  if  the  severe  vane  wakes  were  kept  at  the 
impeller  inlet. 

Author’s  Reply 

From  the  experience  gained  in  the  testing  of  a  large  number  of  industrial  pressure  stages  we  may  predict  a  loss  of 
efficiency  of  two  to  three  per  cent  in  the  presence  of  wakes  of  considerable  amplitude  at  the  leading  edge  with 
respect  to  situations  with  little  or  no  wakes.  This  figure  should  however  be  kept  as  an  indication,  referred  to 
medium  specific  speed,  medium  Mach  number  impellers  with  conventional  blades.  Considerable  scatter  in  efficiency 
variation  for  operation  at  high  Mach  numbers  is  possible.  Also,  specific  speed,  inlet  configuration,  and  blade  shape, 
can  give  substantial  changes  to  the  quoted  figure.  It  should  also  be  kept  in  mind  that  severe  inlet  flow  distortions 
can  affect  surge  limit  considerably  especially  in  high  Mach  number,  high  specific  speed  impellers.  In  several  cases, 
improvement  of  the  impeller  inlet  flow  field  was  pursued  in  order  to  achieve  a  better  surge  margin  as  primary  goal 
that  usually  also  led  to  improvements  in  efficiency  levels. 
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CALCUL  DE  L'ECOULEMENT  TRANSSONIQUE  DANS  UN  COMPRESSEUR  CENTRIFUGE 
PAR  UNE  METHODE  PSEUDO-ST ATIONN AIRE 

par  Roland  SOVRANO 

Office  National  d'Etudes  at  de  Recherche:  Airospatiales  fONERA) 

92320  ChStiHon  (France) 


RESUME 

Une  etude  de  l'Ecoulement  de  fluide  parfait  a  travers  un  compresseur  centrifuge  eat  effectuee.  Un 
accent  particulier  est  mis  sur  la  methode  de  calcul  de  l'ecoulement  relatif  a  des  surfaces  de  courant  de 
revolution  en  regime  transsonique .  Base  sur  la  resolution  des  equations  d'Euler  -  sauf  l'equation  de  l'energie 
qui  est  remplacee  par  l'equation  de  Bernoulli  stationnaire  -  ,  le  calcul  vise  l'obtension  de  la  solution  per- 
manente  de  l'ecoulement  A  travers  la  grille  etudiee.  Cette  approche,  qui  comprend  la  discretion  explicite  des 
equations  suivant  la  technique  predicteur-correcteur,  conduit,  en  definitive,  4  une  methode  conservative  dont 
la  mise  en  oeuvre  ne  pose  pas  de  difficultes  part iculieres .  Les  resultats,  que  fournit  ce  calcul,  constituent 
une  Etape  importante  dans  1 'etablissement  de  projets  de  turbomachines  a  performances  elevees. 


SUMMARY 


A  study  of  perfect  fluid  flow  through  a  centrifugal  compressor  is  presented  here.  The  calculation 
of  a  transonic  flow  on  a  blade-to-blade  stream  surface  is  emphasised.  Based  upon  the  solution  of  the  time 
dependent  Euler  equations,  -except  the  energy  one  which  is  replaced  by  the  Bernoulli  steady  equation-,  the 
study  is  directed  towards  the  obtaining  of  the  steady  flow  through  the  blade  row.  The  numerical  scheme  is 
a  time  marching  method  derived  from  the  Mac  Cormack  model, extended  at  ONERA.  This  approach,  combining  an 
explicit  discretization  of  the  equations  according  to  the  well-known  predictor-corrector  technique,  corres¬ 
ponds  to  a  conservative  method  the  writing  of  which  is  not  too  difficult.  The  numerical  results  are  very 
useful  for  designing  high  performance  turbomachines. 


I  -  INTRODUCTION 


Parmi  les  nombreuses  approches  des  ecoulements  tridimensionnels  dans  les  turbomachines,  celle  qui 
est  decrite  ici  est  semblable  4  celle  prEconisee  par  Wu  Cl].  Elle  consiste  4  representer  l'ecoulement  com- 
plet  par  deux  ecoulements  fictifs  bidimensionnels  relatifs  4  deux  surfaces  de  courant  denonraees  Si  et  S2 
par  Hu.  Les  premieres  (S|),  supposees  de  revolution  autour  de  l'axe  de  rotation  de  la  machine,  sont  deter- 
minEes  par  un  calcul  d'6coulement  axisymetrique,  design®  encore  sous  le  nom  d'Ecoulement  moyen,  tandis  que 
les  secondes  (S2)  sont  assimilees  aux  surfaces-squelett.es  des  aubages  et  ce  dans  l'hypothese  d'un  nombre 
d'aubes  trSs  ElevE. 


La  definition  geometrique  des  surfaces  Sj,  dans  les  compresseurs  axiaux  ou  centrifuges,  est  acuel- 
lement  largement  repandue  [2],  [31,  [41,  [5},  [61.  A  1  'ONERA,  une  methode  matricielle  a  servi  4  l'obter.tion 
de  cea  surfaces  de  courant  de  revolution  [71.  Son  domaine  d'application  recouvre  les  ecoulements  compressi- 
bles  subsoniques,  mais  lorsque  localement  apparaissent  des  ecoulements  transsoniques,  il  reste  legitime  de 
supposer  qu'en  1' absence  de  phEnomEnes  perturbateurs  intenses  (decollements  de  couches  limites,  ondes  de 
chocs,  phenomJnes  seconds ires) ,  les  geometries  des  tubes  de  courant  ne  varient  pas  de  faqon  trop  sensible, 
de  sorte  que  celles  qui  sont  obtenues  dans  la  game  des  ecoulements  hautement  subsoniques  peuvent  etre  con- 
servees  pour  les  ecoulements  transsoniques.  Dans  les  compresseurs  centrifuges,  les  domaines  transsoniques 
se  trouvent  essentiellement  en  tete  de  pale  4  1 'entree  du  rouet  (en  mouvement  relatif)  et  en  aval  de  la  roue 
(en  mouvement  absolu)  lorsque  les  machines  deiivrent  des  taux  de  pression  61eves. 

C'est  le  calcul  "d'aube  4  aube"  de  ces  ecoulements  transsoniques  sur  les  surfaces  de  courant  ainsi 
definies  qui  sera  decrit  et  r6alis6  grace  4  une  methode  pseudo-instationnaire,  d6riv6e  d'un  schema  prEconi- 
s®  par  Mac  Cormack  [81  et  dEveloppEe  4  1' ONERA  par  Viviand  et  Veuillot  [9]. 

Les  applications  aux  roues  mobiles  et  diffuseurs  de  compresseurs  centrifuges  seront  illustr6es 
par  un  exemple 


2  -  EQUATIONS  GENERALES 

Pour  un  Ecoulement  de  fluide  compressible  non  visqueux,  les  equations  g6n6rales  de  continuitS,  de 
mouvement  et  d'Energie  s'Ecrivent  : 


(1) 

"if 

It 

_  -a 

(2) 

jFt 

(3) 

PC 

+  JUtt  ( f*t)  —  o 
+  —  U* 4  a  _  i.^«a&^i 
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Ce  travail  a  EtE  effectuE  sous  contrat  DRET 


avec 


3>*  V 


4.  ,  temps, 

,  masse  volumique  du  fluide, 

•\(  ,  vitesse  relative  a  la  roue  consideree  (absolue  dans  les  grilles  fixes  et  relative  dans  les  roues  mo¬ 
biles)  , 

Cj  ,  vitesse  angulaire  de  rotation  (supposee  constante  dans  les  rotors  et  nulle  dans  les  grilles  fixes), 
X  ,  position  radiale  du  point  considere. 

,  pression  locale, 

£  ,  energie  interne  du  fluide, 

£  ,  quantite  de  chaleur  echangee  avec  l'exterieur, 

A  ces  equations,  il  faut  associer  l'equation  d'etat  : 


W 


=  j>  &  r 


ou  ^  designe  la  constante  massique  du  gaz, 
et  *T  la  temperature, 

D'apres  le  premier  principe  de  la  thermodynamique  l'equation  de  1 'energie  en  regime  permanent 
peut  encore  s'ecrire  sous  la  forme  : 


(5) 


066  -  4* 
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ou  A  et  representent  respectivement  l'entropie  et  l'enthalpie  massiques  du  fluide,  avec  =  £  *■ 

/* 

L' introduction  pour  un  ecoulement  adiabatique  (Q  =  0)  de  la  rothalpie  3  en  mouvement  relatif  ou 
de  l'enthalpie  d' arret  H  en  mouvement  absolu 


(6) 

(7) 


/  -  -4  _ac*=-«5** 

H  =  *  VI 


ou  &*■  est  la  vitesse  d' entralnement  et  V  la  vitesse  absolue, 
conduit  a  modifier  l'equation  du  mouvement  (2)  qui  devient  : 


(8) 


(**t  W  +  Zat)  X  W  =.  _  J  r  T  4 


Le  passage  de  l'ecoulement  relatif  3  l'ecoulement  absolu  se  fait  simplement  par  la  mise  3  z£ro  de 
U>  et  l' identification  de  **  et  V  ,  done  de  7  et  k  . 

3  -  ECOULEMENTS  SUR  LES  SURFACES  S|  ET  S; 


3.1  -  Ecoulement  axisymdtrique  -  definition  des  surfaces  Si 

Dans  un  repire  de  coordonnees  cylindriques  (*,  lie  3  la  grille  etudiee,  le  traitement  des 

Equations  generates  a  lieu,  moyennant  les  hypotheses  suivantes  : 

-  l'ecoulement  est  considlrE  comme  permanent  dans  le  repdre  choisi  (  >/*•  o ) ,  ce  qui  revient  S  negliger  les 
influences  des  "sillages"  des  aubes  sur  les  grilles  situees  plus  en  aval, 

-  le  nombre  d'aubes  est  suppose  tr£a  Sieve,  de  sorte  qu'en  premidre  approximation  les  diverses  grandeurs 
aSrodynaaiques  ne  dependent  que  des  coordonnSes  axiale  et  radiale  (^et4  ), 

“  dans  les  grilles,  la  vitesse  est  supposSe  tangente  d  une  ligne  tnoyenne  fixee  A  l'avance,  deduite  des  sque 
lettes  des  aubes,  mais  pouvant  etre  corrigSe  Sventuellement  pour  tenir  compte  du  "glissement"  du  fluide. 

L* introduction  d'une  fonction  de  courant,  satisfaisant  5  l'equation  de  continuity  (1),  permet  de 
transformer  l'equation  du  mouvement  (8),  et  conduit  3  une  Equation  dif fSrentielle  non  linSaire  du  second 
ordre  aux  derivees  partielles,  suivant  les  directions  axiale  et  radiale,  de  cette  fonction  de  courant. 

Sa  resolution,  effectuSe  dans  un  maillage  Spousant  au  mieux  la  g€om€trie  de  la  machine,  nScessite 
une  discretisation  des  dSrivSes  partielles  qui  sont  approchSes  par  un  dSveloppement  limit€  au  second  ordre. 
Les  conditions  aux  liaites  sont  de  type  mixte,  soit  de  type  Dirichlet  et  de  type  Neumann. 
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Le  precede  iteratif  employe,  associe  a  une  technique  de  relaxation,  permet  une  rapide  convergence 
du  calcul,  de  sorte  que ,  apres  obtention  de  la  solution,  il  est  aise  de  determiner,  par  interpolation,  la 
geometrie  des  tubes  de  courant  de  revolution,  dont  la  "trace  moyenne"  constitue  la  surface  Sj# 

3.2  -  Ecoulement  sur  les  surfaces  S)  -  Ecoulement  d’aube  a  aube 

Le  passage  du  calcul  de  1  *  ecoulement  axisymetr ique ,  realise  dans  le  systeme  de  coordonnees  ), 

au  calcul  dans  un  tube  de  courant  d’epaisseur  locale  ,  mesuree  normaleraent  a  la  surface  de  courant  Sj  de- 
finie  ci-dessus,  conduit  a  utiliser  un  repere  (  9  ) ,  ou  represente  1'abscisse  curviligne  meridienne. 

La  figure  1  represente  schemat iquement  la  geometrie  de  tels  tubes  de  courant  dare  un  plan  meridien 
et  leur  developpee  dans  le  repere  limitee  a  deux  lignes  de  courant  distances  d'un  pas  des  aubes  , 

Les  equations  instat ionnaires  s'ecrivent,  avec  I'equation  de  mouvenent  projetee  suivant  les  direc¬ 
tions  'Wt  et  6 


■*(■*«/)  .  r»)  _  „ 

~W~  ~5e 

* 4  cot) 

■>t  3>w.  ye  r 

lH j£gj  .  iLh&w)  . 

7t  ye  f  c/m. 

>f A(r7-»i  ^  ^  =  0 

7t  ■}*.  76 


ou  et  V  designent  les  coraposantes  de  suivant  *v*.  et  &  . 

Dans  1’ecriture  de  ces  equations,  il  est  admis  implici tement  que  les  variations  locales,  suivant 
la  normale  a  Sj,  sur  l’epaisseur  du  tube  de  courant,  sont  negligeables ,  ce  qui  suppose  que  les  hauteurs 
du  tube  etudie  restent  moderees.  De  plus,  1* absence  de  source  ou  puits  se  traduit  par  un  second  membre  nul 
dans  I'equation  de  continuite  (9).  Dans  un  ecoulement  adiabatique  (cas  generalement  realise  pour  les  com- 
presseurs),  I’equation  de  l’energie  (12)  peut  etre  prise  sous  sa  forme  integree  stationnaire  (h)  ou  (7),  ce 
qui  entraine  que  le  systeme  d ’ equat ions(de  (9)  a  (12))  n’est  plus  entierement  instat ionnaire ,  d’ou  la  deno¬ 
mination  de  pseudo-instationnaire. 

Cette  modification  implique  une  diminution  du  nombre  d’inconnues,  reduit  a  3  ^4r\ 
et  se  traduit  par  un  gain  de  temps  de  calcul.  En  revanche,  lors  du  deroulement  du  calcul  iteratif,  les  re- 
sultats  intermediaires  n’ont  pas  de  signification  physique. 

Si  les  iterations  convergent  vers  une  solution  unique,  e’est  elle  qui  representera  1’ ecoulement 
stationnaire  de  fluide  parfait  dans  le  tube  de  courant  etudie. 

4  -  TECHNIQUE  NUMERIQUE 

La  resolution  numerique  des  equations  (9)  a  (11),  compte  tenu  de  (6),  est  effectuee  dans  le  do- 
maine  de  calcul  tel  que  celui  represente  sur  la  figure  lb,  dsns  le  cas  de  1* etude  d’une  roue  mobile.  La 
discretisation  des  equations  et  le  choix  des  conditions  aux  limites  sont  faits  en  fonction  de  la  geometrie 
de  ce  domaine. 

4.1  -  Domaine  de  calcul 


Dans  le  repere  ('tn,  9 )  le  domaine  de  calcul  comprend,  outre  la  grille  proprement  dite,  des  zones 
amont  et  aval,  dans  lesquelles  un  ecoulement  non  uniforme  peut  s’etablir  par  suite  des  variations  de  rayon 

(done  de**v)  et  de  la  presence  d’ondes  de  choc  (pres  des  bords  d’attaque  notamment) . 

Le  maillage  du  champ  est  constitue  de  lignes  epousant  globalem^nt  la  forme  des  lignes  de  courant 

et  de  colonnes  qui  sont  quasi-normales  a  ces  lignes  (figure  2),  ce  qui  a  pour  effet  I 'obtention  de  mailles 

quasi-rectangulaires .  Le  temps  de  progression  du  calcul  est  lie  aux  inensions  de  1* ellipse  inserite  dans 
de  telles  mailles  ;  comme  pour  les  raailles  "rectangulaires" ,  cette  ellipse  est  proche  d’un  cerde,  on  remarque 
que  le  maillage  choisi  se  prete  3  norabre  ce  points  de  calcul  donne,  aux  pas  de  temps  les  plus  grands. 

4.2  -  Schema  de  calcul 


La  methode  de  Mac  Corroack  £8J.  utilisee  pour  resoudre  le  systeme  d’equations  hyperbol iques  pseudo- 
instationnaires,  consiste  3  prendre  en  chaque  point,  pour  le  passage  du  temps  temps  -  6+ A t 

un  schema  predicteur-correcteur  ;  au  cours  de  chacune  des  phases,  les  derivees,  reprosentees  par  des  diffe¬ 
rences,  sont  dScentrees  (avancees  a  l’etape  predicteur  et  retardees  &  1’etape  correcteur) . 

Partant  de  I'equation  matricielle  : 

M3)  HL  +  7FM  ^  yctv)  m  tf 

yt  )m.  ye 


AD-A094  912  ADVISORY  6ROUP  FOR  AEROSPACE  RESEARCH  AND  DEVELOPMENT— ETC  F/G  21/S 
CENTRIFUGAL  COMPRESSORS*  FLOW  PHENOMENA  AND  PERFORMANCE. <U) 

NOV  80 

UNCLASSIFIED  AGARD-CP-282  NL 


5-4 


representant  le  systeme  d’equations  de  (9)  &  (II) 

ou  if  -  ('lip ,  4\fv) 

F  =.  -itf-uir) 

6=  -4f^uir,  -4(jL+fvV) 

H  =  (  O  ,  -f>-  t-  -  -if-**-  (v+Zt**.)  ) 

la  decomposition  du  calcul^comprend,  pour  le  point  courant  M.  (<tj ) ,  telle  que  le  represente  la  figure  3, 
les  trois  phases  suivantes  que  l'on  suivra  facilement  sur  cette  figure. 


lere  phase  :  predicteur 


ou  les  derivees  spatiales  (avancees)  sont  obtenues  simplement  par  un  developpement  limite  au  premier  ordre, 
en  considerant  les  points  P  et  N,  voisins  de  M,  soit  pour  la  fonction  F  par  exemple  : 


(15) 


l 


F-  - F-  r»v-»v)  *  (g)j‘ '->*)*  ■ 
F>  -  ^  ♦  (HZ L  *  (j£l  {*»- e")  * 


,J*t  ’  ~  V  JVjft 

De  ces  relations  il  est  aise  de  deduire  les  derivees  partielles  par  rapport 


06) 


A  partir  de  \Sa^4  de  l1 equation  dl£tat  et.de  1' equation  de  l'energie  que  nous  avons  pris 
ire,  on  peut  calculer  les  C.  \  ,  (r.'T 

*'f  “V 

:orrecteur 

U  ■  =  ±  JlF.  +lf.  .  _  A4  I  —  )  +  I2f1  -//..]{. 


stationna 
2etne  phase  :  correcteur 


ou,  cette  fois,  les  points  consideres  autour  du  point  M  sont  Q  et  R,  et  les  differences  seront  retardees. 

3eme  phase  :  introduction  d'une  viscosite  artificielle 

Afin  d' assurer  une  meilleure  stabilite  aux  calculs,  notamment  dans  les  regions  a  forts  gradients, 
il  est  necessaire  d’introduire  un  terme  dissipatif,  appele  "viscosite  artificielle",  dont  le  role  est  de 
corriger  les  resultats  obtenus  dans  la  phase  2. 

Durant  chacune  des  principales  phases  (predicteur  et  correcteur),  sont  calculees  les  conditions 
imposees  sur  les  frontieres. 

4.3  -  Conditions  initiales  et  conditions  aux  limites 


4.3.1  -  Conditions  initiales 


Jusqu’S  present,  nous  n? avons  defini  que  la  geometrie  de  la  machine.  La  definition  de  I'ecoulement 
necessite  de  plus  la  connaissance  des  caracteristiques  de  I’ecoulement  :  vitesse  de  rotation,  debit,  pression 
et  temperature  generatrices.  Au  raoyen  de  ces  donnees,  il  est  possible  en  principe  d' initialiser,  au  temps 
t  »  0,  les  inconnues  dans  tout  le  champ,  en  effectuant  par  exemple  une  approximation  par  tranches  planes. 

Ces  conditions  de  depart  peuvent  etre  assez  eloignees  du  resultat  final,  cependant,  on  a  tout  avantage  a 
partir  d'une  solution  initiale  qui  ne  soit  pas  trop  eloignee  de  la  solution  stationnaire  finale,  de  faqon 
a  reduire  les  temps  de  calcul. 

4.3.2  -  Condi t ions_aux_l imites 

Le  traitement  des  conditions  aux  limites  a  ete  decrit  de  faqon  detaillee  en£9j.  On  peut  le  resu- 
mer  ainsi.  Comme  le  schema  de  Mac  Cormack  ne  peut  s’appliquer  tel  quel  sur  les  frontieres,  par  suite  du  man¬ 
que  de  "points  voisins",  il  est  necessaire  de  calculer  les  derivees  spatiales  &  l'aide  d* op§rateur$  aux  dif¬ 
ferences  decentr£es.  De  plus,  il  semble  interessant  de  pouvoir  traiter  toutes  les  frontieres  (sol ides  ou 
non)  par  un  rneme  mode  de  calcul,  tout  en  assurant  des  conditions  specif iques  5  chaque  frontiere. 

En  considerant  un  systeme  d’axes  local,  lie  S  la  frontiere  (figure  4),  on  peut  reecrire  1* equation 
( 1 3)  sous  la  forme  : 

(i7)  Hi  +  [/t]HL  =  h 

H  >S 

OU  U1 ,[8]  designent  les  matrices  de  passage  dependant  de  If  seulement.  La  theorie  des  caracteristiques 
raontre  qu'on  peut  obtenir  une  combinaison  lineaire  (ou  relation  de  compatibility)  des  equations  (17)  oD 
n' interviennent  que  les  derivees  suivint  deux  directions  dans  un  plan  caracterist iques (quisera  choisi  ici 
comme  celui  dont  la  trace  dans  un  plan  t  *  cte  sera  parallele  a  la  frontiere,  c'est-3-dire  5  lraxe  ftp) . 
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Dans  ces  conditions,  si  les  derivees  partielles  par  rapport  3  2>sont  connues  ainsi  que  la  matrice 
unicolonne  H  ,  il  suffit  de  chercher  dans  le  plan  (  "f  )  les  directions  caracteristiques  (ou  valeurs  propres 
de  la  matrice  fAJ  ),  *Ht  -  A  ainsi  que  les  relations  de  compatibilite  associees  au  systeme 


os)  M  +  1*1 «  p 

avec  P-  H  —  [SJ 

35 


Comme  ii  a  trois  composantes  ),  ou  et  sont  les  composantes  de 

la  vitesse  w  suivant  et  3  ,  on  peut  obtenir  aisement  les  valeurs  propres  de  [AJ  : 

A  = 


09) 


if 

j*)_  y+4 


'vi  r 

ces  valeurs  propres,  on  associe  les  vecteurs  propres  *( ,  solution  du  systeme; 
(lAJ  •  -  O  ou  W  est  la  matrice  unite. 


(20) 

soit 

(21) 


(*FM* -*)(•**-*)  * 

\  -  -Uf 


ce  qui  conduit  3  : 


(22) 


^  14  +  s^n  OJ  +  uj  «  **  £ 


OU  s  >  ua,m  ,  Iff  m  (au  predicteur  comme  au  correcteur),  tandis  que 

aura  pour  expression,  deduite  du  schema  numerique  : 


(23a) 


au  predicteur,  et 

(23b)  ♦  a*!#**’ -M  lg)  ]} 


V. 


au  correcteur. 

-  Conditions  de  glissement 

Le  long  des  profils,  consideres  comme  paroi  impermeable,  la  condition  de  glissement  s'ecrit  sim- 
plement  par  -*lj  *  0  (ou  vitesse  normal*  nulle),  done  le  module  de  la  vitesse  sera  donne  par  •*■*•5,  et  partant 
des  valeurs  propres  negatives  ou  nulles  (ou  directions  caracteristiques  sortant  du  domaine) ,  on  aura  les 
deux  relations  du  type  (22)  : 


•  Wav  — 


(24) 


\  of?*  %  ^  » 


ou  les  vecteurs  propres  o(^  et  sont  associes  aux  valeurs  propres  A*".*  Atv~  - 

Du  systdtne  (2A),  on  calcule  1/+  (ou  f)  et  Lfj  (ou )  done,  le  module  de  la  vitesse. 
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-  Conditions  amont  et  aval 


Le  norabre  de  conditions  a  imposer  aux  "infinis"  amont  et  aval  depend  de  la  nature  subsonique  ou 
supersonique  de  l'ecoulement  dans  ces  regions,  c'est-a-dire  de  la  grandeur  de  la  vitesse  jtxtf  normal e  a  ces 
frontieres.  Ce  norabre  est  egal  a  celui  des  directions  caracteristiques  A*  entrant  dans  le  domaine  de  cal- 
cul,  done  x>0 


Si 

ses  norma les 
propres  s'en 


la  normale  a  une  frontiere  est  dirigee  vers  l'interieur  du  domaine  de  calcul,  alors  les  vites- 
en  amont  sont  positives,  tandis  que  celles  en  aval  sont  negatives,  alors  le  signe  des  valeurs 
deduit  immediatement  par  (19). 


Un  tableau  peut  resumer  le  nombre  de  ces  conditions  : 


Frontiere  amont 


Frontieres 

Amont 

Aval 

Supersonique 

3 

0 

Subsonique 

2 

1 

Dans  le  cas  d'un  ecoulement  supersonique  a  1' entree  du  domaine,  trois  conditions  sont  imposees, 
a  savoir,  la  pression  generatrice,  la  direction  et  le  module  de  la  vitesse. 

Pour  un  ecoulement  subsonique,  e'est  encore  la  pression  generatrice  que  l'on  imposera  et  on  lui 
adjoint  soit  la  direction  de  1* ecoulement ,  soit  le  nombre  de  Mach,  le  schema  numerique  par  une  relation  de 
compatibility  calcule  la  grandeur  inconnue. 

Frontiere  aval 


Les  cas  les  plus  frequemment  rencontres  dans  la  pratique  des  compresseurs  centrifuges  concernent 
ceux  ou  l'ecoulement  sortant  du  domaine  est  subsonique.  Comme  on  doit  imposer  une  condition,  naturel 1 ement 
on  pense  a  la  pression  statique  qui  joue  le  role  de  contrepression,  ce  qui,  ajoute  aux  relations  de  compa¬ 
tibility  associees  aux  valeurs  propres  et  ,  fournit  un  systeme  lineaire  de  trois  equations  a  trois 

inconnues,  dont  la  resolution  ne  pose  pas  de  difficultes  de  principe. 

5  -  APPLICATIONS 


La  methode  pseudo-instationnaire  de  calcul  d' ecoulement ,  decrite  ci-dessus,  a  ete  appliquee  a  di¬ 
vers  problemes  d* ecoulement  stationnaire  de  fluide  parfait,  tels  que  ceux  rencontres  dans  les  grilles  d'au- 
bes  CIO],  Ll  ll ,  dans  les  entrees  d'air  supersoniques  avec  un  couplage  a  un  calcul  base  sur  la  methode  des 
caracteristiques. 

Pour  le  calcul  de  1' ecoulement  dans  les  compresseurs  a  taux  de  pression  eleve  (compresseurs  cen¬ 
trifuges  notamment),  une  extension  du  programme  de  calcul  relatif  a  des  configurations  fixes  (tuyeres,  gril¬ 
les  d'aubes  bidimensionnelles)  a  ete  realisee. 

5.1  -  Cas  d'une  roue  mobile 


Afin  de  valider  1’ etude  precedente,  une  comparaison  des  resultats  obtenus  par  cette  methode  et 
celle  developpee  par  Katsanis  Cl 23  a  la  NASA  a  ete  effectuee  dans  le  cas  d'un  ecoulement  subsonique  sur  une 
surface  de  courant  de  revolution.  Le  bon  accord  entre  les  deux  calculs  a  servi  de  base  a  1* extension  de  la 
methode  pseudo-instationnaire  vers  les  domaines  transsoniques .  Les  resultats  de  calcul  presentes  ici  corres¬ 
pondent  au  cas  d'un  compresseur  centrifuge.  Nous  ne  montrerons  que  les  resultats  obtenus  pour  un  tube  de 
courant  qui  presente  une  convergence  de  3,33  et  un  rapport  de  rayon  de  1,98  entre  l'aval  et  1'amont. 

L' ecoulement  d' entree  est  I  Mach  subsonique  tres  eleve  (M  =  0,927).  Les  profils  sont  de  faible 
epaisseur  et  constituent  des  pales  couchees  en  arriere.  La  figure  5a  montre  la  variation  le  long  du  profil 
0$^  =  **  rapportee  S  la  corde  projetee  sur  l'axe)  de  1' angle  de  cet  aubage.  Le  calcul  a  permis  de  represen- 
ter  le  nombre  de  Mach  le  long  de  l'aube  (figure  5b).  On  peut  constater  la  faible  charge  dans  la  partie  de 
captation  de  la  roue  ;  elle  est  vraisemblablement  due  a  la  geometric  locale  du  profil,  associee  aux  effets 
d' incidence  qui  sont  importants.  Dans  le  cas  considere,  les  phenomenes  transsoniques  sont  litnir.es  au  voisi- 
nage  du  bord  d'attaque.  Un  calcul  relatif  a  un  compresseur  dont  les  profils  sont  epais  et  le  pas  relatif 
assez  faible  a  donne  les  resultats  portes  sur  la  figure  6. 

5.2  -  Cas  d’un  diffuseur 


Le  diffuseur  est  generalement  constitue  par  une  grille  bidimensionnelle,  placee  en  aval  de  la  roue 
mobile  ;  sa  realisation  ne  pose  pas  de  gros  problemes  d'ordre  mecanique.  Sur  le  plan  aerodynamique , 

le  diffuseur  est  charge  de  recuperet  de  la  pression  par  ralent issement  de  la  vitesse  absolve  du  fluide. 

Place  dans  de  difficiles  conditions  de  captation  (le  fluide  issu  de  la  roue  mobile  prysente  des  hyterogeny- 
Itea  tant  axiales  qu* azimutales,  le  diffuseur  a  un  comport ement  qui  est  fortement  influence  par  son  ycou- 
lement  incident. 

Cependant,  dans  une  premiere  etape,  on  n'a  pris  en  compte  le  voisinage  innnediat  de  la  roue 
mobile  que  par  la  simulation  de  1' ecoulement  issu  de  cette  grille  par  une  source  tourbillon  d' intensity 
connue . 


Pour  valider  le  calcul,  les  aubes  du  diffuseur  ont  ete  assitnilees  3  des  lignes  sans  epaisseur, 
equivalentes  aux  lignes  de  courant  de  1' ecoulement  source-tourbillon  donny. 


ft 


$-7 


Leg  rAaultata  num£riques  gont  port€s  sur  la  figure  7,  sur  laquelle  leg  repartitions  de  nombres  de 
Mach  le  long  dea  lignea  moyennes  sont  comparees  a  celles  que  donne  l'ecoulement  de  aource-tourbillon.  Deux 
caa  ont  ete  traitds,  1'un  concerne  un  ecoulement  subaonique  et  1 'autre  un  ecoulement  transaonique. 


Le  bon  accord  obtenu  entre  la  mdthode  numerique  et  le  calcul  theorique  laiaae  augurer  un  avenir 
intSresaant  pour  dea  applicationa  &  dea  diffuaeur8  reels. 

6  -  CONCLUSION 


L'approche  theorique  presentee  ci-dea8ua  dea  calculs  d’Scoulement  tranaaonique  dana  lea  turboma- 
chines  et  notamment  lea  compreaaeura  centrifugea  offre  dea  avantage8  indeniablea  ma is  possedent  dea  incon- 
venients  certaing. 

Parmi  lea  avantagea,  on  peut  citer  la  relative  commodite  de  miae  en  oeuvre  de  tela  programmes  de 
calcul,  le  faible  encombrement  memo ire  dana  lea  ordinateura,  l'intdret  des  resultata  pour  le  calcul  de  pro¬ 
jet  de  compreaaeura. 

En  contrepartie,  le  tempa  relativement  long  dea  calcula  p8eudo-instationnairea  ainai  que  l’hypo- 
t  he  tie  de  geometrie  axisymetrique  pour  lea  tubes  de  courant  limitent  la  portSe  de  cea  methodes.  Cependant, 
Cant  que  d'autres  methodes,  notamme nt  tridimensionnelles,  n'auront  pas  ete  miaes  au  point,  la  methode  de 
calcul  presentee  ci-deaaua,  qui  permet  d'Studier  le  comportement  de  grilles  d'aubea  placees  dans  dea  ecou- 
lementa  transsoniques,  continue  A  etre  d'une  grande  utilite  pour  lea  motoristes . 
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g.  1  —  Schema  des  domaines  de  calcul. 

a)  Ecoulement  axisym4trique  (S2) 

b)  Ecoulement  sur  la  surface  (SI). 


a  Correcteur 

ig.  3  -  Maille  autour  du  point  courant  M. 


Fig.  2  —  Vue  schGmatique  du  maillage  dans 
le  repere  (m,  9). 


Frontiere 


b  M 


Fig.  4  -  Representation  locale  des  configurations 
sur  les  fronti£res  pour  application  des  relations 
de  compatibility. 

at  Coordonnies  locales  ({  ,  rj) 
b)  Plan  (S  ,  t  )  (A  =  <!! 


Fig.  5a  -  Angle  geometrique  du  profil. 


Fig.  5b  -  Repartition  du  nombre  de  Mach 
le  long  de  I'aubage. 


Fig.  6  -  Repartition  du  nombre  de  Mach 
sur  le  profil  dans  le  cas  d'un  compresseur 
non  bloque. 


Fig.  7  -  Repartition  radiale  du  nombre  de  Mach 
absolu  en  subsonique  (a)  et  transsonique  (b). 
x  Points  de  calcui  (methode  presente) 

—  Ecoulement  de  source-tourbillon 
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DISCUSSION 


P.M.Came,  NGTE,  UK 

In  your  application  of  the  SI  surface  calculation  to  a  vaned  diffuser  you  mentioned  the  introduction,  in  the  future, 
of  irreversibilities.  Could  the  author  please  comment  on  how  he  would  include  the  effects  of  irreversibility  in  the 
calculation.  Would  it  be  by  the  use  of  a  viscous/inviscid  interaction  method  or  would  the  viscous  terms  be  included 
in  the  equations  or  motion? 

Author's  Reply 

In  the  future,  the  introduction  of  irreversibilities  in  the  flow  calculation  to  a  vaned  diffuser  will  include  the  viscous 
terms  in  the  equations  of  motion.  This  calculation  will  be  realised  by  means  of  two  steps: 

-  in  the  near  future,  a  two-dimensional  calculation  will  be  developed, 

-  and  later,  the  three-dimensional  type  will  be  treated,  once  the  flow  pattern  at  the  rotor  outlet  is  known. 


P.Ramette,  CEP.  Saclay,  Fr 

Is  the  term  artificial  viscosity  necessary  in  all  calculation  cases?  This  term  helps  to  ensure  the  stability  of  the  calcula¬ 
tion  but  does  it  not  risk  the  increase  of  calculating  times  in  certain  cases?  Is  the  value  of  this  term  optimised 
perhaps? 

Author’s  Reply 

The  term  artificial  viscosity  is  introduced  essentially  to  ensure  covergence  of  the  calculation  especially  where  strong 
gradients  exist,  for  example  in  the  presence  of  shock  v'aves.  Depending  on  what  type  of  flow  is  being  calculated, 
this  term  is  applied  and  it  works  best  as  a  function  of  pressure  ratio.  It  is  true  that  some  time  is  lost  because  of  the 
extra  calculation  caused  by  this  term  but  in  general  the  artificial  viscosity  stabilises  the  calculations  and  in  particular 
one  obtains  a  gain  in  time  because  of  the  improvements  in  the  convergence  obtained.  At  present,  it  is  difficult  to 
give  an  optimised  value  for  such  a  parameter  when  a  general  non-square  mesh  is  used  in  a  two-dimensional  flow 
calculation.  In  fact,  this  term  is  compounded  of  the  product  of  a  constant  coefficient  multiplying  the  second 
derivative  and  the  absolute  value  of  the  gradient  of  each  variable,  and  that  in  the  two  directions  m  and  6  . 


NUMERICAL  ANALYSIS  OF  THE  THREE  DIMENSIONAL 
VISCOUS  FLOW  FIELD  IN  A  CENTRIFUGAL  IMPELLER 

Leonard  WalltC 
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Numerical  Continuum  Mechanics,  Inc. 
6269  Variel  Ave.,  Suite  200 
Woodland  Hills,  California  91367 


SUMMARY 


The  steady  three-dimensional  Reynolds  averaged  Navier-Stokes  equations  have  been 
solved  numerically  via  a  successive  approximation  method.  The  method  is  applicable  to 
centrifugal  impellers,  axial  rotors,  turbines  and  stator  cascades. 


Viscous  flow  fields  have  been  calculated  in  a  radial  impeller,  two  backswept 
centrifugal  impellers,  one  with  a  splitter  vane,  and  an  axial  supersonic  compressor  cas¬ 
cade.  The  radial  impeller  field  contained  a  significant  separation  region  near  the 
trailing  edge  of  the  suction  surface,  while  the  backswept  fields  showed  significant 
leading  edge  separation  and  some  trailing  edge  separation  near  the  shroud.  Kullte 
recordings  of  the  shroud  pressure  variation  between  the  blades  in  the  inducer  region  and 
in  the  radial  portion  of  the  backswept  impeller  with  the  splitter  vane,  generally  agreed 
with  corresponding  calculations.  Pressure  measurements  on  the  blades  of  the  supersonic 
compressor  cascade  agreed  with  corresponding  computations. 

This  paper  reviews  numerical  methods  for  turbomachines,  describes  the  successive 
approximation  method  employed  in  this  study,  and  presents  results  of  its  application. 

SYMBOLS 


a 

C 

(hx.hy.hz) 

(i.J.i) 

m 

n 

P 

lc 

sx 

ty 

Uz 

(u,v,w) 

Wzs 

Wcr 

w* 

(xl,x2,x3) 

(x,y,z) 

e 

(<Txx,  tyx.Czx) 
(flyy.rxy.tzy) 
Ozz 
co 


small  area  in  (x,y)  plane  contained  within  the  region  bounded  by  the 

closed  curve  C 

local  sound  speed 

perimeter  of  curve  in  (x,y)  plane 

metrics  of  transformation  in  the  (x,y,z,)  directions, respectively 
unit  basis  vectors  for  (x,y,z)  curvilinear  coordinates 
/  hx  dx 
/hy  dy 

unit  normal  to  surface 

pressure 

total  pressure 

mesh  point  coordinate  velocity  in  x-dlrectlon 
mesh  point  coordinate  velocity  in  y-direction 
t ime- 1 ike- coordlna te 

marching  velocity  of  computational  surface 

curvilinear  velocity  components  in  x,y,z,  directions,  respectively 
streamwise  component  of  velocity 
critical  velocity 

z-direction  velocity  perturbation  (w*-  =  w-Uz) 
cartesian  rotating  coordinates 
rotating  curvilinear  coordinates  (z  *=  l^t) 
density 

stress  tensor  components  associated  with  x-direction 
stress  tensor  components  associated  with  y-direction 
normal  stress  in  z-directlon 
angular  frequency 


INTRODUCTION 

Based  on  advanced  experimental  means  and  quasi-three-dimensional  numerical  methods, 
such  as  those  of  Katsanis  and  McNally  (1)  and  Hearsey  (2),  significant  advances  in  the 
design  of  centrifugal  compressors  have  been  made.  Dean  (3)  indicates  that  state-of-the- 
art  stage  efficiency  varies  from  85%  at  a  stage  pressure  ratio  of  3  to  75%  at  a  stage 
pressure  ratio  of  10.  Resolution  of  the  detailed  viscous  fluid  mechanics  of  the  centri¬ 
fugal  compressor  can  lead  to  ultimate  stage  efficiencies  of  90%  (3). 

Dodge  (4,5)  has  developed  a  technique  for  analyzing  viscous  flow  in  turbomachines. 
The  basis  for  this  technique  lies  in  the  substitution  of  a  potential  gradient  plus  a 
viscous  perturbation  for  the  velocity  vector.  A  steady  partial  differential  equation  is 
developed  for  the  potential  function  comprised  of  terms  on  the  right  hand  side  having  to 
do  with  the  viscous  perturbation.  All  terms  on  the  right-hand  side  of  the  potential 
eauatlon  are  presumed  known.  Furthermore,  an  additional  equation  is  developed  by  Dodge 
for  the  viscous  potential  itself.  The  relaxation  method  of  Murman  and  Cole  (6)  was 
modified  to  numerically  solve  the  potential  equation.  The  viscous  perturbation  equation 
is  solved  by  marching  in  the  streamwise  direction.  The  Dodge  code  can  handle  up  to 
10,000  mesh  points  and  requires  a  few  minutes  on  the  CDC  7600  to  solve  a  problem.  The 
method  appears  useful  for  turbo-machines  whose  blade  passages  are  filled  with  potential 
flow  and  attached  boundary  layers.  However,  a  strong,  three-dimensional  vortical  flow 
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In  a  separated  region  adjacent  to  the  blade  surface  of  a  turbomachine  Is  beyond  the  scope 
of  this  technique  (see  Supersonic  Compressor  Cascade  example). 

A  solution  of  the  unsteady,  3-D  Reynolds-averaged  Navier  Stokes  equations  is  clearly 
the  most  viable  way  to  account  for  the  complex  flow  field  In  the  passage  of  a  centrifugal 
impeller.  However,  unsteady,  3-‘D  viscous  numerical  solutions  are  Impractical  on  present 
day  computers  such  as  the  CDC  7600.  To  properly  account  for  3-D  and  viscous  effects 
(such  as  separations  and  boundary  layers;  in  the  complicated  impeller  flow  field,  finite 
difference  meshes  of  the  order  of  100,000  points  are  required.  Current  3-D  time-dependent 
Implicit  methods  overrun  core  memory  on  the  CDC  7600  computer  somewhere  between  10,000 
and  20,000  mesh  points.  Explicit  3-D  techniques  require  a  core  memory  near  30,000  mesh 
points. 

Pulliam  and  Steger  (7)  have  developed  a  3-D,  time-dependent,  viscous  code  using  the 
implicit  method  of  Beam  and  Warming.  Their  technique  is  second  order  and  can  be  run  at 
high  Courant  numbers,  i.e.,  Cr  =  400.  The  flow  field  was  calculated  over  a  sphere- 
cylinder  body  at  a  Mach  number  of  .90,  a  Reynolds  number  based  on  cylinder  diameter  of 
212,500  and  at  5°  angle  of  attack.  The  finite  difference  mesh  employed  was  comprised  of 
30  axial  points,  30  radial  points  and  18  angular  points,  i.e.,  16,200  points.  Spacing 
of  axial  points  was  to  coarse  to  resolve  the  leeward  separation  at  the  sphere-cylinder 
junction.  Experimentally  separation  was  recorded;  however,  numerically  attached  flow 
was  determined.  A  large  discrepancy  in  calculated  and  measured  leeward  surface  pressure 
resulted. 

Kutler  (8)  developed  a  propeller  code  using  the  Beam  and  Warming  method.  This  com¬ 
puter  program  was  set  up  to  solve  either  an  inviscid  or  viscous  propeller  problem.  The 
code  was  applied  to  compute  the  inviscid  flow  field  about  a  turbofan  operating  at  Mach  .80. 
A  finite  difference  mesh  was  used,  which  was  comprised  of  18  points  along  the  chord  of 
the  propeller  airfoil  section,  11  points  along  the  span  of  the  propeller  and  45  points 
normal  to  the  propeller  surface,  i.e.,  10,000  mesh  points.  The  numerical  solution  had 
oscillations  in  it,  and  had  to  be  smoothed  artificially,  i.e.,  through  the  use  of  smoothing 
functions.  The  detailed  flow  field  numerical  results  were  therefore  of  dubious  value. 
However,  overall  performance  predictions  based  on  these  results  may  have  some  value. 

Thompkins  (9,10)  solves  the  3-D,  time-dependent  Euler  equations  using  the  Mac-Cormark 
time-splitting  method.  For  an  axial  rotor  the  finite  difference  mesh  is  composed  of  18 
radial  points,  17  tangential  points  and  100  axial  points,  i.e.,  30,600  mesh  points. 

Inviscid  solutions  have  been  obtained  on  four  rotors.  A  recent  calculation,  performed 
by  Haymann-Haber  (11),  was  on  a  transonic  axial  compressor  of  tip  mach  number  1.2  and  inlet 
hub  to  tip  ratio  of  .5.  Comparisons  were  made  between  the  computations  and  the  fluorescent 
density  measurements  of  Epstein  (12)  taken  on  various  blade-to-blade  sections  of  constant 
radius.  The  computed  solution  agreed  qualitatively  with  the  measurements  as  long  as  data 
on  these  blade-to-blade  sections  far  from  either  blade  surface  were  considered.  Important 
differences  occurred  in  the  shock  position  and  in  the  size  of  the  low  density  region  in 
the  blading  passage.  The  most  difficult  effect  to  resolve  in  these  comparisons  was 
viscosity.  The  Thompkins  solution  did  not  contain  viscous  effects  while  the  measurements 
did. 


Due  to  the  impracticallty  of  unsteady,  viscous,  3-D  computations,  a  solution  of  the 
steady,  Reynolds-averaged,  3-D  Navier  Stokes  equations  appears  to  be  the  most  viable 
alternative  for  the  rotor  problem. 

* 

A  set  of  computer  codes,  called  VANS  was  developed  to  embody  the  successive  approxi¬ 
mation  numerical  method.  The  numerical  method  is  best  termed  an  Alternating-Direction 
Explicit  technique,  i.e.,  ADE.  A  set  of  finite  difference  analogs  of  the  full  three- 
dimensional,  compressible  Reynolds  averaged  Navier-Stokes  equations  is  solved  explicitly 
in  the  blading  passage  of  a  rotor.  In  addition  to  three-dimensionality  and  compressibility, 
the  following  effects  are  included: 

1.  Centrifugal  and  Coriolis  forces 

2.  Transition  and  turbulence 

3.  Arbitrary  geometry 

4.  Blade  tip  clearance 

This  paper  formulates  the  numerical  method  for  a  radial  Impeller,  describes  the  VANS 
computer  codes  and  gives  four  numerical  examples  to  show  the  results  that  can  be  obtained 
with  VANS. 

1.  Calculations  of  the  flow  field  in  the  blading  passage  of  a  radial  Impeller 
operating  at  38600  r.p.m. 

2.  Calculations  of  the  flow  field  in  the  blading  channel  of  a  backswept  Impeller 
operating  at  75000  r.p.m. 

3.  Calculations  of  the  flow  field  in  the  blading  passage  of  a  backswept  impeller, 
with  splitter  vanes,  operating  at  a  pressure  ratio  of  3. 

4.  Calculations  of  a  supersonic  compressor  cascade  with  splitter  vanes. 

- 5 - 

The  letters  VANS  stand  for  Vectorized  Asymmetric  Navier  Stokes  codes.  j 


6-3 


FORMULATION  OF  NUMERICAL  METHOD 

The  successive  approximation  VANS  numerical  method  has  been  descrlbed>in  detail 
previously  (13),  and  the  integral  equations  which  are  numerically  solved  have  been  cited 
(13).  It  Is  the  purpose  of  this  section  to  briefly  review  the  method. 

For  Illustrative  purposes  we  start  with  a  schematic  of  a  radial  impeller  for  a 
centrifugal  compressor  shown  In  Fig.  1.  The  machine  is  rotating  clock-wise  about  the 
system's  axis.  Let  us  consider  the  darkened  blading  passage.  The  blade  surface  labelled 
"pressure  surface"  Is  like  the  windward  side  of  an  airfoil,  while  the  blade  surface, 
labelled  "suction  surface"  Is  like  the  leeward  side  of  an  airfoil. 

In  the  blade-to-blade  mode  of  marching,  the  computation  takes  place  on  a  blade-to- 
blade  surface  which  Is.  normal  to  the  meridional  planes  of  the  machine,  extends  from 
inducer  to  the  discharge,  and  moves  from  the  hub  to-the  shroud.  The  darkened  surface  of 
Fig.  1  is  the  hub  blade-to-blade  surface.  The  blade-to-blade  method  of  marching  Is 
illustrated  In  the  blade  passage  schematic  shown  in  Fig.  2.  The  xi,  x2,  and  X3  coordi¬ 
nates  of  Fig.  2  represent  a  left  handed,  rotating,  Cartesian  coordinate  system  and  coordi¬ 
nates  (x,y,z)  represent  a  left-handed,  rotating,  orthogonal,  curvilinear  coordinate  system. 
The  z-dlrection  is  the  marching  direction  with  the  calculation  taking  place  In  the  (x,y) 
blade-to-blade  surfaces.  The  (x,y)  blade-to-blade  surfaces  move  from  the  hub  to  the  shroud 
of  the  Impeller.  As  the  surface  moves  from  hub  to  shroud,  elliptic  terms  of  the  finite 
difference  equations  are  evaluated  from  the  zeroth  approximation,  l.e.,  the  solution  of 
Katsanls  and  McNally  (1),  while  parabolic  terms  are  evaluated  directly  from  data  within 
the  blade-to-blade  surface.  Elliptic  terms  have  to  do  with  hub  to  shroud  derivatives, 
with  respect  to  z,  and  all  other  terms  are  considered  parabolic  terms. 

In  the  cross-sectional  mode  of  marching  we  move  down  the  channel,  from  the  Inducer 
to  discharge.  In  cross-sectional  surfaces  normal  to  the  hub  and  shroud  of  the  system.  A 
schematic  of  the  blade  passage  with  the  cross-sectional  surface  Indicated  Is  presented 
in  Fig.  3.  The  z-dlrectlon  is  now  normal  to  the  (x,y)  cross-sectional  surface  of  Fig.  3. 
The  (x,y)  cross-sectional  surfaces  move  from  the  Inducer  to  the  discharge  of  the  Impeller. 
The  elliptic  and  parabolic  terms  In  the  cross-sectional  mode  of  marching  are  the  reverse 
of  what  they  were  previously  In  the  blade-to-blade  mode.  Now  streamvlse  derivatives 
become  elliptic  terms,  since e  moves  in  Che  streamvlse  direction,  and  hub-shroud  deriva¬ 
tives  are  parabolic  terms.  This  permutation  of  elliptic  and  parabolic  terms,  resulting 
from  alternating  the  direction  of  marching,  produces  rapid  adjustment  of  the  field  In  a 
few  passes  through  the  system. 

The  blade-to-blade  march  accounts  for  blade  separations  and  upstream  Influence 
effects,  while  the  cross-sectional  march  accounts  for  shroud  scrubbing,  blade  leakage, 
hub  effects  and  channel  corner  vortices.  The  cross-sectional  mode  of  computation 
Integrates  the  blade  fluid  mechanics  with  the  effects  of  the  shroud,  hub  and  leakage. 

To  illustrate  the  elliptic  source  terms  and  parabolic  terms  of  the  equations  of 
motion,  the  equation  for  y-momentum  conservation  on  a  zone  of  the  blade-to-blade  sur¬ 
face  (Fig.  2)  Is  presented  below. 
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Equation  1  represents  the  conservation  of  momentum  in  the  y-curvillnear  direction 
in  terms  of  area  integrals  for  a  zone  in  the  (x,y)  plane  and  line  integrals  on  a  curve 
C  representing  the  zone  perimeter  in  the  (x,y)  plane.  Curvilinear  effects  are  accounted 
for  by  Che  metrics  hy,hy,hz  and  their  derivatives.  The  term  on  the  right-hand-side  of 
Equation  (1)  is  an  elliptic  source  term jand  must  be  evaluated  from  flow  field  proper¬ 
ties  of  the  zeroth  approximation;  the  symbol  indicates  a  property  from  the  zeroth 

approximation.  The  second  term  on  the  left-hand-side  of  Equation  1  is  a  parabolic 
term  which  is  evaluated  directly.  The  third  term  on  the  left-hand- side  of  Equation 
accounts  for  centrifugal  and  Coriolis  forces.  Term  4  on  the  left-hand- side  of  Equation 
1  is  associated  with  grid  motion  and  the  elliptic  source  term  on  the  right-hand- side. 
Terms  2  and  3  on  the  right-hand-side  are  associated  with  forces  due  to  the  shear  stress 
tzy,  while  Term  4  on  the  right-hand-side  accounts  for  the  metric  derivatives  and  the 
stresses.  Finally,  the  last  term  on  the  right-hand- side  is  the  force  balance  in  the 
y-direction  on  the  perimeter  of  a  zone  in  the  (x,y)  plane. 

THE  VANS  COMPUTER  CODES 


Under  sponsorship  of  the  Research  and  Technology  Laboratory,  Aviation  Research  and 
Development  Command,  and  under  contract  to  NASA  Lewis  Research  Center  through  the  U.S. 
Army  Propulsion  Laboratory,  the  VANS  computer  codes  were  developed.  These  codes,  which 
solve  the  steady,  Reynolds  averaged  Navier-Stokes  equations  in  rotating  coordinates 
fixed  with  respect  to  the  rotor,  are  applicable  to  Impellers,  rotors  of  axial  stages, 
turbines  and  cascades. 

The  VANS  codes  are  applied  in  modular  form  to  generate  the  successive  approximation 
solution.  In  the  first  module  the  quasi-three-dimensional  technique  of  Katsanis  and 
McNally  (1)  is  used  to  generate  the  zeroth  approximation.  Based  on  the  zeroth  approxi¬ 
mation,  we  employ  the  blade-to-blade  module  to  march  from  the  hub  to  the  shroud  of  the 
system;  Fig.  2  illustrates  the  blade-to-blade  mode  of  marching.  In  this  way  the  first 
viscous  approximation  is  developed.  The  second  viscous  approximation  is  generated 
from  the  first  through  the  cross-sectional  module,  which  moves  through  the  blading 
passage;  Fig.  3  illustrates  the  cross-sectional  mode  of  marching.  This  alternating- 
direction  method  permits  computation  of  blade  separations,  secondary  flows,  shroud 
scrubbing,  shroud  separation  and  leakage  effects  (13).  Turbulence  is  computed  from 
an  eddy  viscosity  model  based  on  Prandtl’s  mixing  length  theory  (13). 

At  present  there  exist  two  VANS  computer  codes;  namely,  1.  a  blade-to-blade  version 
designated  "VANS/BB,"  and  2.  a  cross-sectional  version,  designated  "VANS/CS."  The 
principal  differences  between  the  two  codes  are  in  the  boundary  conditions  and  the  im¬ 
plementation  of  the  turbulence  model.  For  computational  efficiency,  both  versions  of 
VANS  were  vector-coded  to  take  advantage  of  CDC  7600  hardware  (14,15).  A  brief  descrip¬ 
tion  of  the  numerical  method  embodied  in  VANS  follows  as  well  as  a  discussion  of  the 
VANS/BB  and  VANS/CS  computer  codes. 

Finite  difference  analogs  to  the  continuity,  momenta,  and  internal  energy  relations 
of  Reference  (13)  are  integrated  in  the  z  marching  direction  by  an  explicit  first  order 
method  based  on  the  work  of  Trulio  (16).  The  principal  attribute  of  the  scheme  Is  that 
the  difference  equations  maintain  their  self-consistency  property;  that  is,  the  finite 
difference  equations  for  continuity,  momenta,  and  internal  energy  imply  exact  satisfac¬ 
tion  of  the  consistently  differenced  equation  for  total  energy.  This  means  that  the 
total  energy,  which  is  not  a  directly  calculable  dependent  variable,  is  computed  to  the 
same  degree  of  accuracy  as  the  directly  calculable  variables.  To  the  knowledge  of  the 
author,  this  is  the  only  numerical  scheme  known  which  maintains  self-consistency  of  the 
finite  difference  equations  of  motion.* 

The  VANS/BB  code  computes  the  field  on  (x,y)  blade-to-blade  surfaces  which  move 
from  the  hub  to  the  shroud  of  the  system  and  distort  as  the  blade  surfaces  distort. 

This  version  of  VANS  has  a  subroutine  which  automatically  develops  the  finite  difference 
mesh  in  accordance  with  the  blade  geometry.  Identical  boundary  conditions  are  prescribed 
for  all  blade-to-blade  surfaces.  Let  us  consider  the  blade-to-blade  surface  of  Fig.  2. 
The  boundary  conditions  are  as  follows: 

1.  No  slip  flow  is  Imposed  on  the  blades. 

2.  Periodic  conditions  are  imposed  on  the  lateral  boundaries  upstream  of  and  down¬ 
stream  of  the  blades. 

3.  Zeroth  approximation  properties  are  specified  at  the  upstream  boundary. 


self-consistency  property  is  a  valuable  tool  for  debugging  the  VANS  codes. 
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4.  The  static  pressure  is  varied  along  the  downstream  boundary  of  each  blade-to- 
blade  surface  to  maintain  the  integrated  passage  mass  flux. 

A  mixing  length  turbulence  model  was  incorporated  into  the  VANS/BB  code  (13).  The 
formulation  considered  only  the  components  of  velocity  in  a  given  blade-to-blade  surface, 
and  included  the  turbulent  boundary  layers  growing  on  both  the  suction  and  pressure  blade 
surfaces.  At  a  given  point  in  the  blade-to-blade  surface,  normals  were  constructed  to 
the  pressure  and  suction  blade  surfaces.  The  shortest  normal  distance  defined  the  tur¬ 
bulent  boundary  layer,  either  on  the  suction  or  pressure  surface,  from  which  the  eddy 
viscosity  was  computed. 

The  VANS/CS  code  computes  the  field  on  (x,y)  cross-sectional  surfaces  which  move 
f.-om  inducer  to  discharge  and  distort  as  the  blade  surfaces  distort.  Due  to  the  nearly 
rectangular  cross-sectional  surface  geometry,  specification  of  the  mesh  points  in  (x,y; 
space  was  relatively  simple.  The  boundary  conditions  for  the  cross-sectional  computa¬ 
tional  surface  of  Fig.  3  are  as  follows: 

1.  No  slip  flow  enforced  along  the  hub  upstream  of  the  blade  trailing  edge  and  on 
the  blades  of  the  system. 

2.  Periodic  flow  is  enforced  at  the  lateral  boundaries  upstream  of  and  downstream 
of  the  blades. 

3.  An  angular  component  of  velocity  equal  to  the  product  of  the  local  radius  and 
the  angular  frequency,  i.e.,  u  =<"U  is  imposed  on  the  shroud  of  the  system  and 
the  system's  hub  aft  of  the  discharge. 

A  mixing  length  turbulence  model  was  incorporated  into  Che  VANS/CS  code  (13).  The 
formulation  considers  all  components  of  velocity,  as  well  as  strearawlse  boundary  layers 
along  the  blades  and  hub  of  the  system.  A  cross-sectional  boundary  layer  grows  on  the 
shroud  of  the  system  due  to  the  angular  motion  of  the  shroud  relative  to  the  blades.  The 
eddy  viscosity  coefficient  at  any  point  in  Che  cross-section  is  determined  by  the  nearest 
wall  turbulent  boundary  layer.  The  nearest  wall  is  defined  by  the  shortest  normal  distance 
from  the  point  to  all  the  walls. 

NUMERICAL  EXAMPLES  -  RADIAL  CENTRIFUGAL  IMPELLER 


To  test  the  numerical  method,  blade-to-blade  calculations  were  made  for  a  radial 
impeller  operating  at  38,600  r.p.m.  (17).*  The  design  pressure  ratio  =  1.55;  the  tip 
diameter  -  .152m;  and  the  tip  speed  -  304.8  m/s.  The  Reynolds  number,  based  on  arc 
length  along  the  hub,  was  set  to  5000.  This  was  done  to  permit  relatively  coarse  finite 
difference  meshes  in  the  blade-to-blade  surfaces  of  computation.  The  geometry  of  the 
hub  and  shroud  lines  are  shown  in  Fig.  4.  In  the  remainder  of  this  section  the  finite 
difference  mesh  is  discussed,  the  zeroth  approximation  to  the  impeller  field  is  presented, 
and  the  numerical  results  are  shown. 

The  hub  blade-to-blade  finite  difference  mesh  is  shown  in  Fig.  5.  This  mesh  is  com¬ 
prised  of  20  streamline-like-lines  and  39  potential-like-lines  for  a  total  of  780  points. 
Mesh  point  spacing  is  finer  near  the  blades  and  coarser  in  the  center  of  the  passage. 

Based  on  the  velocity  gradient  method  of  Katsanls  and  McNally  (1),  Che  zeroth  approx¬ 
imation  field  was  generated.  First  the  relative  velocity  field  was  calculated  on  the  mean 
hub-to-shroud  surface  of  the  impeller,  and  suction  surface  and  pressure  surface  velocities 
computed.  A  linear  variation  of  relative  velocity  with  angle  produced  the  velocity  field. 
Density  and  specific  Internal  energy  were  computed  from  the  relative  velocity  field  using 
the  constant  rothalpy  principle  and  the  lsentroplc  relations.  Fig.  6  shows  a  relative 
velocity  vector  plot  on  the  hub  blade-to-blade  surface  from  the  lnviscid  solution.  These 
vectors  have  magnitudes  proportional  to  the  particle  velocities  in  the  (x,y)  plane  with 
their  tails  emanating  from  the  mesh  points  of  Fig.  5.  Velocities  are  seen  to  Increase 
as  one  moves  from  the  pressure  to  the  suction  blade  surface. 

The  radial  impeller  problem  was  run  through  750  cycles**  on  the  CDC  7600  computer. 
After  750  cycles  the  blade-to-blade  surface  moved  to  approximately  37%  of  the  distance 
between  hub  and  shroud  at  discharge.  The  computation  required  23  minutes  on  the  CDC  7600 
computer. 

The  viscous  solution  is  depicted  in  the  relative  velocity  vector  plot  shown  in  Fig, 

7.  This  figure  corresponds  to  a  blade-to-blade  surface  located  317.  of  the  distance  be¬ 
tween  hub  and  shroud  at  discharge.  The  meridional  trace  of  this  surface  is  seen  in  Fig. 

4.  At  the  trailing  edge  of  the  suction  surface  a  large  separated  region  is  indicated. 

This  region,  which  is  caused  by  blade  loading,  initially  forms  Just  aft  of  the  trailing 
edge  and  then  moves  into  the  channel.  Suction  blade  velocities  upstream  of  the  vortex 
adjust  to  the  vortex  and'  accelerate  around  it  due  to  the  reduced  flow  area.  The  VANS 
blade-to-blade  computer  code  has  duplicated,  at  least  qualitatively,  viscous  flow 
phenomena  that  have  been  observed  in  the  radial  portion  of  an  impeller  (3). 


★ 

This  work  was  monitored  by  the  National  Aeronautics  and  Space  Administration 
Lewis  Research  Center  under  Contract  No.  NAS3-18016. 

**A  cycle  of  computation  consists  of  updating  all  the  dependent  variables  of  motion 
on  one  blade-to-blade  surface. 


BACKSWEPT  CENTRIFUGAL  IMPELLER 


An  advanced  backswept  Impeller,  developed  by  CREAkE,  Inc.  served  as  the  second 
turbooachinery  application  of  the  VANS  computer  codes.  In  this  study  both  blade-to- 
blade  (13,17)  and  cross-sectional  approximations  (13)*  were  completed  for  the  backswept 
Impeller  operating  at  75000  r.p.m.  The  design  pressure  ratio  =  8;  the  tip  diameter  = 
.1595m;  and  the  tip  speed  =  626.36  m/s.  The  Reynolds  number,  based  on  an  average  invis- 
cid  relative  velocity  along  the  hub  and  distance  along  the  hub,  was  1.43  x  10  .  This 
Reynolds  number  produced  transition  from  laminar  to  turbulent  flow  in  the  blading  channel. 

To  adequately  describe  this  calculation  five  topics  are  covered;  namely, 

1.  geometry  and  mapping 

2.  meshes 

3.  zeroth  approximation 

4.  blade-to-blade  numerical  results 

5.  cross-sectional  numerical  results 

The  geometry  of  the  backswept  impeller  hub  and  shroud  lines  is  shown  in  a  meridional 
plane  in  Fig.  8.  In  addition.  Fig.  8  presents  two  families  of  orthogonal  lines,  the 
first  family  coincides  with  the  hub  and  shroud  lines  and  the  second  family  is  orthogonal 
to  the  first.  Let  us  consider  the  point  P(xi,X2>X3)  of  Fig.  8  as  a  function  of  the 
rotating  Cartesian  coordinates  (xi,x2,X3).  The  mapping  of  the  point  P(xi ,X2,X3)  to 
curvilinear  space  P(x,y,z)  is  defined  as  follows.  The  streamline-like-line  passing 
through  P  is  rotated  about  the  system's  axis.  This  surface  of  revolution  defines  the 
coordinate  z.  The  potential-like-line  passing  through  P  is  also  rotated  about  the 
system's  axis.  This  orthogonal  surface  of  revolution  defines  the  curvilinear  coordinate 
y.  Finally  the  angle  the  meridional  plane  passing  through  P  makes  with  some  reference 
meridional  plane  defines  the  curvilinear  coordinate  x.  Thus,  the  point  P(xi,x2,x3)  is 
uniquely  related  to  the  point  P  (x,y,z).  The  metrics  and  their  derivatives  for  this 
axisymmetric ,  orthogonal  curvilinear  transformation  have  been  developed  by  Vavra  (18). 

The  above  defines  the  mapping  for  the  blade-to-blade  mode  of  marching;  a  permutation 
of  the  y  and  z  coordinates  defines  the  mapping  for  the  cross-sectional  mode  of  marching. 

The  hub  finite  difference  mesh  is  shown  in  Fig.  9.  This  mesh  is  comprised  of  30 
streamline-like-lines  and  101  potential-like-lines,  i.e.,  3030  points.  Streamline-like- 
lines  are  spaced  finely  close  to  the  blade  and  coarsely  in  the  center  of  the  passage. 
About  five  points  are  present  in  the  boundary  layer  at  the  suction  surface  trailing  edge. 

The  MERIDL  computer  code,  developed  by  Katsanis  and  McNally  (1),  was  employed  to 
generate  the  zeroth  approximation.  This  code  determined  the  inviscid  velocity  field. 

The  density  and  specific  internal  energy  fields  were  then  computed  as  functions  of  the 
velocity  field  by  invoking  constant  rothalpy  and  isentropic  flow  assumptions.  Fig.  10 
shows  the  inviscid  velocity  field  on  the  hub  blade-to-blade  surface.  The  velocity 
increases  from  the  pressure  surface  to  the  suction  surface. 

The  procedure  for  generating  the  blade-to-blade  solution  with  the  VANS/BB  code, 
starts  by  first  attempting  to  stabilize  the  flow  field  near  the  hub.  This  is  done  by 
moving  the  blade-to-blade  surface  slowly  near  the  hub.  After  stabilization  has  occurred, 
i.e.,  the  hub  field  changes  little  with  continued  computation,  the  blade-to-blade  surface 
is  moved  more  rapidly  until  it  coincides  with  the  shroud.  To  complete  this  procedure 
required  8073  cycles  of  calculation,  which  took  4.5  hours  on  the  CDC  7600  computer. 

The  viscous  field  Is  shown  in  the  velocity  vector  plots  of  Figs.  11  and  12,  on  a 
blade-to-blade  surface  located  19%  of  the  distance  between  hub  and  shroud  at  discharge. 
Flp.  11  shows  a  leading  edge  separation  on  the  suction  blade  and  a  boundary  layer  growing 
along  the  pressure  surface.  Due  co  the  backswept  geometry,  the  blade-loading  is  reduced 
at  discharge  and  flow  separation  is  prevented  there  (Fig.  12). 

The  cross-sectional  approximation  integrates  the  blade-to-blade  field,  which  princi¬ 
pally  gives  the  effects  of  the  blades  on  the  flow,  with  the  effects  of  shroud  scrubbing, 
blade  leakage  and  hub  effects.  Based  on  the  blade-to-blade  field  on  a  three-dimensional 
mesh  of  106,000  points  as  the  previous  approximation,  the  VANS /CS  computer  code  was  run 
through  6300  cycles  of  calculation.  A  single  cycle  of  calculation  consists  of  updating 
all  the  variables  of  motion  on  one  cross-sectional  surface  comprised  of  1050  mesh  points. 
The  solution  required  2.3  hours  on  the  CDC  7600  computer. 

On  cross-sectional  surfaces  just  aft  of  the  blade  leading  edge,  the  leading  edge 
suction  surface  separation  was  re-computed.  This  separation  extends  from  hub  to  tip 
along  suction  blade.  Through  alternating  the  direction  of  marching  a  vortex  was  computed 
in  cross-sectional  surfaces  which  did  not  contain  the  vortex.  This  points  out  one  of 
the  principal  advantages  of  the  ADE  numerical  method. 

The  cross-sectional  flow  field  contained  two  other  fluid  mechanical  phenomena  that 
could  be  identified  and  understood;  namely, 

1.  A  vortical  secondary  cross-flow 

2.  Flow  separation  along  the  shroud  at  discharge. 

•This  work  was  monitored  by  the  National  Aeronautics  and  Space  Administration 

Lewis  Research  Center  under  Contracts  NAS3-18016  and  NAS3-20032. 
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Secondary  impeller  cross-flows  are  depicted  in  velocity  vector  plots  in  cross-sec¬ 
tional  surfaces  tipped  nearly  normal  to  the  camber  surface  of  the  blading  (Pigs.  13  and  14). 
Fig.  13  shows  a  velocity  vector  plot  in  the  Inducer  region  of  the  Impeller.  A  cross- 
sectional  vortex  is  clearly  seen  in  the  figure.  It  is  believed  that  this  vortex  is  caused 
by  the  relative  motion  between  the  shroud  and  Impeller  blades.  At  the  discharge  of  the 
system  the  vortical  cross-sectional  flow  disappears.  This  is  shown  in  the  velocity 
vector  plot  of  Fig.  14  at  the  discharge.  In  addition.  Fig.  14  shows  the  effect  of  shroud 
scrubbing  on  the  fluid. 

Flow  separation  along  the  shroud  at  discharge  is  depicted  in  a  contour  plot  of  the 
ratio  of  the  streamwise  component  of  velocity  to  the  local  critical  velocity,  l.e., 

W  /W  .  Fig.  15  shows  contours  of  Wzs/Wcr  plotted  on  a  cross-sectional  surface  near 
tne  discharge.  At  the  Intersection  of  the  pressure  blade  and  shroud,  aoontour  labelled 
W  /W  =  0  encloses  a  contour  labelled  Wz8/W  =  -.03.  Since  a  great  amount  of  Impeller 
pumping  has  taken  place  Wcr  is  high;  thus,  thenegative  streamwise  flow  is  substantial. 

BACKSWEPT  CENTRIFUGAL  IMPELLER  WITH  SPLITTER  VANES 


An  advanced  backswept  impeller  with  a  splitter  vane,  developed  by  General  Electric 
Company  (19),  is  the  third  turbomachine  application  of  the  VANS  computer  codes.  The 
blade-to-blade  field  has  been  generated  by  the  VANS/BB  code,  and  the  VANS/CS  computer 
code  is  in  the  process  of  computing  the  cross-sectional  field.*  The  Impeller  has  a 
design  pressure  ratio  of  3  and  a  tip  speed  of  420  m/sec.  The  Reynolds  number,  based  on 
an  average  lnvlscid  velocity  along  the  hub  and  distance  along  the  hub,  was  1.0196  x  10°. 

The  general  flow  field  structure  computed  by  the  VANS/BB  code,  contained  three 
elements,  1)  a  separation  in  the  vicinity  of  the  suction  surface  leading  edge,  2)  strong 
boundary  layer  flows  along  both  blade  surfaces  and  3)  a  small  separation  at  the  suction 
surface  trailing  edge.  The  suction  surface  separation  did  not  occur  at  the  leading  edge 
itself;  hence,  the  shape  of  the  camber  line  may  be  the  cause  of  this  vortical  flow.  Due 
to  the  leading  edge  suction  surface  separation  more  mass  flux  passed  between  the  splitter 
suction  surface  and  main  blade  pressure  surface  than  in  the  passage  between  the  splitter 
pressure  surface  and  main  blade  suction  surface. 

Three  comparisons  of  blade-to-blade  numerical  computations  were  made  with  experi¬ 
mental  data;  namely, 

1.  Measured  averaged  shroud  pressures  were  compared  with  calculations. 

2.  Calculated  shroud  pressure  variations  with  angle,  at  two  stations  along  the  shroud, 
were  compared  with  Kulite  measurements. 

3.  Measured  Impeller  stage  efficiency  and  slip  factor  were  compared  to  corresponding 
computed  values. 

At  the  blade  leading  edge  and  in  the  radial  portion  of  the  impeller,  calculated  shroud 
average  pressures  agreed  with  measurements.  In  the  inducer  region  the  calculated  pres¬ 
sures  were  a  little  lower.  The  calculated  shroud  pressure  variation  with  angle  in  the 
inducer  region  and  radial  portion  of  the  impeller  in  general  agreed  with  corresponding 
Kulite  measurements.  Differences  were  recorded  across  the  blade  tip  and  splitter  vane  tip. 
The  calculated  impeller  stage  efficiency  and  slip  factor  were  slightly  higher  than  cor¬ 
responding  measured  values. 

The  three  comparisons  with  data  oualitatively  described  above,  tended  to  verify  the 
blade-to-blade  field  computed  by  VANS/BB.  Since  this  field  does  not  include  shroud 
scrubbing,  impeller  tip  blade  leakage,  secondary  flows  and  hub  effects,  the  above  areas 
of  difference  are  to  be  expected.  The  cross-sectional  approximation,  which  includes 
these  effects,  should  bring  the  computational  results  in  closer  accord  with  measurements. 

AXIAL  COMPRESSOR  CASCADE 

The  cascade  flow  field  was  computed  through  blade-to-blade  and  cross-sectional  approx¬ 
imations  (20)**at  a  freestream  Mach  number  of  1.46,  at  a  freestream  Reynolds  number  (based 
on  chord)  of  1.36  x  10°,  and  at  a  pressure  ratio  of  1.883.  To  describe  this  calculation 
five  items  are  discussed;  namely,  1)  geometry  and  mapping,  2)  meshes,  3)  zeroth 
approximation,  4)  blade-to-blade  numerical  results  and  5)  cross-sectional  numerical 
results. 

The  geometry  of  the  cascade  is  shown  in  Fig.  16  in  terms  of  traces  of  the  contoured 
sidewalls  and  symmetry  plane  in  a  fictitious  meridional  plane.  A  radius  of  254m  was  added 
to  the  ordinates  of  this  geometry  to  Drovlde  an  axis  from  which  the  axlsymmetric,  ortho¬ 
gonal,  curvilinear  coordinates  (x,y,z)  were  determined.  In  a  manner  similar  to  that  des¬ 
cribed  for  the  backswept  impeller,  the  curvilinear  coordinates  x,y,z  were  numerically  gen¬ 
erated. 

The  finite  difference  mesh  in  the  (x,y)  plane,  corresponding  to  the  lower  contoured 
wall  blade-to-blade  surface  (Fig.  16),  is  shown  in  Fig.  17.  The  main  blade  and  splitter 

*This  work  funded  by  General  Electric  Co.  under  Purchase  Order  Numbers  201SL4829323 
(1978)  snd  201SL4908656  (1979). 

**This  work  was  sponsored  by  the  U . S .  Air  Force  Aero  Propulsion  Laboratory  under 
Contract  No.  F33615-76-C2011. 
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geometries  are  indicated  in  figure.  The  blade  leading  edge  occurs  at  y  ~  .000416  radians, 
the  trailing  edge  occurs  at  y  =  .0006167  radians  and  the  main  blade  chord  is  .0762m. 

There  are  42  streamline-like-lines  and  80  potential-like-lines,  i.e.,  3360  points.  Stream- 
line-like-lines  are  spaced  finely  near  the  blade  surfaces  and  splitter  vane  are  coarsely 
elsewhere. 

The  zeroth  approximation  was  generated  by  the  Air  Force  Aero  Propulsion  Laboratory 
Program  UD0300  (2).  The  inviscid  UD0300  velocity  field  was  employed  to  compute  the  cor¬ 
responding  density  and  specific  internal  energy  fields  through  invoking  constant  stagna- 
enthalpy  and  under  the  assumption  of  isentropic  flow. 

The  VANS/BB  computer  code  was  applied  to  solve  for  the  cascade  flow  field  by  marching 
in  blade-to-blade  surfaces.  The  blade-to-blade  surface  was  moved  from  the  lower  contoured 
wall  of  Fig.  16  to  the  symmetry  plane.  This  calculation  required  5300  cycles  and  took  3.68 
hours  on  the  CDC  7600  computer. 

Fig.  18  shows  a  velocity  vector  plot  of  the  cascade  flow  field  on  a  blade-to-blade 
surface  62%  of  the  distance  between  contoured  wall  and  symmetry  plane  of  the  system.  A 
large  separation  region  is  indicated  on  the  suction  surface  starting  approximately  14  per¬ 
cent  of  a  chord  aft  of  the  suction  surface  leading  edge  and  terminating  at  about  60  percent 
of  a  chord.  In  addition  separated  flow  is  indicated  along  the  pressure  surface  of  the 
splitter  vane. 

Fig.  19  presents  a  velocity  vector  plot  of  the  inducer  region  of  the  cascade  flow 
field  on  a  blade-to-blade  surface  807.  of  the  distance  between  the  lower  contoured  wall  and 
symmetry  plane.  A  curved  bow  shock  wave  emanates  from  the  pressure  surface  leading  edge 
and  causes  the  suction  surface  boundary  layer  to  separate.  This  strong  suction  surface 
separated  region  distorted  the  cascade  flow  field  downstream  and  resulted  in  high  system 
losses,  particularly  in  the  passage  between  the  pressure  surface  of  the  splitter  vane 
and  main  cascade  blade  suction  surface. 

Based  on  the  blade-to-blade  field  on  a  3-D  finite  difference  mesh  of  63840  points  as 
the  previous  approximation,  the  cross-sectional  calculation  was  carried  through  2216 
cycles.  In  2216  cycles  the  cross-section,  which  is  comprised  of  1200  mesh  points,  moved 
from  the  upstream  boundary  of  the  system  (Fig.  16)  to  the  cascade  exit.  The  cascade  cross- 
sectional  approximation  required  53  minutes  in  the  CDC  7600  computer.  In  order  to  run 
this  iterate,  the  boundary  conditions  described  previously  for  the  VANS/CS  code  were  re¬ 
vised  for  the  cascade  (20). 

The  flow  field  structure  is  depicted  in  contour  plots  of  the  ratio  of  the  streamwlse 
component  of  velocity  Wzs  to  the  local  sound  speed  a  on  cross-sectional  planes  tipped 
nearly  normal  to  the  blading.  Fig.  20  presents  such  a  contour  plot  on  a  cross-sectional 
surface  located  at  an  axial  distance  ratio  Sr  of  .206  of  the  total  axial  distance  from 
the  leading  to  trailing  edges  of  the  blades.  This  cross-section  is  located  in  the  region 
of  suction  surface  separation  computed  earlier  in  the  blade-to-blade  approximation 
(Fig.  19).  Upstream  of  the  blading  Wzs/a  =  1.46,  while  in  the  tipped  cross-section  of 
Fig.  20  velocity  ratios  less  than  one  appear.  Therefore,  the  shock  wave  pattern  upstream 
of  the  cascade  entrance  is  sufficient  to  produce  subsonic  conditions.  Boundary  layers 
are  clearly  indicated  on  the  hub  and  pressure  surface  of  the  main  cascade  blade. 

A  contour  level  of  W zs/a  *=  -.20  exists  in  the  vicinity  of  the  suction  blade  surface 
(Fig.  20).  The  negative  ratio  indicates  the  presence  of  a  separated  region.  The  sepa¬ 
rated  region  starts  at  an  ordinate  m  of  about  .04  and  takes  up  about  a  third  of  the 
cross-section.  The  shock  wave  emanating  from  the  leading  edge  of  the  pressure  surface 
of  the  main  cascade  blade  interacts  with  the  turbulent  boundary  layer  flowing  along  the 
suction  surface  to  produce  the  separation.  This  separated  region  reduces  the  effective 
flow  area  of  the  cross-sectional  surface;  thus,  markedly  disturbing  the  flow  pattern 
there. 

The  suction  surface  separated  region  shown  in  Fig.  20  is  in  accord  with  the  suction 
surface  separated  region  of  Fig.  19,  computed  in  the  blade-to-blade  approximation.  Thus, 
two  successive  approximations  produced  nearly  the  same  separated  flow.  Furthermore,  as 
in  the  case  of  the  backswept  impeller,  through  alternating  the  direction  of  marching  a 
vortex  was  computed  in  cross-sectional  surfaces  which  did  not  contain  the  vortex. 

A  comparison  of  calculated  and  measured  static  pressures  along  the  main  blade  and 
splitter  vane  are  shown  in  Figs.  21  and  22,  respectively.  These  data  are  taken  at  the 
symmetry  plane  of  the  system.  The  solid  line  indicates  VANS  calculated  results,  the 
darked  line  indicates  results  from  the  Dodge  code  (5),  and  these  data  points  represent 
measurements  of  Holtman,  McClure  and  Sinnet  (21). 

On  the  main  suction  blade  (Fig.  21)  the  VANS  computed  pressures  are  generally  in 
accord  with  these  data.  The  Dodge  computed  pressures  indicate  good  correlation  with 
measurement  along  the  suction  surface  to  about  the  65  percent  chord  station.  At  this 
point  the  numerical  results  tend  to  drop  off  and  then  gradually  build  up  to  the  proper 
level  at  the  trailing  edge  of  the  system.  Previously  (Fig.  18) ,  it  was  Indicated  tnat 
re-attachment  of  the  suction  surface  separated  flow  takes  place  at  about  the  60  percent 
chord  station.  Thus,  it  appears  that  the  re-attachment  process  was  not  properly  computed 
by  the  Dodge  code. 


Comparisons  on  the  mein  blade  pressure  surface  (Fig.  21)  of  VANS  computed  pressures 
and  pressure  data  are  generally  good.  The  VANS  surface  pressure  distribution  has  a 
leading  edge  compression,  followed  by  a  rapid  expansion  to  the  5  percent  chord  station, 
and  then  a  more  gradual  compression.  The  Dodge  curve  has  the  same  general  shape;  how¬ 
ever,  the  expansion  minimum  occurs  at  about  the  38  percent  chord  station.  Aft  of  the  40 
percent  chord  station  the  VANS  and  Dodge  results  are  in  accord  with  the  data. 

Numerical  and  experimental  static  pressures  at  the  symmetry  plane  are  shown  in  Fig. 
22  for  the  cascade  splitter  vane.  The  calculated  pressures  along  the  splitter  suction 
surface  are  in  excellent  agreement  with  corresponding  data  for  both  the  VANS  and  Dodge 
numerical  methods.  Near  the  trailing  edge  of  the  splitter  suction  surface  the  VANS 
pressures  are  higher  than  the  Dodge  predictions.  More  data  are  required  to  evaluate 
these  results.  The  Initial  drop  in  VANS  predicted  pressure  on  the  splitter  pressure 
surface  is  due  to  separation.  It  appears  from  Fig.  22  that  the  VANS  calculated  initial 
pressure  drop  is  over-estimated;  thus,  the  extent  of  the  separated  region  may  be  over¬ 
estimated.  The  Dodge  pressures  on  the  splitter  pressure  surface  are  in  excellent  agree¬ 
ment  with  these  data.  After  reattachment  has  taken  place  the  VANS  numerical  and  experi¬ 
mental  pressures  are  in  accord  on  the  splitter  pressure  surface. 

SUMMARY  AND  OONCUJSIONS 


An  alternating  direction  explicit  numerical  method  has  been  developed  to  solve  the 
steady,  3-D  Navier-Stokes  equations  for  impellers,  turbines  and  cascades  of  airfoils. 

The  method  is  based  on  successive  approximations ,  which  start  from  a  quasi-three-dimen¬ 
sional  solution  to  generate  a  flow  field  on  blade-to-blade  surfaces  of  the  turbomachine 
or  cascade.  The  blade-to-blade  field  is  then  employed  to  develop  the  flow  field  on  cross- 
sectional  surfaces  in  the  blading  passage. 

The  VANS  computer  codes,  which  embody  the  ADE  method,  were  applied  to  solve  for  the 
flow  fields  within  the  blading  passages  of  a  radial  Impeller,  two  backswept  impellers, 
and  an  axial  cascade.  Detailed  viscous  fluid  mechanical  phenomena  were  calculated,  such  as 
trailing  edge  suction  blade  separation  for  the  radial  impeller,  leading  suction  blade 
separation  and  shroud  separation  for  the  backswept  impellers,  and  a  strong  shock-wave 
boundary  interaction  for  the  axial  cascade.  Information  of  this  type  is  essential  to  the 
development  of  significant  improvements  in  the  performance  of  blading  for  impellers, 
turbines  and  cascades. 

The  impeller  and  cascade  computations  indicate  that  the  ADE  numerical  method  can 
produce  a  useful  engineering  solution  to  complex  turbo-machinery  problems  within  two 
Iterations.  Future  computations  of  turbo-machinery  problems,  involving  more  than  two 
iterations,  are  required  to  demonstrate  convergence  of  the  method  and  quantitatively 
define  its  accuracy. 

The  VANS/BB  and  VANS/CS  explicit  computer  codes  are  presently  being  converted  to  run 
on  the  CRAY-1  computer.  Shang  and  Hankey  (22)  determined  the  speed  of  their  3-D,  explicit 
Navier-Stokes  code  on  the  CRAY-1  computer.  It  was  found  that  the  vectorized  CRAY-1  version 
outperformed  the  scalar  CDC  7600  version  by  a  factor  of  24.5.  Thus,  it  is  not  unreason¬ 
able  to  assume  that  the  VANS  CDC  7600  codes  can  be  sped-up  by  a  factor  of  10  on  the  CRAY-1 
computer.  Therefore,  on  the  CRAY-1  computer  the  VANS  codes  will  run  turbo-machinery  type 
problems  In  40  minutes.  In  addition,  the  real  time  to  solve  a  problem  will  diminish  from 
24  months  on  the  CDC  7600  computer  to  four  days  on  the  CRAY-1  computer. 

It  is  further  pointed  out  that  in  the  area  of  computational  efficiency  great  strides 
may  yet  be  made,  jt  may  be  possible  to  speed-up  the  VANS  codes  by  an  additional  factor 
of  ten.  The  VANS  finite  difference  equations  can  be  upgraded  to  second  order  accuracy 

and  high  computational  efficiency  through  implicit  computation.  In  implicit  computation 
the  marching  increments  may  be  increased  markedly  from  the  CFL  marching  Increment.  For 
example,  on  an  implicit  basis  we  may  be  able  to  affect  the  cross-sectional  mode  of 
marching  in  200  cycles  of  computation,  where  the  present  explicit  cross-sectional  code 
of  marching  requires  8000  cycles.  A  cycle  of  computation  is  defined  as  updating  the 
dependent  variables  on  all  the  mesh  points  of  one  blade-to-blade  or  cross-sectional  sur¬ 
face.  Therefore,  it  seems  very  possible  that  the  VANS  codes  can  become  a  design  tool, 
requiring  a  few  minutes  on  a  CRAY-1  computer. 
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Fig. 5  Finite  difference  me'’.  the  impeller  hub  blade-to-blade  surface  of  calculation; 
z  =  —1.22524  radians;  mesh  is  composed  of  20  x  39  points 


Fig.6  Relative  velocity  vector  plot  of  the  inviscid  impeller  flow  field  on  the  hub  blade-to-blade 
surface  of  revolution,  z  =  —1 .22524  radians;  +  symbols  indicate  the 
pressure  and  suction  blade  surfaces 


radians 


Fig.7  Relative  velocity  vector  plot  of  the  viscous  impeller  flow  field  on  the  elliptic  biade-to-b!ade 
surface  of  revolution  at  z  =  -1.1960  radians;  +  symbols  indicate  the  pressure  and  suction  blade 
surfaces;  blade-to-blade  surface  moved  31%  of  distance  between  hub  and  shroud  at  discharge 


Discharge 


Fig.8  Meridional  traces  of  hub  and  shroud  lines  for  CRFARE  backswept  centrifugal 
impeller;  orthogonal  coordinate  system  also  shown 
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Fig.  1 3  Velocity  vector  plot  of  the  cross-sectional  flow  field; 
cross-section  corresponds  to  1 8%  of  total  hub  distance  between 
leading  and  trailing  edges  of  blades; 
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Fig.  14  Velocity  vector  plot  of  the  cross-sectional  flow  field; 
cross-section  corresponds  to  97%  of  total  hub  distance  between 
leading  and  trailing  edges  of  blades; 

/=_L/hxdx  m  =  ^/hydy, 
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Fig.  1 5  Contour  plot  of  the  streamwise  component  of  relative  velocity  to  the  critical  velocity; 
cross-section  corresponds  to  85%  of  total  hub  distance  between  leading  and  trailing  edges  of  blades 


ft. 


Fig.  17  Finite  difference  mesh  on  the  hub  blade-to-blade  surface,  z  =  0;  the  parameters  x  and  y  correspond  to 
curvilinear  coordinates  on  this  surface;  the  mesh  is  comprised  of  42  streamline-like-lines  and  80  potential-like-lines 
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Fig.  19  Velocity  vector  plot  of  the  inducer  flow  field  on  a  blade-to-blade  surface  80%  of  the 
distance  between  the  hub  and  symmetry  plane;  z  =  .2278  x  10~3 


1  Comparison  of  numerical  and  experimental  results  on  Fig. 22  Comparison  of  numerical  and  experimental  results  on 

cascade  main  blade;  M„  =1.46, Re,,,  =1.36x10®  cascade  splitter  vane;  M„,  =  1.46, Re„  =  1.36x10® 


6-29 


DISCUSSION 


T.Yoshinaka,  Pratt  &  Whitney,  Ca 

Your  calculated  results  must  be  affected  by  the  loss  model  used. 

Author's  Reply 

There  is  no  loss  model  used  in  the  calculations.  The  appearance  of  loss  arises  simply  from  the  viscous  terms  in  the 
(low  equations  as  governed  by  the  turbulence  model.  There  is  however  a  degree  of  empiricism  in  the  calculation  of 
the  tip  clearance  loss  and  the  eddy  viscosity. 


G.Serovy,  Iowa  State  University,  US 

Could  the  author  please  describe  in  more  detail  the  nature  of  the  blade-to-blade  calculating  surfaces  which  are 
defined  by  the  grid .  Are  these  specifically  stream  surfaces? 

Author’s  Reply 

The  calculations  are  carried  out  on  a  set  of  blade-to-blade  calculating  grids  but  these  are  not  stream  surfaces  because 
there  is  no  assumption  made  that  flow  cannot  pass  through  these  surfaces.  They  are  simply  surfaces  defined  by  grid 
points  and  there  is  complete  freedom  of  movement  of  flow  across  them. 


K.Papailiou,  University  of  Athens,  Gr 

I  would  like  to  congratulate  the  author  of  this  paper  on  an  excellent  piece  of  work.  1  would  also  like  to  ask  him  if 
the  effects  of  Coriolis  and  curvature  are  dealt  with  in  the  turbulence  model. 

Author’s  Reply 

The  Coriolis  and  curvature  effects  are  not  contained  in  the  turbulence  model  and  so  the  method  is  deficient  in  this 
respect. 


J.W.Railly,  Birmingham  University,  UK 

In  the  example  of  the  calculation  of  flow  through  an  axial  cascade  the  author  referred  to  the  calculation  of  flow  in 
the  presence  of  supersonic  inlet  Mach  numbers  at  incidence.  Please  could  the  author  explain  how  the  elliptic 
calculation  copes  with  this  situation.  The  only  steady  method  of  which  1  am  aware  which  can  account  for  this 
situation  is  die  method  of  Spalding,  which  uses  pressure-marching  terms  in  the  blade-to-blade  plane. 

Author’s  Reply 

Professor  Railly  addresses  an  important  problem,  that  of  development  of  an  upstream  boundary  condition.  We 
prescribe  the  velocity  components  along  the  upstream  boundary  and  the  inlet  mass  flux.  The  computer  code 
computes  the  density  and  pressure  at  the  upstream  boundary.  Provided  that  the  upstream  boundary  is  located  a  few 
chords  upstream  of  the  cascade,  disturbances  emanating  from  the  cascade  are  small  at  the  upstream  boundary. 
However,  it  is  clear  that  a  boundary  condition  is  required  which  permits  the  upstream  boundary  to  be  located  close 
to  the  cascade. 
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SUMMARY 

An  inviscid,  rotational,  three-dimensional  flow  model  in  centrifugal  compressors  is  presented.  The  30 
flow  is  separated  into  a  potential  flow  part  and  a  rotational  part  described  bv  a  simple  additional  funct¬ 
ion.  The  solution  of  the  potential  flow  part  is  described  in  this  paper  and  applied  to  several  centrifugal 
compressors.  Results  are  compared  to  experimental  data  as  well  as  to  results  of  a  ouasi-3D  calculation 
procedure. 


INTRODUCTION 

Recent  attempts  to  model  the  complex  three-dimensional  flow  in  centrifugal  compressors  range  from  full 
viscous  calculations  to  various  quasi  three-dimensional  calculation  techniques  as  illustrated  in  a  recent 
ASME  symDOsium  on  Performance  Prediction  in  centrifugal  compressors  I  11 .  The  viscous  calculation  methods 
besides  the  larger  computer  times  they  require,  are  presently  limited  to  'parabolic  marching'  approximations 
[ 21 ,  (  3] ,  valid  only  in  absence  of  back  flow  and  hence  do  not  yet  handle  properly  strongly  separated  regions 
such  as  the  wake  flow  occuring  frequently  in  the  shroud-section  side  corner  of  radial  compressors.  On  the 
other  hand  the  quasi  three-dimensional  calculations  (Q30)  combine  various  two-dimensional  flows  in  an  inter¬ 
active  way  (through-flow  and  blade-to-blade  stream  surfaces)  based  on  inviscid  calculations  with  super  impo¬ 
sed  loss  models  and  eventually  2D  boundary  layer  calculations.  With  the  exception  of  the  Adler  and  Krimerman 
calculation  (41,  these  methods  are  all  based  on  axisymmetric  blade-to-blade  stream  surfaces  and  hence  do  not 
consider  properly  the  secondary  flow  components. 

All  these  methods  require  some  level  of  emoirical  inout.  The  viscous  calculations  need  information  with 
regard  to  the  turbulence  and  as  shown  in  f  3] 1 ead  to  results  which  are  quite  sensitive  to  the  intensity  of  the 
turbulent  eddy  viscosity  introduced  in  the  model.  The  Q3D  calculations  are  based  on  the  existence  of  an 
inviscid  core  flow  and  require  either  empirical  incut  with  regard  to  loss  levels  and  slip  factors  or  empiri¬ 
cal  input  with  regard  to  three-dimensional  effects  when  PD  boundarv  layer  calculations  are  coupled  to  the 
basic  inviscid  model . 

If  one  accepts  a  boundary  layer  type  approximation,  eventually  with  an  adapted  calculation  f or  the  separa¬ 
ted  reoion,  an  intermediate  model  between  the  viscous  calculation  and  the  interactive  03D  calculation  is 
provided  by  an  inviscid  rotational  three-dimensional  model.  Methods  based  on  this  model  can  be  ouite  fast 
on  present  day  computers  since  they  require  a  smaller  number  of  mesh  point  and  less  operations  per  point  than 
the  viscous  calculations.  Hence,  the  question  arises  to  define  under  which  conditions  such  a  model  would  be 
acceptable  as  an  intermediate  level  of  approximation.  The  present  naoer  is  an  initial  step  in  an  attemnt  to 
answer  this  question. 

The  first  step  in  such  a  calculation  is  provided  by  a  potential  flow  model,  the  second  step  consisting  in 
addino  a  rotational  component  to  the  basic  potential  flow.  This  procedure  will  be  described  in  the  first 
section  and  the  second  section  presents  the  basic  method  and  the  Finite  Element  procedure  for  the  potential 
flow  part. 

Results  are  obtained  forthis  irrotational  component  for  the  A,  B  and  C  impellers  of  Mizuki  A  al  [  5]  ,1  61 
and  are  compared  with  experimental  data  and  with  previous  results  based  on  a  quasi-3D  calculation  I  7] . 

_General_eguatlons 

We  consider  the  3D  steady  flow  of  a  non-viscous,  compressible  fluid  through  a  blade  row,  which  might  be 
fixed  or  rotation  at  constant  angular  velocity  n.  The  basic  equations  are  written  as  follows,  assuming 
steady  relative  flow 

continuity  equation  ?(oV)  =  i3  % 

Euler  equation  S3a(vA^)  =  ^1  -  T  vs 

conservation  of  energy  (3  =  0 

When  the  blade  row  is  of  the  stator  type  we  have 

u  =  =  6 

and  I,  S3  become  respectively  H,  ?  in  equation  (1)  to  (3). 

From  (2)  and  (3)  follows  the  entropy  equation,  in  absence  of  any  drag  force, 

fi  vs  =  n  (4) 

As  appears  from  eq.(2),  the  general  flow  is  rotational  when  the  rothalphy  I  and  the  entropy  S  are  not  con¬ 
stant  in  the  whole  flow  field. 

If  one  considers  inlet  flow  conditions  without  tangential  distortion  and  more  particularly  an  inlet  flow 
field  of  the  form 


(1) 

(2) 

(3) 
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V  =  V(r)  (5) 

and  initial  profile  of  I  and  S  with  only  radial  nradient,  that  is 

I  =  I (r)  and  S  =  S(r)  (6) 

than  one  has  the  property  that 

wvl  =  wVS  =  0  (7) 

where  u  is  the  absolute  vorticity  vector 

Z=W  (8) 

Eq.(7)  together  with  eqs.(3)  and  (4)  will  be  compatible  with  eq.(6)  if  the  inlet  flow  field  satisfies  the 
condition 


Vr  =  0  (9) 

that  is,  the  inlet  flow  has  no  radial  velocity  components. 

This  situation  is  likely  to  occur  in  most  of  the  practical  inlets  to  radial  compressors,  or  can  be  simula¬ 
ted  in  a  model  by  an  appropriate  inlet  region.  The  interest  of  relations  (7)  lies  in  the  fact  that  it  al¬ 
lows  to  reduce  the  number  of  unknown  functions  from  three  to  two. 

The  general  representation  of  a  rotational  flow  field  can  be  written  as  (the  so  called  Clebsch  represen¬ 
tation) 


H  =  $*+  iiij?  S  +  <P2v  I  (10) 

the  three  unknown  functions  *,  and  ^  correspond  to  the  three  unknown  velocity  components. 


With  (3),  (4)  and  (6),  one  has 

VI  = 


dl 

3S 


vS 


leading  to  a  representation  of  the  form 

?  =  V*  +  ifiVS 

or 

?  =  V*  +  *Vl 

Since,  from  (12) 

V.A$  =  7'MVS 

eq.  (2)  leads  to  the  equation  for  ip 

^  =  T  -  3? 

Simularly,  the  representation  (13)  leads  to 

dS 

3T 


'tovp  =  t  41  -  i 


(ii) 

02) 

(13) 

(H) 

(15) 

(16) 


Therefore,  introducing  the  representation  (12)  in  the  continuity  equation  one  obtains 

=  -$0i$S  +  u^p  (17) 

which  can  be  solved  interactively  together  with  eq . { 15 )  for  the  unknowns* and  *. 

The  importance  of  this  family  of  flows  comes  from  the  property  shown  by  Cazal[8]  that  if  (7)  is  satisfied 
at  a  given  instant,  it  will  be  satisfied  always. 

In  ref.  [81  an  equivalent  representation  is  used,  namely 

V  =  v*  +  Sv* 

leading  to  an  equation  for  *  identical  to  (15)  but  with  a  reverse  sign. 

The  function  *  is  the  potential  function  and  describes  the  irrotational  flowfield.  The  *  function  will 
therefore  describe  the  rotational  components  of  the  flow  if  initial  gradient  of  I  or(and)  S  are  present. 

It  appears  from  (17),  that  the  basic  equation  does  not  differ  fundamentally  from  the  potential  flow  equa¬ 
tion  and  that  the  same  basic  computational  method  can  be  adopted. 

The  first  step  is  therefore  to  develop  a  calculation  method  for  the  potential  flow  component  and  this  step 
is  described  in  the  present  paper. 

Assuming 


vl  =  vS  =  0 


(18) 


eq.(2)  reduces  to  the  irrotational Ity  condition  for  the  absolute  flow 

v  \  V  -  0 


(191 
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and  with  the  introduction  of  the  potential  function 

V  =  (20) 

the  continuity  equation  leads  to 

5p$<t>  =  tl?p  (21) 

which  is  the  equation  to  be  solved  for  the  30  potential  flow. 

As  is  well  known,  the  condition  I  =  H  -  UV  =  —  in  the  flow  field,  with  H  =—  in  the  in-  and  outlet 
reqions,  implies  that  (rVe)  remains  constant  ein  the  in-  and  outlet  regions. 

2i_Fi  r;lte_El  ement_SoIution_fgr_Potent!aI_riow 

The  Finite  Element  method  is  applied  to  solve  the  basic  three-dimensional  potential  flow  field,  through 
a  standard  Galerkin  method  applied  to  eq.(21),  leading  to 


/v  pVWi  9*  dV  =  -  /v  UVp.V^  dV  +  <S£>!£  .  W.  dS  (22) 

where  V  is  the  volume  taken  by  the  whole  flow  domain 
S  is  the  surface,  enclosing  V 
W.  is  a  weighted  function. 

The  flow  region  is  discretized  with  finite  elements  : 

♦  =  l  ♦1  Ni  (23) 

where  N,  are  the  shape  functions,  and  using  the  shape  functions  as  weight  function,  (23)  becomes  : 

rvP.  VN.  yNj.dV  =  -  /y  U  VpN .dV  +  P  .  N.  dS  (24) 

The  boundary  conditions  are  defined  as  follows  : 

Along  the  inlet  and  outlet  surfaces,  the  normal  derivatives 

0  fn  '  pVn 

are  imposed  where  V  will  generally  be  the  meridional  velocity  taken  usually  as  uniform  if  the  planes  are 
sufficiently  far  downstream  and  upstream  of  the  blade  row. 

Along  the  blade  surfaces,  one  has 


expressing  that  the  relative  normal  velocity  component  is  zero. 

Along  the  boundaries  limiting  the  domain  in  the  pitchwise  direction  upstream  and  downstream  of  the  blade 
row,  neriodicity  conditions  are  imposed  -  fig.  5. 


*Q  '  *P  =  *B  '  *A  =  <sVin 
♦Q’-  Vs  V  *A,=  {sVe)out 


where  B  and  A  are  periodic  points. 

At  inlet,  V#  is  known  while  at  outlet  Ve  is  obtained  through  a  slip  factor  or  a  Kutta-Joukovski  condition. 

The  present  computational  procedure  is  an  extension  of  the  two-dimensional  methods  developed  for  subsonic 
blade-to-blade  flows  (91.  Finite  element  computations  of  the  3D  potential  flows  have  also  been  performed  by 

Worster  (10)  for  incompressible  flows  in  pumps  and  by  Laskaris(ll)  for  the  compressible  subsonic  case. 
?BBliS3il9D.{9.C§^i§l.SQ,BBEg||QCI 

The  finite  element  code  for  potential  flows  has  been  developed  with  cubic  trilinear  elements  (8  nodes  per 
three-dimensional  element)  and  applied  to  the  three  compressors  A,  B,  C  tested  by  Mizuki  &  al . | 5]  ,[61  . 

Figures  1  to  3  give  a  three-dimensional  view  of  the  flow  domain  between  two  blades,  for  respectively  com¬ 
pressors  A,  B,  C,  the  numbers  of  the  different  stations  being  indicated  on  the  figures.  For  the  sake  of 
clarity,  not  all  of  the  grid  points  are  shown  on  these  figures. 
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'n  order  to  obtain  a  solution  which  satisfies  accurately  the  boundary  conditions,  a  higher  density  of  qrid- 
points  near  the  blades,  hub  and  shroud  is  required.  Figures  4,  5  show  the  distribution  of  the  grid  points 
in  respectively  a  meridional  and  blade-to-blade  surface  of  compressor  C.  As  can  be  seen  9  blade-to-hlade 
and  11  meridional  surfaces  are  used,  Using  3  stations  upstream  and  downstream  of  the  blade  row,  the  total 
number  of  gridpoints  is  2178.  Figure  6  shows  the  evolution  of  the  calculated  velocities  in  the  meridional 
surfaces,  going  from  suction  towards  pressure  side,  for  compressor  B  and  0  =  0.5.  The  first  surface  is 
the  suction  side  of  the  blade  and  the  last  one  the  pressure  surface  of  the  next  blade. 

Finure  7  shows  the  velocities  insome  points  on  the  hub  side  of  compressor  A  for  0  =  0.5.  Figure  8  repre¬ 
sents  the  streamlines  in  the  same  case,  as  obtained  by  the  quasi-3D  method  I  71  and  in  figure  9  the  measu¬ 
red  results  by  Mizuki  et  al .  [  6] are  shown.  On  the  three  figures  it  is  seen  that,  halfway  the  oassane,  the 
streamlines  sligthly  bend  from  pressure  toward  suction  side.  At  the  outlet  of  the  blade  row  there  is  a 
slip  tendency  from  suction  toward  pressure  side. 

In  figures  into  15the  blade  static  pressure  distributions  in  the  hub  and  shroud  surfaces  are  represented 
along  the  suction  and  pressure  sides.  The  points  show  the  experimental  results  obtained  by  Mizuki  et  al . 

15|  .  The  continuous  line  represents  the  calculated  three-dimensional  inviscid  results,  while  the  dashed 
line  shows  the  results  as  obtained  by  Adler  and  Krimerman  with  their  3D  calculation  method  | 121  .  The  mass 
flow  is  in  all  cases  0  =  0.5. 

In  the  case  of  compressor  A  ,fig.  10,  a  local  acceleration  is  found  at  the  suction  side  near  the  shroud, 
in  a  point  approximately  30t  downstream  from  the  impeller  inlet,  i.e.  at  exit  of  the  inducer.  This  decrease 
might  be  caused  by  the  shocked  inlet  conditions  at  the  reducer,  according  to  Mizuki  et  al.  (51  .  Due  to 
the  larqe  gradient  of  static  pressure  along  the  shroud-suction  surface  streamline,  the  flow  will  separate 
in  this  corner.  As  the  present  model  is  non-viscous,  the  obtained  results  disanree  rather  strongly  with 
the  experimental  data.  Near  the  hub  the  flow  is  not  separated,  due  to  the  concave  wall  and  better  agreement 
between  measurements  and  prediction  is  obtained,  fig.  11. 

Compressor  8  also  shows  a  decrease  of  pressure  at  inducer  outlet,  at  the  suction  side  near  the  shroud.  The 
decrease  is  smaller  than  for  the  A-type  and  therefore  the  flow  is  not  separated.  In  consequence  the  predic¬ 
ted  results  follow  the  measurements  quite  closely,  fig.  12  and  13.  The  third  line  on  the  figures  1?  and  13 
shows  the  results  obtained  with  a  quasi-3G  method  (71  with  axisymmetric  blade-to-blade  surfaces.  It  is  to 
be  noted  that  the  measured  data  correspond  to  the  7/8  streamline  of  ref  (5]  while  the  calculated  data  were 
taken  along  the  shroud.  The  results  obtained  from  the  calculation  show  indeed  a  less  marked  drop  in  pres¬ 
sure  along  the  corresponding  streamsurface,  although  the  loca1  acceleration  is  still  stronger  than  in  the 
measured  data  and  stronger  than  the  calculated  distrubutions  uy  Adler  and  Krimerman. 

In  the  case  of  compressor  C,  fig.  14  and  15,  the  measurements  show  a  pressure  reversal  near  the  shroud, 
i.e.  the  pressure  on  the  suction  side  becomes  higher  than  the  pressure  on  the  pressure  side.  This  reversal 
is  not  found  theoretically;  it  can  be  attributed  to  secondary  and  shroud  clearance  effects  as  well  as  even¬ 
tually  to  flow  instabilities  induced  by  the  convex  wall  boundary  layers.  Only  a  slight  decrease  of  the  pres¬ 
sure  at  inducer  outlet  occurs  and  again  there  will  be  no  separation.  The  predicted  and  measured  results 
agree  quite  well  with  the  data  and  with  the  calculation  from  I  32),  with  the  exception  of  the  mentioned  re¬ 
versal  effect.  Figures  16  to  18  show  the  pitch-averaned  pressure  alonn  the  shroud  for  the  three  compres¬ 
sors.  Again  the  continuous  line  represents  the  results  obtained  with  the  present  3D  potential  pronram 
while  the  dashed  line  shows  the  prediction  of  Adler,  Krimerman  |  12!  .In  all  cases, 0  is  set  to  0.6.  The 
sudden  pressure  decrease  at  inducer  outlet  for  type  A  compressor,  indicating  a  flow  separation,  is  noticed 
again,  fig.  16.  After  the  point  of  separation  the  predicted  results  differ  rather  stronnlv  from  the  mea¬ 
surements  ,  as  already  mentioned  earlier.  Better  agreement  is  obtained  for  the  B  and  C  compressors,  fin. 

17  and  18,  althounh  the  calculated  isentropic  pressure  rise  is  stronner  than  the  measured  one  in  both  cases. 
In  finures  19,  20  the  secondary  flow  pattern  in  station  number  9  of  compressor  B  is  represented,  for  0=0.5. 
Figure  19  shows  the  results  obtained  by  the  3D  potential  pronram,  while  fin.  2D  shows  the  measured  flow 
pattern  as  obtained  by  Mizuki  et  al .  (  6| . 

As  can  be  seen  on  fig. 20,  the  real  flow  yields  a  clockwise  rotation,  i.e.  a  rotation  in  the  sense  of  M,  in 
station  number  9.  As  mentioned  in  [6]  a  part  of  this  rotation  can  be  derived  from  the  potential  flow  theo 
ry  (fig.  19). 

Hence, the  inherent  secondary  flow  components  in  station  9  could  be  obtained  by  subtraction  the  velocity- 
vector,  from  the  3D  potential  flow  calculation,  from  the  real  measured  velocity-vector. 

The  same  results, predicted  and  measured,  for  compressor  C,  0  =  0.5,  are  represented  in  respectively  finu- 
res  21  and  22,  and  the  similar  potential  flow  rotation  is  seen. 

Figure  23  shows  a  comparison  between  measured  and  calculated  meridional  velocity  distributions  from  the 
pressure  side  to  the  suction  side  alonn  station  number  13  for  the  hub  blade-to-blade  surface.  The  full 
line  is  obtained  from  the  present  method  while  the  dashed  line  is  from  a  quasi-3n  calculation  of  |  6| .  As 
noted  also  by  Adler  and  Krimerman  f  121 ,  the  fully  potential  flow  calculation  predicts  a  slope  which  is 
closer  to  the  measured  data,  althounh  the  level  is  underpredicted,  due  probably  to  blocane  effects  of  tiie 
wall  boundary  layers. 

conclusion 

A  three-dimensional  potential  flow  calculation  method  has  been  developed  and  applied  to  the  three  com¬ 
pressors  tested  by  Mizuki  et  al.  The  calculated  data  show  that  a  potential  flow  model  can  be  used  with  an 
acceptable  prediction  capability,  if  no  separation  occurs  asin  compressors  B  and  C.  Secondary  flow  effects 
are  not  predicted  by  the  present  calculation  and  their  inclusion,  tonether  with  the  addition  of  hub  and 
shroud  boundary  layers  should  improve  further  the  reliability  of  the  3D  computations  in  absence  of  strong 
separation. 
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NOMENCLATURE 


H  total  enthalphy 

I  rotalphy  ;  I  =  H  -  U  V. 

© 

radius 
entropy 
pitch 

static  temperature 
wheel  speed  vector  ■  nr 
absolute  flow  vector 

relative  flow  vector 
specific  mass 

potential  function;  mass  flow  coefficient*  mean  outlet  radial  velocity  /  outlet  wheel  speed 
unknown  function  in  the  expression  for  V 
rotor  angular  velocity 

curl  of  the  absolute  velocity  vector. 

SUBSCRIPTS 


n 

r 

e 


normal  component 
radial  component 
tangential  component 


A-TYPE  N-B000RPM 
PHI-0.  50 
PRESSURE  HUB 


Figure  10.  Blade  static  pressure  distribution  on 
shroud  surface  of  A-type  impeller  at  $*.5  . 


Figure  1 1 .  Blade  static  pressure  distribution  on 
hub  surface  of  A-type  impeller  at  4*=.5  . 


B— TYPE  N-6000RPM 

phi—  a.  so 

PRESSURE  HUB 


/ 

s\.i 

A* 


Figure  12.  Blade  static  pressure  distribution  on 
shroud  surface  of  B-type  impeller  at  $=.5  . 


Figure  13.  Blade  static  pressure  distribution  on 
hub  surface  of  B-type  impeller  at  $-.5  . 
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C-TYPE  N-O000RPM 
PHI-0.  50 
PRESSURE  HUB 


— cr  '  o 


Figure  14.  Blade  static  pressure  distribution  on  Figure  15.  Blade  static  pressure  distribution  on 

shroud  surface  of  C-type  impeller  at  $=.5  .  hub  surface  of  C-type  impeller  at  . 


present  3D  results 


-  3D  results  of  ref.f  12)  - 03D  resultg  of  7] 
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present  3D  results 
3D  results  of  ref. I  12] 


Figure  16.  Pitch-averaged  static  pressure 
distribution  on  shroud  surface  of  A-type 
impeller  at  $-.5  . 
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Figure  17.  Pitch-averaged  static  pressure 
distribution  on  shroud  surface  of  B-type 
impeller  at  $=.5  . 
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0.  0O0  *  500  1*  000 


Figure  18.  Pitch-averaged  static  pressure 
distribution  on  shroud  surface  of  C-type 
impeller  at  ♦=.5  . 
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Figure  19.  Projection  of  calculated  flow 
field  on  station  No. 9  of  B-type  impeller 
at  ♦-.5  . 


Figure  20.  Measured  flow  pattern  in  station 
No. 9  of  B-type  impeller  at  $».5  . 
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DISCUSSION 


D.Japikse,  CREARE,  US 

I  would  like  to  ask  the  author  if  he  has  calculated  the  secondary  flow  for  Case  ‘A’  of  Mizuki  which  was  published  at 
the  ASME  conference  earlier  this  year.  I  would  also  like  to  ask  the  author  if  he  feels  that  the  wake  structure  in  the 
impeller  is  predictable  using  inviscid  methods  only. 

Author's  Reply 

The  calculation  of  the  secondary  flow  is  not  possible  with  the  potential  function  alone.  The  addition  of  the  non- 
viscous  rotational  component  will  allow  that  calculation  which  is  underway  for  various  compressors  and  in  particular 
for  the  case  ‘A’  of  Mizuki.  However  these  results  are  not  yet  available  at  the  present  time. 

As  is  well  known  the  calculation  of  a  separated  region  is  not  possible  with  non-viscous  methods.  However,  we  feel 
that  a  rotational,  non-viscous  calculation  would  be  able  to  detect  the  tendency  towards  separation,  since  one  car, 
consider,  in  a  “boundary  layer  sense”,  that  the  non-viscous  flow  determines  the  tendency  towards  separation  and 
“triggers”  the  viscous  separation.  However  this  should  be  confirmed  by  explicit  calculations. 


Y.Ribaud,  ONERA,  Fr 

I  would  like  to  comment  that  two  types  of  vortex  flow  seemed  to  appear  in  a  centrifugal  rotor  where  the  flow  is 
assumed  to  be  non-viscous. 

( 1 )  For  low  flows  there  appear  true  vortices  on  the  pressure  surface.  These  are  shown  by  flow  visualisation  using 
smoke. 

(2)  In  the  cases  where  there  are  strong  gradients  of  stagnation  pressure  upstream  of  the  impeller  where,  if  the  work 
varies  spanwise,  there  will  be  downstream  of  the  leading-edge  a  vortex  sheet  which  one  must  take  into  account 
in  the  calculation.  The  use  of  the  velocity  potential  will  help  to  simulate  this  effect. 

Author’s  Reply 

The  shed  trailing  edge  vortices,  appearing  from  the  deviations  from  free  vortex  flow,  can  be  described  by  the  present 
method  and  will  automatically  be  included  in  the  solution  when  the  rotational  components  are  added  to  the 
potential  flow  solution. 
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SUMMARY 

Difficulties  in  the  numerical  solution  of  the  flow  in  advanced  centrifugal  compres¬ 
sors  arise  from  the  transonic  nature  of  the  flow.  In  order  to  solve  this  problem  a  time 
dependent  method  of  characteristics,  which  takes  into  account  shock  waves,  boundary  layer 
and  wakes,  is  presented. Separated  flow  is  simulated  by  simplified  models.  Such  a  program 
is  proposed  for  centrifugal  compressors  both  for  impellers  and  diffusers.  Extension  of 
the  method  to  unsteady  phenomena  is  discussed.  Results  are  discussed,  and  they  demonstrate 
the  possibilities  of  the  method  at  the  present  state-of-the-art. 


LIST  OF  SYMBOLS 

a  speed  of  sound 

b  channel  width 

h  enthalphy 

h  channel  height  (see  Fig.1) 

m  meridional  coordinate  (see  Fig.1) 

m  mass  flow  rate 

M  Mach  number 

n  normal  coordinate  (see  Fig.  1) 

p  pressure 

r  radius 

S  entropy 

t  time 

tin  time  for  impeller  acceleration 
U  peripheral  velocity 

V  absolute  velocity 

W  relative  velocity 

x,y,z  auxiliary  transformed  coordinates 
(see  appendix  A1 ) 

X!,y2  natural  coordinates 
X,Y  rectangular  working  coordinates 
a,/3  functions  defined  by  Egs.(5) 
e  angle  of  m-lines  in  the  meridional 

plan  (see  Fig.1) 

a  angle  between  W  and  meridional 

coordinate  m 
p  density 

<p  angular  coordinate  (see  Fig.1) 

&)  angular  velocity 

E.lrC  rotated  coordinates  for  the  blade 

nose  definition  (see  App.AI) 


SUBSCRIPTS 

in  inlet 

J  in  the  jet 

out  outlet 

P  at  the  pressure  side  of  the  blade 
R  total  values  in  relative  motion 
S  at  the  suction  side  of  the  blade  or 
shear  layer  between  jet  and  wake 
sep  at  separation  point 

t  at  blade  tip  (shroud) 

T  total  values  in  absolute  motion 

W  in  the  wake 

0  at  iniflty  upstream 

1  at  blade  inlet 

2  at  blade  outlet 


1 )  INTRODUCTION 

In  the  last  20  years  great  emphasis  has  been  placed  in  designing  centrifugal  compres¬ 
sors  with  very  large  pressure  ratio  and  rotating  speed.  For  this  purpose  transonic  calcu¬ 
lation  methods  have  been  developed  in  order  to  deal  witii  very  heavy  flow  conditions  with 
particular  regard  to  viscid  and  3-dimensional  phenomena,  e.g.  rotating  boundary  layers 
and  wakes.  Moreover,  many  authors  pointed  out  that  the  energy  exchange  in  the  mixing 
process  downstream  of  the  rotor  are  fundamentally  unsteady.  Different  approaches  are 
proposed  for  this  goal. 

In  the  present  paper  a  time  dependent  method  is  described,  which  has  been  applied 
successfully  in  turbine  and  compressor  cascades.  Such  method  seems  to  include  many  of  the 
required  features  even  if  the  present  time  its  extension  to  3-dimensional  cases  is  unrea¬ 
listic. 


2)  METHOD  OF  ANALYSIS 
2a) Equation  of  Motion 

The  equations  of  motion  for  adiabatic  and  inviscid  flows,  neglecting  gravity  forces, 
from  the  point  of  view  of  a  relative  observer,  who  turns  toghether  with  the  turbomachine 
rotor  at  a  quasi-constant  angular  speed,  are: 

1)  continuity  equation  -|€+^'(PW)  =0  (1) 

3W  _k.  <  m  2  .  .2  j.2  a 

2)  momentum  equation  at  "  w  x  <Vxi5+2t>)  +  V  -  i=x~)  +  ^Vp  =  0  (2) 


3)  energy  equation 


d1  h 


_3_ 

3t 


(^J  dt 


(3) 


The  equation  (3)  is  written  along  the  particle  path,  the  symbol  (d')  beingdefined  by 
(d 1 )  =  W-7  (  )  dt.  W2  ,ur) 2 

We  introduced  the  total  enthalpy  in  relative  motion  h_  =  h  +  -y  -  ^ — • 

Of  course  the  equation  of  state  should  be  added, p  =  p(h,p). 

A  blade-to-blade  surface,  with  arbitrary  radii  and  channel  heights,  in  the  usual  hy¬ 
pothesis  of  stieam  surfaces  coincident  with  surfaces  of  revolution  (1)  is  considered  and 
the  equations  1-3  are  written  in  (m,<p)  coordinates  (2)  . 


Fig.  1)  Blade-to-blade  surface  of  revolution  (a)  and  meridional  channel  (b) . 

According  to  Carriere  and  Capelier  (3)  the  equations  on  this  blade-to-blade  surface 
are  derived  for  a  natural  coordinate  system  (x,+  y,)  defined  by 

dx,=  cos  9dm  +  r  sin  8  d<p  dyi=  r  cos  9  dip  -  sinSdm  (4) 

Finally  the  system  (x,,y,)  is  normalized  by  introducing  two  functions  a  and  8  defined 
by  dxl=adx  and  dyl=0dv  so  as  to  obtain  a  new  system  (X,Y)  where  X  is  parallel  to  the 
velocity  and  Y  is  perpendicular,  which  is  cartesian  and  rectangular  if  a  and  8  (considered 
as  functions  of  X,Y,t)  satisfy  the  conditions: 


3a  o  38 
3Y  0  3X 


a  8  S1_n-  sine 


38 

3X 


a  8 


cos  8 
r 


sin  e 


(5) 


which  are  the  integrability  conditions  for  the  system: 

dm  =  a  cos  8  dx  -  8  sinddY  d<p  =  a  0  dx  +  8  c— — 0  dY  equivalent 

to  Eqs.  (4).  If  Eqs.  (5)  are  valid  we  have  a  correspondence  between  the  systems  (m,(p)  and 
(X,  Y).  Vfe  can  work  in  the  rectangular  system  (X,Y)  where  streamlines  are  lines  Y=cost. 
By  making  use  of  the  equations  of  motion  it  is  possible  to  develope  Eqs. (5)  so  as  to  ob¬ 
tain  the  relations: 


3  h 

Yy  ln  taW)  =  w7  ^Ty”  ”  T  Iy*+  w  sin  e  "  Yt* 


(6) 


~  in  (Bowh) 


a  3p 
Wp  3t 


(for  h,  see  Fig.1) 


If  the  insteady  phase  is  not  too  rapid,  according  to  the  physical  transient  phenome- 
non,only  the  term:^  (2tosine)  is  important  to  the  right  side  of  Eqs.  (6)*  It  is  im¬ 

portant  to  note, from  Eqs. (6)  ,  that  a  can  be  assigned  on  an  arbitrary  streamline  and  8 
on  a  X  constant  arbitrary  line  (normal) . 


The  blade-to-blade  equations,  in  (X,Y)  coordinates,  become: 
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_L  lE  +  S 

3W  + 

W  3£  Wa 

12  „  c 

(7) 

pa  3 1  a 

3X 

pad  3X  3 

3  Y  1 

3W  W  3W 

+  -L 

l£  =  c 

(8) 

3t  a  3X 

pa 

3X  2 

w|§+  ^  ■ 

1®  +  ■ 

JL  lE  =  c 

(9) 

3t  a 

3X 

p3  3X  3 

where 


sin  e 


C,=  -  aWcos8(kn+ 

C  =  to2  r  cos  d  sin  e 

1  o  W  *■ 

C_,=  -  sin  e  (or  sin  d  +  —  sin  d  +  2wW) 


k  =  1  3h 
n-  h  3m 


and  e 


sin 


i  3r 
3m 


are  defined  in  Fig.(1) 


The  functions  a  and  3  are  to  be  recalculated  for  all  time-steps . In  appendix  1  practical 
expressions  for  a  and  3  are  derived  from  Eqs.  (b-9)  . 

2b  Equation  of  characteristics 

Being  the  equations  to  be  solved  hyperbolic  in  the  time  coordinate,  a  characteri¬ 
stic  surface  is  found  to  exist  at  any  point  M  at  time  t.  This  surface  is  a  conoid,  hav¬ 
ing  M  as  a  vertex,  which  cuts  X,Y  plane  at  time  to  =  t-dt  along  a  pseudo-ellipse  having 
(a/a)dt  and  (a/3)dt  as  main  axes . Furthermore ,  also  the  trajectory  0-M  has  the  properties 
peculiar  to  characteristic,being  the  point  0  the  position  of  the  physical  particle  M  at 
time  to. 

According  to  the  classical  theory, it  is  pos¬ 
sible  to  write  the  equations  (7-9)  on  this  surface 
or  even,  on  particular  lines  of  it,  but  in  this 
case  it  is  not  possible  to  eliminate  all  partial 
derivatives.  If  we  choose  the  four  lines  (bicharac¬ 
teristics)  passing  through  the  intersections  of  the 
ellipse  with  its  main  axes  (see  Fig. 2),  the  deriva¬ 
tives  along  the.  bicharacteristics  are  predominant. 

If  the  symbol  ^  Indicates  derivatives  along  the 
line  considered,  we  obtain  the  Eqs  .(10),(  1 1 ),( 1 2),(  1  3  )  . 

The  energy  equation  can  also  be  written  in  a 
discrete  way  along  the  trajectory;  anyway,  if  the 
irreversible  effects  due  to  shock  waves  are  expli¬ 
citly  accounted  for  by  means  of  the  Hugoniot  re¬ 
lations,  the  energy  equation  can  be  simply  written 
as  SM  =  s0  for  all  the  points  not  crossing  the 
shock  waves. 

Combining  the  four  equations  (10-13),  which 
are  not  indipendent,  we  obtain  Wh,8m,Pm  starting 
from  the  points  A,B,C,D  at  time  tp:  pM  and  hM  can 
be  calculated  from  pM  and  SM  by  tne  equation  of 
state.  To  calculate  the  points  lying  along  the 
boundaries  some  of  the  Eqs  (10-13)  can  be  substi¬ 
tuted  by  imposition  of  proper  boundary  conditions. 


Fig. 


2)  Characteristic  cone  passing 
through  the  point  M. 
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Table  1  Total  derivatives  with  respect  to  time  and  compatibility  equations. 

3) BOUNDARY  CONDITIONS  AND  SPECIAL  POINTS  CALCULATION 

The  possible  situations  which  can  occur  on  the  characteristic  surface  at  various 
boundaries  (inlet  and  outlet : subsonic  and  supersonic,  boundary  profile,  free  jet,  slip¬ 
lines  periodic  boundaries,  etc.)  have  already  been  described  in  details  in  (4).  In  par¬ 
ticular  as  to  the  study  of  blade  or  wing  profiles, it  must  be  remenberd  that  the  first 
and  the  last  streamline  are  copied  one  pitch  to  the  left  and  to  the  right  respectively, 
to  obtain  periodicity  conditions  between  upstream  and  downstream  boundaries;  this  allows 
to  calculate  the  points  on  periodic  boundaries  as  internal  points.  In  this  case  the  pro¬ 
file  is  put  inside  the  flow  field. 

To  solve  the  flow  in  steady  or  rotating  turbomachine  blades,  with  radii  and  meri¬ 
dional  channel  height  variations,  regarding  boundary  layer,  separated  flow,  and  finite 
thickness  wake  including  possible,  energy  exchange  with  the  main  flow,  the  following  pos¬ 
sibilities  have  been  necessarily  introduced  into  the  calculation  program. 
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1)  Possibility  of  imposing  different  inlet  and  outlet  boundary  conditions  for  supersonic 
flows  discriminating  between  Ma  £1  ,  as  in  the  Table  2. 


UPSTREAM 

DOWNSTREAM 

M<1 

§.D 

a* 

1  equation  from  point  B 

9  andWg}are  9^ven  arbitrarily 

Note:  Point  D  is  not  considered 

W  is  calculated  from  point  A 

9  is  calculated  from  points  C  and  D 

S  is  calculated  from  0 
p  is  given  arbitrarily 

M>  1 
Ma<  1 

\  D 

m* 

M 

1  equation  from  point  D(C  if  8>0) 

p  or  9  lare  given  arbitrarily 

W  and  S) 

Note:  if  D  is  outside  it  is  extra¬ 
polated  from  inside 

W  is  calcaulated  from  points  A  and  E 
9  is  calculated  from  point  C 
(D  if  9>0 ) 

S  is  calculated  from  0 
p  is  given  arbitrarily 

Ma>  1 

m 

M 

p,W,9,S  are  given  arbitrarily 

p,W,9,S  are  calculated  from 

A ,  B ,  C  ,  D ,  0 

Table  2.  Conditions  at  inlet  and  outlet  boundaries  for  different  Mach  numbers. 


2)  Possibility  of  a  strict  leading-edge  subsonic  flow  solution  that  is  necessary  for  the 
two  following  reasons: 

-  the  leading-edge  solution  gets  singularities  in  velocity,  angle,  a-(3  auxiliary  func¬ 
tions  and  partial  derivates  at  the  right  of  Eq.S  (10-13),  nevertheless  such  quan¬ 

tities  must  be  obtained  in  the  internal  points  of  the  calculation  network.  Since  the 
usual  interpolations  become  invalid  in  the  region  near  the  leading-edge  and  cause 
calculation  instability,  it  is  necessary  to  resort  to  interpolations  respecting  the 
function  singularities  at  the  leading  edge  and  derived  from  the  analytical  solution 
of  the  flow.  Being  impossible  to  deal  with  the  leading-edge  region  by  increasing  the 
meshes  n'smber  of  the  calculation  network  not  to  exceede  in  the  calculation  time,  rough 
solutions  ,  as  for  example  the  one  of  the  incompre  sible  flow  at  a  corner,  are  to 
be  excluded  because  inadequately  approaching  the  blade  profile  in  the  first  mesh, 
and  because  neglecting  the  circulating  flow  due  to  the  bladelift; 

-  it  is  necessary  to  follow  properly  the  evolution  of  the  stagnation  point  along  the 
blade  profile  at  the  changing  of  the  velocity  circulation  during  the  unsteady  calcu¬ 
lation  period,  not  to  cause  an  inconsistent  velocity  distribution  deriving  from  the 
trai ling-edge  closure  condition. 

Because  of  the  previous  reasons  it  has  been  approached  the  blade  profile  in  the  leading 
edge  region* in  order  to  obtain  an  adequate  analytical  approximation  and  a  good  flow 
solution  in  such  a  region, even  if  very  large  meshes  are  employed. Such  a  method  in  its 
fundamental  lines  is  referred  in  appendix  A  2  . 

.5)  Possibility  of  modifying  the  blade  profile  in  order  to  simulate  the  boundary-layer  di¬ 
splacement  thickness,  calculated  in  several  times  during  the  calculation,  by  means  of 
classical  steady  methods.  The  separation  point  is  therefore  determined  in  different 
times.  Anyway,  in  this  paper,  very  simple  empirical  separation  criteria  have  been  em¬ 
ployed,  because  of  the  great  difficulty  of  this  problem  in  the  radial  turbomachines 
wheels . 

4)  Possibility  of  dealing  with  separated  flows  in  a  simple  way  up  to  the  trailing-edge 
and  imposing  complex  closure  conditions , fit  for  finite  thickness  trailing-edge  and 
wake. 

5)  Possibility  of  treating  wake  points  downstream  the  trailing-edge  by  means  of  a  genera¬ 
lization  of  a  double  slip-line  point  calculation,  so  that  it  is  possible  to  consider, 
besides  velocity  discontinuities,  trasversal  wake  pressure  gradients  and  different  di¬ 
rections  (connected  with  the  thickness  wake  variation) between  right  and  left  wake 
flow,  at  the  boundary  with  the  jet-flow. 

6)  Possibility  of  accelerating  the  wheel  by  varying  its  angular  speed  co  up  to  the  final 
value.  The  flow  model  sati  fying  the  points  3-5  is  referred  in  appendix  A  2  and  derives 
from  the  jet-wake  chassical  model  (5),  (6),  (7).  It  provides  the  matching  of  the  non- 
viscous,  quasi-bidimensional  mainflow  (jet) ,  with  a  zero  or  small  flowrate  flow  (wake) 
in  which  most  of  the  losses  accumulate,  and  which  is  therefore  at  an  initial  energy 
level  very  inferior  to  the  jet  one. 

4)  FLOW  CALCULATION  IN  A  CENTRIFUGAL  COMPRESSOR 

The  computer  code  requires  the  initial  flow  conditions.  The  flow  field  at  the  subse¬ 
quent  instant  is  calculated  as  follows:  definition  of  upstream  and  downstream  boundary 
conditions;  boundary-layer  calculation  and  blade  profile  correction;  pressure  imposition 
into  the  possible  separated  region;  evaluation  of  the  wake  quantities;  calculation  of  all 
the  points  inside  the  inviscid  flow  by  means  of  the  characteristics  method;  imposition  of 
the  periodicity  condition;  calculation  of  a  and  (3  functions;  determination  of  the  physical 
network  (  m,  <p)  .  After  increasing  the  time  by  a  dt,  the  code  again  calculates  the  flow  fi¬ 
eld  following  the  previous  scheme  up  to  steadiness  of  the  flow,  or  assigned  end  time. 
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This  computer  code  was  used  for  the  flow  calculation  of  the  centrifugal  compressor 
wheel  1611  VL  1  developed  by  the  Northern  Research  and  Engineering  Corp. .  The  calculation 
was  made  in  cooperation  with  Franco  Tosi  s.p.a^  (Italy). 

The  main  data  of  this  machine  are: 
rotational  speed  =  39,000  rpm 

total  pressure  vaneless  diffuser  exit/total  inlet  pressure  =  7.16 
relative  Mach  number  at  impeller  inlet:  hub  =  0.611;  casing  =  1.303 
absolute  Mach  number  at  impeller  exit  =  1.269 
blade  speed  at  impeller  exit  (fps)  =  1726.9 

For  the  time  being,  calculations  are  available  for  the  hub  profile  blade;  the  appli¬ 
cation  of  the  computer  code  to  the  tip  profile  blade,  where  relative  Mach  number  exceeds 
unity,  does  not  present  any  problem:  indeed  the  same  code  was  already  used  without  diffi¬ 
culties  in  supersonic  axial  compressor  calculations.  Because  of  operating  reasons  it  was 
necessary  to  remove  the  "splitter"  blade  from  the  channel.  Therefore  the  results  cannot 
be  compared  with  the  available  data. 

The  meridional  channel  profile  was  calculated  for  a  flow  rate  equal  to  1/10  of  the 
total,  having  arbitrarily  assumed  the  meridional  velocity  profile,  since  this  is  out  of 
the  purpose  of  this  paper. The  initial  flow  configuration  was  obtained  by  means  of  a  clas¬ 
sical  biade-to-blade  method  (101  for  angular  speed  and  mass  flow  rate  equal  to  half  of 
the  design  values  and  assuming  that  no  flow  separation  exists  under  such  conditions.  Whe¬ 
ther  the  above  position  is  true  or  not  is  not  relevant  because  the  final  solution  is  not 
affected  by  the  initial  approximation. 

The  network  calculation  is  made  by  11  streamlines  and  30  normal  lines,  19  of  which 
are  inside  the  blades.  The  transient  conditions  consist  of  rotational  speed  acceleration 
and  contemporary  static  pressure  increase  at  the  downstream  boundary,  while  the  total  pre¬ 
ssure  and  absolute  inlet  angle  are  kept  constant.  Actually  the  counter-pressure  is  a  flow 
rate  function;  however  it  was  imposed  by  means  of  a  different  law  because  of  computer  co¬ 
sts:  indeed,  being  the  channel  inlet  very  small,  the  time  step  (proportional  to  the  mini¬ 
mum  width  of  the  numerical  meshes) is  strongly  limited.  This  makes  impossible  to  extend 
the  transient  period  to  more  than  200-300  time  steps.  Under  these. circumstances ,  perturba¬ 
tions  propagate  too  slowly.  Finally  the  downstream  pressure  increase  was  anticipated,  so 
that  it  could  propagate  in  due  time  inside  the  rotor.  This  makes  phenomenon  history  less 
realistic. 


Two  types  of  calculations  were  made:  the  first  one  in  the  hypotesis  that  no  separati¬ 
on  exists;  the  second  one  in  which  flow  separation  is  progressively  accounted  for  star¬ 
ting  from  the  initial  solution,  in  this  second  case  the  ratio  v  wake  velocity  over  separa¬ 
tion  velocity  was  arbitrarily  assumed  equal  to  0.2; the  variation  law  of  wake  thickness 
downstream  the  trailing  edge  was  imposed  altough  this  can  easily  be  computed  (see  appen¬ 
dix  A2)  . 


5)  RESULT  ANALYSIS 

Though  in  this  calculation  the  shock  waves  are  no  taken  explicity  into  account,  they 
are  correctly  predicted  in  an  isentropic  flow  calculation;  consequently,  the  thermodynamics 
quantities  are  affected  from  error;  particularly  the  continuity  equation  is  not  satisfied 
and  the  pressure  discontinuity  is  over  estimated.  The  flow  solution  at  half  of  the  design 
rpm,  from  which  the  time  dependent  calculation  starts, is  refeired  in  Figs. (3a-3b) . 

A  stability  test  was  conduced  with  no  condition  change.  It  was  possible  to  verify 
that  the  solution  was  very  stable  after  300  time  steps.  Particularly  the  obtained  slip- 
factor  value  was  equal  to  the  one  imposed  to  the  solution  deriving  from  (10) . 

The  basic  time  period  t,  is  assumed  equal  to  the  time  in  which  the  rotating  speed 
reaches  the  final  value.  Consequently  to  the  acceleration  of  the  rotating  speed , the  mass 
flow  rate  increases  correctly.  The  flow  shows  an  excessive  trend  to  accelerate  (see  Fig. 4 
at  time  =  2t.  )  if  the  downstream  boundary  pressure  increasing  is  not  sufficiently  rapid. 
The  large  traRsversal  gradient  of  the  velocity  shows  that  steady  state  is  not  yet  reached. 

The  flow  is  chocked  at  time  t  **  2.5  t,  .  The  counter-pressure  goes  upstream  into  the 
blade  channel  and  at  time  t  =  5  t,  a  very1itrong  shock  wave  reaches  the  final  position 
at  the  end  of  the  inducer.  ln 

The  flow  is  sufficiently  steady  in  time  and  satisfactory  uniform  feee  Fig.9A).  The 
pressure  at  the  impeller  outlet  is  very  high  (p/p_  ^  =4).  The  calculation  made  with  a 
counter  pressure  less  than  the  previous  one  shows ( Vlg. 6)  large  Mach  numbers,  and  an  un¬ 
steady  situation  at  t  =  4  t,  ;  this  demonstrate  the  importance  of  the  outlet  law  in  func¬ 
tion  of  time.  n 


Meaningful  results  are  obtained  in  the  case  of  separated  flow  (Fig. 8 , 9) even  if  a  sim¬ 
plified  model  was  used.  The  flow  separation  leads  to  a  large  variation  at  the  outlet;  ne¬ 
vertheless  at  t  =  4.5  t,  there  is  an  opposite  trend,  and  the  variation  is  still  large. 
The  Mach  number  at  the  Boundary  between  jet  and  wake  is  not  constant  because  the  total 
relative  enthalpy  is  not  yet  constant  either  as  well.  In  such  a  condition  it  is  impossi¬ 
ble  to -distinguish  clearly  the  jet-wake  energy  exchange,  but  some  interesting  informa¬ 
tion  on  the  variations  of  the  main  quantities  is  avai  lable  (Fig. 10). 


For  Figs.  (3-9) a  conformal  mapping  is  used: 


X=Xin+ 


for  the  inducer 


* '  R=Rin  e 


for  the  impeller. 


6)  CONCLUSIONS 


The  proposed  method  is  interesting  for  the  following  reasons: 

-  possibility  of  taking  into  account  transonic  flows  without  any  difficulty  even  with 
very  different  upstream  and  downstream  conditions; 

-  possibility  of  dealing  with  very  sophisticated  conditions  along  particular  streamlines 
in  a  simple  way,  due  to  the  use  of  a  natural  calculation  network; 

-  possibility  of  dealing  with  inlet  variable  conditions,  as  distortions,  rotor-stator  in¬ 
teractions,  etc.. 

In  author's  opinion  it  is  very  interesting  to  use  this  method  for  the  study  of  ro¬ 
tors  and  transonic  diffusers,  moreover,  in  the  case  of  unsteady  conditions.  It  could  be 
very  useful  in  dealing  with  intrinsically  unsteady  problems  as  the  reversible  energy 
exchange  into  the  mixing  process  downstream  the  centrifugal  compressor  wheel. 
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Fig  8  CONSTANT  RELATIVE  MACH  NUMBER  LINES 
(IMPELLER) 

Poul/PTln=4  l/lln=2 


Fig  9  CONSTANT  RELATIVE  MACH  NUMBER  LINES 
(IMPELLER) 


Poul/PTln  =  4  t/(in=4 


Fig.  10)  Main  quantities  versus  time: rotational  speed; downstream  pressure/inlet  total  pressure; 

inlet  Mach  number ; Impeller  outlet  pressure/ inlet  total  pre 
sure; impeller  outlet  angle, 
a) ,b)  unseparated  flow  ;  c)  separated  flow 
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APPENDIX  1 

LEADING  EDGE  CALCULATION 

The  initial  blade  profile, upstream  the  two  former  meshes  ID, IV,  is  approximated  by 
a  pseudo-ellipse. This  was  obtained  by  transforming  a  unit  radius  circle, centered  at  the 
origin  of  an  auxiliary  plane  z=x+iy,  in  the  physical  plane  £  =  £  +i n  by  means  of  the  folio 
wing  conformal  transformation:  £  =  h  +  k/(z  -  z  )  where  z  =  iy  . 

For  y  =0  an  ellipse  is  obtained, whose  half-axes  are  a  = (h  ?  k)  ,°b  =(h-k).For  y  0  the 
ellipse  is  distorted  in  the  ordinate  and  is  transformed  into  a  simple  line,  representing 
the  blade  nose  even  in  the  case  of  small  thickness  blades. The  parameter  y  is  automatical 
ly  determined  in  order  to  make  the  line  to  pass  through  the  given  point  (°1V) . 


Fig.  A1-1)  Leading  Edge  Model 

Obviously, the  center  and  the  half-axes  of  the  pseudo-ellipse  are  necessarily  given. 

The  flow  in  the  leading  edge  region  is  calculated  by  means  of  conformal  transformation 
of  the  translo-circulating  flow  around  the  circle  in  the  z  plane,  which  at  the  upstream 
infinite  has  velocity  U  =  V  h,  and  anqle 
raging  the  inlet  flow  or  theoiade  to  be 


a  =  8-8  . , 
ca?cula8ed? 


.being  Vq  and  8q. obtained  by  ave- 


The  ratio  V,Q/V  determines  the  velocity  circulation  F;  then  all  the  quantities  clo¬ 
se  around  the  leading  edge  can  be  computed.  Classical  corrections  can  be  done  to  the  in¬ 
compressible  solution  for  taking  into  account  large  Mach  number  flows.  In  the  calculati¬ 
on  of  the  points  A,  B,  C,  D,  E,  F,  G  (see  fig.  Al-a  for  the  physical  plane  and  fig.  Al-c 
for  the  work  plane)  part  of  the  dependence  domain  is  into  the  region  near  the  leading  ed¬ 
ge;  therefore  the  points  of  the  bicharacteristics  are  interpolated  by  the  use  of  the  ana¬ 
lytical  solution  which  must  be  matched  with  the  time  dependent  one.  The  flow  near  the 
trailing  edge  is  quasi-potential  and  the  work  coordinates  (X,Y)  are  proportional  to  the 
functions  ®  and  T  obtained  from  analytical  solution:  in  fact  it  is  d®/dx t =V=cost/o; 
dT/dy ,=W=cost/p.The  X,  Y  definitions  and  the  previous  relations  give  d®=aWdX,  dW=pwdY. 
From  the  Eqs.  (5)  ,  (6)  ,  it  is  possible  to  demonstrate  that  for  W-*0  aW  and  fJW  can  be 

taken  constant. 


JET  AND  WAKE  MODEL 


APPENDIX  2 


Referring  to  the  classical  jet  and  wake  scheme  (see  Dean  (5)and  Senoo  (6)),  an  invi- 
scid  jet  flow  and  a  wake  one,  in  which  all  losses  are  supposed  to  be  concentrated,  can 
be  discriminated. The  general  calculation  principle  is  based  on  the  fact  that  the  method 
is  unsteady  and,  consequently,  a  flow  solution  at  a  previous  time  is  always  available. 
This  allows  to  evaluate  the  side  boundary  evolution,  in  order  to  account  for  the  follo¬ 
wing  quantities:  boundary  layer  from  the  leading-edge  up  to  the  separation  point  S;,free 
jet  from  Sj  to  Sz  and  wake  downstream  the  trailing-edge. At  the  initial  time  the  calcula¬ 
tion  generally  starts  from  an  inviscid  solution;  in  such  a  case  the  boundary  layer  and 
separated  flow  Introduction  is  made  gradually  in  time  to  avoid  calculation  discontinuit¬ 
ies  . 

Boudary  layer  -  It  is  possible  to  use  an  approximate  method  in  order  to  evaluate  the 
boundary  layer  displacement  thickness  (8). 

Separation  point  -  To  determine  the  separation  point  on  the  suction  side  of  the  blade 
the  value  of  t  at  the  tip  is  taken  from  (9).  Actually,  the  knowledge  of  the 

meridional  plane  velocity  is  reqired  ,  but  the  distribution  of  such  a  velocity  was  assu¬ 
med  without  check,  being  its  evaluation  beyond  the  aim  of  the  present  work.  Once  the  se¬ 
paration  point  is  determined  by  means  of  the  time  dependent  computing  code,  it  is  possi¬ 
ble  to  evaluate  hT  hDT 

J,sep  RJ , sep 

Separated  flow  -  According  to  Van  den  Braembussche  (7)  the  jet  Mach  number  at  the 
boundary  with  the  separated  region  is  assumed  to  be  constant.  This  is  equivalent  to  sup¬ 
posed  that  there  is  no  diffusion  in  the  jet  downstream  the  separation  point  and  the  pre¬ 
ssure  is  to  be  conditioned  only  by  the  centrifugal  potential.  This  is  true  only  for  zero 
or  very  small  wake  velocities .Furthermore g  is  assumed  constant  in  the  hypothesis 


that  the  wake  evolution  has  to  proceed  slowly  (quasi-s  Lc-ady )  compared  to  the  rotating 
speed  and  flow  rate  variations.  Along  the  boundary  (S)  it  is:  h^  g=  h^j  g+  U'/2-Wj  g/2  , 


J,S 


h  +  U 

nRJ , sep  2 


aJ,S  2 


M 


J ,  sep 


(A2-1 ) 


where  the  sound  velocity  a  is  a  function  of  the  enthalpy  )i  _  and  entropy  assumed 
constant  in  the  jet.  Finally, it  is  possible  also  to  determine  p  ,,  .from  the  state  equa¬ 
tion. The  wake  flow  is  evalueted  from  the  separation  point.  'For  the  jet  it  is 
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If  W  ,  hw,pw,pw  are  the  averaged  values  inside  the  wake,  being  the  ratio 

v=W  /WT  3?  W  ./W  assigned,  at  the  impelier  outlet  it  is 

w  u  /  is  w  j  f  sep 


„  +  <1-v2)  ■ 2 


W ,  2  J,S 


(A2-2) 


than,  being  the  pressures  at  2  and (sep) known,  it  is  possible  to  evaluate  the  average  pres¬ 


sure  p 


W ,  2  =  V2  (Pj,p2+  PJ(S  )  ^om  which 
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Fig.A2-1)  Jet  and  Wake  Model 

The  pressure  computed  at  the  previous  time  is  sufficiently  precise  to  calculate 
Since  the  ideal  flow  calculation  network  is  made  along  streamlines  and  normal  lines,  it 
is  useful  to  assume  as  separated  flow  final  section  the  normal  arc  b„  ,.This  is  auto¬ 
matically  defined  by  the  streamline  S  S^itdetermines  also  the  wake. pitch 'portion  e=S2p/pS 
at  the  impeller  outlet  and  the  mass  flow  ratio  (wake  to  total)  A=mw/ (n^+nij)  . 

The  last  quantity  to  be  defined  is  the  trasversal  pressure  difference  q-(Pg  -pp).  In 
contrast  with  what  was  assumed  for  the  density  and  enthalpy,  the  pressure  mast  d&  taken 
variable  in  the  wake, following,  for  example,  a  linear  law.  The  previous  difference  must 
balance  the  following  terms:  the  Coriolis  force  F.  directed  normally  to  the  flow  and  in 
opposition  to  the  rotating  speed,  the  force  F,  dui  to  the  flow  curvature  in  the  wake  (ge¬ 
nerally  in  opposition  to  F. ,  if  r  >0)  and  the  component  of  the  centrifugal  force  F,  nor¬ 
mal  to  the  flow.  It  follows 

WW2 

q=bwpw,2  (2uWW^-  “l“lr  sin  SJW^)  (A3-3) 

usually  the  first  term  is  preponderant:  if  necessary,  the  curvatures  radius  must  be  as¬ 
signed  . 

Trailing-edge  condition  -  Being  (p  -pg  )  and  (pg  -pp)  known,  the  closure  con¬ 

dition  of  the  blade  requires  the  contemporary  calculation  of  the  points  sep  and  p  by 
means  of  six  bicharacteristics  (only  four  are  indipendent)  and  by  imposing  the  two  pro¬ 
file  angles  and  pressure  difference  (p  -p  ) .  There  is  one  redundant  condition  to  de¬ 
termine  the  two  velocities  and  the  twospf esSures :  such  a  conditio n  defines  the  blade  pro¬ 
file  circulation,  which  usually  is  assigned  by  means  of  the  downstream  flow  angle  (slip- 
factor)  . 

Jet  and  wake  mixing  process  -  Let  q=p  -p  .  Suppose  that  the  wake  pressure  tangential 
distribution  is  linear  (at  the  same  radius)  and  neglect  the  forces  due  to_the  wall_diffu- 
ser  and  jet-wake  drag  in  order  toevidpnce  the  reversible  energy  exchange.  Pw»<’w,Ow,Ww  are 
the  wake  averaged  quantities,  the  wake  motion  equations  are  (7) :  w  w  w  w 
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continuity 


bWhPWWW  bW,2h2^W,2WW,2 


tangential  momentum  ~  ww  r?a)  +  r^wsin8W  =  q 


(A2-4) 

(A2-5) 


radial  momentum 


Sfcw"'*  £|  WWCOs8w|+  "SF  "  PW  (r“+Wwsin\)J=q  tg5w  (A2-6) 


'W  - - w 

Removing  q  from  the  previous  equations,  only  one  differential  equation  in  Ww  is  found: 

■5  dd„  W, 

_  _  -  2w  511wucur 

PWWW 


>  dWW  _  1  dpW  sind.jCosQ..  .  -5  "W  .  2"5  <a2] 

(sin  aw-cos  aw)  -gj-  -  =-=-  "Hr  “  2ww  w  w  SF  "  4“sin9w  "  T  sin  9w  "  T 


p„  and  d  varying  with  the  radius  can  be  obtained  with  a  good  agreement  by  the  time  depen¬ 
dent  calculation  at  the  previous  time.  The  density  p„  is  found  from  the  enthalpy  calculat¬ 
ed  by  means  of  the  following  energy  equation:  " 


hTJ^J  +  hTvA<  hTJ,2™J  + 

from  which 

V2  V2 

(Kw  +  -~)  X  +  hTJ(1-X)  =  (11^2  +  — A.  +  hJ(2(1-X)  (A2-7 ) 

The  absolute  wake  velocity  Vw  is  obtained  from  u,Ww  and 

Once  the  equation (A2-6) has  been  solved  by  means  of  standard  methods,  it  is  possible 
to  evaluate  q  from  Eq. (A2-5) ,  and  e  =  o  /(iiprcosa )  rrom  Eq. (A2-4) .Therefore  it  is  pos¬ 
sible  to  compute  the  transversal  pressure  difference  Ap  =  (pq-pp)  and  the  angle  diffe¬ 
rence  AS  which  constitute  the  input  quantities  for  the"inviscidF jet  calculation  by  means 
of  the  time  dependent  method.  For  this  reason  six  bicharacteristic  (four  indipendent  e- 
quations)  and  the  two  path  lines  are  used  to  evaluate  wg,w  ,pSp,Ssp.  ImPosin9  Apw  and 
A£>„:  Pc'Pd’®c'®„  can  be  determined.  The  DOints  S  and  P  in  the  (X,Y)  plane  become  an  u- 
nique  point.  p 

If  nu  ^  0  it  is  possible  to  take  into  account  the  decrease  of  the  jet  flow  rate  in 
a  simple  way  by  a  fictitious  increase  of  the  meridional  channel  height. 


DISCUSSION 


R.Sovrano,  ONERA,  Fr 

Could  the  authors  please  discuss  the  problems  of  convergence  of  their  calculation  method? 

Author's  Reply 

The  authors  have  conducted  stability  tests  and  the  method  was  found  to  be  extremely  stable  in  the  compressor  case. 
It  was  also  found  to  be  stable  in  the  case  of  a  turbine  blade. 
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SUMMARY 

A  calculation  procedure  for  partially-parabolic  flow  Is  used  to  calculate  flow  In  the  Impeller  and 
diffuser  of  the  Eckardt  centrifugal  compressor.  This  is  a  general-geometry  cascade-flow  method  including 
the  effects  of  tip  leakage  and  stationary  walls. 

The  calculated  and  experimental  results  for  three-dimensional  viscous  flow  and  overall  thermodynamic 
performance  are  compared.  Wake  flow,  resulting  from  boundary  layer  accumulation,  causes  blockage  of  the 
impeller  passage.  Calculated  wake  development,  with  and  without  flow  leakage  through  the  tip-clearance 
gap,  Is  compared  with  measurements. 

The  thermodynamic  process  In  the  Eckardt  compressor,  at  the  maximum  efficiency  point  at  14000  RPM,  is 
represented  on  a  temperature-entropy  diagram.  Calculated  results  of  the  development  of  mass-averaged 
temperature  and  entropy  through  the  Impeller  and  diffuser  are  presented.  The  work  done,  the  pressure 
ratios  and  the  efficiencies  of  the  Impeller  and  compressor  are  calculated  to  within  1  or  2  I.  The  Influence 
of  the  boundary  conditions  on  the  compressor  flow  and  performance  is  discussed. 

NOMENCLATURE 

c,C  absolute  velocity  Subscripts 


c 

p 

specific  heat  capacity  at  constant  pressure 

tO,N 

standard  stagnation  state  at  impeller  inlet 

H 

rothalpy 

Inlet 

flow  inlet  (Fig.  1) 

H.P.S.S 

hub,  pressure,  shroud,  suction  sides 

r 

reduced  static 

l.J.k 

grid  Indices 

r,6,z 

radial,  tangential  and  axial  components 

m 

mass  flow  rate 

t 

absolute  stagnation 

P 

pressure 

0,1,3, 

,t3  etc.  state  points  (Fig.  22) 

r  or  R,0, 

,  z  cylindrical  coordinates 

R2 

radius  at  impeller  exit 

Efficiency  Subscripts 

s 

entropy 

D 

diffuser 

T 

temperature 

P 

polytropic 

u,U,W 

relative  velocity 
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static-to-static 

Wu3 

calculated  relative  velocity  components 

t-8 

total-to-static 

velocity  component  perpendicular  to 

t-t 

total-to-total 

normal 

measurement  or  calculation  plane 

w 

wheel 

I  -  V 

measurement  planes  in  the  Impeller 

a,  0 

flow  angles  (Table  2) 

E 

blockage  factor  (Table  2) 

Superscripts 

n 

efficiency  (Table  2) 

* 

rotary  stagnation 

w 

viscosity;  or  slip  factor  (Table  2) 

area-averaged 

0 

density 

mass-averaged 

* 

flow  coefficient  (Table  2) 

u»,n 

angular  velocity  of  the  impeller 

INTRODUCTION 

In  a  recent  paper  [1],  we  presented  a  calculation  procedure  for  partially-parabolic  flow  in  general- 
geometry  turbomachinery  cascades.  Incompressible  flow  through  a  shrouded  centrifugal  impeller  [2]  wes 
calculated.  In  this  paper,  we  report  the  further  developments  necessary  to  allow  the  method  to  handle 
compressible  flow  with  tip  leakage  and  a  stationary  shroud  wall.  We  demonstrate  the  method  by  calculating 
flow  through  the  centrifugal  impeller  and  diffuser  tested  experimentally  by  Eckardt  [3,4,5J.  The 
calculated  and  experimental  results  for  three-dimensional  viscous  flow  and  overall  thermodynamic  performance 
are  compared,  and  the  influence  of  the  boundary  conditions  on  the  compressor  flow  and  performance  is 
discussed. 

The  main  objectives  of  this  study  were 

1.  to  calculate  steady,  three-dimensional,  viscous,  compressible  flow  in  a  centrifugal  impeller  and 
diffuser,  allowing  the  development  of  secondary  flows  due  to  curvature  and  rotation  [6,7]  and  due  to  tip 
leakage  and  stationary  walls, 

2.  to  calculate  the  accumulation  of  low-momentum,  boundary  layer  fluid  under  the  action  of  these  1 eeondary 


flows  to  form  a  wake  flow  at  the  impeller  exit, 

3.  to  calculate  the  subsequent  mixing  of  the  wake  with  the  jet  in  the  vaneless  diffuser, 

4.  to  calculate  the  entropy  production  in  the  flow  field  particularly  near  the  wall  boundaries  where  three- 
dimensional  flow  is  known  to  influence  losses  [8,9,10], 

5.  to  represent  the  thermodynamic  process  in  Eckardt's  centrifugal  compressor  on  a  temperature-entropy 
diagram  [11], 

6.  to  compare  the  calculated  flow  development  and  thermodynamic  efficiencies  with  the  measurements  of 
Eckardt. 

The  physics  of  the  flow  phenomena  in  a  centrifugal  compressor  is,  of  course,  contained  in  the  conserva¬ 
tion  equations  of  mass,  momentum  and  energy  for  turbulent  flow.  To  meet  the  objectives  of  this  paper, 
these  equations  are  solved  with  appropriate  boundary  conditions  using  an  appropriate  non-uniform,  finite- 
difference  grid. 

Five  different  boundary  conditions  were  used  in  the  present  calculations: 

1.  an  inviscid  wall,  for  the  inviscid  flow  calculations  used  to  build  up  the  pressure  solution  [9,10], 

2.  a  viscous  wall  with  zero  relative  velocity  at  the  wall, 

3.  a  stationary  viscous  wall  with  zero  absolute  velocity  at  the  wall, 

4.  a  circumferentially  repeating  boundary  used  upstream  of  the  impeller  leading  edge  and  downstream  of  the 
impeller  trailing  edge, 

5.  a  combined  viscous  wall  and  repeating  boundary  condition  used  for  blade  surfaces  with  tip  leakage. 

These  boundary  conditions  together  with  the  non-uniform  grid  spacing  allow  the  calculation  of 

1.  non-collateral  wall  boundary  layers,  in  which  significant  transport  of  low-momentum,  boundary  layer 
fluid  occurs, 

2.  tip  leakage  flow,  with  the  associated  unloading  of  the  static  pressure  at  the  blade  tips, 

3.  flow  near  the  stationary  shroud  wall  in  the  impeller  and  near  the  stationary  hub  and  shroud  walls  in 
the  diffuser, 

4.  gradients  of  rothalpy  near  the  stationary  walls, 

5.  shear  stresses  and  entropy  production  near  the  walls, 

6.  mass-averaged  temperature  and  entropy. 

ECKARDT'S  CENTRIFUGAL  COMPRESSOR 

The  detailed  investigations  of  the  flow  within  a  high-speed  centrifugal  compressor  Impeller  and  in  the 
constant-area  vaneless  diffuser  downstream,  which  Eckardt  performed  between  1970  and  1977  at  the  DFVLR,  make 
this  compressor  flow  one  of  the  most  carefully  documented  in  the  literature  [3,4,5].  From  the  results  of 
laser  and  hot  wire  anemometry  and  from  instantaneous  pressure  measurements,  relative  velocity  profiles  are 
presented  showing  boundary  layer  accumulation  leading  to  the  development  of  a  jet-wake  flow  pattern  within 
the  impeller,  and  then  showing  the  mixing  of  the  jet  and  the  wake  in  the  impeller  discharge  flow.  Flow 
angle  measurements  indicate  the  magnitude  and  likely  configuration  of  secondary  flows,  and  static  pressure 
measurements  along  the  stationary  shroud  wall  monitor  the  static  pressure  rise  through  the  compressor. 
Sufficient  information  is  also  given  by  Eckardt  from  which  to  reconstruct  the  geometry  of  the  impeller  [12] 
and  the  overall  thermodynamic  performance  of  the  compressor. 

Flow  Geometry 

The  geometry  of  Eckardt's  impeller  is  quite  closely  described  by  equations  [12]  for  an  elliptical-arc 
camber  line,  and  for  circular-arc  hub  and  shroud  wall  profiles.  With  the  assumption  that  the  blades  have 
radial  sections  and  with  blade  thickness  information  obtained  from  velocity  profile  figures,  a  reasonable 
representation  of  the  impeller  geometry  can  be  obtained.  Our  reconstruction  resulted  in  the  geometry  shown 
in  Figures  1  and  2. 

Figure  1  shows  the  flow  domain  used  for  the  present  study.  The  calculations  start  with  axial  flow 
upstream  of  the  impeller  inlet,  march  through  the  impeller  to  the  radial  exit  at  a  radius  R£  of  0.2  m,  and 
then  proceed  to  station  4  in  the  constant-area  vaneless  diffuser  at  a  radius  ratio  R/R^  of  1.687.  The 
flow  is  assumed  to  be  steady  relative  to  this  rotating  flow  domain. 

A  meridional  cross-section  of  the  flow  domain  is  shown  in  Figure  2.  This  shows  clearly  the  locations 
of  five  of  the  measurement  planes  I-V  on  which  Eckardt  made  detailed  laser  anomemetry  measurements  within 
the  Impeller.  These  planes  and  the  other  intermediate  planes  shown  were  used  in  generating  the  finite- 
difference  grid  for  the  present  calculations. 

Thermodynamic  Performance 

In  this  paper,  we  consider  the  flow  development  at  the  maximum  efficiency  condition,  test  point  M2,  at 
a  rotational  speed  of  14000  RPM  and  a  mass  flow  rate  of  5.31  kg/s.  The  overall  thermodynamic  performance 
of  the  compressor  at  this  operating  condition  is  described  by  the  states  shown  on  the  temperature-entropy 
diagram  of  Figure  3. 

The  standard  stagnation  conditions  at  the  impeller  inlet,  state  t^  N>  were  288.1  K  and  1.0133  bar.  The 
static  conditions  at  the  impeller  inlet  and  the  diffuser  radii  R/R^  “  ’  1.017  and  1.687  are  states  1,3  and 
4  respectively,  and  the  corresponding  absolute  stagnation  conditions  are  points  0,  t3  and  t4.  State  U  [11] 
corresponds  to  the  isentropic  centrifugal  pressure  rise  in  the  impeller,  and  state  E3  is  the  relative 
stagnation  condition  at  R/Rj  "  1.017. 

The  impeller  tip  speed  at  this  test  point  was  293.2  m/s,  the  measured  total-to-total  pressure  ratio 
was  2.094  and  the  measured  total-total  efficiency  was  0.88.  States  3,  t3,  4  and  t4  on  Figure  3  are  based 
on  pressure  and  efficiency  data  given  by  Eckardt;  states  0,  1,  U  and  E3  are  based  on  estimated  flow  conditions 
in  the  inlet  duct  and  an  estimate  of  the  change  in  rothalpy  through  the  impeller.  The  pressures  and 
temperatures  at  these  state  points  are  tabulated  in  Table  1.  The  remaining  points  derive  from  measurements 
in  the  vaneless  diffuser;  the  triangles  represent  instantaneous  pressure  measurements  and  the  circles 
represent  conventional  pressure  measurements. 


Figure  1.  The  domain  for  the  flow  calculations  in  the  Eckardt  centrifugal 
compressor.  I  -  IV,  measurement  planes  in  the  impeller. 


Diffuser 
Station  4  / 


Figure  2.  The  calculation  field  for  the  Eckardt 
compressor  in  the  meridional  plane,  shoving  grid 
lines  appropriate  for  inviscid  flow  calculations 
with  no  tip  leakage.  I  -  V,  measurement  planes 
in  the  impeller. 
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Figure  3.  The  thermodynamic  performance  of  Eckardt' s 
centrifugal  compressor  as  derived  from  his  measurements 
at  test  point  M2  (14000. RPM  and  5.31  kg/s).  1,  3,  4, 
a ,  ©  ,  static  conditions;  0,  t3,  t4,  absolute  stag¬ 
nation  conditions;  E3,  relative  stagnation;  U, 
isentropic  centrifugal  pressure  rise. 


THE  FLOW  MODEL 

The  Governing  Equations 

The  equations  are  written  for  the  steady  flow  of  a  perfect  gas  relative  to  a  reference  frame  rotating 
with  constant  angular  velocity,  fi.  An  isotropic  viscosity  u  is  assumed  and  compressibility  effects  are 
neglected  in  the  viscous  terms.  Viscous  work  associated  with  gradients  of  n  *  R  and  with  gradient  of 
velocity  in  the  streamwise  direction  are  neglected.  Energy  conservation  is  written  in  terms  of  the 
rothalpy  H,  where 

H  -  c  T  +  4(u-u)  -  -kn  X  R  •  n  X  R). 

p  l - Z  "" 


Mass  conservation: 
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Momentum  conservation: 

(V  •  pu)u  -  (V  •  pV)u 

Energy  conservation: 


7  •  yVuT  -  7p  -  (2fi  x  u  +  a  x  (£  x  R) . 
pu)H  -  (7  •  u7)H  =  0. 


Here,  c  is  the  specific  heat  capacity  of  the  gas;  T,  the  static  temperature;  u,  the  relative  velocity 
vector ;^R,  the  radius  vector;  p,  the  density;  and  p  is  the  static  pressure. 


The  effective  viscosity  is  the  sum  of  the  laminar  viscosity,  and  a  turbulent  viscosity  described 
by  a  mixing- length  formulation  . 

y  =  p£  +  pL  "du/dy" . 

This  model  has  been  used  with  success  in  our  earlier  work  [10,1] •  Again  the  edges  of  boundary  and  shear 
layers  are  defined  in  terms  of  a  gradient  of  local  dimensionless  stagnation  pressure, 


P  -P 
max.  r 

1  * 

However,  here  we  redefine  the  rotary  stagnation  pressure,,  p  ,  and  the  reduced  static  pressure,  p  ,  for  use 
with  compressible  flow,  as  described  in  the  Appendix. 


Solution  Procedure  and  Rothalp 


Condition 


The  finite-difference  solution  procedure  used  here  is  that  appropriate  for  partially-parabolic  flow  in 
general  cascade  geometries  and  is  described  in  Reference  1.  The  extensions  required  for  the  present  calcu¬ 
lations  are  the  solution  of  the  rothalpy  equation,  calculation  of  the  density  and  the  inclusion  of  alternative 
boundary  conditions.  The  rothalpy  equation  has  the  same  form  as  the  momentum  equations,  i.e. 

(7*pu-V*yV)^-B  .  It  is  solved  following  each  solution  of  the  momentum  equations.  The  density  is  recalcu¬ 
lated  after  each  adjustment  of  the  pressure  correction. 


The  boundary  condition  used  for  the  rothalpy  equation  is  an  adiabatic  wall;  that  is,  the  static 
temperature  gradient  normal  to  the  wall  is  zero.  The  rothalpy  gradient  in  the  normal  direction,  n,  is 


3H  =  c  3T  +  u  *  3  u-ftxR*  3  (ft  x  R) . 
3n  ^  3n  3n  3n 


3 (ft  x  R)/9n  is  negligible,  therefore 


3n  )  .. .. 

'wall 


When  the  wall  is  stationary  in  the  relative  reference  frame  (3H/3n)wa]j=0  and  rothalpy  is  conserved.  When 
the  wall  is  stationary  in  the  absolute  reference  frame  (3H/3n)wau  =  - H  x  R  •  du/Zn  and  the  rothalpy 
increases. 


The  Finite-Difference  Grid 

The  finite-difference  grid  used  for  inviscid  flow  calculations  is  shown  in  the  meridional  plane  in 
Figure  2.  Seven  points  at  relative  spacings  of  0.,  0.05,  0.25,  0.5,  0.75,  0.95  and  1.0  span  the  hub-to- 
shroud  (k)  direction.  Seven  points  at  the  same  relative  spacings  also  span  the  circumferential  (blade-to- 
blade,  j)  direction. 

At  viscous  walls  more  points  are  required  to  represent  three-dimensional  turbulent  boundary  layer  flow. 
In  these  regions  three  more  points,  each  a  factor  of  five  closer  to  the  wall,  were  added  giving  points  at 
relative  spacings  of  0.0004,  0.002,  0.01  and  0.99,  0.998,  0.9996.  This  distribution  of  points  was  chosen 
so  that  the  near-wall  point  was  sufficiently  close  to  the  wall  that  it  was  either  in  or  near  the  edge  of  the 
laminar  sublayer. 

For  the  tip-leakage  calculations  a  1  %  tip  gap  was  used.  Thus  the  blade  tip  was  at  a  relative  hub-to- 
shroud  spacing  of  0.99.  To  allow  the  equations  sufficient  freedom  in  determining  the  flow  through  the  tip 
gap,  a  point  near  the  blade  tip  is  required  in  the  tip  gap.  Therefore  additional  grid  points  at  a  relative 
hub-to-shroud  spacing  of  0.992  were  used. 

In  the  diffuser,  where  the  additional  points  included  for  the  calculation  of  tip  leakage  flow  and 
boundary  layer  flow  on  the  blade  walls  are  not  required,  they  are  omitted.  The  additional  points  required 
for  the  calculation  of  the  boundary  layers  on  the  diffuser  walls  are,  of  course,  retained. 

Calculation  Details 

Calculations  of  the  flow  in  Eckardt’s  compressor  were  performed  with  three  different  viscous-wall 
boundary  conditions: 

1.  no  tip  gap  with  a  rotating  shroud  attached  to  the  impeller; 

2.  a  tip  gap  with  a  shroud  rotating  with  the  impeller  and  a  rotating  diffuser; 

3.  a  tip  gap  with  a  stationary  shroud  and  stationary  diffuser  walls. 

Eckardt  gives  little  information  about  the  tip  clearance  of  his  impeller.  For  simplicity  we  assume  a 
uniform  relative  gap  size  equal  to  1  %  of  the  hub-to-shroud  distance.  The  tip  gap  for  the  calculations  was 
then  0.95  mm  at  the  impeller  inlet  decreasing  to  0.26  mm  at  the  exit. 

The  conditions  specified  at  the  flow  inlet,  shown  in  Figure  1,  were  uniform  axial  velocity  in  the  free 
stream  and  turbulent  boundary  layers  each  with  a  thickness  of  5  %  of  the  hub-to-shroud  distance  on  the  walls. 
Here  also,  a  uniform  static  pressure  was  prescribed. 


RESULTS  OF  CALCULATIONS  -  THREE-DIMENSIONAL  VISCOUS  FLOW 


PRESSURE  DISTRIBUTIONS 


The  blade  loading  of  Eckardt’ s  impeller,  calculated  for  the  case  of  an  attached  rotating  shroud,  is 
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shown  in  Figure  4.  The  calculated  reduced  static  pressures,  p  ,  in  the  four  corners  of  the  impeller  passage 
are  normalized  with  the  inlet  stagnation  pressure  p  q  For  isentropic  flow  from  the  inlet,  the  local 
value  of  p*  will  equal  p  N  everywhere,  and  thus  the’  pressure  ratio  p  /p  .  gives  the  local  isentropic 
Mach  number,  as  shown  in  the  Appendix.  r  ’ 

The  inducer  is  lightly  loaded  almost  to  measurement  station  II.  The  loading  at  the  shroud  wall  then 
Increases  to  a  maximum  between  stations  III  and  IV  (see  Figures  1  and  2),  before  decreasing  rapidly  as  the 
impeller  exit  is  approached.  At  the  hub,  the  loading  is  low  until  station  III  and  the  isentropic  relative 
Mach  number  remains  below  0.2  almost  until  station  II.  In  the  hub/pressure-side  corner  region  the  flow  is 
close  to  stagnation,  a  Stanitz-eddy  effect,  until  station  IV  quite  close  to  the  impeller  exit. 

The  isentropic  relative  Mach  number  at  the  shroud  wall  in  the  inducer  is  approximately  0.6.  In  the 
shroud/suction-side  corner  region  the  local  Mach  number  increases  to  0.7  at  station  III,  before  rapidly 
decreasing  to  approximately  0.38  at  the  impeller  exit.  This  steep  pressure  rise  in  the  shroud/suctlon-side 
corner  region  of  the  impeller  passage  clearly  influences  the  rapid  growth  of  the  wake  flow  which  Eckardt 
observes  at  this  location  between  stations  III  and  V. 

Figure  4  also  shows  the  elliptic  pressure  variation  upstream  of  the  impeller  leading  edge. ■  A  rapid 
deceleration  of  the  flow  at  the  hub  wall  on  the  spinner  upstream  of  the  leading  edge  is  seen.  This  elliptic 
Influence  is  allowed  in  the  present  partially-parabolic  flow  model. 

The  calculation  with  the  attached,  rotating  shroud  wall  allowed  the  blade  loading  in  the  shroud  corners 
of  the  impeller  passage  to  be  obtained  free  from  the  influence  of  tip-leakage  with  its  associated  local 
blade  unloading.  The  corresponding  distribution  of  static  pressure  p  on  the  shroud  wall  therefore  also 
shows  the  blade  loading  through  the  impeller,  as  seen  in  Figure  5a.  Here  the  static  pressure  is  normalized 
with  the  static  pressure,  Pin^et>  the  inlet  to  the  flow  domain.  The  long  lightly-loaded  inducer  is 
clearly  seen,  together  with  the  rise  in  pressure  to  a  static  pressure  ratio  of  approximately  1.5  at 

the  impeller  exit  and  the  subsequent  pressure  rise  in  the  vaneless  diffuser. 

The  shroud  wall  static  pressure  distribution,  calculated  for  the  case  of  a  stationary  shroud  and  a  1  % 
tip  gap  is  shown  in  Figure  5b.  Now  the  repeating  boundary  condition  in  the  tip  gap  allows  the  static 
pressure  distribution  to  repeat,  and  the  calculated  distribution  of  static  pressure  ratio  agrees  very 
closely  with  Eckardt 's  measurements  shown  in  Figure  5c. 


Figure  4.  The  reduced  static 
pressures,  Pr/Pt0  N>  in  the  four 

corners  of  the  Eckardt  impeller 
passage,  calculated  for  the  case 
of  an  attached  rotating  shroud, 
i.  Impeller  inlet;  e.  Impeller 
exit. 


Fig.  5a  Fig,  5b  Fig.  5c 

Figure  5.  Contours  of  static  pressure  ratio,  p/p  .  ,  on  the  shroud  surface  in  the  impeller  and  diffuser. 
Fig.  5a.  Calculated  with  no  tip  gap  and  rotating  sfiroud  and  diffuser  walls.  Fig.  5b.  Calculated  with  1  X 
tip  gap  and  stationary  shroud  and  diffuser  walls.  Fig.  5c.  Eckardt's  measurements. 


Figure  6.  Contours  of  reduced  static  pressure  ratio,  Pr/Ptn 
planes  in  the  impeller,  calculated  with  a  1  %  tip  gap  and  a*  s 


,  at  the  flow  inlet  and  five  measurement 
stationary  shroud.  SS,  suction-shroud 


corner;  PH,  pressure-hub  corner. 


In  three-dimensional  flow  calculations  using  pressure-correction  methods,  if  the  geometry  is  adequately 
described  and  if  the  three-dimensional  pressure  distribution  is  correctly  building  up,  it  only  remains  to 
improve  the  turbulence  model  and  improve  the  solution  procedure  to  get  corresponding  agreement  from  the 
velocity  distributions.  Thus  this  agreement  between  the  measured  and  calculated  pressure  distribution  is 
encouraging. 

The  calculated  distribution  of  reduced  static  pressure  p  ,  again  normalized  with  the  inlet  stagnation 
pressure,  are  shown  in  Figure  6  for  the  inlet  plane  and  for  Eckardt's  five  measurement  planes,  for  this 
case  of  a  stationary  shroud  and  a  1  %  tip  gap.  The  gradient  of  pr  never  becomes  completely  tangential, 
showing  that  the  curvature  of  the  impeller  in  the  meridional  plane  is  an  important  factor  in  the  flow 
development.  Indeed,  even  at  stations  IV  and  V,  where  the  passage  is  nearly  radial,  the  lowest  reduced 
static  pressure  is  still  found  in  the  shroud/suction-side  corner.  This  is  important,  for  it  is  gradients 
of  reduced  static  pressure  and  not  of  static  pressure  itself  which  govern  secondary  flows  in  impellers.  It 
is  a  most  important  contribution,  in  fact,  in  determining  the  location  of  wake  flow  in  the  impeller  exit 
plane,  for  low-momentum  boundary  layer  fluid  tends  to  migrate  towards  the  region  of  lowest  reduced  static 
pressure.  In  the  shroud/suction-side  corner  region,  wake  fluid  in  Eckardt’s  impeller  experiences  an  adverse 
gradient  of  reduced  static  pressure  which  causes  it  to  slow  down,  increasing  the  blockage  it  causes  in  the 
flow.  Clearly  the  blockage  will  be  a  maximum  for  wake  fluid  constrained  to  remain  in  this  region.  Flow 
adjacent  to  the  middle  of  the  shroud  wall,  for  example,  will  experience  virtually  no  adverse  gradient  of 
reduced  static  pressure  in  passing  from  station  IV  to  station  V. 

VELOCITY  DISTRIBUTIONS 

Velocities  Normal  to  Measurement  Planes 

Figure  7  shows  the  distribution  of  velocity  normal  to  the  five  measurement  planes,  as  measured  by 
Eckardt.  The  results  have  been  replotted  from  his  perspective  views  to  show  contours  of  velocity  normalized 
by  the  impeller  tip  speed,  coR2* 

At  all  five  stations,  a  large  potential  flow  region  can  be  recognized  with  a  velocity  gradient  corres¬ 
ponding  to  the  gradient  of  reduced  static  pressure  described  above.  A  near  stagnation  of  the  flow  in  the 
hub/pressure-side  corner  region  is  also  evident. 

At  station  III  on  the  shroud  wall,  the  first  evidence  of  three-dimensional  boundary  layer  accumulation 
is  observed  at  y/t  =  0.6.  The  wake  flow  then  grows  rapidly  from  these  small  beginnings  to  become  a  signifi¬ 
cant  blockage  in  the  flow  at  station  IV.  It  is  worth  noting,  as  discussed  above,  that  the  wake  grows  in  a 
region  of  adverse  reduced-pressure  gradient,  and  that  it  penetrates  the  flow  until  at  station  V  it  extends 
out  to  mid-way  between  the  hub  and  shroud  walls. 

Eckardt  uses  a  blockage  factor  £^3(0)  Co  quantitatively  describe  the  blockage  caused  by  his  wake.  This 
parameter  is  defined  as  _ 

ek3(c)  *  1  -  Cr3k/  cr3’ 

where,  at  the  diffuser  station  R/R2  =  1.017,  cr3k  is  the  area-averaged  radial  velocity  and  cr3  is  the  mass- 
averaged  radial  velocity.  At  the  test  point  M2  considered  in  this  paper,  this  blockage  parameter  had  a 
measured  value  of  0.183. 

Figure  8  shows  for  comparison  our  results  obtained  with  a  1  %  tip  gap  and  a  rotating  shroud  wall.  At 
stations  I,  II  and  III,  we  obtain  remarkably  good  agreement  with  Eckardt's  measured  velocity  contours 
indicating  that  we  have  the  impeller  geometry  reasonably  well  described.  We  see  signs  of  wake  formation  at 
station  III  in  our  calculation  and  the  wake  grows  to  present  a  significant  blockage  in  the  flow  at  station 
V.  The  normal  velocity  distribution  at  a  radius  ratio  of  1.017  in  the  vaneless  diffuser  is  shown  in  per¬ 
spective  view  in  Figure  10a.  This  calculated  result  gives  a  blockage  factor  £^3(0)  of  0.119. 

Our  calculations  with  a  1  %  tip  gap  and  a  stationary  shroud  wall  gave  the  results  shown  in  Figure  9. 
Again  early  in  the  passage  the  agreement  is  good,  as  expected.  Now,  however,  with  this  combination  of  tip 
gap  and  boundary  condition,  the  calculated  wake  flow  is  mixed  out  across  the  shroud  wall  and  located 
centrally  at  a  location  where  it  does  not  experience  an  adverse  pressure  gradient  between  stations  IV  and 
V.  Consequently  it  does  not  grow  to  form  the  large  blockage  observed  in  Figure  8  and  especially  in  the 
measurements  of  Figure  7.  At  R/R2  *  1.017  the  calculated  normal  velocity  distribution  is  sb  shown  in 
Figure  10b  and  the  blockage  factor  is  0,074. 

Figure  10c  completes  the  series  of  calculations  with  different  boundary  conditions  by  showing  the 
results  obtained  with  a  rotating  shroud  wall  and  zero  tip  clearance.  The  location  of  the  wake  flow  is 
reasonably  well  calculated  in  this  case  but  the  blockage  is  only  0.056. 


Figure  7.  Eckardt's  measured  contours  of  unorraai/uiR2 
the  velocity  component  perpendicular  to  the  five 
measurement  planes,  I  -  V  in  the  Impeller. 


iv  v 


Figure  8.  Contours  of  unormai/wR2,  calculated  for 
1  %  tip  gap  and  rotating  shroud,  at  planes  I  -  V 
in  the  impeller. 


Figure  9.  Contours  of  unonna]/v>R2,  calculated  for 
1  X  tip  gap  and  stationary  shroud,  at  planes  1  -  V 
in  the  Impeller. 


Figure  10.  The  calculated  radial  velocity  distribu¬ 
tion  in  the  diffuser.  Fig.  10a.  R/R2“1.017;  1  X 

tip  gap  and  rotating  shroud.  Fig.  10b.  R/R2*1.017; 

1  X  tip  gap  and  stationary  shroud.  Fig,  10c.  R/R2* 

1.017;  zero  tip  gap  and  rotating  shroud. 

Fig/  lQd .  R/R2-1.151;  1  %  tip  gap  and  stationary 

shroud . 
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A  question  of  interest  is  how  quickly  the  wake  flow  mixes  out  in  the  vaneless  diffuser.  Eckardt's 
measurements  show  it  still  causing  significant  flow  non-uniformity  at  a  radius  ratio  R/R2  “  1.151.  Our 
calculations  confirm  this,  as  shown  in  Figure  lOd .  This  shows  the  development  of  the  velocity  profile  in 
the  vaneless  diffuser  for  the  case  of  the  stationary  shroud  wall  and  the  1  %  tip  gap  in  the  impeller. 

Clearly  the  velocity  profile  has  not  become  uniform  at  R/R2  “  1.151  ,  and  there  is  a  significant  axial 
gcadient  of  radial  velocity  from  the  shroud  to  the  hub  wall. 

Secondary  Flow  Velocities 

The  secondary  flow  velocity  components  solved  for  in  the  present  calculation  procedure  are  U2  and  U3, 
normal  to  finite-difference  grid  surfaces  of  constant  j  and  k  respectively.  These  two  components  are  not 
necessarily  mutually  orthogonal  but  they  are  both  orthogonal  to  the  u^  velocity  component  in  the  bulk  flow 
(i)  direction. 

Figures  11  and  12  show  U2  and  U3  velocity  components  calculated  mid-way  between  blades  and  mid-way 
between  the  hub  and  shroud  walls.  Figure  11  gives  the  results  for  the  case  of  a  1%  tip  gap  and  a  stationary 
shroud  wall,  and  Figure  12  shows  the  velocities  from  the  calculation  with  no  tip  gap  and  a  rotating  shroud. 
The  results  are  shown  for  measurement  planes  II  -  V  in  the  impeller. 

Immediately  apparent  from  the  comparison  of  the  two  figures  is  the  effect  of  the  different  shroud-wall 
boundary  conditions.  No  overturning  of  the  flow,  to  give  a  velocity  component  from  the  pressure  side  to 
the  suction  side,  occurs  near  the  shroud  wall  in  the  calculation  with  the  stationary  shroud  wall.  This  is 
contrary  to  the  measurements  presented  by  Eckardt  at  planes  III  and  IV  of  his  impeller.  In  contrast. 

Figure  12  shows  that  with  the  rotating  shroud  and  no  tip  gap  secondary  flow  velocities  from  the  pressure 
to  the  suction  side  do  occur  near  the  shroud  wall.  Possibly  our  estimate  of  1  %  tip  clearance  is  too  large. 

Evidence  of  the  influence  of  the  relative  eddy  (V  x  u  =  -2ft)  on  the  secondary  flow  pattern  in  the 
free  stream  is  seen  in  both  calculations  at  planes  II  and  III.  This  results  in  the  clockwise  secondary 
flow  pattern  observed  in  the  figures.  Curvature  in  the  meridional  plane,  see  Figure  2,  gives  rise  to  U3 
velocities  along  the  blade  surfaces  in  the  hub-to-shroud  direction.  These  play  an  important  role  in 
boundary  layer  transport  at  stations  IV  and  V. 


Figure  11  .  The  cross  flow  velocity  components  at 
planes  II  -  V  in  the  impeller,  calculated  with  1  % 
tip  gap  and  a  stationary  shroud. 


Figure  12.  The  cross  velocity  components  at  planes 
II  -  V  in  the  impeller,  calculated  with  no  tip  gap 
and  a  rotating  shroud. 


Tip-Leakage  Flow 

The  tip-leakage  flow  velocities  in  the  U2  direction  are  shown  in  Figure  13  for  the  calculation  with 
the  stationary  shroud  wall.  The  velocity  of  the  shroud  wall  relative  to  the  blades  imposes  a  harsh  boundary 
condition  on  this  pressure-driven  flow.  This  flow  is  calculated  with  the  distribution  of  grid  points  shown 
arrowed  in  the  1  %  tip-clearance  gaps,  which  are  shown  to  scale  for  the  three  measurement  stations  I,  III 
and  V. 

The  resulting  cumulative  mass  flow  rate  through  the  impeller  passage  is  presented  in  Figure  14  ps  a 
function  of  distance  along  the  blade  tip.  Results  from  the  two  calculations  with  tip  clearance  are 
presented,  one  with  the  rotating  shroud  wall  and  the  other  with  the  stationary  shroud  wall.  With  the 


Figure  13.  The  calculated  cross  flow  velocity  through  the  tip  gap  versus  distance  from  the  shroud  wall  at 
planes  I,  III  and  V  in  the  impeller.  location  of  grid  points  in  the  tip  gap. 
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rotating  shroud  wall,  3.2  X  of  the  flow  through  the 
passage  passed  through  the  tip  gap,  and  with  the 
stationary  shroud  wall  this  flow  rate  rose  to  4.2  X. 
With  the  particular  tip  gap  distribution  used,  one 
half  of  this  leakage  flow  passed  through  the  tip  gap 
by  station  II.  These  tip-leakage  flows  are  consis¬ 
tent  with  a  discharge  coefficient  of  approximately 
0.5,  based  on  the  shroud  tip  loading  calculated  for 
flow  with  a  rotating  shroud  and  no  tip  clearance. 


Vp 

ih 


Polar  Plot  of  Secondary  Flow  Velocities 


An  interesting  question  to  be  asked  after 
considering  the  secondary  flow  velocities  and  the 
tip-leakage  flow  is  whether  the  grid  spacing  need 
have  been  as  non-uniform  near  the  walls  as  was  in 
fact  chosen.  One  way  to  answer  this  question  is  by 
plotting  the  calculated  relative  tangential  velocity 
against  the  velocity  normal  to  the  calculation  plane, 
as  in  the  polar  plot  of  Figure  15.  Here,  for  the 
calculation  with  a  stationary  shroud  wall  in  the 
impeller  and  with  stationary  walls  in  the  diffuser, 
we  present  two  polar  plots,  one  at  station  IV  in  the 
impeller  and  one  at  a  radius  ratio  R/R2  *=  1.017  in 
the  diffuser.  Both  plots  are  for  velocities  on  a 
plane  mid-way  between  the  blade  surfaces. 


DISTANCE  ALONG  BLADE  TIP 


Figure  14.  The  cumulative  fraction  of  the  mass  flow 
passing  through  the  tip  gap  versus  distance  along 
the  blade  tip.  -  -  -  calculated  for  1  %  tip  gap  and 

rotating  shroud.  -  calculated  for  1  %  tip  gap 

and  stationary  shroud,  i,  impeller  inlet;  e, 
impeller  exit. 


Marked  on  the  plots  are  the  points  at  which  the  flow  angle  differs  by  5  from  the  angle  of  the  limiting 
streamline  at  the  wall.  It  is  then  found  that  the  only  wall  on  which  there  is  considerable  collateral  flow, 
i.e.  within  5  ,  is  the  hub  wall  in  the  diffuser.  With  this  criterion,  this  calculated  flow  is  collateral 
for  78  %  of  the  distance  to  the  opposite  wall  \  The  boundary  layer  at  this  point  would  give  little  trouble 
to  the  modeller. 


The  boundary  layers  at  the  other  three  locations  exhibit  different  behaviour.  To  be  at  a  location 
where  the  flow  angle  differs  by  less  than  5  from  the  calculated  limiting  direction,  the  near-wall  point 
should  be  approximately  0.003  of  the  hub-to-shroud  distance  from  the  wall  and  at  these  points  the  corres¬ 
ponding  values  of  y+  were  approximately  50. 


To  be  reasonably  sure  of  the  limiting  flow  direction,  two  grid  points  giving  approximately  the  same 
flow  direction  are  required.  In  the  present  calculation  this  condition  was  satisfied  with  points  at  0.0004 
and  0.002  relative  spacing. 


Impeller  Exit  Velocity  Triangles 


The  mass-averaged  normal  and  tangential  velocities  are  also  shown  on  Figure  15  for  the  two  stations. 

At  the  diffuser  station  R/R2  =  1.017,  the  normal  velocity  is  close  to  the  radial  direction,  thus  the 
velocity  triangle  for  the  mass-averaged  flow  can  be  drawn  as  shown.  This  velocity  triangle  for  the  calcula¬ 
tion  with  the  stationary  shroud  wall  and  1  X  tip-leakage  is  compared  with  Eckardt's  measured  velocity 
triangle  in  Figure  16.  As  a  result  of  Lne  lower  calculated  wake  blockage,  0.074  compared  with  the  measured 
value  of  0.183,  the  mass-averaged  radial  velocity  at  R/R2  *  1.017  is  0.367  0JR2  compared  with  the  measured 


Figure  15.  Polar  plot  of  the  normal 
and  circumferential  velocities  calcul 
ated  for  1  %  tip  gap  with  stationary 
shroud  and  diffuser  walls. 

-  mid-way  between  the  blade 

surfaces  at  impeller  plane  IV.  | 


averaged  at  impeller  plane  IV. 

-  -  -  mid-way  between  the  repeating 
boundaries  at  R/R2“1.017.  a  mass- 
averaged  at  1.017. 


Figure  16.  Comparison  of  calculated 
and  measured  mass-averaged  velocity 
vectors  near  the  impeller  exit 

(R/R2“l-017) .  -  measured; 

-  calculated  with  1  %  tip  gap 


and  stationary  shroud. 
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value  of  0.414  wR2«  The  calculated  relative  flow  angle  63  of  71.6°  agrees  well  with  the  measured  value  of 
71.2°,  but  the  calculated  absolute  flow  angle  03  of  22.3°  is  significantly  smaller  than  thie  measured  value 
of  25.3°. 

Tangential  Velocities  in  the  Diffuser 

Having  calculated  the  flow  in  the  impeller,  it  remains  to  calculate  the  shear  stress  distribution  at 
the  walls  in  the  vaneless  diffuser.  The  shear  work  associated  with  these  stresses,  in  the  rotating  refer¬ 
ence  frame  chosen  for  the  calculations,  constitutes  a  major  source  of  loss  production  in  the  diffuser. 

Again  the  stationary-wall  boundary  condition  provides  a  harsh  test  of  the  calculation  procedure. 

Figure  17  shows  calculated  relative  tangential  velocities,  mass-averaged  in  the  circumferential 
direction.  The  profiles  are  shown  at  radius  ratios  of  1.017,  1.36  and  1.687,  and  it  can  be  seen  that  with 
the  stationary  diffuser  walls  the  velocity  gradient  at  the  wall  starts  at  a  high  level  and  gradually 
decreases  at  larger  radii.  Also  shown  are  two  profiles  at  radius  ratios  of  1.017  and  1.687  for  the  case  of 
a  rotating  vaneless  diffuser.  In  this  case,  in  contrast,  the  shear  at  the  wall  due  to  tangential  velocities 
is  relatively  very  small  initially,  but  it  rises  to  very  high  values  at  large  radii. 


Figure  17.  The  calculated  circumferential 
velocity  component  in  the  diffuser,  mass- 
averaged  in  the  circumferential  direction. 

-  1  %  impeller  tip  gap  and  stationary 

diffuser  walls.  -  -  -  1  %  impeller  tip  gap 
and  rotating  diffuser  walls. 
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RESULTS  OF  CALCULATIONS  -  THERMODYNAMIC  PERFORMANCE 

We  have  considered  the  influence  of  the  boundary  conditions  on  the  three-dimensional  flow  in  Eckardt's 
centrifugal  compressor.  Now  let  us  consider  how  well  the  calculation  procedure  can  model  the  overall 
thermodynamic  performance  and  how  important  a  contribution  is  made  by  the  boundary  conditions. 

The  calculated  distributions  of  pressure,  velocity  and  rothalpy  provide  all  the  information  necessary 
to  completely  describe  the  thermodynamic  performance  of  the  compressor.  Local  distributions  of  pressure, 
temperature  and  entropy  can  be  obtained  and  these  can  be  mass-averaged  at  intermediate  calculation  planes 
throughout  the  compressor  to  define  the  compression  process  thermodynamically. 

In  this  section,  we  present  such  results  for  the  calculation  with  a  stationary  shroud  wall  and  a  1  % 
tip  clearance  in  the  impeller,  and  with  stationary  walls  in  the  vaneless  diffuser. 

Mass-Averaged  Flow  Properties 

Figures  18-20  show  the  variation  of  mass-averaged  properties  with  distance  through  the  compressor.  In 
the  impeller,  the  distance  is  measured  as  the  meridional  distance  along  the  hub  wall,  and  in  the  vaneless 
diffuser  radial  distance  is  used.  The  five  measurement  planes  in  the  impeller  between  the  inlet  and  exit 
are  shown,  together  with  diffuser  station  4  at  a  radius  ratio  R/R2  *  1.687.  Eckardt's  data  is  shown  for 
comparison  in  the  vaneless  diffuser. 

The  development  of  the  static  pressure  ratio  p/Pt0,N  anc*  the  stagnation  pressure  ratio  Pt/pt0  N  are 
shown  in  Figure  18.  The  agreement  between  the  measured  and  the  calculated  static  pressures  is  particularly 
good.  In  the  vaneless  diffuser  at  R/R2  *  1.017  the  measured  static  pressure  ratio  is  1.462  compared  with 
the  calculated  value  of  1.483,  and  at  diffuser  station  4  the  measured  value  is  1.82  compared  with  1.831. 

The  stagnation  pressure  level  in  the  diffuser  is  also  calculated  quite  closely  and  the  initial  rate  of 
decrease  of  stagnation  pressure,  mainly  due  to  shear  at  the  diffuser  walls,  is  reasonably  well  modelled. 

At  R/R2  *  1.017,  the  measured  stagnation  pressure  ratio  was  2.207  compared  with  the  calculated  value  of 
2.235,  and,  at  R/R2  “  1.687,  2.094  was  measured  compared  with  2.137. 

Figure  19  gives  a  picture  of  the  work  done  by  the  compressor,  in  terms  of  the  stagnation  temperature 
rise  in  the  Impeller,  and  the  change  in  the  absolute  tangential  velocity  of  the  air.^fThe  development  of 
angular  momentum  rCQ  is  not  shown  because  of  its  similarity  to  the  development  of  Tt.)  The  tangential 
velocity  cq  is  normalized  by  the  impeller  tip  speed  wR2,  thus  giving  the  slip  factor  in  the  impeller  exit 
plane.  The  measured  slip  factor  (actually  derived  from  the  overall  stagnation  pressure  ratio  and  the 
total-to-total  efficiency)  was  0.90,  which  is  approximately  2  X  lower  than  the  calculated  value  of  0.916. 

This  difference  is  consistent  with  the  differences  noted  between  the  two  velocity  triangles  in  Figure  16. 
There,  the  difference  in  absolute  tangential  velocity  was  seen  to  be  Acq/(*)R2  *  0.019,  and  this  was  explained 
by  reference  to  Figures  7  and  9,  in  which  the  measured  wake  blockage  was  found  to  be  0.183  compared  with  the 
calculated  blockage  of  0.074. 

The  calculated  stagnation  temperature  Tt  in  the  adiabatic  vaneless  diffuser  should  remain  constant  at 
the  calculated  impeller  exit  value  of  366.4  K.  In  fact  numerical  errors  cause  the  calculated  value  first 
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Figure  18.  The  variation  of  mass-averaged  static 
and  total  pressures  through  the  compressor. 

-  calculated,  1  %  tip  gap  and  stationary  shroud 

and  diffuser  wails.  A  ,  •  ,  Eckardt's  measurements. 

to  fall  below  the  measured  value  of  364.8  K  and  then 
to  rise  to  368.3  K  at  diffuser  station  4.  Some  im¬ 
provement  in  the  numerical  procedure  in  the  vaneless 
diffuser  is  clearly  possible,  although  in  fairness  it 
should  be  stated  that  this  is  a  difficult  flow  to 
calculate,  when  the  boundary  conditions  are  station¬ 
ary  walls  and  when  one  boundary  layer  is  near 
separation.  The  calculated  rise  in  stagnation 
temperature  in  the  impeller  of  78.3  K  is  approximate¬ 
ly  2  %  higher  than  the  measured  rise  of  76.7  K 
showing  at  least  that  the  calculation  is  consistent 
in  the  impeller. 

Finally^  we  present  the  mass-averaged  static 
temperature  T  and  the  mass-averaged  entropy  s,  the 
properties  required  for  the  thermodynamic  represent¬ 
ation  of  the  compression  process  on  a  T-s  diagram. 
Here  we  should  note  that  the  temperature  and  entropy 
data  in  the  vaneless  diffuser,  shown  in  Figure  20, 
were  obtained  from  instantaneous  pressure  measure¬ 
ments  (the  triangles)  and  from  conventional  pressure 
measurements  (the  circles),  together  with  the 
assumption  that  the  stagnation  temperature  remained 
constant  in  the  adiabatic  diffuser.  The  agreement 
between  the  measured  and  calculated  entropies  is 
especially  encouraging  early  in  the  diffuser  up  to  a 
radius  ratio  R/R2  of  1.2,  which  in  many  machines 
would  be  the  extent  of  the  vaneless  diffuser.  At 
radius  ratios  larger  than  1.2,  the  calculated  entropy 
is  higher  than  that  derived  from  the  measurements  and 
this  may  be  associated  with  the  anomalous  stagnation 
temperature  variation  shown  in  Figure  19. 


Figure  19.  The  variation  of  mass-averaged  stagnation 
temperature  and  absolute  circumferential  velocity 

through  the  compressor.  -  calculated, ^1  Z  tip 

gap  and  stationary  diffuser  walls.  -  -  -  Rcg~constant . 
■  ,  #,  Eckardt's  measurements. 


Figure  20.  The  variation  of  mass-averaged  temperature 

and  entropy  through  the  compressor.  -  calculated 

with  1  %  tip  gap  and  stationary  shroud  and  diffuser 
walls.  A  ,  •  ,  Eckardt's  measurements. 


The  mass-averaged  static  temperatures  appear  to 
agree  well  throughout  the  diffuser  and  certainly  they 
do  agree  well  where  we  have  noted  before  good  agree¬ 
ment  with  static  pressure  and  entropy.  It  is  interesting  to  calculate,  however,  the  change  in  entropy  for 
a  temperature  change  of  1.9  K  such  as  is  seen  at  diffuser  station  4.  c_  In  (352.4/350.5)  gives  an  entropy 
change  of  5.4  J/kg  K,  close  to  the  difference  between  the  calculated  value  and  the  data  point.  Further 
work  is  planned  to  attempt  to  improve  our  calculations  of  vaneless  diffuser  flow. 


Temperature- Entropy  Diagrams 

The  temperature-entropy  diagram  of  Figure  3  is  used  as  the  basis  for  Figures  21  and  23.  The  data  points, 
the  compressor  stations,  the  isobars  and  the  nomenclature  are  retained.  Calculated  results  are  then 
superposed  for  comparison. 

The  temperature  and  entropy  results  shown  on  Figure  20  are  replotted  in  Figure  21,  together  with  the 
stagnation  temperatures  of  Figure  19.  Figure  21  therefore  gives  a  comparison  of  the  measured  and  calculated 
thermodynamic  performance  of  Eckardt's  compressor. 


Figure  21.  Comparison  of  the  calculated  and  measured  Figure  22.  State  points  deduced  from  Eckardt's  data 
thermodynamic  performance  of  the  Eckardt  compressor.  and  required  for  efficiency  calculations.  1,  3,  4, 

■ - ■  calculated  with  1  X  tip  gap  and  stationary  static;  0,  t3,  t4,  absolute  stagnation;  E3,  relative 

shroud  and  diffuser  walls.  •  ,  ©  ,  A  ,  from  Eckardt's  stagnation;  U,  isentropic  centrifugal  pressure  rise, 
measurements. 


TABLE  1 

Pressures  and  temperatures  for  the  state  points 
shown  on  Figure  22.  Comparison  of  states  deduced 
from  measurements  and  states  calculated  with  a  1  % 
tip-clearance  gap  and  a  stationary  shroud  wall. 


Deduced  from 
measurements 

Calculated 

m 

m 

State 

2 _ 

T 

E _ 

T 

Pt0,N 

(K) 

pt0,N 

(K) 

t0,N 

1.0 

288.1 

1.0 

288.1 

0 

0.999(1) 

288.1 

0.999 

288.1 

1 

0.963(1) 

285.0(1) 

0.963 

285.0 

0 

1.384 

316.2 

1.384 

316.2 

t2' 

2.282 

364.8 

2.320 

366.4 

3 

1.462 

324.3 

1.483 

325.9 

3' 

1.462 

321.1 

1.483 

322.5 

El 

1.657 

332  g(2) 

1.657 

332.9 

E3 

1.602 

332.9<2) 

1.598 

332.9 

t3 

2.207 

364.8 

2.235 

366.4 

1 3  * 

2.207 

361.3 

2.235 

362.6 

4 

1.82(3) 

350.5 

1.831 

352.4 

4* 

1.82(3) 

345.2 

1.831 

346.1 

4" 

1.82(3) 

342.0 

1.831 

342.5 

t4 

2.094 

364.8 

2.137 

368.3 

t4' 

2.094 

355.9 

2.137 

358.0 

(1)  Based  on  estimated  inlet  flow  conditions. 

(2)  Estimate  based  on  calculated  rothalpy  Increase 
through  impeller  equivalent  to  0.6  K  temperature 
rise. 

(3)  Extrapolation  of  static  pressure  data. 


TABLE  2 

Impeller  and  compressor  efficiencies  consistent 
with  the  data  presented  in  Figure  22  and  Table  1. 

Deduced  from 
measurements  Calculated 

0.338  0.340 

25.3°  22.3° 

71.2°  71.6° 

0.183  0.074 

0.920  0.917 

0.925  0.922 

0.954  0.951 

0.605*  0.649 

0.870*  0.853 

0.864*  0.846 

0.884*  0.872 

0.798*  0.762 

0.897*  0.916 


Ek3(c) 


s-sl3 


Pl3 


n 


t-t03 


W13 


s-sl4 


t-s04 


t-t04 


D34 


cr3k/uR2 

sin~1(cr3/“3) 

sin-1(cr3/W3) 

1  "  W"r3 

T3'  -  T1 
t3  -  t3 

In  ^31  /  In 
Tl/  T1 
Tt3'  -  T0 
Tt3  -  T0 
T3'  -  TU 
T3-  TU 
T4"  -  Tl 
T4  -  T1 
T4"  -  To 
T4  ’  T0 
Tt4'  -  T0 
Tt4  '  T0 
T4 '  -  T3 

T4-T3 

S(Tt3  -  T0) 

2  2 


Note:  the  temperatures  are  all  mass-averaged. 

*  The  uncertainty  in  these  efficiencies  deduced  from 
the  measurements  may  be  as  much  as  ±  0.01,  the  un¬ 
certainty  in  the  slip  factor,  i  0.02. 


9-J3 


As  anticipated  by  the  agreement  of  Figure  20,  the  calculated  states  in  the  vaneless  diffuser  at 
R/R2  *  1.017  are  in  reasonably  close  agreement  with  the  states  deduced  from  the  measured  data.  The  calcu¬ 
lated  static  and  stagnation  temperatures  are  325.9  and  366.4  K  respectively,  compared  with  the  corresponding 
measured  temperatures  of  324.3  and  364.8  K,  and  the  calculated  mass-averaged  entropy  is  10.6  J/kg  K  compared 
with  9.8  J/kg  K.  It  is  interesting,  therefore,  to  see  the  calculated  processes  between  states  1  and  3,  and 
between  states  0  and  t3.  The  calculation  shows  that  approximately  one  half  of  the  entropy  increase  in  the 
impeller  occurs  in  the  inducer  up  to  station  II,  where  less  than  one  quarter  of  the  work  has  been  done  on 
the  air.  The  relatively  long,  lightly-loaded  inducer  appears  to  make  a  sizeable  contribution  to  the  losses. 
The  increase  in  entropy  in  the  rest  of  the  impeller  is  then  relatively  small  in  comparison  with  the  work 
done . 


More  than  one  half  of  the  overall  entropy  rise  occurs  in  the  diffuser,  and  both  the  calculation  and 
the  data  show  the  process  between  states  3  and  4  to  be  a  nearly  straight  line  on  the  T-s  diagram.  In  fact, 
a  straight  line  with  a  slope  of  approximately  1.4  kg/J,  almost  the  same  as  calculated  for  the  inducei ,  and 
four  times  as  small  as  that  calculated  for  the  impeller  between  stations  II  and  V. 

The  design  philosophy  behind  the  geometry  of  Eckardt’s  impeller  is  apparent  from  the  figure.  The 
pressure  rise  in  the  inducer  up  to  station  II  is  mostly  due  to  a  reduction  in  the  relative  kinetic  energy 
of  the  flow.  After  station  II,  the  impeller  passage  turns  quickly  to  the  radial  direction  and  the  pressure 
rise  is  mostly  due  to  centrifugal  compression. 

Clearly  the  temperature-entropy  diagram  aids  understanding  of  the  compression  processes,  as  was 
appreciated  by  Vavra  [11].  We  now,  therefore,  summarize  the  measured  and  calculated  performance  of  Eckardt's 
impeller  by  presenting  pressures  and  temperatures  at  the  state  points  required  for  the  calculation  of  the 
overall  and  component  efficiencies. 

Figure  22  shows  the  state  points  deduced  from  Eckardt’s  data  and  shown  earlier  in  Figure  3.  It  also 
shows  other  states  required  for  the  calculation  of  thermodynamic  efficiencies;  these  states  are  obtained 
by  isothermal  and  isobaric  processes  as  shown  on  the  figure.  Figure  22  therefore  represents  a  complete 
thermodynamic  representation  of  the  overall  compression  process  in  Eckardt’s  compressor.  Table  1  gives 
a  comparison  of  the  measured  and  calculated  values  of  pressure  and  temperature  for  all  the  state  points 
shown  on  the  figure. 

Efficiencies 

The  impeller  and  compressor  efficiencies  consistent  with  the  data  presented  in  Figure  22  and  Table  1 
arc  tabulated  and  defined  In  Table  2.  Also  presented  are  values  of  the  flow  coefficient,  the  impeller  exit 
flow  angles,  the  wake  blockage  factor  and  the  slip  factor. 

The  static-to-static,  polytropic  and  total-to-total  impeller  efficiencies  are  all  calculated  to  better 
than  one  half  of  one  percent.  The  calculated  static-to-static,  total-to-static  and  total-to-total  compressor 
efficiencies  are  1-2  %  below  the  measured  values. 

The  wheel  and  diffuser  efficiencies  discussed  by  Vavra  are  also  tabulated.  The  wheel  efficiency  gives 
a  measure  of  the  impeller  performance  with  the  centrifugal  pressure  rise  removed  and  represents  an  efficiency 
of  the  diffusion  process  in  the  impeller.  The  calculated  value  of  0.65  agrees  reasonably  well  with  the 
value  of  0.6  derived  from  the  measurements ,  and  both  are  much  smaller  than  the  other  impeller  efficiencies 
which  are  in  excess  of  91  %.  The  measured  and  calculated  diffuser  efficiencies  are  0.8  and  0.76  respectively. 


Influence  of  Boundary  Conditions  on  Thermodynamic 
Performance 

As  we  have  seen, the  present  calculation 
procedure  gives  a  thermodynamic  compression  process 
corresponding  quite  closely  with  the  actual  process. 
Furthermore  it  allows  us  to  change  the  boundary 
conditions  of  the  flow  in  order  to  delineate  the 
individual  contributions  of  effects  such  as  tip 
leakage  on  the  compressor  performance. 

Figure  23  presents  the  results  of  thesd  computa¬ 
tional  investigations.  The  results  of  three  different 
calculations  of  the  impeller  exit  states  3  and  t3  are 
shown  in  comparison  to  the  measured  states.  These 
calculations  were  for  the  three  sets  of  boundary 
conditions  described  above,  and  the  temperature  and 
entropy  values  for  each  of  these  states  are  given  in 
Table  3. 

The  largest  variation  In  the  calculated  impeller 
exit  states  is  caused  by  the  tip  leakage.  The  m 
calculation  with  zero  tip  gap  gives  an  entropy  S3  of 
only  6.75  J/kg  K  compared  with  values  of  10.56  and 
10.22  J/kg  K  for  the  two  cases  with  a  1  %  tip  gap. 

In  fact,  these  two  values  with  tip  leakage  are 
remarkably  close  considering  that  one  calculation 
imposed  a  stationary  shroud  wall  while  the  other  used 
a  rotating  shroud  wall.  These  calculations  do  not 
allow  us  to  distinguish  between  the  unresisted- 
expansion  and  mixing  losses  experienced  by  the  tip- 
leakage  flow  and  the  loss  due  to  Increased  viscous 
shear  at  the  shroud  wall,  but  with  further  calcula¬ 
tions  and  consideration  of  results  like  those  shown 
in  Figure  13  this  may  be  possible. 

As  expected,  the  closest  agreement  with  the 
measured  impeller  exit  state  is  given  by  the 


Figure  23.  Influence  of  boundary  conditions  on  calcu¬ 
lated  thermodynamic  performance.  ■ - ■  calculated 

with  1  %  tip  gap  and  stationary  shroud  and  diffuser 
walls;  ▼-  -  -▼  calculated  with  1  %  tip  gap,  and  rotating 
shroud  and  diffuser  walls;  *  ,  calculated  with  zero 
tip  gap  and  rotating  shroud;  •  ,  O  ,  A  ,  from 
Eckardt’s  measurements. 
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TABLE  3 

Impeller  exit  states  3  and  t3,  measured,  and  calculated  with 
three  different  sets  of  boundary  conditions. 


T3 

Tt3 

S3 

P3 

Pt3 

c-  (  r  \ 

= 

Description 

(K) 

(K) 

J/kg  K 

Pt0,N 

Pt0,N 

ek3(  } 

“3 

Deduced  from 
measurements 

324.3 

364.8 

9.77 

1.462 

2.207 

0.183 

25. 3‘ 

1  %  tip  gap  - 
stationary  shroud  wall 

325.9 

366.4 

10.56 

1.483 

2.235 

0.074 

22. 31 

1  %  tip  gap  - 
rotating  shroud  wall 

324.6 

364.3 

10.22 

1.465 

2.197 

0.119 

23. 6' 

zero  tip  gap  - 

325.4 

364.3 

6.75 

1.495 

2.225 

0.056 

22. 21 

rotating  shroud  wall 


calculation  which  most  closely  models  the  measured  wake  flow.  This  was  obtained  with  the  combination  of  a 
1  %  tip  gap  and  a  rotating  shroud  wall,  as  discussed  above  and  as  seen  in  Figures  7  and  8.  In  this  case, 
the  temperatures  and  pressures  at  the  impeller  exit  agree  particularly  well  with  the  measurements. 


Rotating  Vaneless  Diffuser 


The  increase  in  entropy  in  the  stationary  vaneless  diffuser  arises  mostly  due  to  the  high  shear  at 
the  wall  caused  by  the  large  tangential  velocity  of  the  flow.  As  discussed  above  and  as  shown  in  Figure 
17,  these  shear  stresses  may  be  reduced,  especially  at  small  radius  ratios,  by  rotating  the  walls  of  the 
diffuser. 


Figure  23  shows  the  calculated  diffuser  performance  for  the  case  of  a  1  %  tip  gap  and  a  rotating  shroud 
in  the  impeller,  and  with  diffuser  walls  rotating  at  the  rotational  speed  of  the  impeller.  As  can  be  seen, 
the  rotating  diffuser  gives  less  loss  and  improved  performance  at  small  radius  ratios,  up  to  about  R/R2*1.35; 
thereafter,  the  shear  stresses  at  the  walls  become  larger  than  with  the  stationary  diffuser  walls,  and  the 
diffuser  performance  becomes  progressively  worse.  The  total-to-static  and  total-to-total  efficiencies 
calculated  for  the  compressor  with  the  rotating  vaneless  diffuser  were  0.828  and  0.861  respectively.  Thus, 
apart  from  the  increased  work  due  to  the  shear  in  the  diffuser  and  the  higher  pressure  ratios  of  P4/ptQ  n  “ 
1.85  and  Pt^/PtO  N  =  2.25,  extending  the  rotating  vaneless  diffuser  all  the  way  to  a  radius  ratio  of  1.687 
would  not  appear* to  offer  a  performance  gain.  A  combination  of  a  rotating  diffuser  to  a  radius  ratio  of 
1.3  followed  by  a  diffuser  with  a  stationary  wall  might  offer  some  improvement  in  compressor  efficiency, 
but  at  the  expense  of  mechanical  complexity  and  weight. 


COMMENTS  ON  THE  FLOW  MODEL 


As  described  in  the  introduction  to  reference  1,  it  is  fifteen  years  since  we  began  studying  various 
aspects  of  the  fluid  dynamics  of  centrifugal  impeller  flows.  Now,  finally,  we  have  created  a  computational 
model  which  combines  these  effects  and  allows  an  assessment  of  the  thermodynamic  performance  of  compressors. 

The  key  features  of  this  model  are: 

1.  the  use  of  a  general  three-dimensional  grid,  without  any  orthogonality  restrictions  on  the  grid  lines, 
so  that  flows  in  real  turbomachinery  cascades  may  be  calculated  and  circumferentially  repeating  boundary 
conditions  may  be  simply  applied; 

2.  the  handling  of  the  equations  in  vector  form,  so  that  equations  for  three  velocity  components  of  local 
interest  in  the  flow  are  relatively  easy  to  formulate; 

3.  the  choice  of  the  three  velocity  components: 

a.  the  uj  velocity  in  the  bulk-flow  direction  will,  over  most  of  the  flow  domain,  be  the  largest  of  the 
velocity  components; 

b.  the  u2  and  u3  velocities  normal  to  the  blade  walls  and  normal  to  the  hub  and  shroud  walls  respectively, 
so  that  the  boundary  values  of  the  velocity  normal  to  the  wall  may  be  specified  without  numerical 
interpolation  problems; 

4.  the  highly  non-uniform  grid  spacing,  which  allows  the  location  of  grid  points  in  regions  of  physical 
interest,  for  example  near  the  walls,  while  using  an  economical  number  of  grid  points; 

5.  a  sophisticated  solution  procedure  for  the  pressure-correction  equations,  which  combines  the  use  of 
single  and  integrated  strips  of  grid  points  to  allow  a  rapid,  accurate  solution  over  highly  non-uniform 
grid  spacing; 

6.  a  Prandtl  mixing-length  viscosity  model  with  a  Van  Driest  modification,  which  can  be  used  in  the  laminar 
sublayer,  in  the  logarithmic  region  of  the  boundary  layer  and  throughout  the  entire  flow  domain,  without 
any  restrictions  on  the  grid  point  locations; 

7.  the  nearly-separated  pressure  correction,  which  is  convenient  to  use  over  the  general  non-ortho gonal 
grid  and  allows  the  pressure  used  in  the  density  and  total  pressure  calculations  to  be  consistent  with  the 
pressure  used  in  the  bulk-flow  velocity  calculation.  Since  this  is  usually  the  largest  velocity  component, 
the  nearly-separated  pressure  correction  results  in  total  pressure  being  conserved  without  a  tight 
convergence  of  the  three-dimensional  pressure  distribution. 

The  calculations  are  economical  to  perform,  both  in  terms  of  computer  storage  and  computer  time.  A 
calculation  of  the  three-dimensional  flow  and  thermodynamic  performance  of  a  centrifugal  compressor  at 
one  operating  point,  such  as  described  here,  requires  440k  bytes  of  memory  and  45  minutes  of  CPU  time 
on  an  IBM  3032  computer. 


CONCLUDING  REMARKS 


a.  Unlike  the  Ghost  centrifugal  impeller  which  we  studied  earlier  [1],  the  impeller  used  by  Eckardt  has  a 
lightly-loaded  inducer  at  the  M2  test  point.  Thus  the  large  leading-edge  loss,  with  its  associated  large 
turbulence  levels  and  unsteadiness ,  which  were  observed  in  the  Ghost  inducer  near  the  shroud  wall,  are  not 
expected  in  the  Eckardt  impeller  and  they  were  not  observed.  Since  our  partially-parabolic  flow 
assumption  neglects  such  leading  edge  effects,  we  expected  it  to  more  closely  model  Eckardt *s  impeller 

flow  than  it  did  the  flow  in  the  Ghost  impeller.  Indeed,  the  model  is  appropriate  for  present-day  impellers 
with  lightly  loaded  inducers. 

b.  Further  work  should  be  undertaken  to  evaluate  the  relative  Importance  of  the  loss  mechanisms  associated 
with  tip-leakage  flows  and  with  flow  near  t».e  stationary  shroud  wall  in  the  impeller.  The  question  as  to 
the  optimum  tip-clearance  gap  still  remains  to  be  answered.  The  present  method  can  be  used  to  gain  a  better 
understating  of  these  effects. 

c.  At  its  present  stage  of  development,  the  calculation  procedure  gives  the  work  done,  the  pressure  ratios 
and  the  efficiencies  of  Eckardt' s  centrifugal  compressor  within  1  or  2  %.  Considering  the  approximations 
made  in  estimating  the  impeller  geometry,  the  tip-clearance  gap  and  the  inlet  flow  conditions,  and  considering 
the  uncertainty  In  the  measurements  and  their  interpretation,  this  is  perhaps  more  than  could  be  expected. 

d.  In  more  general  terms,  the  model  is  applicable  to  steady,  subsonic  flows  in  stationary  and  rotating 
turbomachinery  cascades,  which  have  small  leading-edge  effects.  The  present  calculations  represent 
significant  progress  in  handling  steady  relative  flow  with  complex  boundary  conditions  in  passages  of 
complex  geometry.  They  offer  hope  for  improved  predictions  from  preliminary  design  studies  and  for 
reduced  component  development  costs. 

REFERENCES 

1.  Moore,  J.  and  Moore,  J.G.,  "Calculat ions  of  Three-Dimensional ,  Viscous  Flow  and  Wake  Development  in  a 
Centrifugal  Impeller,"  in  "Performance  Prediction  of  Centrifugal  Pumps  and  Compressors,"  ASME  Publication, 
1980. 

2.  Johnson,  M.W.  and  Moore,  J.,  "The  Development  of  Wake  Flow  in  a  Centrifugal  Impeller,"  ASME  Paper  No. 
79-GT-152,  to  be  published,  ASME  J.  of  Eng.  for  Power. 

3.  Eckardt,  D.,  "Detailed  Flow  Investigations  within  a  High-Speed  Centrifugal  Compressor  Impeller," 

Trans.  ASME,  J.  of  Fluids  Eng.,  Vol.  98,  pp390-402,  1976. 

4.  Eckardt,  D.,  "Instantaneous  Measurements  in  the  Jet-Wake  Discharge  Flow  of  a  Centrifugal  Compressor 
Impeller,"  Trans.  ASME,  J.  of  Eng.  for  Power,  Vol.  97,  No.  3,  pp  337-346,  July  1975. 

5.  Eckardt,  D. ,  "Untersuchung  der  Strahl/Totwasser-Stromung  hinter  einem  hochbelasteten  Radialverdichter- 
laufrad,"  DFVLR  Report,  DLR-FB  77-32,  1977. 

6.  Smith,  A.G.,  "On  the  Generation  of  the  Streamwise  Component  of  Vorticity  for  Flows  in  a  Rotating 
Passage,"  Aeronautical  Quarterly,  Vol.  8,  pp  369-383,  1957. 

7.  Hawthorne,  W.R.,  "Secondary  Vorticity  in  Stratified  Compressible  Fluids  in  Rotating  Systems," 
C.U.E.D./A-Turbo/TR63/1974. 

8.  Stanitz,  J.D.,  Osborne,  W.M.  and  Mizisin,  J.,  "An  Experimental  Investigation  of  Secondary  Flow  in  an 
Accelerating,  Rectangular  Elbow  with  90°  of  Turning,"  NACA  TN  3015,  Oct.  1953. 

9.  Moore,  J.  and  Moore,  J.G.,  "A  Calculation  Procedure  for  Three-Dimensional ,  Viscous,  Compressible  Duct 
Flow.  Part  I  -  Inviscid  Flow  Considerations."  Trans  ASME,J.  of  Fluids  Eng.,  Vol  101,  pp  415-422,  Dec.  1979. 

ID.  Moore,  J.  and  Moore,  J.G.,  "A  Calculation  Procedure  for  Three-Dimensional,  Viscous,  Compressible  Duct 
Flow.  Part  II  -  Stagnation  Pressure  Losses  in  a  Rectangular  Elbow,"  Trans.  ASME,  J.  of  Fluids  Eng.,  Vol. 

101,  pp  423-428,  Dec.  1979. 

11.  Vavra,  M.H.,  "Basic  Elements  for  Advanced  Design  of  Radial-  Flow  Compressors,"  AGARD  Lecture  Series 
No.  39  on  "Advanced  Compressors,"  1970. 


ACKNOWLEDGEMENTS 

The  authors  wish  to  thank  Professors  J.B.  Jones,  H.L.  Moses  and  W.F.  O'Brien  for  their  encouragement 
and  for  giving  them  the  facilities  and  the  opportunity  to  perform  this  study. 


APPENDIX.  Thermodynamic  Representation  of  States  in  a  Rotor. 


Figure  Al  shows  the  processes  used  to  define  auxiliary  states  for  the  representation  of  flow  with 
static  pressure  p,  static  temperature  T  and  relative  velocity  U  at  a  point  in  a  rotor  at  which  the 
angular  velocity  is  ur.  Three  auxiliary  states  are  marked;  state  Or  is  the  relative  stagnation  point, 
state  *  is  the  rotary  stagnation  point  and  state  r  is  the  reduced  condition. 

The  relationships  between  the  temperatures  are 


T0r  ' 

T  +  in/2cp 

and 

T0r  " 

*  2  2. 

T  +  u  r  /2c  , 

P 

so  that 

T* 

T  +  (V2  -  <j2r2)/2c  -  H/c 

where  H  is  the  rothalpy,  and  the  equations  are  written  for  a  perfect  gas. 


Four  pressures  are  considered: 

1.  the  static  pressure  p, 

2.  the  reduced  static  pressure  pr, 

3.  the  relative  stagnation  pressure  pQr, 

4.  the  rotary  stagnation  pressure  p*. 

The  relationships  between  these  pressures  are  calculated  using  the  relation  for  isen tropic  flow  of  a 
perfect  gas.  In  particular. 
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The  local  relative  Mach  number  M  ^  may  be  found  from  the  relation 
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Figure  Al.  Definition  of  the  reduced  static  (r), 
relative  stagnation  (Or)  and  rotary  stagnation  (*) 
state  points. 
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H.B.Weyer,  DFVLR,  Cologne,  Ge 

Did  you  perform  parametric  studies  using  your  code  -  to  demonstrate  design  features  of  separation  free 
impellers?  Is  there  a  chance  to  do  that? 

Author’s  Reply 

To  date,  our  program  development  for  centrifugal  compressor  flows  has  concentrated  on  reproducing  the  main 
features  of  the  How  and  performance  of  the  compressor  which  Herr  Dr  Eckardt  tested  at  the  DFV  LR.  The  data 
available  for  this  compressor  (Rotor  0)  is  the  most  comprehensive  in  the  literature  anu  should  be  considered  by 
modellers  before  they  embark  on  parametric  studies.  The  results  presented  in  this  paper  are  being  supplemented  by 
calculations  using  different  thicknesses  of  inlet  boundary  layer.  In  this  way,  we  are  studying  the  sensitivity  of  the 
wake  development  in  Eckardt’s  compressor  to  inlet  conditions. 

In  March  this  year,  Herr  Dr  Eckardt  reviewed  the  results  presented  in  this  paper  and  he  pointed  out  that  the  57? 
boundary  layer  thickness  on  the  shroud  wall  at  the  impeller  inlet  was  too  small.  We  therefore  repeated  the  calcula¬ 
tions  with  a  1 5%  shroud  boundary  layer  and  a  1%  hub  boundary  layer  at  the  inlet.  The  wake  development  at  the 
impeller  exit,  R/Rj  =  1 .01  7,  was  then  calculated  as  shown  in  Figure  24,  which  can  be  compared  with  the  develop¬ 
ment  shown  in  Figure  10b. 


Fig.24  The  calculated  radial  velocity  distribution  in  the  diffuser  at  R/R2  =  1.017. 

Calculation  with  1%  tip  gap,  stationary  shroud,  15%  inlet  shroud  boundary  layer,  and  1%  inlet  hub  boundary  layer 


The  normal  vorticity  of  the  thicker  shroud  boundary  layer  at  the  inlet  develops  a  strong  streamwise  component  in 
the  rotating  impeller,  and  the  secondary  flow  velocities,  from  the  pressure  side  to  the  suction  side  near  the  shroud 
wall,  are  now  sufficient  to  convect  the  wake  fluid  into  the  shroud/suction  side  corner  region.  Here,  in  the  adverse 
pressure  gradient  caused  by  the  blade  unloading,  the  wake  grows  to  give  a  blockage  factor  (c)  of  0. 1 1 0. 

Following  our  current  study  of  the  influence  of  inlet  conditions  on  impeller  flow  and  performance,  we  plan  to 
perform  calculations  of  flows  in  other  compressors  and  parametric  studies  will  also  be  possible. 


R. A. Novak,  G.E.  Company,  US 

Why  was  Bosman  seemingly  able  nearly  to  reproduce  the  Eckardt  discharge  velocity  profile  without  an  inlet  shear 
layer,  while  Moore  and  Moore  needed  a  1  S%  shear  layer  (as  opposed  to  original  5%  layer)  to  reproduce  (nearly)  the 
measured  profile? 

Author's  Reply 

The  momentum  equation  for  inviscid,  compressible,  steady  flow  in  a  rotating  reference  frame  may  be  written13 
-ux(Vxu  +  in)  =  TVs  —  VH  . 
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For  flow  with 

(1 )  zero  absolute  vortieity  at  inlet,  i.e.  V  x  u  +  212  =  0, 

(2)  uniform  rothalpy,  H, 

(3)  uniform  entropy,  s. 
it  can  be  shown14  that 

V  x  £  =  —  2£ 2 

everywhere. 

It  would  at  first  appear  that  these  assumptions  would  apply  to  Bosnian’s  calculation  of  the  flow  in  Eckardt’s 
impeller.  If  so,  then  one  would  expect  no  streamwise  (~  radial)  component  of  vortieity  at  the  impeller  exit  the 
above  equation  shows  that  in  the  relative  frame  the  vortieity  is  only  in  the  axial  direction.  Correspondingly, 
however,  one  would  expect  a  streamwise  component  of  vortieity  in  the  impeller  inducer,  since  here  the  streamwise 
direction  is  partly  in  the  axial  direction. 

From  these  observations  and  Bosnian's  fourth  conclusion,  “the  3-D  calculation  shows  the  development  of  a  single 
passage  relative  vort ex  commencing  in  the  inducer  exit",  one  can  conclude  that  Bosman  did  not  start  with  the 
obvious  inlet  condition  of  uniform  axial  flow  (in  the  absolute  reference  frame)  upstream  of  the  impeller.  What 
absolute  vortieity  Bosnian  imposed  at  the  flow  inlet  we  do  not  know  but  again  we  can  conclude  that  the  inlet 
conditions  are  very  important. 

An  alternative  explanation  is  that  gradients  of  entropy  or  rothalpy  were  introduced  into  Bosman’s  calculations  by 
numerical  approximations. 

Further  correspondence  with  Herr  Dr  Eckardt  has  revealed  that  the  15%  boundary  layer  thickness  was  measured  on 
the  shroud  wall  near  the  inlet  to  Rotor  0,  at  18000  RPM  and  7.15  kg/s.  A  calculation  of  the  flow  at  14000  RPM 
and  5.31  kg/s,  assuming  this  measured  inlet  boundary  layer  shape,  produced  secondary  flow  velocities  at  station  IV 
in  the  impeller  passage,  which  agreed  well  not  with  the  measurements  at  14000  RPM  but  with  those  at  18000  RMP! 
This  suggests  that  the  subtle  differences  in  secondary  flow  patterns  observed  by  Eckardt  may  be  due  to  small 
differences  in  inlet  flow  conditions.  These  could  be  due  to  changes  in  Reynolds  number  for  example. 

Alternatively,  changes  in  impeller  Reynolds  number  or  even  changes  in  turbulence  structure  may  also  contribute. 
Ironically,  it  may  be  that  turbulence  modification,  due  to  rotation  and  curvature,  influences  distributions  of  normal 
vortieity  and  that  these  in  turn  influence  secondary  flow  patterns!  If  the  latter  is  so.  the  agreement  we  obtain  at 
14000  RPM  with  measurements  at  18000  RPM  is  fortuitous. 


C. Rodgers,  Solar,  US 

For  a  fixed  clearance  gap  the  dynamic  distortion  of  the  impeller  will  result  in  clearance  flow  varying  with  speed. 
This  could  cause  the  changes  in  exit  flow  distributions  exhibited  by  the  Eckardt  Impeller. 


J.W.Railly,  Birmingham  University,  UK 

With  reference  to  the  calculating  planes  that  lie  across  the  bulk  mean  flow  direction,  are  these  surfaces  exactly 
normal  to  the  blade  surfaces;  because  it  appears  from  the  diagrams  that  there  are  no  velocity  components  pointing 
across  the  boundaries  of  these  calculating  planes. 

Author’s  Reply 

The  calculating  planes  are  not  normal  to  the  blade  surfaces.  The  u2  and  u3  components  of  velocity  shown  in 
Figures  1 1  and  1 2  do  not  lie  in  the  calculation  planes  (the  planes  shown),  but  are  shown  on  them  for  convenience. 


C. Bosman,  U.M.I.S.T.,  Manchester,  UK 

I  observe  that  the  cross  flow  velocities  illustrated  in  Figure  12,  plane  IV  indicate  a  passage  vortex  having  the  opposite 
sense  (i.e.  contrary  to  the  direction  of  rotation)  to  that  observed  by  Eckardt  and  those  presented  in  Paper  No.  10. 
Also  the  qualitative  distribution  is  different  from  those  observed  by  Eckardt  in  that  the  cross  over  point  on  the  hub 
to  shroud  distribution  is  nearer  to  the  hub  while  Figure  6,  Paper  No.  10  shows  it  to  be  nearer  to  the  shroud.  As  this 
secondary  flow  is  regarded  as  vital  to  the  correct  determination  of  the  boundary  layer  development  and  migration 
and  consquently  to  the  whole  loss  mechanism  in  the  impeller,  could  the  authors  comment  on  this  feature? 

Author's  Reply 

As  discussed  above,  the  boundary  layer  on  the  shroud  wall  at  the  impeller  inlet  has  a  significant  effect  on  the 
secondary  flow  pattern  measured  in  the  Eckardt  impeller.  Calculations  omitting  the  vortieity  associated  with  this 
thick  shroud  inlet  boundary  layer  will  not  correctly  represent  the  secondary  (lows. 
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Summary 

The  inviscid  flow  through  the  Eckardt  impeller  reported  to  the  A5ME  in  1976  has  been  computed 
using  a  time  marching  technique  with  primitive  variables.  Comparison  is  made  at  one  operating  point 
between  the  experimental  results,  computed  quasi-three-dimensional  (Q3Dj  inviscid  insults  using  stream 
surface  techniques  and  the  computed  inviscid  three-dimensional  (3D)  results.  The  computed  30  results 
exhibit  the  presence  of  a  passage  vortex,  which  is  necessarily  absent  in  the  Q3D  solution,  and  generally 
show  improved  agreement  with  experimental  results.  The  presence  of  a  jet/wake  efflux  pattern  is  evident 
in  the  3D  inviscid  solution  although  its  strength  is  less  than  that  of  the  experimental  result. 


List  of  Symbols 


b.i.  boundary  layer, 

q-o  quasi-orthogonal 

meridional  blade  chord  at  shroud 
x  meridional  distance  measured  from  the  L.E. 

C  relative  static  pressure  rise  coefficient  2  1- 

L.E.  leading  edge. 

M  relative  Mach  number 

P.S.  blade  pressure  face. 

S.S.  blade  suction  face. 

blade  tip  speed 
W  relative  velocity 

AB  departure  of  flow  angle  from  blade  angle  =  B  “  Bb 

B  flow  angle  measured  to  the  meridional  plane 

Bb  blade  angle  measured  to  the  meridional  plane 

I,  II,  III,  IV,  V  observation  planes  use  by  Eckardt 

Introduction 


Conventional  design  procedures  in  both  axial  and  centrifugal  turbomachines  are  aided  by  flow 
calculation  based  on  well  established  prescribed  streamsurface  flow  models.  The  primary,  mean,  hub-to-shroud 
flow  is  usually  calculated  by  assuming  a  blade-like  surface,  with  some  allowance  for  slip  or  deviation, 
having  a  tangential  thickness  distribution  equal  to  the  tangential  pitch  between  adjacent  blade  surfaces^ 
There  are  many  examples  of  this  type  of  calculation  employing  either  a  fixed  grid  as  in  Bosman^  ,  Marsh1  , 
et  al  or  streamline  curvature  as  in  Katsanis  ,  Stanitz^  *et  al.  Estimates  of  blade  surface  property 
values  have  usually  followed  by  the  application  of  blade-to-blade  streamsurface  calculations  which  at  their 
simplest  estimate  a  single  tangential  property  gradient  from  the  mean  flow  above  as  in  Stanitz  and  Prian^) 
or  estimate  the  blade-to-blade  flow  detail  assuming  a  streamsurface  of  revolution  based  on  the  streamlines 
calculated  from  the  mean  hub-to-shroud  flow  as  by  Smith  and  Frost*  ,  Katsanis ^ ,  Stanitz  and  Ellis 

Rt  al .  The  application  of  these  two  dimensional  calculation  techniques  when  used  in  combination  as 

3-D). 
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^  et  al 

by  Bosman  and  El-Shaarawi (10 J  is  often  referred  to  as  quasi-three-dimensional  (Q-3-D).  Further  developments 
as  by  Krimerman  and  Adler  J  have  relaxed  the  constraint  of  the  blade-to-blade  streamsurfaces  to  being 
surfaces  of  revolution  except  at  the  hub  and  the  shroud  and  employ  multiple  hub-to-shroud  streamsurfaces. 

All  these  methods  suffer  the  inadequacy  of  constraining  the  fluid  particles  which  enter  the  blade  passage  at 
the  corners  formed  by  blade  surfaces  with  hub  or  shroud,  to  remaining  in  their  respective  corners.  The 
effect  of  this  is  to  suppress  the  passage  vortex  which  though  weak  and  insignificant  in  much  axial  flow 
machinery,  plays  a  vital  role  in  the  behaviour  of  most  centrifugal  impellers  *12)anCj  appears  to  be  even  more 
important  in  radial  turbines.  *13) 


The  realisation  of  these  inadequacies  led  Denton  and  Bosman  to  develop  simultaneously  three 
dimensional  (3-D)  calculation  procedures  which  in  no  way  suppresses  the  passage  vortex  phenomenon .  In 
application  to  centrifugal  machines  it  is  becoming  increasingly  clear  that  the  inviscid  3-D  calculation 
procedure  gives  better  qualitative  and  quantitative ^3)  agreement  with  experimental  results  than  the  i?-D 
or  Q-3-D  prooedurBS  notwithstanding  the  lower  numerical  accuracy  of  the  3-D  methods.  It  appear*:  that  even 
the  suction  -  shroud  corner  wake  efflux  phenomenon  in  centrifugal  impellers  is  not  wholly  of  viscous  origin. 
The  current  incorporation  into  the  3-D  calculation  at  UMIST  of  a  two  equation  turbulence  flow  model  with 
wall  slip  and  shroud  in  relative  motion,  may  offer  considerably  greater  accuracy  of  flrw  detail  than 
hitherto. 


Discussion 


The  object  of  the  work  presented  is  to  make  a  detailed  comparison  of  the  results  of  a  full  three 
dimensional  (3-D)  flow  calculation  with  the  type  of  computed  results  normally  used  in  design  procedures 
which  are  of  a  two  dimensional  nature,  being  streamsheet  flows,  but  which  are  often  referred  to  as  quasi - 
three  dimensional  (Q-3-D)  and  further  to  compare  these  with  detailed  experimental  results.  To  this  end 
it  was  found  convenient  to  take  the  published  results  of  Eckardt1  J  which  contain  not  only  extraordinarily 
good  experimental  details  of  the  flow  through  a  centrifugal  impeller  but  also  contains  quasi-three  three 
dimensional  computed  results  by  the  method  of  Stanitz and  Stanitz  and  Prian*5^ 


The  three  dimensional  computed  results  here  presented  have  been  obtained  by  the  method  which  may  be 
found  in  Bosman  and  Highton^'  and  Bosman^2^,  This  method  which  is  for  viscous  adiabatic  flow  is  used 
here  in  the  inviscid  mode  and  employs  time  marching  with  primitive  variables  applied  to  a  three  dimensional 
structure  of  cells  whose  corners  are  formed  by  the  grid  points  of  a  three  dimensional  grid,  A  meridional 
projection  of  the  grids  25  quasi-orthogonals  (q~o*s)  may  be  seen  in  Fig  1,  on  which  is  superposed  the  5 


RGURE  1  COMPRESSOR  CONFIGURATION  AND  COMPUTATION  GRID 

( 16 ) 

observation  planes  designated  I,  II,  III,  IV,  V  as  used  by  Eckardt  .  The  computation  grid  consisted 
of  7  points  from  hub  to  shroud,  equally  spaced  along  each  q-o,  and  7  points  from  blade-to-blade  also 
equally  spaced  along  each  circular  arc.  The  blade  leading  edge  (L.E.)  and  trailing  edge  (T.E.)  coincide 
with  q-o*s  number  5  and  19  respectively.  The  impeller  has  20  blades  of  a  shape  which  may  be  seen  in  end 
view  in  Fig  1. 

The  results  are  for  the  single  test  point  at  rotational^speed  14000  rev/min  at  a  mass  flow  rate  of 
5.31  Kg/s,  the  upstream  conditions  being  approximately  9  x  ID  N/rrT  pressure  and  284  K  temperature.  The 
computed  resultg  have  been  obtained  to  a  relative  velocity  convergence  criterion  of  3  x  10"^  with  a  time 
step  of  5  x  10  s.  In  order  to  make  comparisons  simple,  the  computed  results  have  been  presented  ,argely 
in  the  manner  of  Eckardt (16). 

Fig  2  shows  the  development  of  the  hub-to-shroud  relative  velocity  profiles  non  dimensionaliseri  on 
tip  speed,  at  mid-pitch  and  the  similarly  non-dimensionalised  velocity  profiles  from  blade-to-blade  at  the 
mid-channel  height  between  hub  and  shroud.  In  general  the  3-D  results  show  a  marked  improvement  over  the 
Q-3-D  results  when  compared  to  the  experimental  values.  The  3-D  results  show  a  consistently  high  level 
of  agreement  at  the  channel  centre  point,  the  Q-3-D  results  being  consistently  low.  The  general  character 
of  the  blade-to-blade  results  is  in  good  agreement  with  experiment  throughout  the  impeller,  even  after  the 
appearance  of  the  wake  which  is  already  in  evidence  at  section  III  (see  Eckardt(I6^  Fig  9).  The  hub-to- 
shroud  profiles  show  less  good  agreement  In  the  early  part  of  the  meridional  deflection  at  sections  II  and 
III  but  show  marked  improvement  over  the  Q-3-D  results  in  the  later  part  of  the  meridional  deflection  at 
section  IV  and  V.  It  seems  to  be  a  common  feature  of  2-D  inviscid  flow  calculations  that  the  hub-to-shroud 
velocity  profile  at  impeller  exit  generally  show  the  higher  velocity  at  the  shroud  whereas  experimental 
results  and  3-D  calculations  (17 (show  the  reverse.  Because  of  the  existence  of  a  substantial  amount  of 
wake  flow  at  section  IV  (Eckardt  ,  Fig  10)  in  the  shroud-suction  corner,  it  might  be  argued  that  compared 
to  the  0 -3-0  results  the  higher  experimental  flow  velocities  towards  the  hub  and  towards  the  pressure 
side,  are  a  result  of  jet  flow  displacement  by  the  developing  wake.  However  the  inviscid  3-D  results  display 
similar  characteristics  to  the  experimental  ones,  suggesting  that  even  if  contributory,  the  viscous  wake 
explanation  may  only  be  partial. 
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Similar  remarks  may  be  made  concerning  the  impeller  discharge  flow  as  observed  by  Bosman  .  Fig  3 
shows  that  the  jet  wake  character  of  the  experimental  flow  is  clearly  reflected  in  the  inviscid  3-D  flow 

result,  though  naturally  to  a  less  marked 
degree.  The  very  strong  Jet-wake  dis¬ 
charge  character  of  the  3-D  inviscid 
results  of  Bosman 1 1-2)  were  explained  by 
the  necessity  to  equalise  the  slip 
velocity  at  the  discharge  section  on  hub 
and  shroud  in  order  to  satisfy  irrotation- 
ality,  being  imposed  on  a  shroud  flow 
which  was  virtually  unloaded  by  the 
passage  vortex.  The  shroud  flow  had  been 
unleaded  as  a  consequence  of  a  passage 
vortex,  counter  to  blade  rotation,  causing 
suction-to-pressure  face  flow  migration  on 
the  shroud.  The  strong  diffusion  in  the 
suction-shroud  corner  caused  by  these 
effects  resulted  in  a  strong  inviscid  wake. 

In  the  present  case  the  situation  is 
rather  different  os  seen  at  Fig  9,  in  that 
there  is  no  visible  shroud  flow  migration 
up  to  plane  III,  after  which  a  pressure-to- 
suction  flow  migration  develops  before 
being  cancelled  by  the  effects  of  slip  at 
plane  IV.  In  this  case  as  is  evident  from 
Fig  4  there  is  substantial  blade  loading 
after  the  inducer  section,  yet  the  effects 
of  slip  still  produce  suction-shroud  corner 
diffusion  as  discharge  is  approached.  One 
is  drawn  to  the  conclusion  that  a  suffi¬ 
ciently  heavily  loaded  shroud  section  would 
eliminate  the  tendency  to  create  an  inviscid 
wake  discharge  but  would  inevitably  induce 
a  stronger  wake  by  viscous  separation. 


Bosman  z  =  19(T£)  r= 

FIGURE  3  DISTRIBUTION  OF  NON-D  MERIDIONAL 
VELOCITY  AT  BLADE  DISCHARGE 


Fig  5  illustrates  the  bulk  mean  relative  Plach  number  distribution  against  shroud  distance 
-jigd  from  blade  L.E.  The  computed  results  which  include  both  section  area  mean  and  section  centre 
-  v-i.ues  are  compared  to  the  experimental  area  mean  values.  All  three  distributions  possess  similar 
of  diffusion  to  about  Ix/s  1*  0.5,  followed  by  approximately  zero  diffusion  to  blade  T.E.  at 
•  i.d  .  Since  Eckardt’s  experimental  results  indicate  (See  Eckardt^E),  Fig's  9,  19)  that  the 
*  . :  .  t  it  pears  at  (x/s  )  "  0-5  he  argued  that  the  subsequent  zero  diffusion  was  a  result  of  the  wake 
-■  .  ,lng  that  the  diffusion  would  have  persisted  to  the  blade  T.E.  in  the  absence  of  the  wake. 

*— u  Inviscid  results  suggest  that  in  fact  the  zero  diffusion  feature  for  (x/s  )>  0,5  is  a 
•r  r  "eristic  of  the  flow.  m 
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FIGURE  4  SHROUD  DISTRIBUTION  OF  RELATIVE 
VELOCITY  AND  DIFFUSION 


There  is  basic  agreement  between 
the  computed  3-0  inviscid  secondary  flow 
features  and  those  observed  experimentally. 
Fig  6  compares  the  departure  Ag  of  tr,e 
flow  angle  (5  from  the  blade  angle 
at  plane  IV.  Approximately  70%  of  ' 
the  flow  nearest  the  hub  shows  suction- 
to-pressure  face  flow  migration  with 
departure  angles  A8  both  computed  and 
experimental  rising  to  nearly  20°  near 
the  hub.  Such  large  angles  could  not  be 
predicted  by  blade-to-blade  stream  surface 
calculations.  The  30%  flow  near  the 
shroud  shows  pressure-to-suction  face  flow 
migration,  the  stronger  experimentally 
observed  migration  being  influenced  by 
the  presence  of  the  wake.  These  flow 
angle  departures  are  indicative  of  a  single 
passage  vortex  having  counter  clockwise 
sense  as  seen  in  the  figure.  Fig's  7,  S, 

9  and  10  depict  the  streamlines  on  the  hub, 
shroud,  blade  pressure  and  blade  suction 
faces  respectively,  having  been  constructed 
by  streak  line  synthesis,  and  confirm  the 
presence  of  an  inviscid  passage  vortex 
first  becoming  apparent  at  plane  II.  The 
axial  component  of  this  passage 


FIGURE  5  COMPARISON  OF  COMPUTED  FIGURE  6  COMPARISON  OF  FLOW 

AND  EXPERIMENTAL  RELATIVE  MACH  NUMBER  DEPARTURE  ANGLE  A/3  AT  PLANE  IV 


vortex  as  indicated  by  the  cross  migrations  is  in  the  same  sense  as  blade  rotation  however  the  axial 

component  of  circulation  is  counter  to  that  of  blade  rotation  as  required  by  irrotationality  because  the 

shroud  relative  velocities  are  very  much  larger  than  those  on  the  other  three  faces.  It  is  interesting 
to  observe  that  the  impeller  analysis  reported  in  Bosman  has  a  passage  vortex  whose  migrations 

indicated  an  axial  component  in  a  sense  counter  to  that  of  blade  rotation  in  spite  of  having  blade  shape 

and  hub  and  shroud  profiles  geometrically  similar  [though  different  in  scale)  to  the  present  one.  The 
sense  of  the  passage  vortex  which  plays  a  large  part  in  distributing  blade  load  from  hub  to  shroud, 
appears  to  be  dependent  on  details  of  hub,  shroud  and  particularly  blade  profiles  even  where  basic 
geometry  is  similar. 

Fig  4  demonstrates  the  3-0  computed  velocity  distributions  along  grid  lines  on  the  shroud.  The 
hatched  area  indicates  the  extent  of  the  wake  region  on  the  shroud  as  determined  by  Eckardt’s  observations 
and  the  horizontal  Jines  indicate  the  levels  of  ideal  relative  static  pressure  rise  coefficient  C 
(i.e.  C  »  1  -  w Vw*  g)  based  on  the  mean  relative  velocity  of  the  L.E.  flow.  As  can  be  seen  pin  Fig  B, 
the  shrBud  flow  frorn  blade  L.E.  to  plane  III  is  almost  conformal  with  the  blade  shape  (i.e.  there  is 
negligible  blade-to-blade  flow  migration)  hence,  up  to  plane  III  the  diffusion  along  relative  streamlines 
is  also  the  diffusion  along  grid  lines  so  that  the  contours  on  Fig  4  may  be  interpreted  as  the  diffusion 
experience  of  the  free  stream  particles.  Eckardt’s  experimentally  observed  velocities  just  outside  the 
boundary  layer,  (b.t.)  at  mid-pitch  are  also  shown  on  Fig  4  at  planes  I,  II,  III  and  IV  and  should  be 
compared  to  contour  4  on  the  figure  to  assess  the  reliability  of  the  calculated  results.  The  experimental 
observations  indicate  incipient  b.i.  separation  on  contour  5  at  a  point  where  C  <0.5.  This  is  a  level  of 
C  at  which  we  might  not  expect  separation  in  a  co-lateral  b.i.  but  the  shroud  P  b.i.  will  be  highly  skewed 
oR  account  of  the  relative  tangential  motion  of  the  shroud.  It  has  been  suggested^6!  that  the  point  of 
separation  may  be  governed  by  the  effects  of  rotation  and  flow  curvature  on  the  b.i.  turbulence  structure. 
If  this  were  so  one  would  anticipate  from  Fig  4  that  separation  would  have  occurred  on  the  blade  pressure 
face  (contour  1)  rather  than  contour  5  where  it  actually  occurred,  because  the  pressure  side  flow  has 


experienced  similar  curvature  history  to  contour  5,  the  flow  at  the  inducer  shroud  Being  almost  conformal 
with  the  blade  (see  Fig  6b).  but  has  experienced  a  much  more  severe  diffusion  history.  Indeed  the 
pressure  side  flow  has  experienced  a  Cp  -  0.7  and  yet  is  still  unseparated. 


FIGURE  8b  COMPUTED  RELATIVE  STREAMLINES 
ON  THE  INDUCER  SHROUD 


FIGURE  9  COMPUTED  RELATIVE  STREAMLINES  FIGURE  10  COMPUTED  RELATIVE  STREAMLINES 
ON  THE  BLADE  PRESSURE  FACE  ON  THE  BLADE  SUCTION  FACE 
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A  plausible  explanation  of  the  occurrence  of  separation  near  mid-pitch  on  the  shroud  can  be  found  by 
consideration  of  tip  clearance  and  of  the  shroud  boundary  sub-layer  migration  as  a  result  of  the  relative 
motion  of  the  shroud  and  the  fact  that  the  shroud  b,£,,  unlike  the  other  b.Jt’s.,  does  not  benefit  from 
being  energised  by  rotation.  Consider  the  shroud  boundary  sub-layer  not  exceeding  the  tip  clearance  which 
is  transported  tangentially  by  the  relative  shroud  motion.  The  effect  of  this  transportation  will  be  to 
transfer  some  low  energy  sub-layer  from  the  blade  pressure  side,  across  the  tip  clearance,  into  regions  of 
high  free  stream  energy  on  the  suction  side.  Also  high  energy  sub-layer  on  the  suction  side  of  the  passage 
will  be  transferred  to  regions  of  low  free  stream  energy  on  the  pressure  side.  The  first  of  these  processes 
will  encourage  separation  on  the  suction  side  while  the  second  will  discourage  separation  on  the  pressure 
side.  We  would  therefore  anticipate  large  pressure  side  diffusions  without  separation,  as  occurs,  and  that 
separation  will  occur  in  a  region  where  diffusion  is  less  than  one  would  have  anticipated  for  separation  in 
a  co-lateral  b.£.,  such  as  actually  occurs,  on  the  suction  side  of  the  channel. 

Fig  11  has  been  drawn  to  illustrate  and  quantify  the  argument.  Streaklines  have  been  drawn,  which 
are  the  vector  mean  of  the  shroud  values  of  W  and  U  t  to  represent  the  relative  velocity  somewhere  on  the 
Johnston  diagram  in  the  shroud  boundary  sub-layer.  The  streaklines  have  then  been  joined  to  form  contours 
which  represent  the  sub-layer  particle  trajectories  relative  to  a  blade.  The  sub-layer  arriving  at  B  has 
originated  from  A  and  has  a  higher  energy  than  would  be  anticipated  from  the  history  of  the  free  stream 
arriving  at  A  by  consideration  of  Fig’s  8b  and  4,  which  show  that  C  =  0,7.  The  sub-layer  arriving  at  C 

through  the  tip  clearance  has  originated  from  0  wnich  had  a  C  *  p  0.6  on  leaving  the  blade  pressure  side 
and  is  now  in  a  frse  stream  C  =  0.2  and  will  sustain  some  cBnsiderable  further  diffusion  before  separation, 
which  will  however  occur  at  apRigher  C  than  would  have  been  anticipated  for  the  co-lateral  b.Jt.  on  account 
of  the  lower  energy  sub-layer.  The  ar|ument  leads  to  the  conclusion  that  mid-channel  separation  is  to  be 
anticipated.  The  action  of  the  pressure  difference  across  the  blade  tip  will  be  to  assist  the  shroud  in 
transporting  the  sub-layer  in  cases  where  the  inducer  shroud  is  positively  loaded.  This  hypothesis  suggests 
that  reducing  tip  clearance  will  shift  separation  towards  the  shroud  pressure  side. 


plane  I 
LE 

FIGURE  11  COMPUTED  RELATIVE  STREAMLINES 
IN  THE  INDUCER  SHROUD  VISCOUS  LAYER 


Conclusions 


f  1 3 1 

It  is  shown  that  the  3-D  inviscid  flow  calculation  procedure  reported  by  Bosnian  and  Highton1 
converges  to  a  satisfactory  solution  for  the  experimental  flow  reported  by  Eckardtd6). 

As  compared  to  Q-3-0  calculations  the  results  show  considerable  improvement  in  reflecting  the 
experimental  meridional  profiles  of  velocity  and  particularly  blade-to-blade  profiles. 

(12) 

As  reported  by  Bosnian  the  unseparated,  inviscid  impeller  discharge  flow  has  a  jet  wake  character 

similar  to  the  experimental  result,  though  naturally  less  pronounced. 

Unlike  the  Q-3-D  calculation,  the  3-D  calculation  shows  the  development  of  a  single  passage  relative 
vortex  commencing  in  the  inducer  exit  where  meridional  deflection  commences.  The  sense  of  the  vortex  is 
the  same  as  that  of  blade  rotation  and  is  confirmed  by  the  experimental  results. 

Since  in  general  Q-3-0  calculations  do  not  exhibit  a  jet-wake  efflux  chaeacteristic  it  is  assumed 
that  this  characteristic  is  in  part  related  to  the  presence  of  the  passage  vortex. 

In  this  impeller,  the  calculated  passage  vortex  shows  strong  blade-to-blade  flow  migration  on  the 
hub  and  weak  migration  on  the  shroud  in  agreement  with  the  experimental  results. 

It  appears  that  the  cessation  of  mean  passage  diffusion  after  the  point  of  separation  is  not  wholly 
explained  by  the  wake  growth  and  has  some  reflection  in  the  inviscid  flow. 

A  possible  explanation  is  given  of  the  occurrence  of  the  onset  of  separation  on  the  shroud  at  mid- 

channel  in  terms  of  the  relative  shroud  motion  and  tip  clearance  which  doesn't  rely  on  boundary  layer 
turbulence  structure. 
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DISCUSSION 


R. A. Novak,  G.E.  Company,  US 

Why  was  the  author  seemingly  able  nearly  to  reproduce  the  Eckardt  discharge  velocity  profile  without  an  inlet  shear 
layer,  while  Moore  and  Moore  needed  a  1 5%  shear  layer  (as  opposed  to  original  5%  layer)  to  reproduce  (nearly)  the 
measured  profile? 

Author's  Reply 

The  inviscid  jet/wake  efflux  pattern  appears  to  be  related  to  the  combination  of  the  blade  trailing  edge  unloading 
phenomenon  in  the  neighbourhood  of  a  passage  vortex.  This  conclusion  is  based  on  computed  results  which  show 
that  if  the  radial  part  of  the  blade  is  long  so  that  there  is  no  passage  vortex  in  the  neighbourhood  of  the  trailing  edge 
then  3-D  inviscid  calculations  show  no  jet/wake  efflux  pattern.  On  the  other  hand  if  the  passage  vortex  is  suppressed 
as  in  Q-3-D  calculations  which  constrain  particles  to  remaining  in  blade-hub-shroud  corners,  even  where  otherwise 
the  stream  surfaces  are  allowed  to  twist  as  in  Krimerman  and  Adler11,  then  no  jet/wake  efflux  pattern  is  observed. 

Bosnian12  suggests  a  mechanistic  explanation  for  the  wake  in  the  case  there  presented  but  it  is  then  related  to  the 
shroud  section  remaining  unloaded  in  the  trailing  edge  region  due  to  the  passage  vortex  being  in  the  opposite  sense 
to  that  of  blade  rotation.  Now  this  explanation  will  not  suffice  in  the  Eckardt  compressor  because  both  the 
experimental  results  and  my  computed  results  show  the  passage  vortex  to  be  in  the  same  sense  as  blade  rotation  and 
the  shroud  does  not  show  a  low  loading  in  the  trailing  edge  region.  In  this  case  then  1  have  no  mechanistic  explana¬ 
tion  to  offer. 

I  do  not  know  in  the  case  of  Moore  and  Moore  what  efflux  pattern  they  would  have  obtained  for  inviscid  flow  but 
it  must  be  highly  significant  that  the  sense  of  their  passage  vortex  for  their  viscous  flow  as  illustrated  in  Figure  1 2  is 
contrary  to  both  my  own  and  the  experimental  results.  The  implications  of  this  for  their  inviscid  calculation  and 
the  effects  it  must  have  on  the  secondary  flow  in  the  boundary  layers  is  profound.  It  suggests  however  in  the  latter 
case  that  the  efflux  pattern  is  not  related  to  their  boundary  layer  secondary  flow. 


J.W.RaiUy,  Birmingham  University,  UK 

Would  the  author  confirm  from  his  calculations  that  at  the  quasi-orthogonal  corresponding  with  Eckardt’s  plane  V, 
the  relative  total  pressure  was  everywhere  the  same  (or,  more  specifically,  that  relative  total  pressure  minus  U2/2  was 
uniform  over  that  plane).  Also  would  the  author  confirm  that  the  calculation  was  initiated  with  uniform  absolute 
total  pressure  upstream  (i.e.  there  was  no  boundary  layer  profile)  and  that  the  static  pressure  at  “q-O”  25  was 
uniform. 

Author’s  Reply 

The  upstream  conditions  applied  to  the  results  presented  were  of  uniform  absolute  total  pressure  with  no  boundary 
layer  profile.  The  applied  downstream  static  pressure  at  q-O  25  was  uniform.  The  relative  total  pressure  at  plane  V 
is  not  computed  as  a  variable  and  does  not  appear  in  the  printed  results  so  that  its  variation  is  not  known.  However 
the  variation  of  this  quantity  is  not  a  significant  factor  in  the  computed  results  as  far  as  velocity  distributions  are 
concerned  because  if  one  refines  the  grid,  thereby  reducing  all  errors  including  the  lack  of  constancy  of  relative 
stagnation  pressure,  the  qualitative  distributions  as  presented  become  more  clearly  defined  and  show  no  tendency  to 
diminution.  In  particular,  the  jet/wake  pattern  tends  to  reduce  only  if  the  grid  is  made  coarser  and  acquires  more 
definition  as  the  grid  is  refined.  Like  all  3-D  methods  the  calculation  contains  first  order  errors  and  the  acceptable 
coarseness  of  the  grid  has  to  be  assessed  in  the  light  of  user  experience.  In  our  experience  the  grid  used  here  is  on 
the  limit  of  coarseness  and  has  been  dictated  by  available  store  and  computer  running  time. 
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SUMMARY 

In  general,  computation  systems  successfully  applied  to  axial-flow  turbomachinery  have  not  been  found 
satisfactory  for  radial-  or  mixed-flow  compressor  configurations.  There  is,  however,  a  good  potential  for 
application  of  some  of  the  recently  developed  invisc id-viscous  interaction  methods  to  stationary  passages 
in  these  geometries.  This  paper  suggests  the  use  of  these  interaction  methods  and  shows  how  they  may  be 
used  for  the  specific  case  of  radial-  or  mixed-flow  cascade  diffusers.  It  is  expected  that  the  methods  will 
contribute  to  the  increased  effectiveness  of  future  centrifugal  compressor  design  systems. 

LIST  OF  SYMBOLS 

AVDR  axial  velocity-density  ratio,  p,V„  ,/p ,V  , 

t  X  1  X|i 

c  chord  length 

D  diffusion  parameter 

M  Mach  number 

m  meridional  distance 

R  radial  coordinate  (Ref.  3) 

RVDR  radial  velocity-density  ratio,  p^V^  2/PjVr  i 
Re^  Reynolds  number  based  on  chord  length 
r  radius 

X  length  along  chord  line 

V  velocity 

6  fluid  angle  measured  from  axial  or  radial  direction 

Y  blade  setting  angle 

6  displacement  thickness 

8  momentum  thickness 

0  circumferential  coordinate  (Ref.  3) 

p  density 

a  solidity 

Subscripts 

x  axial  component 

r  radial  component 

1  cascade  inlet 

2  cascade  exit 

1.  INTRODUCTION 

In  the  development  of  design  systems  for  both  axial-flow  and  centrifugal  compressors,  realistic 
evaluation  of  the  flow  field  on  blade-to-blade  stream  surface  approximations  has  been  an  objective  for  many 
years.  In  the  case  of  axial-flow  compressor  blade  rows,  the  results  of  linear  cascade  experiments  continue 
to  be  useful  in  evaluation  if  the  experiments  are  carefully  controlled  and  correctly  interpreted.  These 
requirements  and  the  enormous  practical  range  of  aerodynamic  and  geometric  variable  sets  under  consideration 
indicate  that  computational  approaches  to  the  problems  should  also  be  actively  followed.  Recently,  compu¬ 
tational  systems  have  been  moderately,  but  by  no  means  universally  successful  in  predicting  turning  angles, 
total-pressure  losses  and  internal  flow  fields  in  linear  cascades.  These  methods  should  now  be  Improved 
and  further  developed. 

An, lnvisc id-viscous  interaction  computational  method  for  cascade  flows  was  reported  in  References  1 
and  2.  This  method  has  been,  like  others,  moderately  successful  in  turning  angle,  loss  and  flow  field 
prediction.  From  the  beginning  of  development  it  was  believed  that  the  best  mechanism  for  program  improve¬ 
ment  would  be  to  collect  the  widest  possible  range  of  valid  experimental  test  cases,  to  compute  results 
corresponding  to  the  available  data  from  these  test  cases,  and  to  try  to  use  differences  as  the  basis  for 
concentration  of  subsequent  effort. 
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One  group  of  possible  test  case  situations  considered  has  been  the  class  of  cascade  diffuser  configu¬ 
rations  sometimes  used  in  radial-  and  mixed-flow  centrifugal  compressors.  As  in  every  other  test  case 
category  studied,  the  quantity  of  useable  data  were  found  to  be  very  limited.  However,  a  few  cases  were 
thought  to  be  adequately  defined  and  documented,  and  a  number  of  trial  computations  were  made.  In  this  paper, 
it  is  the  intent  of  the  authors  to  direct  attention  to  a  few  interesting  trends  shown  by  the  results,  to 
recognize  the  limitations  exposed  by  the  trials  and  to  demonstrate  that  centrifugal  compressor  design 
methods  might  be  improved  by  continued  effort  along  the  lines  already  followed. 

2.  CASCADE  FLOW-FIELD  PREDICTION  BY  INVISCID-VISCOUS  ITERATIVE  COMPUTATION 

The  character  of  the  invisc id-viscous  interactive  cascade  flow  field  solution  method  used  here  was 
discussed  in  general  terms  in  Ref.  1,  and  considerable  detailed  information  was  given  earlier  in  Ref.  2. 
Fundamentally,  the  procedure  is  based  on  the  old  idea  of  iteration  to  convergence  between  an  inviscid  field 
solution  assumed  to  be  adequate  in  a  large  part  of  the  blade-to-blade  passage,  and  limited  viscous,  but 
highly  influential  regions  near  the  cascade  blade  profile  surfaces.  The  base  inviscid  solution  was  a  well- 
known  computational  method  developed  by  Katsanis  and  McNally  (Ref.  3).  The  base  viscous  region  solution  was 
an  equally  well-known  boundary  layer  procedure  described  by  Albers  and  Gregg  (Ref.  A).  Although  the  refer¬ 
enced  reports  describe  the  essential  features  of  the  computer  programs  used,  both  programs  were  modified  to 
adapt  to  the  requirements  of<  an  iterative  combined  solution  and  to  the  specific  demands  of  a  generalized 
cascade  geometry.  The  interaction  of  inviscid  and  viscous  solutions  was  based  on  a  scheme  suggested  by 
Prune,  Rubbert  and  Nark  (Ref.  5).  It  should  be  noted  that  the  displacement  effect  of  the  viscous  region 
in  the  flow  field,  necessary  in  the  inviscid  region  iterative  computations,  was  modeled  by  "injection"  of 
fluid  along  the  cascade  airfoil  surfaces.  Boundary  layer  laminar  separation  occurrence  was  predicted  by  a 
method  due  to  Roberts  (Ref.  6)  and  limited  regions  of  turbulent  separation  were  dealt  with  by  methods 
suggested  by  Carter  and  Wornom  (Ref.  7).  As  reported  in  Reference  2  the  combined  interactive  solution 
program  could  be  and  was  run  in  a  continuous  mode  to  reach  a  converged  output. 

3.  RADIAL-  AND  MIXED- FLOW  CASCADE  DIFFUSERS  IN  CENTRIFUGAL  COMPRESSORS 

The  relationship  between  two-dimensional  flows  in  radial  and  linear  airfoil  cascade  configurations 
has  been  discussed  frequently  in  the  literature.  A  clear  and  concise  summary  exists  in  the  Scholz-Klein 
text  (Ref.  8).  However,  even  in  this  encyclopedic  reference,  the  total  attention  focused  on  radial-  and 
mixed-flow  cascades  is  quite  limited. 

3.1.  EXAMPLE  APPLICATIONS 

Although  it  was  evident  that  there  have  been  a  number  of  radial-  and  mixed-flow  cascade  diffuser 
configurations  built  and  tested,  not  many  have  been  discussed  in  the  open  literature.  In  papers  describing 
experiments,  the  geometry  is  frequently  not  sufficiently  defined  for  computational  purposes.  Finally,  it 
was  not  possible  to  find  in  any  publication  the  detailed  row  performance  measurements  and  blade  surface 
pressure  distributions  needed  for  test  case  studies. 

However,  References  9-14  serve  as  evidence  that  radial-  and  mixed-flow  cascade  diffusers  exist  and 
exhibit  satisfactory  performance.  Study  of  these  references  and  discussion  with  some  designers  led  to 
selection  of  the  multiple-row- radial-cascade  diffuser  tests  of  Reference  12  as  representative  in  terms  of 
both  configuration  and  aerodynamics.  Background  information  on  the  diffusers  discussed  in  Ref.  12  was 
supplied  by  R.C.  Pampreen  and  J.R.  Switzer  and  released  with  the  generous  permission  of  the  AiResearch 
Manufacturing  Company  of  Arizona.  This  information  included  geometric  data  on  the  cascade  arrangement  and 
selected  experimental  performance.  The  authors  of  this  paper  (Serovy  and  Hansen)  accept  responsibility  for 
any  errors  made  in  adapting  the  information  received  and  for  the  choice  of  aerodynamic  conditions  reported 
in  the  investigation. 

3.2.  DES IGN  PROCEDURES 

Radial  cascade  configuration  design  is,  without  question,  an  interesting  aerodynamic  problem.  Refer¬ 
ences  to  design  frequently  suggest  that  axial  (i.e.,  linear)  cascade  methods  might  be  used.  While  the 
suggestions  are  valid,  it  is  necessary  to  recognize  the  important  influences  present  due  to  the  radial 
through-flow  direction.  In  each  row,  there  is  an  effective  stream-tube  area  change  due  to  the  radius 
increase  from  entrance  to  exit,  but  this  increase  is  countered  by  the  effective  area  reduction  due  to  the 
radial-wall  boundary  layers  on  the  diffuser  boundaries.  There  is  as  a  result,  a  radial  velocity-density 
product  change  (RVDR)  across  the  cascade  (corresponding  to  the  axial  velocity-density  ratio  (AVDR)  influence 
in  linear  cascades).  There  is  also  a  change  in  blade  tangential  spacing  between  inlet  and  exit  of  a  radial 
cascade.  Both  of  the  effects  are  permitted  in  the  program  of  Ref.  3,  but  the  RVDR  effect  is  difficult  to 
handle  in  a  quantitative  sense. 

3.3.  EXPERIMENTAL  PERFORMANCE 

Radial,  multiple-row  cascade  diffusers  represent  one  of  several  alternatives  in  centrifugal  compressor 
design.  In  well-documented  examples,  they  have  demonstrated  good  performance.  There  is,  unquestionably, 
better  potential  for  variable  geometry  diffuser  arrangements  in  cascade  diffusers  than  in  other  alternatives. 

4.  RADIAL  CASCADE  COMPUTATION  STUDY 

As  reported  in  Reference  12,  a  number  of  multiple-row  radial  cascade  diffuser  configurations  were 
evaluated  experimentally  in  connection  with  a  centrifugal  research  compressor  with  a  design  pressure  ratio 
of  about  5/1.  Because,  in  the  present  investigation,  only  a  limited  amount  of  time  and  money  were  available, 
it  was  decided  to  concentrate  on  study  of  a  single  row  of  the  diffuser.  The  row  selected  was  the  third 
(last)  row;  and  the  selection  was  based  on  the  fact  that  a  relatively  clear  geometric  definition  was  possi¬ 
ble,  and  the  additional  fact  that  this  cascade  was  tested  so  as  to  point  out  several  examples  of  unresolved 
problems  in  cascade  aerodynamics. 


4.1.  CASCADE  GEOMETRY 


The  third  blade  row  of  the  test  case  cascade  was  run  under  several  sets  of  aerodynamic  conditions  in 
the  experiments  of  Reference  12.  The  row  was  designed  to  operate  in  a  constant-thickness  radial  passage. 

It  was  tested  as  designed  and  with  varied  blade  setting  angles.  The  row  was  also  tested  with  half  of  the 
blades  removed  so  as  to  decrease  the  row  solidity  to  half  of  the  design  value.  Finally,  the  diffuser  was 
tested  with  the  first  and  second  rows  in  the  radial  passage,  but  with  the  same  third  row  blades  Installed 
as  an  axial  diffusing  cascade  downstream  of  a  90-degree  bend.  This  arrangement  is  shown  in  Figure  3  of 
Reference  12. 

The  test  case  row  consisted  of  NACA  65-18  (Ajq)  15  profiles  (transformed  to  the  radial-tangential 
plane)  at  a  setting  angle  of  27  degrees.  The  row  solidity  in  the  radial  configuration  was  1.24  with  88 
blades.  The  intended  design  point  angle  of  attack  was  23  degrees.  This  would  correspond  to  a  mean  camber 
line  Incidence  angle  of  about  0.5  degrees  for  an  equivalent  circular-arc  camber  line  shape. 

For  discussion  in  this  paper,  four  test  computation  cases  are  sufficient  to  illustrate  the  type  of 
results  available,  some  features  of  radial  cascade  flows  that  might  be  of  technical  interest,  and  some 
cases  in  which  future  calculations  might  be  improved.  The  blade  profiles  were  set  up  for  computation  as 
follows: 

Case  1  -  axial  arrangement,  AVDR  -  1.0, 

Case  2  -  radial  arrangement,  RVDR  -  0.836, 

Case  3  -  axial  arrangement,  AVDR  -  0.836. 

Case  4  -  radial  arrangement,  half  solidity,  RVDR  -  0.836 

All  computations  were  made  for  an  inlet  flow  angle  of  50  degrees,  measured  from  the  radial  or  axial 
direction.  The  AVDR  and  RVDR  values  of  0.836  correspond  to  the  passage  area  Increase  between  entrance  and 
exit  of  the  radial  cascade  with  parallel  end  walls.  Computation  field  conditions  for  the  flow  cases  are 
shown  in  Figures  1,  2  and  3. 

4.3.  EVALUATION  OF  RESULTS 

Case  1  simulates  the  third  cascade  row  blades  installed  in  the  axial  passage  with  parallel  end  walls. 
Computational  conditions,  except  for  the  unusually  thick  profiles,  were  similar  to  many  two-dimensional 
test  cases  used  previously.  Calculated  suction  and  pressure  surface  boundary  layers  are  shown  in  Figures 
4  and  5. 

Case  2  simulates  the  third  cascade  row  blades  installed  in  the  radial  passage  with  parallel  walls. 

This  case  uses  the  capability  of  the  Katsanis  and  McNally  inviscld  flow  calculation  to  change  radius  for  a 
stream  tube  between  cascade  entrance  and  exit.  There  does  not  seem  to  be  a  significant  change  in  the 
boundary  layer  growth  shown  in  Figures  6  and  7  from  that  in  Figures  4  and  5. 

Case  3  uses  the  same  geometry  as  Case  1,  but  an  AVDR  equal  to  the  RVDR  of  Case  2  is  imposed  by  chang¬ 

ing  the  stream  tube  thickness.  This  would  be  equivalent  to  the  axial  cascade  mounted  between  diverging  end 
walls  (instead  of  parallel  as  in  Case  1).  The  boundary  layer  calculations  for  the  suction  surface  in 
Figure  8  show  a  substantial  change  in  character  near  the  trailing  edge  as  compared  with  Figure  4.  Figure 
9  does  not  show  remarkable  changes  from  Figures  7  and  5  for  the  pressure  surface. 

Case  4  represents  the  half-solidity  radial  cascade.  The  suction  surface  boundary  layer  plots  of 
Figure  10  again  show  the  rapid  growth  near  the  trailing  edge  noted  in  Case  3. 

Figure  12  shows  approximate  Mach  number  contours  for  Cases  1,  2  and  3.  These  contours  give  some 

idea  about  the  strong  variation  in  conditions  near  the  suction  surface  trailing  edge  which  can  be  predicted 

when  stream  tube  areas  are  changed  by  different  mechanisms. 

5.  CONCLUDING  REMARKS 

A  few  consequences  of  attempts  to  compute  the  flow  field  in  a  radial  cascade  arrangement  of  blades 
have  been  studied.  It  is  recognized  that  the  computation  has  been  performed  using  conditions  which  do  not 
correspond  to  the  real  flcvs  in  radial  diffusers.  However,  the  design  of  radial  cascade  diffusers  on  the 
basis  of  linear  cascade  data  correlations  requires  assumptions  concerning  effective  area  variation  which 
even  this  limited  study  calls  into  question.  Therefore  any  move  toward  better  accounting  for  AVDR  and 
RVDR  would  have  positive  effects.  This  investigation  demonstrates  the  strong  Influence  of  the  manner  in 
which  stream  tube  area  variation  is  accomplished  in  computing  the  flow  through  blade-to-blade  channels. 

A  great  contribution  to  the  value  of  future  radial  cascade  design  and  analysis  could  be  made  through 
benchmark  experiments  reporting  the  results  of  flow  field  measurements  in  a  typical  cascade  geometry. 
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*20  M2  =  25  M3  =  12  MESH  LINES 

M1  *  0.0129  M?  =  0.0169  Mj  =  0.0081  METERS 

M1  -  0.0422  M?  =  0.0555  M3  =  0.0266  FEET 

M1  =  67.5  M?  =  88.8  Mj  =  42.6  PERCENT  CHORD 

Figure  1.  Geometry,  calculation  regions,  and  mesh  sizes  used  for  the 
65-(18) A30-15  blade  cascade  in  axial  arrangement  (Cases  1 
and  3),  y  -  27°,  a  -  1.24,  c  -  19.05  mm. 


M3  »  20  M2  =  25  M3  *  12  MESH  LINES 
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M1  «  0.0422  M2  -  0.0555  Mj  *  0.0266  FEET 

M1  «  67.5  M2  *  88.8  M3  *  42.6  PERCENT  CHORD 

Figure  2.  Geometry,  calculation  regions,  and  mesh  sizes  used  for  the 

65-(18)Ajq-15  blade  cascade,  in  radial  arrangement  (Case  2), 
y  -  27°,  O  -  1.24,  c  -  19.05  mn. 
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Figure  3.  Geometry,  claculatlon  regions,  and  mesh  sizes  used  for  the 

65-(18) Ajg-15  blade  cascade,  in  radial  arrangement  (Case  4), 
y  ■  27°,  o  ■  0.62,  c  *  19.05  mm. 
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Figure  4.  Calculated  suction  surface  boundary  layer  for  the  65-(18) 
Aiq-15  blade  cascade  In  axial  arrangement  (Case  1) ,  M1  = 
0.43,  Rec  =  1.7  x  105,  =  50°,  D  =  0.540,  Y  =  27°,  o  = 

1.24,  c  =  19.05  mm,  AVDR  =  1.0. 
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Figure  5.  Calculated  pressure  surface  boundary  layer  for  the  65— (187 
Ajq-15  blade  cascade  in  axial  arrangement  (Case  1) ,  M,  - 
0.43,  Rec  -  1.7  x  lo5,  Bx  -  50°,  D  -  0.540,  Y  -  27°,  o  - 
1.24,  c  -  19.05  sra,  AVDR  -  1.0. 


Figure  7.  Calculated  pressure  surface  boundary  layer  for  the  65-(18) 
A10“15  blade  cascade  in  radial  arrangement  (Case  2),  Mi* 
0.43,  Rec  -  1.7  x  105,  61  -  50°,  D  -  0.687,  Y  -  27°,  0  - 
1.24,  c  -  19.05  an,  AVDR  -  0.836. 
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DISCUSSION 


J.W.Railly,  University  of  Birmingham,  UK 

We  have  carried  out  some  calculations  using  a  thin  aerofoil  theory  and  introducing  a  source  distribution  to  allow 
for  boundary  layer  growth.  After  separation,  the  free  stream  velocity  was  assumed  constant  and  the  displacement 
thickness  determined.  Subsequent  loss  calculations  using  the  latter  showed  that  mixing  loss  was  much  larger  than 
the  “profile”  loss  of  the  boundary  layer.  If  boundary  layers  were  allowed  for  by  a  source  distribution  and  the 
inviscid  calculations  then  repeated,  the  question  of  convergence  of  the  process  (if  separation  was  present)  occurred. 
A  further  problem  (in  the  rotating  radial  impeller)  arises  since  the  source  flow  contains  a  Coriolis  force  which  is 
mostly  absent  in  the  separated  boundary  layer,  thus  affecting  the  pressure  distribution. 


R.A. Novak,  G.E.  Company,  US 

Is  the  procedure  described  capable  of  dealing  with  rotation  in  the  presence  of  radius  change?  This  will  certainly 
change  the  picture. 

Author's  Reply  to  both  comments 

The  mixing  loss  downstream  of  the  trailing  edge  is  significant.  If  the  iterative  process  is  carried  out  by  adding  the 
full  boundary  layer  thickness  convergence  can  be  a  problem  for  separated  flows. 

The  Katsanis  program  is  written  for  a  rotating  blade  row.  The  boundary  layer  program  does  not  take  into  account 
rotation.  We  have  computed  no  test  cases  involving  rotating  blade  rows  where  experimental  data  is  available  for 
comparison. 
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SUMMARY 

Rotating  non  uniform  flow  has  an  important  impact  on  mechanical  vibrations  of  compres¬ 
sors,  especially  when  they  are  operating  at  high  pressure  level. 

These  rotating  non  uniformities  have  been  experimentally  measured  by  means  of  hot  films, 
in  centrifugal  compressors  of  different  geometry  and  at  different  Reynolds  numbers.  Results 
have  been  compared  with  other  available  data  and  theoretical  predictions.  These  rotating 
instabilities  can  only  be  explained  by  Senoo's  theory  for  reverse  flow  in  radial  diffusers, 
if  a  correction  term  in  function  of  Reynolds  number  is  added. 

First  inviscid  results  obtained  with  a  time-evolutive  interaction  model  are  presented. 


LIST  OF  SYMBOLS 

b  axial  width  of  impeller  or  diffuser 
DF  diffusion  factor  of  impeller  DF  =  \n2/'H\ 

L  impeller  blade  length  l+DF 

Leq  equivalent  length  of  impeller  blade  Lea  =  L 
M  absolute  Mach  number  ’ 

m  number  of  stall  cells 

N  number  of  impeller  blades 

P  static  pressure 

R  radius 

Rep  Reynolds  number  with  respect  to  diffuser  width  and  local  absolute  velocity 
Rep  Reynolds  number  with  respect  to  radius 
t  time 

U  peripheral  speed 

v  absolute  velocity 

w  relative  velocity 

X(e)  auxiliary  function 


a  absolute  flow  angle  with  respect  to  radial  direction 
ac  critical  absolute  flow  angle 

Bb  impeller  exit  blade  angle,  with  respect  to  radial  direction 
C  vorticity 
ip  stream  function 

ups  rotational  speed  of  rotating  stall  pattern  (rad/sec) 
n  impeller  rotational  speed  (rad/sec) 

Subscri pts 


1  impel ler  inlet 

2  impel ler  outlet 

3  diffuser  inlet 

1.  INTRODUCTION 


4  diffuser  outlet 

R  radial  direction 

e  tangential  direction 
M  mean 


Flow  instabilities  such  as  rotating  stall  and  surge  are  not  only  important  because  of 
their  influence  on  efficiency  and  mass  flow  range,  but  also  because  they  constitute  a  vib¬ 
rational  excitation,  resulting  in  mechanical  failures.  The  last  reason  becomes  very  impor¬ 
tant  in  the  case  of  radial  compressors  operating  at  very  high  pressure  levels  (up  to  300 
ata)  as  present  in  reinjection  or  chemical  processes. 

Typical  for  these  applications  is  the  very  small  volume  flow,  resulting  in  low  specific 
speed  compressors  and  very  small  values  of  b2/R2. 

This  study  concerns  mainly  the  prediction  of  rotating  instabilities  in  vaneless  dif¬ 
fusers  with  an  extension  to  small  values  of  b2/R2. 


2.  PUBLISHED  DATA  AND  THEORETICAL  PREDICTIONS 

Rotating  instabilities  in  radial  vaneless  diffusers  have  been  studied  previously  by 
Jansen(Refs.  1,  2),  Senoo  (Refs.  3,  4,  5)  and  Abdelhamid  (Refs.  6,  7).  Most  of  these  ref¬ 
erences  agree  on  the  following  conclusions  : 

-  Instabilities  occur  when  the  absolute  flow  angle  a  reaches  a  critical  value  ac.  This 
value  strongly  depends  on  diffuser  geometry  and  aerodynamic  parameters. 

-  Generated  flow  instabilities  extend  over  the  whole  axial  width  of  the  diffuser  (Refs.  6,7). 

-  Pressure  fluctuations  can  reach  about  10%  of  the  inlet  dynamic  pressure  (Ref.  7). 

-  These  fluctuations  can  be  interpreted  by  a  stationary  observer  as  cells  of  low  energetic 
fluidum,  rotating  in  the  diffuser  at  a  fraction  of  the  circumferential  velocity  of  the 
impeller  tip  (Refs.  2,  6). 

In  analogy  to  axial  compressors,  we  shall  call  these  rotating  instabilities  also  rotating 
stall  . 

Comparing  results  of  references  2  and  6  with  reference  7,  one  observes  important 
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differences  in 

-  amplitude  of  the  pulsations, 

-  number  of  stall  cells, 

-  level  of  propagation  speed  of  the  stall  cells, 

-  radial  position  of  maximum  amplitude. 

It  is  also  suggested  that  two  different  physical  phenomena  can  be  at  the  origin  of 
rotating  stall  ( Ref .  7 )  . 

Furthermore,  the  analytical  prediction  methods  developed  by  Jansen  (Ref.  2)  and  Senoo 
(Refs.  3,  4,  5)  are  not  in  agreement  and  lead  to  contradictory  conclusions  concerning  the 
i nf 1 uence  of  b3/R3 . 

A  summary  of  geometrical  parameters  and  flow  characteristics  of  the  published  test 
results  are  listed  in  Table  I  (Test  Nr  6  to  16).  Because  not  all  of  these  values  are 
explicitly  given  in  the  references,  some  missing  values  had  to  be  calculated  or  estimated 
by  means  of  correlations  or  approximations  (f.e.,  in  some  cases  the  diffuser  inlet  air 
angle  a3  was  calculated  by  a  slip  factor  correlation).  These  values  are  followed  by  an 
asterisk  in  Table  I.  Figure  1  shows  a  comparison  of  both  analytical  predictions  with  these 
experimental  results. 

The  criterium  of  Senoo  is  confirmed  by  the  experimental  results  of  Senoo  (Tests  Nr  6, 
7),  of  Tsurusaki  (Test  Nr  9)  and  one  result  of  Abdelhamid  (Test  Nr  15). 

The  criterium  of  Jansen  shows  good  agreement  with  the  results  of  Abdelhamid  if  one 
applies  a  linear  Mach  number  correction  deduced  from  Jansen's  correlation. 

The  discrepancy  of  tests  12  to  14  could  be  attributed  to  the  sudden  contraction  at 
rotor  exit.  It  is  quite  acceptable  that  this  discontinuity  at  rotor  exit  could  create  an 
important  flow  perturbation  and  therefore  influence  the  incipience  of  rotating  stall. 

Although  most  experimental  results  agree  with  one  of  the  correlations,  no  conclusions 
can  be  drawn  from  this  comparison.  This  almost  suggests  the  existence  of  two  distinct 
types  of  rotating  stall  in  vaneless  diffusers. 

3.  EXPERIMENTAL  INVESTIGATION 

In  order  to  clarify  this  situation,  and  to  verify  also  the  validity  of  these  correla¬ 
tions  for  small  values  of  b3/R3,  a  test  program  has  been  set  up. 

Four  different  impellers  and  diffusers  have  been  designed  with  values  of  b3/R3  between 
.018  and  .07  (Table  I,  Nr  2  to  5).  The  variation  of  channel  width  between  rotor  and  dif¬ 
fuser  is  small  except  for  compressor  5.  The  blade  angles  of  the  impellers  are  also  very 
similar  except  for  rotor  4. 

Besides  the  classical  measurement  devices,  required  for  overall  performance  and  steady 
flow  measurements,  four  hot  film  probes  have  also  been  installed  in  order  to  investigate 
the  flow  instabilities.  One  is  placed  at  rotor  inlet,  two  at  diffuser  inlet,  at  90°  on 
the  circumference  and  one  at  diffuser  exit. 

These  probes  (Fig.  2),  consisting  of  a  platinum  film  diffused  on  a  glas  support,  are 
flush  mounted  on  the  walls.  The  silver  points  on  both  ends  connect  the  film  to  two  wires 
inside  the  glas  support  and  allowalso  to  adjust  the  resistance  of  the  platinum  film.  These 
probes  are  used  together  with  a  constant  temperature  hot  wire  anemometer  bridge  and  allow 
to  visualize  the  velocity  fluctuations  close  to  the  wall  with  frequencies  up  to  5.  kHz. 

The  main  advantage  of  these  hot  films,  compared  to  hot  wires  is  their  resistance  to  shocks 
and  dust.  The  output  of  the  anemometer  is  connected  to  a  dual  trace  oscilloscope  and 
and  photographical ly  recorded. 

The  overall  performance  curve  of  compressor  Nr  2  is  shown  on  figure  3  as  a  typical 
example.  The  dashed  lines  separate  the  zones  of  stable  and  unstable  operation  and  the 
overlap  indicates  a  zone  of  hysteresis.  No  change  in  pressure  ratio  or  efficiency  is  ob¬ 
served  when  passing  from  the  stable  to  the  unstable  zone. 

A  typical  variation  of  the  signals  along  i  constant  speed  line  at  rotor  inlet  and 
diffuser  inlet  is  shown  on  figure  4.  At  the  diffuser  inlet,  the  flow  changes  from  stable, 
where  the  only  oscillations  are  due  to  blade  wakes  (point  1)  to  low  frequency  oscillatipns 
(points  2,  3,  4)  to  higher  frequency  oscillations  (points  5,  6).  The  amplitude  of  the 
oscillations  is  progressively  increasing  with  decreasing  mass  flow.  At  this  mass  flow  no 
oscillations  are  observed  at  rotor  inlet,  which  confirms  the  assumption  of  diffuser  ro¬ 
tating  stall. 

Once  in  surge  (point  7),  oscillations  become  irregular  and  appear  also  at  rotor  inlet. 

A  phase  correspondence  can  also  be  observed. 

The  signals  of  figure  5  are  measured  with  two  hot  films  at  rotor  exit.  Both  signals 
show  1/4  period  phase  shift  at  111  Hz  which  indicates  the  presence  of  3  stall  cells  ro¬ 
tating  at  37  Hz  or  at  16%  of  rotor  RPM  (14  000). 

A  comparison  of  the  instabilities  at  diffuser  inlet  and  outlet  is  shown  on  figure  6. 

The  periodic  oscillations  at  the  diffuser  inlet  are  damped  out  and  become  quite  random 
at  diffuser  outlet  because  the  vaned  return  channel  is  acting  as  a  filter  on  these  oscil¬ 
lations. 

Experiments  have  shown  two  to  four  stall  cells  rotating  in  the  diffuser  at  10  to  16% 
of  rotor  RPM. 

A  sudden  change  in  frequency  has  been  observed  only  in  compressor  5.  A  comparison 
between  points  4  and  5  on  figure  4  showsa  jump  from  45  Hz  to  112  Hz.  The  signal  frequency 
of  45  Hz  corresponds  to  two  cells  rotating  at  22.5  Hz  or  9.6%  of  rotor  RPM.  The  signal 
of  112  Hz, due  to  4  stall  cells,  corresponds  to  a  rotation  of  the  cells  at  28  Hz  or  12%  of 
rotor  RPM. 

Comparing  these  results  with  other  experimental  data,  it  turns  out  that  in  radial 
vaneless  diffusers,  the  stall  cells  rotate  at  10  to  16%  of  RPM. 

Experimental  values  of  the  critical  air  angle  for  all  the  compressors  of  Table  I  are 
plotted  against  Senoo's  correlation  on  figure  7.  No  attempt  was  made  to  compare  our 
experiments  with  Jansen's  criterium  because  the  flow  parameters  of  our  tests  are  completely 
out  of  the  range  for  which  Jansen's  theory  has  been  developed. 

Based  on  the  experimental  results  of  Senoo  and  the  present  authors,  one  would  tend  to 
conclude  that  Senoo's  correlation  is  valid  only  for  values  of  b3/R3  larger  than  .05,  and 


12-3 


that  below  .05  the  critical  air  angle  slightly  increases  again. 

However,  the  situation  becomes  much  more  difficult  if  one  also  includes  the  experimen¬ 
tal  results  of  Abdelhamid  and  the  unpublished  result  of  the  University  of  Gent  (RUG). 
Furthermore,  compressor  Nr  3  has  also  been  tested  under  real  conditions  (multistage  at  200 
ata).  Rotating  stall  has  been  observed  at  90°  -  aC  =  6.3°(Test  Nr  1). 

Based  on  theoretical  calculations,  it  was  stated  by  Senoo  that  for  narrow  diffusers, 
the  Reynolds  number  has  no  influence  on  critical  flow  angle.  However,  observing  the  ex¬ 
perimental  results,  the  authors  found  out  that  Retn  must  have  an  influence  on  diffuser 
s  tab i 1 i ty  . 

Figure  8  shows  the  difference  between  measured  critical  flow  angles  and  the  one  pre¬ 
dicted  by  Senoo  as  a  function  of  Ret,3.  This  figure  contains  all  the  available  experimental 
data  of  Table  I . 

At  low  Reynolds  numbers  (below  10 5 )  a  clear  tendency  of  Rep3  influence  can  be  seen 
(represented  by  a  full  line).  At  higher  Reynolds  numbers,  tests  Nr  17  and  19  suggest  a 
continuous  influence  of  Reb3  on  critical  flow  angle.  However,  test  Nr  1  does  not  indicate 
any  further  decrease  in  critical  flow  angle.  Although  this  discrepancy  could  be  explained 
by  a  different  influence  of  Reb3  on  wide  or  narrow  diffusers  or  by  a  roughness  effect,  the 
authors  feel  that  not  enough  experimental  data  are  available  to  draw  a  definite  conclusion. 

A  possible  correction  is  therefore  shown  by  a  dashed  line. 

This  Reb3  correction  (full  line  and  dashed  line)  is  then  applied  to  all  experimental 
data  (except  Nr  1)  to  define  the  equivalent  diffuser  critical  flow  angle  acF  at  Reb3  »  105. 
Results  are  plotted  against  Senoo's  correlation  on  Fig. 9. The  good  agreement 5of  most  of  the 
points  confirms  the  validity  of  Senoo's  correlation  at  Refa  =105 .  Concerni  ng  the  somewhat  larger 
disagreement  for  tests  Nr  5,  8,  12  and  13,  one  should  keep^in  mind  that  they  are  obtained 
with  an  important  discontinuity  at  rotor  exit.  The  value  for  test  Nr  10  is  outside  the 
figure.  It  should,  however,  be  controlled  if  the  available  experimental  data  are  correctly 
interpreted  in  this  study  and  if  the  stabilities  are  of  the  diffuser  rotating  stall  type. 

For  test  point  Nr  10,  the  measured  frequency  is  only  3%  of  rotor  RPM,  which  is  much  lower 
than  in  all  the  other  experiments. 

The  discrepancy  observed  for  test  point  Nr  16  could  be  attributed  to  the  larger  radius 
ratio  { R 4 / R 3  =  1.8).  Both  Senoo  and  Jansen  agree  that  an  increasing  radius  ratio  can 
influence  the  diffuser  stability. 

Taking  into  account  the  difficulties  in  measuring  correctly  the  diffuser  flow  angle, 
one  can  conclude  that  Senoo's  correlation,  together  with  a  correction  for  Reb3  gives  a 
good  prediction  of  diffuser  critical  flow  angle. 

4.  THEORETICAL  APPROACH 

Previous  experimental  and  theoretical  work  gives  only  a  limited  answer  to  this  problem 
because  they  do  not  give  any  information  on  speed  of  propagation,  wave  shape  or  number  of 
cells.  A  theoretical  research  program  has  therefore  been  initiated,  to  analyze  this  problem 
in  a  more  fundamental  way.  At  the  present  state,  this  model  is  far  from  complete,  never¬ 
theless,  some  indications  about  some  aspects  of  the  problem  can  already  be  obtained. 

The  instationary  and  viscous  behaviour  of  the  phenomenon  does  not  allow  many  simpli¬ 
fications  of  the  three  dimensional  Navier-Stokes  equations.  The  problem  can  be  simplified 
in  a  drastical  way  by  confining  it  to  the  definition  of  a  stability  criterium  for  the 
diffuser  flow  (Refs.  2  and  8).  In  this  case  the  amplitude  of  tne  instabilities  is  supposed 
to  be  very  small  so  that  the  equations  ofmotion  can  be  linearized  in  the  vicinity  of  the 
operation  point  investigated.  By  means  of  the  well-known  stability  analysis  techniques  for 
linear  systems,  it  is  then  possible  to  deduce  the  critical  inlet  flow  angle  oC3,  for  which 
the  main  flow  becomes  unstable.  The  number  of  cells  is  then  determined  from  the  wavelength 
of  the  perturbations. 

However,  the  prediction  of  the  amplitude  of  the  pulsations,  the  evolution  of  the  wave 
form  and  the  change  in  number  of  stall  cells  is  beyond  the  scope  of  the  linear  techniques. 
These  last  parameters  are  nevertheless  very  important  if  one  intends  to  determine  the  in¬ 
fluence  of  rotating  stall  on  the  aerodynamic  performances  and  mechanical  excitation  of 
the  compressor  system. 

A  significant  approach  requires  the  preservation  of  the  non  linear  form  of  the  equations 
of  motion.  However,  to  keep  the  problem  mathematically  tractable,  we  use  the  basic  hypo¬ 
thesis  that  the  dynamic  features  which  allow  the  oscillations  are  associated  with  the  in- 
viscid  diffuser  main  flow.  The  boundary  layers  in  the  impeller  or  along  the  diffuser  walls 
are  interpreted  as  destabilizing  influences.  In  this  way  it  is  possible  to  fulfil  the  con¬ 
ditions  for  the  generation  of  self-excited  vibrations,  namely,  the  presence  of 

-  an  exciting  system  :  the  impeller  blade-  or  diffuser  wall  boundary  layers 

-  a  responding  system  :  the  diffuser  main  flow  core. 

This  basic  hypothesis  allows  a  simplification  of  the  problem,  as  well  with  regard  to  the 
viscosity  effect  as  to  the  number  of  dimensions. 

Attributing  all  viscous  influencesto  the  boundary  layers, the  main  flow  in  a  radial 
vaneless  diffuser  can  be  investigated  using  the  incompressible,  two  dimensional  Euler 
equations  in  cylindrical  coordinates. 

Introducing  the  vorticity  c 


3 R  R  B  )8 
and  stream  function  * 


1  1  H 
R  3B 
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3D 
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the  Euler  equations  reduce  to  a  hybrid  set  of  equations. 
-  The  hyperbolic  vorticity  transport  equation  : 


—  +  V„  2-i.  + 

3t  3  R  R  30 


(4) 


-  The  elliptic  Poisson  equation  : 

a 2 »  +  I  1*  t  J.  32i'  _  _ 

3R2  R  3R  R2  3 8  2 


These  equations  cannot  be  solved  simultaneously  as  it  is  done  with  a  time  marching  procedure 
for  completely  hyperbolic  systems.  These  equations  have  to  be  solved  alternatively  and  the 
right  hand  side  of  the  Poisson  equation  is  determined  by  the  solution  of  the  vorticity 
equation,  v^  and  v0  in  equation  (4)  are  deduced  from  equation  (5)  via  equations  (2)  and  (3). 

The  diffuser  inlet  flow  conditions  are  determined  by  the  impeller  response.  An  exten¬ 
sion  of  the  theory  of  Adamczyk  {Ref  9)  for  loss  free,  straight  bladed  impellers  with  no 
exit  slip  allows  to  define  following  equations  for  the  unsteady  behaviour. 


R2  U2 
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V02  =  U?  '  VR,  ‘SBzb 


(8) 


The  set  of  equations  (6),  (7)  and  (8)  gives  the  diffuser  inlet  flow  velocities,  vr2  and 
v  e  2 »  as  inlet  boundary  conditions  for  equations  (4)  and  (5)  while  the  solution  of  equa¬ 
tions  (4)  and  (5)  defines  the  vorticity  cz  as  an  exit  boundary  condition  for  the  impeller 
in  equations  (6),  (7)  and  (8).  Both  systems  must  be  solved  in  a  coupled  way. 

Based  on  the  experimental  conclusion  that  rotating  stall  also  occurs  in  vaneless 
diffusers  with  an  atmospheric  exit,  the  diffuser  outlet  boundary  condition  is  defined  as  : 

=  0  (9) 

r=r4 


aP 

30 


At  the  actual  state  of  development,  the  program  does  not  yet  contain  any  boundary 
layer  triggering  system  as  required  by  the  basic  hypothesis.  Prior  to  this,  more  basic 
research  is  necessary  to  find  a  suitable  model  for  the  dynamic  behaviour  of  the  boundary 
layers  along  the  diffuser  walls.  However,  by  introducing  an  artificial  velocity  pertur¬ 
bation,  one  can  already  study  some  characteristics  of  the  unsteady  swirling  flow  in 
vaneless  diffusers.  This  artificial  velocity  perturbation  must  satisfy  the  following 
conditions  : 

-  the  perturbation  must  be  compatible  with  the  boundary  conditions; 

-  the  perturbation  must  satisfy  continuity. 

The  easiest  way  to  satisfy  both  conditions  is  to  perturb  the  streamlines  in  a  limited 
zone  as  shown  on  figure  10a.  The  shape  of  the  perturbation  is  defined  by  a  sinusoidal 
shift  of  streamlines  with  respect  to  the  free  vortex  flow.  This  locally  perturbed  flow 
field  is  used  as  initial  condition  for  the  solution  of  equations  (4)  and  (5). 

Figure  10b  shows  a  computed  flow  field  at  time  level  5,  resulting  from  the  single 
velocity  perturbation  of  figure  11a.  The  streamline  distribution  clearly  contains  a  zone 
of  back  flow,  bounded  in  the  tangential  direction  by  a  region  of  high  speed  radial  flow. 
One  can  conclude  that  a  single  perturbation  of  a  homogeneous  diffuser  flow  leads  to  a 
rearrangement  of  the  streamline  pattern  in  high  -  and  low  speed  "zones". 

Furthermore,  this  cells  are  not  stationary  but  propagate  in  tangential  direction  as 
indicated  on  figure  11.  The  tangential  shift  of  the  radial  velocity  distribution  at 
radius  (R4+R3)/2  between  time  level  t  =  0  and  t  =  5  allows  to  calculate  the  propagation 
speed  relative  to  the  rotor.  The  corresponding  value  of  wrs/o  =  .143  corresponds  fairly 
well  with  the  experimentally  observed  values.  Important  is  also  that  this  confirms  the 
basic  hypothesis,  namely  that  rotating  stall  in  radial  vaneless  diffusers  is  mainly  a 
potential  core  instability,  triggered  by  viscous  effects. 
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DISCUSSION 


H.Weyer,  DFVLR,  Cologne,  Ge 

Is  the  prediction  of  rotating  stall  based  on  Senoo’s  correlation  only  valid  for  the  design  speed  of  the  compressor 
or  also  for  off-design  conditions? 

Author’s  Reply 

Senoo’s  correlation  or  analytical  prediction  accounts  for  the  variation  in  rotor  speed  only  through  the  variation  of 
parameters  like  diffuser  inlet  flow  angle,  Mach  number,  or  by  a  change  in  flow  non-uniformity  at  diffuser  inlet.  It 
does  not  indicate  a  direct  influence  of  RPM  on  rotating  stall. 


Y.Ribaud,  ONERA,  Fr 

When  the  rotating  stall  appears  in  the  diffuser  have  the  authors  observed  a  back-flow  with  pre-rotation  in  the  entry 
region  of  the  impeller?  Pre-rotation  can  easily  explain  the  measurement  of  static  pressure  being  equal  to  the 
stagnation  pressure  upstream  of  the  impeller. 

Author’s  Reply 

We  have  measured  the  flow  at  the  inlet  to  the  impeller  with  the  help  of  a  hot  film  probe.  The  results  are  presented 
in  Figure  4  and  one  can  not  see  any  perturbation  at  the  inlet  of  the  inducer  except  for  point  6. 


D.Japikse,  CREARE,  US 

Could  the  author  explain  how  the  flow  angle  was  measured. 

Author's  Reply 

The  How  angle  was  not  measured.  It  was  calculated  from  the  temperature  rise  across  the  impeller. 


C. Rodgers,  Solar,  US 

We  have  observed  differences  between  our  results  at  Solar  and  Senoo’s  results,  observing  exactly  opposite  trends  in 
critical  flow  angle.  But  in  order  to  make  sense  of  this  type  of  measurement  one  should  take  results  from  more  than 
one  impeller. 

Author’s  Reply 

The  experiments  described  in  the  paper  were  made  with  similar  impellers  but  the  sweep-back  angles  were  different. 
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SUMMARY 

An  anomalous  range  characteristic  of  two  stages  differing  only  in  diffuser  passage 
number  has  led  to  this  study.  Pressure  field  data  in  the  diffuser  inlet  region  was  care¬ 
fully  examined  and  a  strong  shock  pressure  recovery  system  was  discovered  when  a  low  diffuser 
number  is  used  and  a  mild  shock  recovery  process  resulted  when  a  large  diffuser  number  was 
employed.  When  strong  shocks  were  present,  it  was  found  that  a  leading  shock  set  up  a 
subsequent  accelerating  flow  field  which  stabilized  a  second  shock.  In  turn,  the  second 
shock  contributed  substantially  to  the  static  pressure  recovery  process  in  the  diffuser  in¬ 
let  region.  The  combined  effect  was  a  highly  stabilized  flow  field,  in  agreement  with 
the  Kantrowitz1 2  shock  stabilization  criterion.  By  contrast,  the  strong  shock  system  con¬ 
tributed  to  a  loss  in  total  pressure  of  up  to  2%  of  the  total  pressure  rise  in  the  stage. 

Two  different  stages  are  discussed  where  mechanical  failure  occurred.  These  cases  may  be 
related  to  the  strong  shock  system  of  the  diffuser  inlet  region  closely  coupled  to  the 
impeller  blade  tips. 

NOMENCLATURE 
AR  area  ratio 

L/D.  length  to  throat  diameter  ratio 

m  referenced  mass  flow 

M  Mach  number 

N;  N  speed;  design  speed 

p  static  pressure 

p3  stagnation  pressure 

p*  critical  pressure  corresponding  to  PQ2*  (p*=0.52fa  P02*'  assuming  perfect  gas 

behavior) 

pr  stage  pressure  ratio 

r  radius 

R  radius  ratio,  r/r2 

T  static  temperature 

Tq  stagnation  temperature 

uU  wheel  speed 

26  diffuser  divergence  angle 

A20  diffuser  divergence  parameter  differenced  to  show  location  relative  to 

transitory  stall 
0  density 

Subscript 

TS  total-to-static 

0  inlet,  2  impeller  tip,  2*  mixed  out  tip,  3  diffuser  leading  edge,  4  diffuser  throat 
Superscript 

measured  value 


1  INTRODUCTION 

This  investigation  was  motivated  by  a  careful  study  of  the  anomalous  range  character¬ 
istics  of  the  two  compressor  stage  evaluations  shown  in  Figure  la.  The  two  stages  were 
essentially  identical  except  for  a  factor  of  two  difference  in  the  number  of  diffuser  pas¬ 
sages.  The  resulting  aerodynamic  difference  was  so  astounding  that  it  motivated  a  lonq 
term  investigation  which  involved  many  different  staqes  from  several  different  Creare 
clients.  Peculiar  also  to  the  problem  was  the  fact  that  several  impellers  failed,  possi¬ 
bly  for  causes  that  are  interconnected  with  the  basic  range  characteristics. 

2  THE  ANOMALOUS  STAGE 

The  stages  whose  overall  aerodynamic  characteristics  are  presented  in  Figure  la  are 
typical  small  gas  turbine  stages  with  pr=5  and  design  mass  flow  in  the  range  of  4  to  5 
lbm/sec.  They  involve  state-of-the-art  technology  impellers  with  a  blade  backsweep  angle 
of  28°.  These  particular  stages  use  conical  diffusers  such  that  the  region  preceding  the 
throat  is  of  a  conical  section  leaving  cusps  on  both  the  front  cover  and  rear  cover  of 
the  well  known  "swallow-tail"  configuration.  Past  the  diffuser  throat  the  passage  is  a 
simple  conical  diffuser.  The  spacing  between  the  diffuser  leading  edge  (cusp)  and  the 
impeller  tip  is  characterized  by  a  radius  ratio  of  1.064  for  the  A1  stage  and  by  1.033 
for  the  A2  stage.  In  other  words,  these  stages  are  similar  to  many  industrial  stages. 
Exactly  the  same  impeller  was  used  for  both  test  stages  shown  in  Figure  la,  and,  further, 
they  have  exactly  the  same  inlet  and  the  same  collector  system.  Hence  it  is  clear  that  a 
significant  fluid  dynamic  process  must  be  altering  the  performance  characteristics  of  the 
stage  and  that  this  process  must  be  a  function  of  the  diffuser  number. 


Figure  la.  Comparison  of  compressors  A1  and 
A2  operating  maps;  same  impeller  for  each 
stage  except  A1  has  17  diffuser  pipes  and  A2 
has  34  diffuser  pipes. 


Figure  lc.  Comparison  of  compressors  Cl  and 
C2  operating  maps;  same  impeller  for  each 
stage  except  Cl  has  IS  diffuser  pipes  and  C2 
has  27  diffuser  pipes. 


Table  1  Dimensional 

Comparison 

Stac 

Number  of 
je  Pipes 

29 

AR  L/D4 

A.l 

17 

6.01 

2.5  5.6 

A2 

34 

4.44° 

2.58  7.5 

Figure  lb.  Comparison  of  compressors  B1  and 
B2  operating  maps;  same  impeller  for  each 
stage  except  B1  has  19  diffuser  vanes  and  B2 
has  31  diffuser  vanes. 


Figure  Id.  Compressor  D  stage  showing 
transonic  surge  line  kink  at  pr=4.2  or  4.3. 


The  diffuser  is  different  in  that  twice  as  many  diffuser  passages  are  employed,  but 
there  are  further  similarities  in  the  diffusers  as  indicated  in  Table  1.  We  see  that  they 
have  very  nearly  identical  area  ratio.  Further  they  have  virtually  the  same  diffuser 
throat  area  (a  small  difference  in  throat  area  accounts  for  the  different  choke-lines  on 
Figure  la) .  There  are,  however,  differences  in  the  divergence  angle  of  the  diffuser  and 
length-to-diameter  ratio  across  which  the  area  ratio  is  achieved.  However,  the  biggest 
single  difference  must  lie  in  the  fact  that  the  wedge  angle  of  the  diffuser  inlet  system 
obviously  differs  by  a  factor  of  two  in  the  two  configurations.  Still,  these  differences 
are  not  sufficiently  great  that  one  can  immediately  appreciate  the  difference  in  the  two 
stages  shown  in  Figure  la;  instead,  we  must  look  carefully  at  the  basic  aerodynamic 
characteristics  of  the  two  stages. 

3  AERODYNAMIC  EVALUATION  OF  SHOCK  ENHANCED  RANGE 

The  general  impeller  tip  aerodynamic  characteristics  are  substantially  the  same  be¬ 
tween  the  two  stages,  A1  and  A2 ,  at.  least  as  far  as  can  be  deduced  from  rather  simple  im¬ 
peller  tip  static  pressure  and  diffuser  throat  total  pressure  instrumentation.  The  only 
unusual  characteristic  was  the  comparatively  low  value  of  Cp2*_4  (static  pressure  recov¬ 
ery  coefficient  between  the  impeller  mixed-out  reference  state  and  the  diffuser  throat). 
This  value  is  comparatively  low  along  the  surge  line,  being  0.12  to  0.22  for  speeds  of 
85%  Nd  or  less  for  both  stages  and  about  the  same  for  higher  speeds  for  the  A2  stage.  By 
contrast,  the  value  of  C „2*_4  rose  to  a  peak  of  0.48  for  the  A1  stage  for  speeds  greater 
than  85%  ND,  which  compares  quite  favorably  with  conventional  values  associated  with  stage 
stall  (see  for  example  Kenny?) .  Thus  the  survey  of  geometric  differences  and  aerodynamic 
differences  has  pointed  to  the  diffuser  inlet  region,  where  the  staqe-stall  values  of 
Cp2»-4  are  different  and  where  we  encounter  the  largest  single  geometric  difference:  the 
diffuser  inlet  wedge  anqle  differs  by  a  factor  of  2.  These  differences  encourage  us  to 
take  a  careful  look  at  the  flow  field  characteristics  in  the  region  between  the  impeller 
tip  and  the  diffuser  throat. 


For  the  A1  and  A2  stages  substantial  pressure  tap  data  is  available  in  the  vaneless 
and  semivaneless  space  between  the  impeller  tip  and  diffuser  throat.  Later,  some  similar 
data  for  the  D  stage  is  also  presented.  Much  of  this  data  was  taken  both  from  the  front 
cover  and  rear  cover,  but  only  the  front  cover  data  is  shown  herein  (the  rear  cover  data 
matched  rather  closely  the  front  cover  information) .  A  series  of  comparative  pressure 
field  surveys  for  the  A1  and  A2  stages  are  shown  in  Figures  2  through  7.  in  each  case, 
the  first  figure  refers  to  the  A1  stage  and  the  second  figure  refers  to  the  A2  stage. 

It  is  interesting  to  first  consider  Figures  2  and  3  showing  results  along  the  100% 
speed  line.  Figure  2  shows  the  results  close  to  surge  whereas  Figure  3  shows  results 
close  to  choke.  An  approximate  diffuser  center  streamline  is  sketched  into  the  figures 
for  reference.  The  configuration  with  the  small  number  of  diffusers  (stage  Al,  17  passages) 
shows  very  strong  pressure  field  distortions  and  it  appears  that  a  typical  fluid  particle 
will  probably  pass  through  about  two  shocks  before  entering  the  diffuser  throat.  For  the 
A2  stage  (34  passages)  it  is  possible  that  the  fluid  particle  may  pass  through  three 
shocks  and  the  distortions  are  comparatively  mild.  For  the  case  close  to  choke,  distor¬ 
tions  are  still  greater  for  the  Al  stage  than  the  A2  stage,  but  the  shock  structure  which 


Figure  2.  Pressure  contour  comparisons  for  the  Al  &  A2  stages  at  100%  N^.  Near  Surge 


Figure  3.  Pressure  contour  comparisons  for  the  Al  &  A2  stages  at  100%  N^.  Near  Choke 


Figure  4.  Pressure  contour  comparisons  for  the  Al  &  A2  stages  at  95%  Nn. 


Figure  5.  Pressure  contour  comparisons  for  the  A1  S,  A2  stages  at  90%  N^. 


Figure  6.  Pressure  contour  comparisons  for  the  A1  &  A2  stages  at  85%  NQ. 


Figure  7.  Pressure  contour  comparisons  for  the  A1  &  A2  stages  at  60%  Np. 


is  quite  pronounced  for  the  A1  stage  appears  to  be  masked  for  the  A2  stage.  Similar  gen¬ 
eral  results  are  shown  in  Figure  4  for  the  95%  speed  case  and  in  Figure  5  for  the  90% 
speed  case.  Here  we  see  that  the  pressure  distortions  for  the  A2  stage  are  becoming  very 
mild  indeed  but  the  A1  stage  still  has  very  strong  pressure  distortions.  At  85%  speed, 
a  noticeable  shock  structure  still  exists  for  the  A1  stage  but  only  a  weak  sonic  line  is 
observed  for  the  A2  stage.  At  60%  speed,  our  next  lowest  speed  for  which  comparative 
data  is  available,  the  shock  structures  have  disappeared  completely  but  pressure  field 
distortions  are  strongly  in  evidence  for  the  A1  stage  and  are  very  very  mild  for  the  A2 
stage. 

It  is  now  interesting  to  reconsider  Figure  la  and  to  note  the  point  at  which  the 
surge  line  diverged  for  the  A1  and  A2  stages.  This  is  at  approximately  85%  speed  and  we 
observe  that  it  is  at  this  speed  where  the  shock  structure  becomes  pronounced  and  signif¬ 
icant  for  the  A1  stage  (other  plots,  available  but  not  shown  for  the  A1  stage,  only  in¬ 
dicate  that  the  shock  structures  are  extremely  weak  or  non-existant  at  speeds  below  85%) . 
In  other  words,  when  the  impeller  exit  Mach  number  reaches  a  value  of  approximately  0.9, 
then  it  is  possible  for  a  shock  structure  to  develop  which  may  begin  to  participate  strong 
ly  in  the  pressure  recovery  process  and  the  flow  stabilization  events,  if  the  geometry  is 
such  so  as  to  cause  a  certain  type  of  strong  shock  structure. 

The  highest  local  Mach  numbers  observed  for  each  figure  are  shown  in  Table  2.  Clear¬ 
ly  the  acceleration  effects  are  much  stronger  for  the  A1  stage  than  for  the  A2  stage. 

This  acceleration  is  sufficiently  strong  such  that  the  transonic  flows  exitinq  the  A1  im¬ 
peller  pass  through  a  sonic  line,  are  further  accelerated,  and  then  pass  through  a  mod¬ 
erately  strong  shock  in  order  to  establish  the  flow  conditions  observed.  It  is  interest¬ 
ing  to  note  that  the  strongest  shock  observed  is  sufficient  to  cause  a  2%  loss  in  total 
pressure,  which  is  a  substantial  performance  penalty.  This  applies  to  the  A1  stage  where- 


Table  2  Maximum  Local  Mach  Numbers 


Table  3  Shock  Strength  Comparisons 
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as  substantially  weaker  shock  systems  are  found  for  the  A2  stage.  It  is  of  course  evident 
in  Table  2  that  the  flow  has  accelerated  as  it  prepares  to  enter  the  diffuser  and  the  peak 
Mach  numbers  are  substantially  higher  than  the  computed  impeller  exit  Mach  numbers. 

Further  data  is  shown  in  Table  3.  The  computed  values  in  Table  3  are  bounding  values 
that  are  established  as  follows.  We  have  used  the  highest  of  the  three  static  pressure 
measurements  immediately  in  front  of  the  shock  to  set  the  level  of  £  and  we  have  taken 
the  downstream  static  pressure,  6  ,  to  be  the  lowest  of  the  three  static  pressures  immedi¬ 
ately  after  the  shock.  This  gives  us  the  lowest  observed  pressure  difference  (or  rise) 
setting  the  lower  bound  to  the  possible  shock  strength.  The  expected  static  pressure 
after  the  shock  (Py,N.s.)  given  in  Table  3  has  been  computed  for  comparison  puiposes  from 
the  simple  normal  shock  relationship. 

By  comparing  Mach  numbers  given  in  Tables  2  and  3,  it  is  clear  that  the  shock  process 
does  not  start  at  the  highest  Mach  number,  but  rather  at  a  slightly  lower  Mach  number  down¬ 
stream.  Thus  it  is  evident  that  some  diffusion  has  occurred  before  the  shock.  Further, 
the  shock  does  not  occur  at  the  tip  Mach  number  but  at  a  higher  value.  We  also  observe 
that  the  actual  static  pressure  rise  across  the  shock  is  distinctly  less  than  what  would 
have  been  obtained  with  a  normal  shock,  except  possibly  at  the  85%  speed  line.  It  can 
be  noted  also  that  the  static  pressure  rise  across  the  shock  structure,  for  the  A1  stage, 
is  quite  strong  and  clearly  overpowers  the  static  pressure  drop  due  to  the  acceleration 
process.  Further,  the  shock  is  sufficient  to  give  a  higher  static  pressure  rise  through¬ 
out  the  entry  region  than  was  achieved  with  the  nearly  shock  free  entry  flow  for  the  A2 
stage. 

Therefore,  it  is  apparent  that  the  increased  range  for  the  A1  stage  vs.  the  A2  stage 
at  speeds  greater  than  85%  ND  is  due  to  the  presence  of  a  uniquely  different  entry  dif¬ 
fusion  process  for  the  A1  stage;  that  is,  the  characteristic  shock  structure.  It  is  also 
clear,  however,  from  the  normal  shock  calculations,  that  the  resulting  total  pressure  loss 
will  be  greater  for  the  A1  stage  than  for  the  A2  stage  which  is  in  excellent  agreement 
with  the  lower  observed  efficiencies  for  the  A1  stage.  Further,  the  very  strong  pressure 
fields  associated  with  the  A1  stage  diffuser  inlet  region  give  an  excellent  possibility 
for  increased  backflow  and  the  data  evaluation  for  these  two  stages  showed  approximately 
2.5  times  the  computed  backflow  loss  for  the  A1  stage  than  compared  to  the  A2  stage  on  the 
100%  speed  line. 

In  order  to  obtain  a  deeper  appreciation  for  the  stability  of  the  flow  process  under 
consideration,  we  must  go  back  and  consider  the  path  of  a  typical  particle  passing  through 
the  pressure  fields  of  the  A1  and  A2  stages.  If  we  consider  figures  2  through  7,  and  par¬ 
ticularly  those  on  the  high  speed  lines,  it  will  become  clear  for  the  A2  stage,  that  the 
diffusion  is  gradual  all  the  way  from  the  tip  of  the  impeller  to  the  throat.  By  contrast, 
for  the  A1  stage  there  is  almost  no  diffusion  from  the  impeller  tip  to  the  front  of  the 
shock.  In  fact,  none  of  the  pressure  rise  occurs  between  the  tip  of  the  wheel  and  the 
face  of  shock,  but  instead,  about  60%  of  the  pressure  rise  occurs  across  the  shock  and  40% 
occurs  as  subsonic  diffusion  downstream  of  the  shock  prior  to  throat  entry. 


These  differences  may  suggest  an  important  characteristic  of  the  enhanced  flow  sta¬ 
bility  of  the  A1  stage.  We  can  speculate  that  the  diffusion  through  the  strong  entry 
shock  is  more  stable  to  downstream  disturbances  than  is  a  weak  shock  system.  We  parti¬ 
cularly  note,  in  the  comparison  just  given,  that,  according  to  the  Kantrowitz1  criterion* 
the  shock  is  strongly  stable  to  downstream  disturbances.  This  is  due  to  the  accelerating 
velocity  field  located  ahead  of  the  shock  structure.  In  other  words,  throat  pulsations 
will  not  cause  the  shock  position  to  diverge.  Under  the  influence  of  pulsations,  the 
entire  flow  structure  will  change,  and  the  shock  will  move  such  that  the  pressures  re¬ 
balance,  but  the  shock  itself  will  not  be  unstable.  So  long  as  the  excurions  of  the  shock 
structure  do  not  carry  it  out  of  the  stable  velocity  field  ahead  of  it,  the  flow  situation 
will  be  stable. 

It  is  important  to  observe  that  it  is  the  interaction  of  the  pressure  fields  of  the 
shocks  from  two  adjacent  passages  that  is  critical  to  flow  field  stability.  The  reaccel¬ 
eration  after  the  shock  of  the  preceding  passage  stabilizes  the  shock  of  the  next  passage. 
When  an  entrance  is  rot  strongly  shocked,  reacceleration  after  the  shock  of  the  preceding 
passage  is  mild  and,  hence,  the  succeeding  shock  is  not  strongly  stabilized.  Thus  the 
best  explanation  that  can  be  offered  as  to  the  fundamentally  different  range  character¬ 
istics  of  the  A1  and  A2  stages  lies  in  the  inherently  different  shock  structures  in  the 
diffuser  inlet  region.  We  conclude  that  a  stable  (according  to  the  Kantrowitz1  criterion) 
shock  structure  has  been  achieved  for  the  A1  stage. 

It  is  now  useful  to  return  to  Figure  1  and  observe  the  characteristics  of  the  seven 
different  stages  presented  therein.  The  first  three  figures,  la,  lb,  and  lc,  each  reveal 
a  pair  of  stages  which  were  tested  much  as  the  A1  and  A2  stage.  In  other  words,  for  each 
configuration  an  impeller  was  used  with  two  different  diffusers  having  approximately  the 
same  area  ratio  and  the  same  diffuser  throat  area.  However,  the  number  of  vanes  or  pipes 
differed  as  shown  in  the  figures.  As  with  the  A1  and  A2  stages,  we  observe  a  substantial 
improvement  in  flow  range  for  the  B1  vs.  B2  stages  and  also  for  the  Cl  and  C2  stages. 

Again,  it  is  clear  that  a  process  exists  that  is  stabilizing  the  stage  characteristic  and 
providing  enhanced  range.  Unfortunately,  for  the  B  stages  and  C  stages,  detailed  pressure 
fields  of  the  type  shown  in  Figures  2  through  7  were  not  measured.  We  can  only  speculate 
that  events  similar  to  those  characteristic  of  the  A1  and  A2  stages  may  be  present.  It 
is  also  clear  that  a  rather  sharp  kink  occurs  in  the  surge  line,  particularly  for  the  A1 , 

B1  and  Cl  stages,  and  to  a  lesser  extent  for  the  B2  and  C2  stages  at  a  pressure  ratio  of 
approximately  3.7  to  4.3,  depending  on  the  particular  stage.  It  is  expected  that  this 
pressure  ratio  would  correspond  approximately  to  an  impeller  exit  Mach  number  of  approxi¬ 
mately  0.9.  Figure  Id  shows  the  map  for  the  seventh  stage  under  consideration,  to  be 
discussed  in  greater  detail  later,  where  only  one  impeller  is  available  for  evaluation. 

Here  again  we  see  the  possible  beginning  of  a  surge  line  kink  at  a  pressure  ratio  of 
approximately  4.2  or  4.3 

Having  described  the  fundamental  differences  between  the  A1  and  A2  stages,  we  are 
left  with  the  intriguing  question:  which  condition  is  normal?  From  a  traditional  stand¬ 
point  it  may  seem  that  the  A2  stage  is  normal  due  to  its  comparatively  straight  surge  line 
(truly  accurate  surge  lines  are  never  straight  but  may  approximately  fall  in  a  nearly 
straight  line) .  On  the  other  hand,  the  comparatively  low  value  of  Cp2*_4  along  the  stage 
stall  line  tor  the  A1  and  A2  diffusers  below  the  85%  speed  line,  suggests  that  neither 
stage  is  "normal"  at  the  low  speeds.  Instead,  the  stage  appears  to  have  hit  an  early  stall 
limit.  By  contrast,  the  comparatively  high  values  of  Cp2*-4  of  approximately  0.45  to  0.5 
for  the  A1  stage  at  speeds  greater  than  85%  ND  are  much  more  nearly  characteristic  of  the 
stability  limits  of  high  pressure  ratio  stages,  see  for  example  Kenny2.  In  as  much  as 
the  stages  considered  by  Kenny2  deal  with  pressure  ratios  in  the  range  of  6  to  10,  it 
would  appear  that  the  A1  stage  has  characteristics  which  are  more  nearly  normal.  However, 
the  absence  of  similar  characteristics  at  the  low  speed  end  raises  questions  which  cannot 
be  answered  here,  so  the  question  is  moot. 

Before  closing  this  section,  it  is  instructive  to  consider  Figures  8  and  9  to  further 
appreciate  the  influence  of  this  shock  structure  on  the  stage  stability  characteristics. 

The  present  study  was  actually  a  mild  interlude  in  a  much  more  comprehensive  evaluation 
of  a  series  of  industrial  stages.  One  characteristic  used  to  correlate  the  stage  range 
is  the  measure  of  A 29.  If  we  examine  Figure  8,  we  observe  typical  channel  diffuser  pres¬ 
sure  recovery  maps.  Such  maps  represent  the  basic  geometric  and  aerodynamic  character¬ 
istics  of  channel  diffusers  (similar  maps  are  available  for  conical  diffusers) .  The  im¬ 
portant  characteristic  here  is  the  change  in  the  relative  location  of  pressure  recovery 
contours  as  a  function  of  inlet  aerodynamic  blockage.  Each  contour  map  shown  in  Figure  8 
corresponds  to  a  different  blockage  level;  it  will  be  noted  that  the  contours  shift  to 
the  right  as  one  moves  to  ever  increasing  values  of  blockage.  In  other  words,  for  a  com¬ 
pressor  operating  along  a  speed  line  from  a  high  flow  to  a  low  flow  level,  where  the  throat 

blockage  is  known  to  continuously  increase,  we  move  closer  and  closer  to  the  ridge  of  peak 
recovery,  which  is  also  the  region  of  transitory  stall!  Thus  the  hypothesis  has  been 
suggested**  that  a  measure  of  resistance  to  stage  stall  is  the  change  in  A29  for  a  point 
located  on  the  choke  line  vs.  the  stage  stall  line  for  the  respective  diffuser  maps.  Thus 
one  can  obtain  an  estimated  value  of  A29  and  plot  it  versus  the  kno-m  range  characteristic, 
as  is  shown  in  Figures  9a  and  9b.  The  correlation  is  observed  to  be  generally  good,  with 
but  a  few  exceptions.  We  note  first  that  the  A1  and  A2  staqes  fall  on  the  curve  for  the 

low  speed  correlation  but  that  the  A1  stage  does  not  fall  on  the  curve  at  the  high  speed 


♦The  author  appreciates  the  guidance  from  R.  C.  Dean,  Jr. ,  to  include  this  approach. 
♦•This  hypothesis  was  put  forward  by  R.  D.  Dean,  Jr.  at  Creare  in  1974. 
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whereas  the  A2  stage  does.  Further,  we  note  that  the  B1  and  Cl  stages  are  not  on  the 
curve  for  the  full  speed  correlation  whereas  the  B2  and  C2  stages  are  on  the  trend. 
Rather  similar  results  are  shown  for  the  part  speed  correlation.  Actually,  this  cor¬ 
relation  should  be  much  improved  by  plotting  the  results  versus  an  impeller  exit  Mach 
number  rather  than  a  percent  of  design  speed,  which  can  imply  vastly  different  pressure 
ratios  and  Mach  numbers  depending  on  the  stages  selected.  It  is  felt  that  this  cor¬ 
relation  can  be  quite  useful  to  guide  designers  but  is  not  a  fundamental  stage  stall 
theory  in  its  own  right. 


Figure  8.  Channel  diffuser  maps  showing  pressure  recovery  as 
a  function  of  inlet  aerodynamic  blockage. 


Figure  9.  Stage  operating  range  versus  A29  diffuser  parameter 
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It  is  interesting  to  note  that  the  A2  and  D  stages  both  experienced  mechanical  fail¬ 
ures  in  the  impeller  discharge  region.  For  the  A1  stage,  the  failure  was  apparently 
catastrophic  and  resulted  in  the  complete  destruction  of  the  impeller.  For  the  D  stage, 
various  failures  had  been  experienced  which  ranged  from  substantial  cracking  in  the  im¬ 
peller  exit  regions  to  occasionally  loosing  a  section  of  an  impeller  in  the  knee  region 
or  exit  region.  Therefore,  it  is  only  natural  to  inquire  whether  the  strong  pressure 
fields  observed  in  Figures  2  through  7  may  play  a  role  in  the  failure  mechanism. 

Figures  10  and  11  show  the  level  of  pressure  field  variation  that  the  impeller  tip 
experienced.  Fiquro  10  shows  the  directly  measured  pressure  contours  as  a  function  of 
tangential  location  for  the  A1  staqe.  Contours  are  shown  at  different  radius  ratio  (R= 
r/r^)  where  a  value  of  1  is  exactly  at  the  impeller  tip  and  values  greater  than  1  imply 
radial  locations  greater  than  the  tip  radius.  It  will  be  observed  that  peak-to-peak  static 
pressure  variations  at  the  impeller  tip  location  are  equivalent  to  approximately  20  psi 
for  an  impeller  that  gives  a  static  pressure  rise  of  approximately  30  psi!  Similar  re¬ 
sults  are  shown  in  Fiqure  11  for  the  D  stage  measured  exactly  at  the  impeller  tip  radius. 
Unfortunately,  only  three  pressure  taps  span  a  single  diffuser  pitch  and  it  is  strongly 
expected  (particularly  by  contrast  to  Fiqure  10)  that  the  maximum,  and  possibly  the  min¬ 
imum,  pressure  value  has  not  been  detected  and  recorded  in  this  data.  Nonetheless,  peak- 
to-peak  static  pressure  variations  of  at  least  10  psi  are  in  evidence  for  an  impeller 
whose  static  pressure  rise  is  equivalent  to  approximately  22  psi!  Clearly,  very  strong 
pressure  fields  exist  for  both  the  A1  and  D  impeller. 


Figure  10.  Characteristic  impeller  tip 
pressure  distributions,  A1  staqe. 


Fiqure  11.  Characteristic  impeller  tip 
pressure  distributions,  D  stage. 


Fortunately,  for  the  case  of  the  D  impeller  comprehensive  structural  analyses  have 
been  carried  out  to  determine  the  probable  cause  of  failure  in  the  impeller.  It  was  con¬ 
cluded  that  no  one  sinqle  cause  was  responsible  for  the  failure,  but  rather  that  a  number 
of  stronq  forces  contributed  to  an  over  stressed  impeller.  The  level  of  dynamic  stresses 
due  to  the  diffuser  inlet  pressure  fields  was  not  high,  but  cf  a  sufficient  magnitude  that 
it  could  easily  be  the  "straw  that  broke  the  camel's  back".  So  the  vibratory  stresses 
brought  about  by  the  strong  tip  pressure  field  are  not  the  sole  source  of  excessive  stress 
for  the  impeller.  However,  it  is  quite  possible  that  this  source  was  neglected  in  the  basic 
design  (due  to  a  lack  of  data  to  quantify  the  effect)  and  that  it  is  only  a  matter  of  time 
until  a  critical  number  of  cycles  have  accrued  to  yield  a  substantial  vibratory  stress 
level.  Thus  it  is  probable  that  the  strong  pressure  fields  associated  with  a  diffuser  in¬ 
let  shock  structure  is  responsible  for  the  ultimate  failure  of  the  A1  and  D  impellers. 


The  type  of  information  shown  in  Figure  10  can  be  further  modified  to  be  of  use  to 
designers.  Figures  12,  13  and  14  show  data  for  the  A1  impeller,  the  A2  impeller  and  the 
D  impeller,  respectively.  In  this  case,  the  peak-to-peak  pressure  differential  established 
at  the  impeller  tip  (or  other  specified  radius)  resulting  from  the  diffuser  inlet  vane 
pressure  field  has  been  plotted  against  the  impeller  discharge  Mach  number.  The  A2  impel¬ 
ler,  Figure  13  shows  comparatively  small  differentials  at  least  when  compared  with  the  A1 
impeller  shown  in  Figure  12.  Similar  results  are  shown  in  Figure  14  for  the  D  impeller, 
but  it  must  be  emphasized  that  these  effects  are  probably  underestimated  due  to  the  ab¬ 
sence  of  the  end  values  shown  in  Figure  11.  It  is  recommended  that  the  results  of  Fiqure 
1 4  be  increased  by  approximately  50  if  a  safe  upper  limit  is  desired.  It  is  interesting 
to  note  the  plateau  region  in  both  Figures  12  and  14  just  before  a  Mach  number  of  1.0. 

It  is  curious  that  this  effect  has  been  found  for  two  different  stages  from  two  totally 
different  manufacturers,  but  the  reason  is  not  at  all  obvious.  The  results  of  Figures 
12,  13  and  14  arc  ,nt  aprlicable  to  other  design  studies  due  to  their  dimensional  form. 
Therefore,  a  non- dimens iona  1  tip  pressure  distortion  parameter  has  been  defined  as: 
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where  the  dimensional  constant  depends  on  the  system  of  units  employed .  This  non-dimension¬ 
al  parameter  varied  as  follows: 


n-y 


Ap2/"2* 

T  i i  Ul  R,=r,/r- 

Impeller  _ 2  3  3  2 

A1  0.13  *0.03  1.064* 

A2  0.03  *0.01  1.033* 

D  0.10  -0.02  1.035 


*Note:  These  values  have  not 
been  reversed! 

The  non-dimensional  parameter  has  been  plotted  versus  M2*  but  the  trends  were  not  as  smooth 
as  in  Figures  12,  13  and  14.  The  peak  values  for  the  A1  and  D  impellers  were  found  at 
M2*'0-95'  It:  is  recommended  that  this  parameter  be  held  below  0.05  for  a  safe  design  by 
choosing  vane  number  and  R^  af propriately  (Figure  12  can  be  used  as  a  guide). 


Figure  12.  Impeller  tip  pressure  distor¬ 
tion  versus  tip  Mach  number,  A1  stage. 


Figure  13.  Impeller  tip  pressure  distortion 
versus  tip  Mach  number,  A2  stage. 


Figure  14.  Impeller  tip  pressure  distortion 
versus  tip  Mach  number,  D  stage. 


CONCLUSIONS 

As  a  result  of  the  work  presented  herein,  the  following  conclusions  were  reached: 

1.  Evaluation  of  the  range  characteristics  from  two  highly  similar  stages,  differing 
principally  in  diffuser  vane  number,  revealed  a  shock  enhanced  pressure  recovery 
and  flow  stabilization  process.  The  low  diffuser  number  contributed  to  strong 
shocks  such  that  a  fluid  particle  leaving  the  impeller  passed  first  through  a 
leading  shock  and  was  then  accelerated  to  a  subsequent  shock  where  most  of  the 
diffusion  process  occurred.  The  accelerating  region  between  the  two  shocks  pro¬ 
vides  a  highly  stabilized  flow  field,  in  agreement  with  the  Kantrowitz  shock 
stabilization  criterion. 

2.  Data  revealed  that  this  process  began  when  the  impeller  tip  Mach  number  equaled 
or  exceeded  0.9.  A  characteristic  kink  in  the  surge  line  was  found  at  this  point 
for  the  two  principal  stages  under  investigation,  and  similar  results  have  been 
noticed  with  three  other  sets  of  data. 

3.  The  efficiency  degradation  due  to  the  shock  stabilization  process  was  substantial, 
leading  to  a  2%  loss  in  the  total  pressure  rise  from  the  impeller. 

4.  Two  of  the  seven  stages  reviewed  herein  had  mechanical  difficulty  with  the  impel¬ 
ler.  It  is  observed  that  the  very  strong  pressure  fields  at  the  impeller  tip 
contribute  to  cyclic  stresses  that  may  drive  the  impeller  to  a  failure  mode. 
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DISCUSSION 


W.A.Connor,  Holset  Engineering,  UK 

l  would  like  to  congratulate  the  author  on  a  very  stimulating  and  thought-provoking  paper.  The  compression  system 
instability  work  of  Greitzer  and  others  indicates  that  a  close-coupled  throttle  should  reduce  or  even  eliminate  the 
tendency  for  a  compressor  to  surge.  Could  the  author  comment  on  any  possible  analogy  between  this  and  the 
throttling  effect  of  the  strong  shock  system  produced  by  the  17  channel  diffuser? 

Author’s  Reply 

The  author  is  grateful  for  the  supporting  compliments.  Yes,  an  added  resistance  will  usually  help  stabilise  a 
compressor  system.  But  one  would  hardly  have  thought  that  a  two  per  cent  stagnation  pressure  loss  resistance  would 
make  such  a  large  increase  in  range.  Thus  i  must  believe  that,  while  the  increased  resistance  for  ‘Al’  and  ‘A2’  may 
contribute  to  enhanced  range,  a  much  stronger  process  probably  exists. 


P.M.Came,  NGTE,  UK 

1  would  like  to  ask  the  author  two  questions.  Firstly,  were  values  of  pressure  recovery  coefficient  for  the  semi¬ 
vaneless  space  calculated?  Secondly,  could  the  author  please  describe  the  geometry  of  the  collector  system  down¬ 
stream  of  the  radial  diffuser? 

Author’s  Reply 

We  calculated  pressure  recovery  for  the  semi-vaneless  space.  The  values  were  approximately,  for  the  ‘A2’  compressor 
0.25  along  the  stage  stall  line,  and  for  the  ‘Al  ’  stage,  0.25  to  0.5,  varying  along  the  stage  stall  line.  The  collector 
used  was  strictly  axisymmetric  with  exit  Mach  numbers  equal  to  a  small  fraction  (we  suggest  less  than  a  quarter)  of 
the  diffuser  exit  Mach  number. 


N.A.Cumpsty,  Univeristy  of  Cambridge,  UK 

Could  the  author  please  confirm  which  stage  suffered  mechanical  failure;  was  it  ‘Al’  or  ‘A2’? 

Author’s  Reply 

Impeller  ‘Al’  suffered  the  mechanical  failure.  In  the  text  of  the  report  there  is  a  misprint  suggesting  that  it  was  the 
‘A2’  compressor. 


Y.Ribaud,  ONERA,  Fr 

Do  you  think  that  the  surge  margin  depends  more  on  the  number  of  vanes  or  on  the  curvature  of  the  suction  surface 
in  the  semi-vaneless  space,  Kenny  has  been  carrying  out  for  some  time  calculations  of  the  supersonic  flow  which 
shows  clearly  acceleration  of  the  flow  before  the  shock,  this  acceleration  effect  being  greater  than  the  effect  of  the 
number  of  blades.  It  seems  to  me  that  if  the  suction  surface  had  a  spiral  form  the  acceleration  of  the  flow  would  be 
able  to  be  attenuated  if  not  nullified  whatever  the  blade  number. 

Author’s  Reply 

Thank  you  for  your  comments.  In  this  particular  case  the  vane  number  must  be  more  important  than  suction  side 
vane  shape  in  controlling  shock  strength  and  location.  This  is  because  a  straight  centre  line  bore,  with  a  conical  cross 
section,  is  used  to  form  the  diffuser  inlet.  However,  when  one  uses  a  vane  shape  (as  opposed  to  a  conical 
configuration),  then  I  agree  that  curvature  should  be  used  to  control  shock  strength  and  location. 
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INFLUENCE  DE  L'HETEROGENEITE  DE  L'ECOULEMENT  A  LA 
SORTIE  DU  ROTOR  SUR  LES  PERFORMANCES  DU 
DIFFUSEUR  D'UN  COMPRESSEUR  CENTRIFUGE 

Henri  HUS  Christian  FRADIN 

Hispano  Suiza  ONERA 

SOMMAIRE 

Etude  des  performances  d'un  diffuseur  de  compresseur  centrifuge  alimente 
par  une  roue  mobile  delivrant  un  ecoulement  plus  ou  moins  hetlrogene.  Les 
mesures  classiques  au  moyen  de  sondes  pneumatiques  ne  dormant  que  les  grandeurs 
moyennes  ne  permettent  pas  de  caracteriser  correctement  l’intensite  de  la  non- 
uni  formite  de  1 'ecoulement .  Les  mesures  instantanees  par  capteurs  de  pression 
et  anemometres  a  fil  chaud  donnent  la  structure  fine  de  1 'ecoulement  et  condui- 
sent  a  une  estimation  plus  precise  de  l'effet  de  la  non-uni formite  de  l'ecoule- 
ment  sur  les  performances  du  compresseurs .  Elies  montrent  notamment  que  les 
pertes  sont  dues  essentiellement  a  cette  non-uni formite  et  permettent  de 
cLoisir  entre  les  diverses  methodes  globales  d'estimation  du  coefficient  de 
recuperation  de  pression  du  diffuseur  celle  qui  est  physiquement  la  plus 
plausible. 


SUMMARY 

Analysis  of  the  performances  of  the  diffuser  of  a  centrifugal  compressor. 

The  inlet  flow  is  deliberately  more  or  less  non-uniform.  The  conventional 
pressure  probes  and  the  corresponding  mean  values  do  not  allow  a  correct  evalua¬ 
tion  of  the  performance  of  the  diffuser.  The  measurement  of  instantaneous  values 
of  pressure  and  velocity  by  means  of  perssure  transducers  and  hot-wire  anemome¬ 
ters  gives  the  detailed  structure  cf  the  flow  field.  An  accurate  estimation  uf 
the  effect  of  non-uniformities  on  the  performances  of  the  diffuser  can  be  derived 
from  these  measurements.  They  show  that  the  pressure  losses  are  directly  related 
to  the  non-uniformities.  Validation  of  an  overall  estimation  of  diffuser  perfor¬ 
mance  from  conventional  probe  measurements  is  derived  from  this  experiment. 
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NOTATIONS 


B  Coefficient  de  blocage,  rapport  de  ia  section  de  passage  utile  a  la  section  de  passage  totale 
C. L  Vitesse  debitante 

c8  Vitesse  tangentielle  en  axes  absolues 
Enthalpie  d'arret 

K-c0  Enthalpie  d'arret  a  l'entree  du  compresseur 
Ko  D^bit  masse 
Kk  Flux  d' enthalpie  d’arret 
Kri  Dynalpie 
Kb  Flux  d'entropie 
Kq  Moment  cinetique 

Coefficient  d'etalonnage  determine  en  soufflerie 
N ombre  de  Mach 
Pression  statique 
Pression  d'arret 

Pression  d'arret  raoyenne  a  la  sortie  du  diffuseur 
Entropie 
Temps 

Intervalle  de  temps  separant  le  passage  de  deux  aubes  devant  la  sonde 
Exposant  isentropique 

Abscisse  rapportee  a  la  profondeur  du  canal  a  la  sortie  de  la  roue  mobile 
(  ^  *  0  carter  avant,  ^  =  1  carter  arriere) 

Taux  de  recuperation  de  pression 

Masse  volumique 

Vitesse  peripherique  de  la  roue  mobile 

-  les  grandeurs  non  surlignees  correspondent  aux  valeurs  instantanees , 

-  une  fois  surlignees  aux  valeurs  moyennes  compte  tenu  d'un  facteur  de  blocage, 

-  deux  fois  surlignees  a  des  grandeurs  homogenes. 
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1  -  INTRODUCTION 

Le  diffuseur  d'un  compresseur  centrifuge  est  toujours  alimente  par  un  flux  heterogene  en  vitesse, 
incidence  et  pression.  II  est  done  bien  difficile  de  defv.ir  de  quelle  faqon  1 'energie  cinetique  delivree 
par  le  rotor  est  transformee  en  energie  de  pression  et  de  ce  fait  d'optiraiser  le  diffuseur. 

II  a  done  paru  interessant  de  realiser  un  rotor  qui  delivrerait  iu.  ecoulenent  azimut alement  uni  forme 
et  que,  par  des  artifices  convenables,  on  rendrait  heterogene,  mais  avec  une  structure  imposee .  Le  principe 
de  cet  essai  repose  sur  des  resultats  acquis  en  soufflerie  en  montrant  que  1  *  introduction  de  pertes  de 
charges  importantes  permet  1 ’horaogeneisation  d'un  ecoulement  heterogene.  Ce  sorit  generalement  des  nids 
d'abeilles  a  faibles  mailles  que  l'on  utilise  a  cet  effet  et  un  montage  experimental  con^u  dans  cet  esprit 
a  ete  realise  en  vue  de  caracteriser  la  capacite  de  recuperation  de  pression  d'un  diffuseur  donne. 

2  -  DESCRIPTION  DU  MONTAGE  EXPERIMENTAL 

Le  banc  d'essais  est  constitue  par  une  boucle  fermee  ou  circuit  du  freon  lit.  Le  rotor  centrifuge 
utilise  (Fig.  l)  est  classique  par  sa  forme  et  comporte  une  avant  roue  et  une  roue  radiale,  eette  demiere 
ayant  un  nombre  d'aubes  double  de  celui  de  1* avant  roue.  Ce  rotor  est  directement  derive  d'un  compresseur 
de  surali mentation  de  moteur  Diesel  conqu  et  fabrique  par  Hispano-Suiza. 

Pour  les  essais  en  vue  il  a  ete  modifie  par  adjonction  de  deux  couronnes  en  nids  d'abeilles  en  acier 
inoxydable  dont  les  parois  d'alveoles  avaient  une  epaisseur  de  0,07  mm  et  les  alveoles  hexagonales  avaient 
6  cot6s  de  1,2  mm  de  largeur  (Fig.  2).  Les  nids  d'abeilles  etaient  brases  sur  deux  flasques  supports  et  la 
tenue  mecanique  du  montage  a  ete  verifiee  sous  des  conditions  d 'accelt-rat  ion  extremes  (26  000  g) . 

Des  caches,  places  de  faqon  periodique  et  obstruant  une  partie  seulement  de  la  section  de  sortie  ie 
la  roue  (coefficient  d'obstruction  reglable)  pouvaient  etre  places  sur  les  nids  d'abeilles  {Fig.  3)  et 
afin  d'assurer  la  securite  de  fonctionnement ,  la  vitesse  de  rotation  du  compresseur  a  ete  limitee  a 
5  500  tr/mn  (acceleration  7  000  g)  ce  qui,  avec  le  freon  11^  utilise,  donnait  un  Mach  peripherique  ae 
l'ordre  de  l'unite. 

Un  diffuseur  classique  a  aubes  (Fig.  M  etait  place  a  la  sortie  de  la  roue  mobile,  un  diffuseur  lisse 
entre  le  rayon  de  sortie  de  la  roue  et  le  bord  d'attaque  des  aubes  (rapport  des  rayons  1,06)  etait  prevu 
pour  1* installation  d* instruments  de  mesure  destines  a  caracteriser  l'ecoulement  issu  du  rotor. 

3  “  ESSAIS  GLOBAUX 

Dans  une  premiere  serie  d'essais  destines  a  definir  la  caracteristique  globale  debit-pression  de  la 
machine  et  le  taux  de  recuperation  de  pression  du  diffuseur,  des  methodes  classiques  de  mesure  et  de 
depouil  lenient  ont  ete  utilisees.  Ces  essais  et  depouillements  ont  ete  effectues  par  Hispano-Suiza. 

La  figure  5  represente  les  resultats  des  estimations  du  taux  de  recuperation  de  pression  du  diffuseur 
effectuees  par  diverses  methodes  : 

a)  la  figure  5a  represente  le  taux  de  recuperation  de  pression  du  diffuseur 

p-i  -  p 

ou  rZi  et  Ri-s  sont  les  pressions  d'arret  respecti veraent  a  la  sortie  de  la  roue  mobile  et  du  diffuseur 
et  P  la  pression  statique  a  la  sortie  de  la  roue  mobile  obtenue  a  partir  de  : 

“  la  mesure  directe  de  la  pression  d'arret  au  moyen  d'une  sonde  pneumatique  (pitot)  placee  &  la  sortie 
du  rotor, 

-  la  moyenne  ponderee  par  le  debit  de  la  pression  a  la  sortie  du  diffuseur. 

On  observe  que  la  presence  des  caches  augmente  le  taux  de  recuperation,  ce  qui  semble  indiquer  que  la 
methode  n'est  pas  correcte,  elle  ne  s'appuie  d'ailleurs  sur  aucun^  base  theorique. 

b)  pour  la  figure  5b  nous  avons  essaye  de  deduire  la  pression  d'arret  moyenne  a  la  sortie  du  rotor  des  mesures 
de  pression  statique,  de  debit  et  d 'accroissement  de  temperature.  La  composante  tangent ielle  moyenne  de 

la  vitesse  est  deduite  de  1 'accroissement  d'enthalpie  d’arret  par  application  du  theoreme  d' Euler  et  le 
composante  debitante  au  moyen  d'iterations  successives  sur  la  conservation  du  debit.  L* inconvenient  de 
cette  methode,  qui  conduit  d'ailleurs  a  des  taux  de  recuperation  exageres  (  >1  ),  est  de  necessiter  une 
hypothese  sur  le  taux  moyen  de  remplissage  de  la  veine ,  que  nous  avons  pris  egal  a  0,96. 

c)  l'attaque  du  diffuseur  etant  subsonique  eleve,  le  col  geometrique  entre  deux  aubages  adjacents  est 
sonique  au  cours  d'essais  effectues  a  grand  debit  et,  au  moyen  de  la  temperature  d'arret  du  debit  et  de 
la  valeur  geometrique  de  ce  co.  (affecte  d'un  taux  de  remplissage  de  veine  de  0,97  a  0,98)  il  est  possi¬ 
ble  de  calculer  la  valeur  moyenne  de  la  pression  d'arret  a  1 'entree  du  redresseur.  Par  comparaison  avec 
les  resultats  de  la  methode  (b)  ci-dessus  il  est  possible  d'obtenir  une  valeur  experimentale  du  taux  de 
remplissage  de  la  veine  a  la  sortie  du  rotor  et  e'est  cette  valeur  que  l'on  a  conservee  pour  le  trace 

de  la  figure  5c.  On  notera  que  l'ordre  de  grandeur  du  taux  de  recuperation  est  analogue  a  celui  donne  par 
la  methode  (a)  mais  que  la  presence  de  caches  diminue  le  taux  de  recuperation  (ce  qui  parait  plus  vraisem- 
blable) . 

L  -  CARACTERISATION  DES  HETERQGENEITES 

L* incertitude  des  analyses  globales  et  notamment  1’ inversion  du  sens  de  variation  des  taux  de  recupe¬ 
ration  du  diffuseur  semblent  montrer  que  l'etat  du  fluide  ne  doit  pas  etre  foncierement  different  dans  les 
essais  avec  caches  ou  sans  caches.  Pour  caracteriser  les  heterogeneites,  des  mesures  instantanees  de 
vitesses,  en  intensite  et  en  direction  ont  ete  effectuees  par  l’ONERA.  Le  tableau  I  resume  l1 ensemble  des 
mesures  effectuees  et  les  raoyens  mis  en  oeuvre  :  la  figure  6  indique  1 'emplacement  des  points  de  mesure. 


La  mesure  de  1 'angle  instantane  de  l'ecoulement  est  basee  sur  la  symetrie  des  courbes  representant 
1 'evolution  du  nombre  de  Nusselt  en  fonction  de  1' angle  constitue  par  la  direction  de  la  vitesse  et  l'axe 
du  fil.  La  mesure  du  module  instantane  de  la  vitesse  est  basee  sur  les  travaux  de  Morkovin  [1],  Spanger.berg 
[2]  et  Kovasznay  [3]-  La  loi  d'echange  thermique,  fonction  des  norabres  de  Reynolds  et  de  Mach,  proposee  par 
ees  auteurs  a  ete  verifiee  dans  la  boucle  a  freon  de  l’ONERA.  L'influence  des  autres  parametres,  tels  que 
1' angle  entre  la  direction  du  fil  et  celle  de  1 'ecoulement ,  la  tempeiature  du  fil  chaud,  son  coefficient  de 
recuperation  et  la  temperature  de  1 'ecoulement ,  a  ete  egalement  determinee  experiment element  et  prise  en 
compte  dans  les  depouillements.  Ces  C'alonnages  ont  mis  en  evidence  une  derive  dans  le  temps  des  informa¬ 
tions  delivrees  par  le  fil  chaud.  Une  technique  de  depouillement  a  ete  developpee  pour  pallier  cette  diffi- 
culte  :  elle  consiste  a  associer  : 

•  les  mesures  instantanees  de  pression  p(t) 

.  les  mesures  instantanees  de  vitesse  V(i-)  desquelles  on  deduit  le  nombre  de  Mach  ( t)  dans 
l1 hypo these  d'une  temperature  d'arret  constante  et  connue  (hypotnese  valable  dans  le  freon) 

.  les  mesures  moyeni  es  de  pression  d'arret  obtenues  par  la  sonde  a  trois  trous 

au  moyen  de  la  relation  :  _  j  r  ,  ±  \  y 

* i=$l  (V-i +  ¥  +’}pw« 

ou  T  est  le  temps  separant  le  passage  de  deux  aubes  successives  et  Kp  est  un  coefficient  de 

correction,  voisin  de  1 'unite,  determine  au  cours  de  l'etalonnage  de  la  sonde  de  pression  trois  trous  dans 
le  freon,  a  divers  nombres  de  Mach  et  divers  angles  &  *C  entre  la  sonde  et  direction  de  1 'ecoulement . 

5  -  STRUCTURE  DE  L' ECOULEMENT  ISSU  DE  LA  ROUE  MOBILE 


L'analyse  des  resultats  globaux  presentes  figure  5  montre  que,  quelle  soit  la  methode  de  depouillement 
utilisee,  l'efficacite  maximum  du  diffuseur  s'obtient  pour  sensiblement  la  meme  valeur  (/u6,5)  du  debit 
volume  a  la  sortie  du  rotor.  Dans  la  comparaison  de  la  structure  de  1 'ecoulement  avec  ou  sans  caches,  nous 
avons  done  choisi  de  presenter  cSte  a  cote  des  grandeurs  relevees  au  cours  des  deux  types  d'essais  dans  les 
conditions  d'attaque  optimale  du  diffuseur. 

5.1-  Valeurs  instantanees  de  la  vitesse  debitante 


La  figure  7  represente  la  variation  en  fonction  du  temps  t  (rapporte  au  temps  T  separant  le  passage 
de  deux  aubes)  de  la  vitesse  debitante  a  la  sortie  de  la  roue  mobile  pour  quatre  profondeurs  relatives  ^ 
entre  carters  avant  et  arriere. 

On  remarque,  malgre  une  forte  heterogeneity  axiale  de  la  vitesse  debitante,  une  grande  similitude  des 
repartitions  de  vitesse  dans  le  demi-canal  entre  extrados  et  aube  intercalaire  et  dans  le  demi-canal  entre 
aube  intercalaire  et  intrados. 

Les  mesures  au  fil  chaud  ont  mis  en  evidence  des  courants  de  retour  situes  au  milieu  du  canal  et  au 
voisinage  du  carter  avant  (  ^  =  0,27)  en  1' absence  de  caches  (Fig.  7a)  et  limites  entre  les  caches  et 
1 'intrados  de  1'aube  la  plus  proche,  aube  longue  ou  aube  intercalaire,  et  pres  des  carters  (  ^  =  0,27  et 
^  *  0,96)  en  presence  des  caches  (Fig.  7b). 

Cette  structure  de  1' ecoulement  se  maintient  sans  trop  de  deformation  au  fur  et  a  mesure  que  l'on  se 
rapproche  de  1 'entree  du  diffuseur,  e'est-a-dire  lorsqu'on  passe  du  rayon  de  mesure  "21"  au  rayon  ”23" 

(Fig.  8). 

Notons  que  1 'exploration  axiale  de  1 'ecoulement  au  moyen  d'une  sonde  classique  met  deja  en  evidence 
le  deficit  en  debit  cote  carter  exteme  (Fig.  9). 

5.2  -  Valeurs  instantanees  de  la  vitesse  tangentielle 

Une  etude  analogue  a  ete  effectuee  pour  la  composante  tangentielle  de  la  vitesse.  Nous  ne  presentons 
ici  que  les  repartitions  azimutales  de  cette  vitesse  relevee  a  la  profondeur  relative  ^  *  0*73  aux  trois 
rayons  analyses,  sans  caches  (Fig.  10a)  et  avec  caches  (Fig.  10b).  On  remarquera  encore  1'effet  predominant 
des  caches  sur  la  structure  de  l'ecoulement  qui,  heterogene  par  nature  meme  en  1 'absence  de  caches,  montre 
d'importants  gradients  de  vitesse  tangentielle  dans  le  sillage  des  caches.  Comme  nous  l'avions  signale  plus 
haut,  la  comparaison  s'effectuant  au  meme  debit  volume  a  1 'entree  du  diffuseur,  les  valeurs  moyennes  des 
vitesses  tangentielles  ne  sont  pas  les  memes  dans  les  deux  configurations. 

6  -  ESTIMATION  DES  TAUX  DE  RECUPERATION  A  PARTIR  DES  MESURES  INSTANTANEES  DE  VITESSE  ET  DE  PRESSION 


Le  taux  de  recuperation  de  pression  du  diffuseur  etant  fonction  de  ses  qualites  aerodynamiques 
propres  aussi  bien  que  de  1 'heterogeneite  de  l'ecoulement  incident,  il  importe  dans  une  analyse  fine  du 
type  de  celle  que  nous  venons  de  decrire,  de  separer  la  part  de  ces  deux  parametres  sur  les  performances 
du  diffuseur. 

Bien  que  l'ecoulement  soit  fortement  heterogene,  il  est  possible  de  lui  appliquer  des  regies  de  defi¬ 
nition  des  ecoulements  moyens  analogues  a  celles  elaborees  par  le  Croupe  de  Travail  WG  IL  de  l'AGARD  [4]. 

Le  schema  qui  semhle  donner  une  analyse  rationnelle  des  resultats  experimentaux  repose  sur  les 
hypotheses  suivantes  : 

-  a  la  sortie  de  la  roue  mobile,  l'ecoulement  equivalent  ne  debite  que  sur  une  fraction  B  de  la  surface  de 

sortie  .i'-.in  canal  i  nteraufce  ;  ce  coefficient  de  bloeop«*  B  est  une  den  i  iv.-.mnueij  du  de  deterni  i  na¬ 

tion  de  l'ecoulement  equivalent  ; 

-  aux  heterogen 'ites  induites  par  la  roue  mobile  et  qui  sont  stat ionnaires  en  axes  lies  a  eelle-ci,  done 
fonctions  periodiques  du  temps  reduit  t/T"  ,  se  superposent  des  perturbations  induites  par  les  aubes  du 
diffuseur  ;  ces  perturbations  dues  en  partie  aux  effets  irrot ationnels  induits  par  les  parois  des  aubes 


,L, 
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et  en  partie  aux  ondes  de  choc  attachees  aux  bords  d'attaque  dans  les  fonctionnements  supersoniques  ne 
devraient  pas  etre  prises  en  compte  dans  1 'etude  comparative  des  performances  du  redresseur,  c'est 
pourquoi  nous  avons  choisi  pour  la  definition  de  l'ecoulement  equivalent  les  grandeurs  mesurees  au  ra; 
u21n  situe  iramediatement  a  la  sortie  de  la  roue  mobile  et  au  point  A,  milieu  de  1 'arc  de  cercle  limite 
aux  lignes  de  courant  aboutissant  aux  bords  d'attaque  de  deux  aubes  adjacentes,  en  faisant  1 'hyputhese 
qu'en  ce  point  les  perturbations  induites  par  le  diffuseur  sont  minimales  ; 

l'ecoulement  equivalent  a  raemes  debit,  dynalpie,  moment  cinetique  et  enthalpie  d'arret  que  l'ecoulement 
heterogene  qu'il  represente.  On  ecrit  done  les  equations  de  conservation 


masse 

dynalpie 

moment  cinetique 
enthalpie  d'arret 
entropie 


f  BCi  =  kB 
0  B  Cd.  +  p  ~  ^ 
f  B  Cd.  Ce  - 
f  B  Cd.  Tv*  =  Kk 
eBCifs-b,),  K« 


auxquelles  s'ajoutent  les  deux  relations  de  coherence 


II 

\J 

cl  +  c  %  r 

i  r-' i 

k,  = 

Uj  R  Cq  + 

P_ 

f 


la  seconde  exprimant  1 'accroissement  moyen  d'enthalpie  a  la  traversee  du  compresseur. 
Les  grandeurs  K  p  ,  K  ^  ,  K  g  et  sont  donnees  par  les  integrales  suivantes  : 

Kd  =  1  J"  J  {C,l  dt  cL$ 

Kn  =  i  j  +p\dt 

Jo  J  o 

Kfl  =  rff  e  Ci  C®  dt  d 5 

Kk  =  ±rrect(&+ci  + 

o  Jo 

r  f<u  fs-s.pt 


On  remarquera  que  nous  n'avons  pas  utilise  directement  la  valeur  de  la  temperature  d'arret  du  gaz 
mesuree  a  la  sortie  du  compresseur,  cette  grandeur  intervient  indirectement  dans  le  calcul  de  la  masse 
volumique  locale  "S']  p 

^  V  L  rT  IrT 


r  h.*  _  cL -c| 

le  parametre  peut  done  etre  obtenu  indiff£remment  corame  valeur  moyenne  ponderee  par  le  debit  de 

1' enthalpie  d'arret  locale  ou  comme  l'indique  la  formule  ci-dessus. 


et  on  obtient 

ainsi  l'ecoulement  heterogene  equivalent,  le  coefficient  de  blocage  B  caracteri sant  de  faqon  claire 
l'heterogneite  de  l'ecoulement  physique.  Notamment  la  pression  d'arret  de  l'ecoulement  heterogene 

R,  =  f=l  f-hd.  ]  e  ’  ^ 


equivalent  sera  donne  par 


On  dispose  done  de  7  equations  pour  calculer  les  7  inconnues  £  p  5  Gg  E> 
linsi  l'ecoulement  heterogene  equivalent,  le  coefficient  de  blocage  B  caracterisant  de  faqor. 

-ie.  Notamment  la  j  ~~ 

Le  taux  de  recuperation  de  pression  du  diffuseur  peut  etre  defini  alors  par  le  rapport 

x  =  I 

—  Pi  -  p 

oil  est  la  pression  d'arret  moyenne  calcul£e  a  la  sortie  du  diffuseur. 

Afin  de  separer  dans  ^  la  part  qui  incombe  a  1 'heterogeneite  calculee  de  l'ecoulement  de  celle  qui 
est  intrinseque  au  diffuseur,  nous  definirons  un  ecoulement  moyen  uniforme  remplissant  la  veine  (B=1)  a 
la  sortie  de  la  roue  mobile,  ayant  raeme  debit  et  meme  enthalpie  d'arret  que  l’ecoulement  r£el  mais  un 
niveau  d'entropie  different. 

Surlignant  deux  fois  les  grandeurs  correspondantes  nous  obtenons  les  equations  de  definition 
suivantes  :  _  = 

p  Ci  =  KD 

f  ci  +•  p  = 
f  Ci  Cj  =  Ke 

e  Ca.  = 

k.  -  C»  _  Z 

z  +  T  " 
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On  en  deduit  la  pression  d 'arret  de  1 fe< 


ainsi  que  le  nouveau  coefficient  de  recuperation 


Si  on  applique  la  methode  que  nous  venons  de  deer ire  au  depouillement  des  re suit at s  experi men taux 
obtenus  sur  ce  compresseur  muni  ou  non  de  caches  a  la  sortie  de  la  roue  mobile,  on  obtient  pour  les  fonction- 
nements  correspondant  a  1 'optimum  du  diffuseur  dans  chaque  configuration  les  valeurs  portees  sur  le  tableau 
II. 

On  remarque  que  le  coefficient  de  blocage  calcule  est  tres  faible  dans  les  deux  cas  (B  -  1  correspond 
a  un  ecoulement  homogene)  mais  que  la  presence  de  caches  diminue  le  taux  de  recuperation.  II  est  tres  proche 
de  la  valeur  obtenue  avec  la  methode  globale  decrite  au  §  3c  {Fig.  5c)  consideree  comme  la  meilleure. 

L'analyse  des  resultats  obtenus  par  un  calcul  d'horaogeneisation  de  1 'ecoulement  montre  que  pratique- 
ment  toutes  les  pertes  determinees  plus  haut  proviennent  de  1 'heterogene it e  de  1 'ecoulement . 

7  -  CONCLUSION 


ent  homogene 


R. 


JC-  Rs-P 

“  n-p 


L'Etude  experimentale  d'un  diffuseur  de  compresseur  centrifuge  alimente  par  un  rotor  muni  de  nids 
d'abeilles  destines  a  uniformiser  1 'ecoulement ,  puis  par  le  meme  dispositif  modifie  par  mise  en  place  de 
caches  obstruant  partiellement  la  sortie  des  canaux  interaubes  a  mis  en  evidence  : 

-  l'insuffisance  des  nids  d'abeilles  utilises  pour  donner  un  ecoulement  homogene  a  la  sortie  de  la  roue 
mobile,  surtout  en  ce  qui  concerne  la  vitesse  debitante  •, 

-  la  difficult^  d'interpretation  correcte  des  mesures  globales  en  vue  de  caracteriser  les  performances  du 
diffuseur  ; 

-  la  presence  d'importants  ecoulement  secondaires  en  aval  des  caches,  conduisant  meme  a  des  courants  de 
retour  pres  des  deux  carters,  tandis  que  l'on  ne  note  de  courants  de  retour  que  pres  du  carter  avant  si 
la  roue  n'est  pas  munie  de  caches  ; 

-  la  faible  attenuation  des  heterogeneites  dans  le  diffuseur  lisse  de  rapport  de  rayon  1,08  place  entre  la 
sortie  de  la  roue  mobile  et  le  diffuseur  a  aubes  ;  il  s'en  suit  qu'une  grande  partie  des  heterogeneites 
s'amortit  dans  le  diffuseur  a  aubes  [5]  [6]. 

Les  mesures  de  vitesse  et  de  pression  instantanees  dans  le  diffuseur  lisse  permettent  de  decrire  la 
structure  fine  de  1' ecoulement  heterogene  issu  de  la  roue  mobile.  L'analyse  de  cet  ecoulement  et  la  defini¬ 
tion  d'ecoulements  heterogenes  ou  homogenes  Equivalents  a  1 'ecoulement  reel  donne  la  valeur  du  taux  de 
recuperation  de  pression  du  diffuseur  et  montre  le  role  essentiel  de  1 'homogene is at  ion  sur  les  pertes. 

Cette  analyse  fine  de  1 'ecoulement  semble  valider  la  methode  globale  de  calcul  du  taux  de  recupera¬ 
tion  de  pression  du  diffuseur,  utilisant  un  coefficient  de  debit  deduit  du  blocage  sonique  du  diffuseur. 
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TABLEAU  I 

EQUIPEMENT  DE  MESURE  DANS  LE  DIFFUSEUR  LISSE 
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TABLEAU  II 

EXPLOITATION  DES  RESULTATS  EXPERT MENTAUX  OBTENUS 


AVEC  OU  SANS  CACHES  A  LA  SORTIE  DE  LA  ROUE  MOBILE 


(Comparaison  au  regime  de  recuperation  optimum) 


-  Determination  aux  rayons 
21  et  23  de  la  valeur 
moyenne  de  la  pression 
statique 


Necessite  de  l’etalcnnage 
prealable  des  fils 
chauds 


Necessite  d'un  etalonnage 
prealable 


Configuration  Sans  caches 


(i)  Avant  homo gene i sat ion 

Taux  de  compression 

statique  p/p^  0,978 

Taux  de  compression 

d' arret  P</  Ri>1  1 ,8U3 

Mach  absolu  1,138 

Mach  debitant  0,689 

Coefficient  de  blocabe  B  0,1*82 

Taux  de  recuperation 

du  diffuseur  X  0,89 


Avec  caches 


Taux  de  compression 
statique  p/ 

Taux  de  compression 
d '  arret 

Mach  absolu 
Mach  debitant 

Taux  de  recuperation 
du  diffuseur  .X. 


0,89 

(ii)  Apres  homogene is ati on 
1 ,106 
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Fig  5  -  Diverse s  mithodes  de  dipouillement  dormant  le  taux  de 
recuperation  de  pression  du  diffuseur. 
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r  AUB£  DU  OlFFuSiUR 


D£  LA  ROU£  MOBIL  £ 


Fig.  6  -  Emplacements  des  points  de  mesure  dans  le  diffuseur 
lisse. 


profondeur  de  veine 


■  Rayon  21 
a  Rayon  22 
•  Rayon  23 


profondeur  de  veine 


a)  sans  caches 


b)  avec  caches 


Fig.  9  -  Analyse  au  moyen  d'une  sonde  pneumatique  d  trois  trous 
de  la  structure  de  I'icoulement  d  la  sortie  du  rotor.  Repartitions 
sulvant  la  position  axiale  de  la  sonde  de  la  composante  dibitante 
de  la  vltesse. 
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DISCUSSION 


H. (train,  DF\  LR,  Ge 

Could  the  authors  please  expand  upon  their  definition  of  blockage  factor  for  the  diffuser  which  was  given  as  0.4  or 
0.45.  Is  this  a  percentage  value? 

Author's  Reply 

Two  blockage  factors  were  mentioned  in  the  paper.  The  classical  throat  blockage  was  0.8  to  0.85.  At  outlet  of  the 
diffuser  the  value  of  blockage  factor  was  0.48. 


W.Jansen,  Northern  Research,  US 

Have  the  authors  made  any  measurements  which  indicate  the  effects  of  the  "caches”  on  the  stalling  characteristics 
of  the  vane  diffuser  (rotating  stall).  Are  you  planning  to  conduct  such  investigations? 

Author’s  Reply 

The  unsteady  measurements  and  hot  wire  traverses  have  b*en  carried  out  exclusively  in  the  stable  operating  regions 
of  the  system.  The  analysis  of  the  tlow  at  stall,  rotating  or  not.  has  not  been  done.  It  is  not  intended  to  carry  out 
research  in  this  particular  domain. 


Y.Ribaud,  ONFRA,  Fr 

l  would  like  to  add  to  Fradin’s  reply  by  saying  that  in  the  region  of  stall  there  appeared  in  the  vaneless  diffuser  a 
separation,  not  only  in  meridional  velocity,  but  also  in  the  absolute  velocity:  this  occurred  in  both  configurations. 


■m 
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design  and  experimental  performance  of  some 

HIGH  PRESSURE  RATIO  CENTRIFUGAL  COMPRESSORS 
by 

P.  M.  Came  and  M.  V.  Herbert 
National  Gas  Turbine  Establishment 
Pyestock,  Famborough,  Hampshire,  England 

Copyright  ©  Controller  HMSO  London  1980 
SUMMARY 

A  design  procedure  for  impellers  and  diffusers  of  high  pressure 
ratio  centrifugal  compressors  is  described.  Particular  emphasis  is  given 
to  a  philosophy  of  design  for  supersonic  inlet,  vaned  radial  diffusers.  Test 
results’  are  presented  for  several  transonic  diffusers  operating  in  a  6$ 
pressure  ratio  stage.  Observations  of  surge  in  this  and  other  compressors 
are  used  as  a  basis  for  a  discussion  of  possible  surge  mechanisms  in 
centrifugal  compressors. 

NOTATION 


A 

g 


B 


D 

£(  ) 
E 

F  ' 
G 
H 
h 

l 

M 

m 

n 

P 

R 

r 

T 

U 

V 

W 

w 


total  geometric  throat  area  of  channel 
diffuser 

wetted  surface  area  of  semi-vaneless  space 

blockage  factor  (defined  as  1  -  blocked 
area/ total  area) 

skin  friction  coefficient 

pressure  recovery  coefficient  (of  vaned 
diffuser  channel) 

diameter 
a  function  of 

mixing  parameters  defined  in  text 

boundary  layer  shape  factor  (=  6*/8) 

height  of  blade  or  passage  (in  meridional 
plane) 

length  of  vaned  diffuser  channel 
Mach  number 

meridional  length  (measured  from  inpeller 
inlet) 

nunfcer  of  diffuser  vanes 

pressure 

gas  constant 

radius 

temperature 

blade  velocity  (at  impeller  outlet  if  no 
subscript) 

absolute  flew  velocity 
relative  flow  velocity 
passage  width 


Superscripts 

'  relative  flow  condition  (no  superscript 

means  absolute  flow  condition) 

core  or  mainstream  flow  quantity 
average  one-dimensional  flow  quantity 
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measured  from 
meridional  direction 


absolute  flow  angle 
relative  flow  angle 
blade  angle 
ratio  of  specific  heats 
boundary  layer  displacement  thickness 
boundary  layer  momentum  thickness 

diffuser  channel  divergence  semi-angle 
(in  radial  plane) 

included  angle  of  diffuser  channel  at 
throat 


included  angle  of  diffuser  vane  leading 
edge 

included  angle  of  diffuser  channel  at 
outlet 

diffuser  channel  sidewall  divergence 
semi-angle 

function  defined  in  text 


AR  channel  diffuser  geometric  area  ratio 
(outlet/throat) 

AS  channel  diffuser  throat  aspect  ratio 
(  °  hth/Wth) 

LWR  channel  diffuser  length/throat  width 

PRC  pressure  recovery  coefficient  of  semi¬ 

vaneless  space 

AH  compressor  total  head  enthalpy  rise 


Subs£ri£t£ 

s  static  condition 

t  total  head  condition 

th  diffuser  channel  throat 

out  diffuser  channel  outlet 

2D  two-dimensional  equivalent 

Numerical  subscripts  refer  to  stations  in 
compressor  as  shown  in  diagram  following 
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1 .  Introduction 

In  response  to  the  evolving  requirements  of  small  engine  projects,  the  National  Gas  Turbine 
Establishment  is  engaged  in  a  programme  of  research  on  high  pressure  ratio  centrifugal  compressors.  The 
first  objective  of  this  programme  was  to  develop  a  complete  procedure  for  the  aerodynamic  and  mechanical 
design  of  centrifugal  compressors.  Emphasis  was  then  shifted  to  experimental  research,  with  the  twofold 
intention  of,  firstly,  assessing  the  effectiveness  of  the  design  procedure  and,  secondly,  thorough  analysis 
of  both  overall  performance  and  detailed  measurements,  to  improve  understanding  of  compressor  flow 
phenomena. 

The  initial  experimental  evaluation  of  the  design  procedure  was  described  in  Reference  1  which  com¬ 
pared  the  performance  of  two  compressors  each  with  stage  pressure  ratio  6$.  Experimental  investigations 
have  continued,  at  pressure  ratios  of  6$  and  8.  In  this  paper,  following  a  more  detailed  presentation  of 
certain  features  of  th«  aerodynamic  design  process,  the  design  and  performance  of  the  impeller  and  several 
transonic  vaned  diffusers  for  the  pressure  ratio  6$  machine  are  described.  Observation  of  surge  behaviour 
in  both  of  the  N.G.T.E.  compressors,  and  in  a  number  of  other  compressors  designed  and  tested  elsewhere, 
forms  the  basis  for  a  discussion  of  the  apparent  connection  between  surge  onset  and  the  geometric  features 
of  diffuser  and  delivery  system. 

2.  Compressor  design  procedure 

A  self-sufficient  design  procedure  for  centrifugal  compressors  must  provide  for  the  following 
essential  requirements: 

(i)  Preliminary  design  procedure 

(ii)  Definition  of  impeller  blade  geometry 

(iii)  Impeller  aerodynamic  analysis 

(iv)  Impeller  stress  analysis 

(v)  Vaneless  space  aerodynamic  analysis 

(vi)  Geometry  definition  and  aerodynamic  performance  assessment  of  vaned  diffuser 

(vii)  Provision  of  manufacturing  data  for  impeller  and  diffuser. 
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Reference  1  summarises  the  N.G.T.E.  design  procedure  under  these  headings.  Certain  aspects  of  the 
techniques  and  methods  employed  have  been  selected  for  more  detailed  treatment  in  the  following  paragraphs, 
concentrating  chiefly  on  the  aerodynamic  features.  Figure  1  shows  a  summary  flow  chart  of  the  entire 
design  package. 

2.1  Preliminary  design 

The  function  of  the  Preliminary  Design  Program  is  to  compute,  on  an  essentially  "one-dimensional" 
flow  basis,  the  chief  parameters  defining  the  skeletal  geometry  of  the  impeller  and  a  rudimentary  descrip¬ 
tion  of  the  flow  at  inlet  and  outlet.  Taken  together,  these  data  then  form  sufficient  basis  for  the  sub¬ 
sequent  detailed  geometry  specification  and  aerodynamic  analysis  to  proceed.  Usually  the  designer  will  be 
manipulating  three  types  of  parameter  at  the  preliminary  desi*gn  stage,  viz:  fixed  constraints  (e.g.  pres¬ 
sure  ratio,  rotational  speed),  parameters  having  preferred  values  or  ranges  of  values  (e.g.  inlet  relative 
Mach  number,  incidence),  and  parameters  which  are  almost  totally  free  from  constraint  (e.g.  blade  inlet 
angles).  The  Preliminary  Design  Program  has  been  arranged  so  that  the  designer  may,  by  successive  trials 
varying  the  values  of  the  "free"  parameters,  obtain  a  preliminary  design  within  the  limits  of  the  fixed 
constraints  and,  as  far  as  possible,  with  optimum  values  of  his  "preferred"  parameters. 

The  sequence  of  calculations  performed  by  the  program  may  be  broadly  summarised  as: 

(a)  Impeller  approach  flow  conditions 

(b)  Th* oat  conditions,  for  given  choke  margin 

(c)  Impeller  outlet  "mixed-out"  conditions 

(d)  Impeller  outlet  unmixed  "core"  conditions. 

Calculations  (a)  to  (c)  are  performed  in  customary  manner  by  solution  of  the  equations  of  continuity 

and  momentum  in  one-dimensional  form,  also  invoking  the  perfect  gas  equation  and  Wiesner*s  expression  for 
2 

slip  velocity  at  the  outlet  "mixed-out"  condition,  as  summarised  in  Reference  1  and  more  fully  described 
in  Reference  3.  Calculation  of  the  impeller  outlet  mixed-out  flow  conditions  subsequently  enables  the 
calculation  of  the  vaneless  space  flow  to  proceed  as  described  later.  All  geometric  parameters  at  impeller 
inlet  and  outlet  are  defined  and  may  then  be  used  as  the  starting-point  for  the  full  three-dimensional 
impeller  blade  description  (Section  2.3.1).  Calculation  (d)  supplies  flow  conditions  at  the  outlet  before 
the  occurrence  of  the  supposedly  instantaneous  mixing  of  boundary  layers  and  core  flow,  this  information 
being  required  for  the  subsequent  detailed  aerodynamic  analysis  of  the  impeller.  The  "reversed-mixing" 
calculation  is,  to  the  authors*  belief,  an  unusual  feature  and  is  therefore  described  here  in  some  detail. 

Given  a  one-dimensional  description  of  the  impeller  outlet  mixed-out  flow  —  relative  velocity,  Mach 
number,  and  flow  angle  — the  object  is  to  calculate  similar  parameters  for  the  unmixed  flow,  together  with 
the  boundary  layer  blockage  factor. 

Ignoring  the  blade  thickness  at  outlet  as  being  small  compared  to  the  pitch,  the  fractional  area 
blockage  is  that  due  to  the  boundary  layers  which  can  be  expressed  as 

F  -  6*  fOu  ,  Db  ,  B«) 

where  the  boundary  layer  displacement  thickness,  6*,  is  an  average  value  for  the  four  layers  on  hub  and 
casing  and  blade  pressure  and  suction  surfaces. 

An  analogous  momentum  deficit  can  be  written  as 

G  -  (6*  ♦  0)  fOu,  D*  ,  ) 

where  0  is  the  momentum  thickness  of  the  boundary  layers  specified  in  the  same  way  as  6*. 


where  H  is  the  boundary  layer  shape  factor. 

An  empirical  relationship  between  F  and  overall  pressure  ratio  is  assumed  as  follows: 

F  -  0.4  log,.  (PRoverall) 

which  may  be  rewritten  in  terms  of  a  blockage  factor, 

B  -  1  '  0.4  log,„  (i'Roveran) 

Assuming  H  -  2,  an  analogous  factor  based  on  G  may  be  written 

E  -  1  -  G 

-  1  -  1.5  F 

-  1  -  1.5  (1  -  B) 

By  an  analysis^1  akin  to  that  of  Stewart^  for  axial  blades,  in  which  the  governing  equations  of 
continuity  and  radial  and  tangential  momenta  are  solved,  the  following  "reversed-mixing"  equation  may  be 
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2.2  Blade  geometry  definition 

Having  obtained,  by  means  of  the  Preliminary  Design  Program,  the  impeller  geometry  scantlings  in 
the  form  of  inlet  and  outlet  diameters  and  blade  angles,  the  next  step  is  to  set  up  an  initial  three- 
dimensional  blade  geometry,  specifying  hub  and  casing  meridional  profiles  and  distributions  of  blade 
camber  angle  and  thickness.  Representation  of  the  impeller  geometry  is  achieved  by  means  of  a  system  of 
three-dimensional  analytic  surfaces,  for  which  full  documentation  is  provided  in  References  1  and  6, 
allowing  a  brief  summary  to  suffice  here.  An  impeller  blade  is  modelled  as  three  surfaces  (Figure  2), 
each  of  which  in  turn  comprises  four  sub-surfaces  or  "patches".  A  patch  may  be  envisaged  as  a  surface 
generated  by  an  infinite  number  of  straight  lines  running  from  hub  to  casing  or  by  an  infinite  number  of 
cubic  curves  running  along  the  length  of  the  patch.  These  characteristics  provide,  on  the  one  hand,  a 
surface  which  can  be  formed  by  a  straight-sided  cutting  tool  on  a  numerically-controlled  multi-axis  milling 
machine  and,  on  the  other,  a  continuous  family  of  shapes  which  are  sufficiently  "flexible"  in  lengthwise 
direction  to  afford  the  designer  freedom  of  choice  during  the  process  of  aerodynamic  analysis  and  blade 
shape  refinement. 

The  advantages  of  the  "patch"  system  of  blade  specification  when  implemented  on  an  interactive 
computer  with  visual  display  output  facilities  are: 

(a)  Complete  and  unambiguous  definition  of  the  impeller  shape 

(b)  Rapid  visual  inspection  of  distributions  of  key  design  parameters  using  graphical  data 
display 

(c)  Ease  of  generation  of  geometric  data  in  other  forms,  as  required  by  aerodynamic  analysis, 
stress  analysis  and  manufacturing  data  programs 

(d)  Rapid  changes  to  geometry  during  the  design  process. 

2 . 3  Impeller  aerodynamic  analysis 

The  full  geometric  description  of  the  blade  geometry  previously  outlined  permits  the  generation  of 
geometric  data  necessary  for  a  process  of  successive  aerodynamic  analysis  and  revision  of  the  flow  path, 
culminating  in  the  evolution  of  a  satisfactory  impeller  design.  The  method  of  aerodynamic  analysis 
employed  in  the  N.G.T.E.  design  system  will  now  be  discussed;  this  is  followed  by  an  example  of  an  impeller 
design,  for  a  compressor  of  pressure  ratio  6J,  the  performance  of  which  is  discussed  in  the  later  Sections 
of  this  paper. 
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2.3.1  Method 

It  is  widely  recognised  that  the  flow  in  an  impeller  is  extremely  complex,  its  structure  being 
strongly  influenced  by  three-dimensional  effects  and  viscous  forces,  and  so  ideally  some  representation  of 
these  features  should  be  included  in  an  impeller  flow  model.  Even  at  the  present  time,  however,  which  is 
some  five  years  after  the  initial  development  of  the  N.O.T.E.  design  procedure,  three-dimensional  viscous 
analyses  for  turbomachinery  are  only  just  emerging  from  infancy,  require  long  periods  of  computer  time, 
and  are  thus  unsuited  for  compressor  design.  The  adoption  in  the  present  design  system  of  a  conventional 
inviscid  throughflow  procedure  is  therefore  not  only  inevitable  but  also,  in  all  probability,  to  the 
advantage  of  the  compressor  designer. 

The  particular  program  used  is  the  Matrix  Throughflow  Program  of  Marsh^,  specially  adapted  for 
centrifugal  impellers.  Such  programs  are  familiar  to  compressor  designers.  The  analysis  provides  a  com¬ 
putation  of  the  flow  conditions  obtaining  on  a  "mean-stream-surface"  of  the  impeller  through  solution  of 
a  matrix  form  of  the  Laplace  equation  governing  the  stream  function  distribution  along  the  mean-stream- 
surface.  Thus  the  distributions  through  the  impeller  of  pitchwise  average  values  of,  for  example,  relative 
velocity  and  static  pressure  may  be  obtained.  By  means  of  simple  assumptions  regarding  pitchwise  variation, 
blade-to-blade,  of  static  pressure,  an  additional  computation  giving  blade  surface  static  pressure  and 
relative  velocity  or  Mach  number  may  be  made,  thus  providing  an  indication  of  the  course  of  the  diffusing 
and  accelerating  processes  on  the  pressure  and  suction  surfaces. 

As  used  in  the  impeller  design  procedure,  the  throughflow  program  draws  upon  the  three-dimensional 
"patch"  definition  of  the  impeller  geometry,  an  interface  program  converting  from  this  form  to  the  mesh  of 
calculating  points  required  by  the  throughflow  program.  At  this  stage  certain  modifications  to  the  "actual" 
geometry  are  incorporated  so  as  to  account,  in  an  elementary  manner,  for  the  aerodynamic  effects  of  boundary 
layer  blockage  and  slip,  in  order  that  the  throughflow  program  may  calculate  a  mean-stream-surface  represen¬ 
tation  of  the  inviscid  core  flow.  Taking  boundary  layer  effects  first,  the  overall  blockage  at  the  impeller 
outlet,  due  to  boundary  layers  on  hub,  casing,  and  blade  surfaces,  is  obtained  from  the  "reversed-tnixing" 
calculation  (Section  2.1)  which  yields  a  definition  of  impeller  outlet  core  flow  and  boundary  layer  blockage. 
The  overall  blockage  is  divided  between  hub,  casing,  and  blade  surfaces  by  a  simple,  general  allocation 
(as  in  Figure  3)  derived  from  impeller  boundary  layer  calculations  by  the  method  of  Reference  8.  The  hub 
and  casing  boundary  layer  blockage  thus  evaluated  is  modelled  as  displacement  thicknesses  in  the  throughflow 
program  geometric  data  by  adjustments  to  hub  and  casing  coordinates.  The  blade  boundary  layer  blockage  is 
included  as  an  adjustment  to  the  mean-stream-surface  thickness  parameter  which,  in  unmodified  form,  models 
the  effect  of  blade  blockage  alone  on  the  mean-stream-surface.  Linear  distributions  of  boundary  layer 
blockage  between  impeller  leading  and  trailing  edges  are  then  incorporated.  Blade  boundary  layer  blockage 
at  the  leading  edge  is  taken  as  zero;  hub  and  casing  displacement  thicknesses  each  of  one  per  cent  of  blade 
height  are  assumed.  An  alternative  representation  of  the  irreversible  processes  occurring  within  the 
impeller  is  also  available.  In  this  latter  model  no  displacement  thicknesses  are  added;  instead  a  distri¬ 
bution  of  polytropic  efficiency  is  scheduled  throughout  the  entire  (unblocked)  impeller  flow,  following 
Marsh's  analysis^. 

The  second  adjustment  is  required  to  account  for  the  effect  of  slip  on  the  mean-stream-surface 
camber  angle  distribution.  Between  leading  edge  and  about  70  per  cent  meridional  distance  the  effects  of 
slip  are  assumed  to  be  negligible  and  the  mean-stream-surface  is  given  a  camber  angle  variation  identical 
to  that  of  the  blade  itself  (Figure  4),  At  the  impeller  outlet,  the  mean-stream-surface  camber  angle  is 

set  equal  to  64 ,  the  relative  flow  angle  of  the  isentropic  core  obtained  from  the  "reversed-mixing"  calcu- 

.  .  .  .  .  .  .  2 
lation  into  which  is  fed  mixed-out  conditions  based  on,  inter  alia,  Wiesner's  expression  for  slip  factor 

(Section  2.1).  Between  the  70  per  cent  position  and  impeller  outlet  a  smooth  curve  joining  these  pre¬ 
scribed  values  is  assumed. 

2.4  Design  of  an  impeller 

As  an  illustration  of  the  use  of  the  aerodynamic  analysis  summarised  ante,  the  design  of  an  impeller 
for  a  pressure  ratio  6.5  compressor  will  now  be  described,  concentrating  primarily  on  the  means  of  effecting 
improvements  to  the  initially  selected  impeller  flow-path  geometry.  The  objectives  of  the  centrifugal  com¬ 
pressor  research  project  of  which  this  impeller  design  formed  a  part  are  given  in  Reference  1. 

The  compressor  was  designed  for  a  rotational  speed  of  40,000  rev/min,  specific  speed  of  68  (Balj^' s 
.9 

definition  ),  mass  flow  of  1.81  kg/s  and  an  overall  pressure  ratio  of  6.5.  Other  salient  design  parameters 
are  given  in  Table  1. 
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Figure  5  portrays  the  first,  arbitrarily  chosen,  impeller  flow-path  geometry.  When  analysed  by  the 
Matrix  Throughflow  Program  (with  the  distributed  polytropic  efficiency  model)  the  mean-stream-surface 
relative  velocity  diagram  appeared  as  in  Figure  6a.  The  blade  surface  relative  velocities  were  transformed 
into  values  of  blade  loading  coefficient*,  also  given  in  Figure  6a.  Two  simple  criteria  were  applied  to 
the  calculated  results.  The  first  criterion  was  adapted  from  the  work  of  Dallenbach^0  and  Smithes  for 
avoidance  of  boundary  layer  separation,  relative  ve locity/peak  velocity  should  not  fall  below  0.6  on  any 

surface.  The  second  criterion,  that  the  blade  loading  coefficient  must  not  exceed  0.7,  is  based  on  Morris 
.  .12  13 

&  Kenny  s  interpretation  of  Hill  &  Moon's  data  concerning  the  effects  of  rotation  on  separation  at  the 
suction  surface  of  a  rotating  radial  flow  passage. 

Inspection  of  Figure  6a  shows  that  both  criteria  are  contravened:  there  is  an  unnecessarily  steep 
diffusion  gradient  at  the  hub  between  leading  edge  and  40  per  cent  meridional  distance  which  is  linked 
with  the  appearance  of  high  loading  at  that  point.  The  sharp  drop  following  the  peak  loading  is  due  to 
the  half-blade  leading  edge,  doubling  of  the  blade  number  acting  to  halve  (approximately)  the  blade-to- 
blade  static  pressure  difference.  The  casing  mid-channel  velocity  distribution  suffer*  somewhat  less 
rapid  diffusion,  although  the  steeper  drop  at  about  20  per  cent  meridional  distance  has  again  caused  a 
corresponding  local  peak  in  the  loading  diagram.  It  will  be  noted  that  the  loading  fails  to  drop  to  zero 
at  the  trailing  edge  as  it  naturally  must  in  reality.  This  is  an  inevitable  feature  of  the  approximate 
method  of  obtaining  the  blade  surface  static  pressures  which  merely  bases  its  calculation  on  the  mean- 
stream-surface  conditions  obtaining  at  each  grid  point  inside  the  impeller  without  attempting  to  satisfy 
any  kind  of  trailing  edge  closure  conditions. 

From  this  initial  geometry  and  analysis  a  sequence  of  successive  revision  and  further  analysis  was 
undertaken.  Eleven  geometries  in  all  were  examined,  but  for  the  present  account  comments  are  confined  to 
the  final  outcome  which  is  compared  with  the  first  attempt  i..  Figures  5  and  6.  It  may  be  observed  that 
the  steep  hub  diffusion  was  eliminated  in  the  finally  accepted  design  by  a  quite  small  adjustment  to  the 
hub  meridional  profile  which  also  removed  the  high  peak  loading  at  40  per  cent  meridional  distance.  By 
the  use  of  some  intuitive  judgement,  the  casing  camber  angle  distribution  ahead  of  the  throat  (up  to  about 
10  per  cent  meridional  distance)  was  flattened  (Figure  5)  in  order  to  avoid  the  possible  danger  of  super¬ 
sonic  expansion  on  the  suction  surface  —  a  feature  which  the  throughflow  program  would  not  be  able  to 
detect  —  noting  the  fairly  high  value  of  design  1  cidence  of  7°  and  relative  inlet  Mach  number  of  only 
just  less  than  unity  (Table  I). 

3.  Diffuser  design  procedure 

3. 1  The  vanelesg  space 

As  has  already  been  explained,  flow  conditions  at  impeller  outlet  are  assumed  to  be  one-dimensional, 

i.e.  blockage  due  to  blades  and  boundary  layers  or  wakes  fully  mixed-out,  and  the  velocity  triangle  such 

2 

that  slip  velocity  conforms  to  the  correlation  of  Wiesner  .  This  means  that  boundary  layers  on  the  two 

sidewalls  of  the  vaneless  space  grow  from  zero  thickness  at  impeller  outlet.  The  classic  treatment  given 

.  14  ..... 

by  Stanitz  for  flow  development  in  the  vaneless  space  fails  to  distinguish  between  displacement  and 

8 

momentum  thicknesses,  so  it  has  been  necessary  to  recast  the  analysis  from  first  principles  .  In  other 
respects  similar  assumptions  to  those  of  Stanitz  have  been  made,  namely  that  static  pressure  and  flow 
angle  are  uniform  across  mainstream  and  boundary  layers;  however,  only  configurations  with  their  centreline 
in  a  radial  plane  are  considered,  although  variation  of  axial  dimension  with  radius  (usually  taken  as 
linear)  is  allowed.  Sidewall  boundary  layers  are  treated  as  turbulent  and  attached. 

The  spiral  flow  calculations  in  the  vaneless  space  can  fall  into  two  phases:  the  first  in  which 
boundary  layers  develop  on  the  two  sidewalls  with  a  central  region  of  uniform  core  flow;  the  second  in 
which  the  two  boundary  layers  have  met  in  the  middle.  In  both  cases  the  analysis  is  written  in  terms 
initially  of  h,  h'  (*  h  -  26*)  and  h"  (■  h  -  26*  -  20),  and  the  simple  method  of  Stratford  &  Beavers^  for 
a  one-seventh  power-law  velocity  profile,  in  which  H  (=  6*/0)  is  a  function  of  Mach  number  only,  is  used 
to  connect  the  boundary  layer  integral  parameters.  So  long  as  the  two  boundary  layers  remain  unjoined,  h' 
and  h"  can  then  be  written  as  functions  of  h,  0  and  M  (*  core  Mach  number),  and  three  simultaneous  differ¬ 
ential  equations  emerge  in  terms  of  the  three  variables  M,  a  (=  flow  angle)  and  0  —  one  of  these  (Equation 
C)  is  the  appropriate  form  of  the  momentum  integral  equation.  The  Stratford  &  Beavers  relation  for  H  is 


*blade  loading  coefficient  is  defined  as  APg 
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responsible  for  the  terms  inside  the  square  brackets  in  Equation  A.  Step-by-step  solution  of  Equation  A 
for  M,  Equation  B  for  a,  and  Equation  C  for  0  then  proceeds  in  a  series  of  small  increments  of  radius. 
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After  each  step  a  check  is  made  as  to  whether  the  two  boundary  layers  have  met:  this  is  only  likely 
to  occur  if  there  is  no  vaned  diffuser  —  i.e.  if  the  vaneless  space  is  large  in  extent,  thereafter  it  is 
assumed  chat  a  similar  power-law  velocity  profile  is  maintained,  with  physical  thickness  of  boundary  layer 
equal  to  half  the  passage  axial  dimension,  and  the  centreline  total  pressure  is  progressively  reduced.  In 
that  situation  h'  and  h"  become  functions  of  h  and  M  («  centreline  Mach  number)  only.  The  three  variables 
are  now  M,  a  and  P£  (»  centreline  total  pressure);  Stratford  4  Beavers  relations  give  rise  to  the  various 
T  terms  now  appearing  in  all  the  three  simultaneous  equations  (D,  E  and  F) .  Step-by-step  solution  for 
increments  of  radius  proceeds  as  before.  (Full  derivation  of  Equations  A  to  F  will  be  found  in  Reference  8.) 
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With  a  vaned  diffuser  —  the  case  of  most  usual  interest  —  this  treatment1*  yields  values  of  flow 
angle  and  mainstream  Mach  number  at  the  pitch  circle  of  the  vane  leading  edges ,  these  being  the  two  prop¬ 
erties  of  prime  concern  for  vaned  diffuser  design, 

3.2  The  vaned  diffuser 

The  first  feature  of  any  vaned  diffuser  design  to  be  decided  is  the  level  of  Mach  number  at  vane 
leading  edges.  Although  diffusion  in  the  vaneless  space  is  achieved  with  relatively  high  efficiency,  it 
occurs  relatively  slowly,  so  that  most  of  the  burden  of  diffusion  has  to  fall  on  the  vaned  diffuser.  Thus 
there  is  in  general  a  need  to  obtain  the  maximum  length  of  channel  after  the  throat  (consistent  with  other 
factors)  within  a  given  overall  engine  diameter,  leading  to  an  incentive  to  keep  the  vaneless  space  short. 
Sidewall  divergence  of  the  vaneless  space  does  not  in  principle  alter  this  argument,  as  excessive  diver¬ 
gence  can  lead  to  a  situation  in  which  the  meridional  component  of  velocity  at  the  wall  approaches  zero 
and  stalling  results;  while  quantitative  evidence  is  insufficient  to  lay  down  any  hard  and  fast  rule,  10° 
outward  lean  from  radial  on  each  or  either  wall  of  the  vaneless  space  is  felt  to  be  about  the  limit  of 
safety  on  present  knowledge,  i.e.  20°  included  angle  of  divergence,  and  this  accomplishes  relatively  little 
extra  diffusion.  The  design  practice  at  N.G.T.E.  has  for  many  years  been  to  use  a  parallel-sided  vaneless 
space  with  radius  ratio  about  1.05,  that  figure  being  what  is  regarded  as  the  minimum  to  avoid  rotor  blade 
excitation.  At  the  end  of  such  a  vaneless  space  the  Mach  number  is  still  supersonic,  around  1.05  to  1.15 
depending  on  impeller  pressure  ratio,  blade  sweepback  and  specific  speed.  Consequently  N.G.T.E.  designs 
of  vaned  diffuser  are  traditionally  "transonic",  capturing  and  diffusing  flow  from  a  condition  of  M  >  1. 

A  further  point  to  be  noted  in  relation  to  this  choice  of  Mach  number  level  is  the  major  influence, 
amply  demonstrated  by  Runstadler^,  of  throat  blockage  on  the  subsequent  pressure  recovery  achieved  in  a 
given  channel  geometry.  Blockage  grows  quite  rapidly  in  the  vaneless  space  (typical  figures  of  blockage 
factor  being  0.95  at  radius  ratio  1.05  and  0.85  at  radius  ratio  1.25,  with  further  blockage  growth  in  the 
semi-vaneless  space  between  vane  leading  edge  and  throat),  so  that  even  disregarding  any  geometrical  limit¬ 
ation  as  to  overall  diameter  there  is  a  clear  conflict  between  the  effects  of  having  on  the  one  hand  a 
short  vaneless  space,  low  throat  blockage  (certainly  beneficial)  and  high  vane  leading  edge  Mach  number 
(>  1,  arguably  disadvantageous),  and  on  the  other  hand  a  longer  vaneless  space,  higher  throat  blockage 
(certainly  disadvantageous)  and  lower  leading  edge  Mach  number  (<  1,  arguably  beneficial).  A  satisfactory 
resolution  of  this  conflict,  in  favour  of  a  short  vaneless  space,  is  possible  if  the  vaned  diffuser  is 
designed  for  efficient  transonic  diffusion  in  the  semi-vaneless  space. 

A  prime  requirement  is  then  to  ensure  that  the  Mach  number  is  nowhere  significantly  increased  above 
the  leading  edge  value,  either  by  incidence  or  by  vane  surface  shape.  For  this  reason  the  semi-vaneless 
spa<^|  and  the  channel  portions  of  the  vane  surfaces  in  the  N.G.T.E.  method  are  designed  independently;  use, 
for  instance,  of  single  circular  arc  contours  from  leading  edge  to  trailing  edge  would  impose  a  restriction 
denying  the  designer  freedom  to  choose  an  optimum  combination  of  vane  number,  leading  edge  angle  (i.e. 
incidence),  and  throat  area.  Once  the  flow  has  passed  the  throat  it  may  fairly  be  regarded  as  constrained 
in  direction  by  the  channel  walls,  but  ahead  of  the  throat  the  vane  surface  shape  must  be  designed  in 
%  relation  to  the  rotating  frame  imposed  by  the  flow  leaving  the  vaneless  space.  Considerations  of  geometr> 
show  that  the  total  angle  by  which  the  vane  surface  between  leading  edge  and  throat  can  change  is  less  than 
the  vane  pitch  angle  (*  2n /number  of  vanes)  by  an  amount  equal  to  the  sum  of  the  vane  included  angle  at 
leading  edge  (X)  and  the  channel  included  angle  at  the  throat  (k)  -  see  Figure  7.  If  the  vane  is  "unwrapped" 
from  around  the  rotor,  to  give  an  effective  change  of  surface  angle  relative  to  the  rotating  flow  field, 
this  difference  (X  +  k)  is  seen  to  represent  surface  curvature  in  an  expansive  sense,  wherefore  it  is  desir¬ 
able  to  keep  both  X  and  k  to  minimum  values.  The  angle  X  is  usually  made  4°,  and  a  minimum  of  1°  taken  for 
k,  the  initial  channel  divergence  angle,  to  allow  for  boundary  layer  growth  immediately  after  the  throat. 

A  cubic  contour  is  then  used  for  the  vane  surface  between  leading  edge  and  throat,  the  object  being  ideally 
to  distribute  the  curvature  more  or  less  uniformly  from  leading  edge  to  throat  along  a  wholly  concave  pro¬ 
file;  in  practice  a  mathematical  point  of  inflection  in  the  cubic  at  up  to  about  10  per  cent  of  the  surface 
length  from  leading  edge  is  sometimes  accepted  if  the  surface  locally  appears  visually  straight  on  a 
greatly-magnified  scale  of  plot. 

•/The  vaneless  space  flow  calculations  are  performed  using  one  part  r  a  composite  computer  program  having 
the  general  purpose  of  predicting  overall  performance  and  intermediate  flow  properties  at  various  stations 
through  the  compressor  over  the  whole  compressor  operating  range;  it  is  known  as  the  Performance  Prediction 
Program. 
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At  all  conditions  below  choking  the  channel  is  a  subsonic  diffuser.  In  the  N.G.T.E.  design  method 
the  channel  is  disposed  about  a  straight  centreline  (see  Figure  7),  the  two  sidewalls  which  enclose  the 
vanes  being  either  parallel  or  slightly  divergent.  Some  divergence  of  the  channel  sidewalls  obviously 
enables  a  greater  area  ratio  to  be  achieved  in  a  given  length,  which  is  usually  advantageous.  It  is  felt 
that  the  amount  of  channel  sidewall  divergence  should  be  limited  to  half  the  optimum  divergence  of  a 
straight-sided  parallel-sidewall  channel  diffuser:  vide  Runstadler^,  the  latter  is  about  8°  for  throat 
aspect  ratio  near  unity,  so  the  sidewall  divergence  limit  is  then  about  4°  -  in  the  case  of  a  straight¬ 
sided  channel  that  would  give  symnetrical  divergence  in  both  directions,  preserving  minimum  wetted  peri¬ 
meter  at  all  stations.  Mostly,  however,  the  channels  are  not  designed  to  be  straight-sided  (in  the  radial 
plane),  partly  in  order  to  accommodate  a  low  value  of  k  for  reasons  indicated  ante.  Given  a  value  of 
k  *  1°,  for  example,  either  there  must  be  a  rapid  change  in  wall  angle  while  the  Mach  number  is  still 
relatively  high,  which  could  cause  immediate  and  permanent  separation,  or  the  profile  must  be  "trumpet"- 
shaped.  The  latter  has  the  advantage  that  the  rate  of  diffusion  (pressure  gradient)  is  least  where  the 
Mach  number  is  highest,  and  vice  versa,  so  minimising  the  dangers  of  separation  in  the  region  where  most 
recovery  is  Co  be  gained,  at  the  expense  of  the  final  region  where  the  dynamic  head  has  lowest  value. 

Against  this  it  may  be  argued  that,  in  accomplishing  diffusion  from  given  conditions  through  a  given 
area  ratio,  the  least  boundary  layer  growth  and  hence  the  best  pressure  recovery  corresponds  to  a  velocity 
distribution  in  which  the  diffusion  is  greater  at  the  start  than  at  the  end.  This  thesis  is  readily  illus¬ 
trated  by  the  simple  incompressible  concept  that,  between  given  limits  of  velocity  (V)  and  surface  length 
(S),  the  boundary  layer  growth  is  a  function  of  J  V4  dS:  this  integral  is  clearly  greatest  for  a  "trumpet"- 
shape  of  passage,  less  for  a  "wedge"-shape  (i.e.  straight-sided),  and  least  for  a  "tulip"-shape .  However, 
the  merit  of  such  argument  in  this  particular  situation  is  debatable.  Diffuser  channels  are  usually  designed, 
for  reasons  of  maximum  pressure  recovery,  close  to  incipient  stall,  and  have  thick  boundary  layers  at  their 
entry.  In  these  conditions  a  rate  of  diffusion  which  is  graduated  from  gentle  at  first  and  increases 
towards  outlet  may  have  real  advantages.  If  separation  were  never  a  danger,  then  the  "trumpet"-shape  is 
certainly  wrong;  where  that  danger  is  imminent,  the  case  is  not  proven  one  way  or  the  other. 

Channel  designs  are  based  on  achieving  given  area  ratio  in  given  length,  hence  having  a  certain 
effective  divergence  angle.  For  example,  in  the  case  of  a  parallel-sidewall  channel,  a  "trumpet"-shape 
might  be  chosen  with  included  angle  changing  progressively  from  1°  at  the  throat  (<)  to  14°  at  outlet  (y), 
or  in  the  case  of  a  channel  with  2j°  sidewall  divergence,  from  k  =  1°  to  y  *  10°'.  Attempts  to  produce 
comparative  diffuser  designs  to  check  out  experimentally  the  relative  merits  of  "trumpet"  versus  "wedge"- 
shapes  of  channel  (the  latter  having  k  *  y)  have  highlighted  the  difficulty  of  obtaining  a  satisfactory 
vane  surface  shape  ahead  of  the  throat  when  <  is  high:  Figure  8  illustrates  two  designs  for  the  same  duty  — 
the  one  with  straight-sided  channel  (Figure  8b)  is  clearly  unacceptable.  For  all  these  reasons  it  is  usual 
N.G.T.E.  practice  to  adopt  a  design  of  channel  having  straight  (but  diverging)  sidewalls  and  a  "trumpet”- 
shaped  passage  in  the  radial  plane. 

Designing  the  channel  for  optimum  pressure  recovery  within  the  available  geometric  limits  of  dia¬ 
meter  is  cf  course  of  paramount  importance.  Here  the  work  of  Runstadler^  on  isolated  channel  diffusers 
has  provided  data  maps  of  great  value.  Optimum  pressure  recovery  is  shown  to  correspond  to  a  state  of 
incipient  stall,  and  the  value  attainable  to  be  heavily  influenced  by  throat  blockage.  Runstadler's 
rectangular  diffusers  were  all  straight-sided  and  had  parallel  sidewalls;  the  salient  geometric  parameters 
governing  pressure  recovery  are  defined  as  outlet/throat  area  ratio  (AR),  length/throat  width  ratio  (LWR), 
and  throat  aspect  ratio  (AS).  Inevitably,  of  course,  many  designs  of  diffuser  channel  do  not  lie  on  any 
of  the  Runstadler  data  maps.  In  the  first  place  he  tested  only  three  values  of  AS  (i,  1  and  5)  and  the 
great  differences  in  pattern  found  between  AS  of  {  and  1  (in  which  range  mo6t  compressor  diffusers  lie) 
render  accurate  interpolation  well-nigh  impossible.  Secondly,  he  concentrated  on  the  range  of  LWR  10  to 
20,  whereas  some  compressor  diffusers  may  be  forced  to  have  values  considerably  below  10.  A  third  major 
difficulty  is  to  know  how  to  treat  channels  with  diverging  sidewalls.  Tentative  means  have,  however,  been 
found  to  "extend"  Runstadler's  data  to  cater  for  intermediate  AS,  low  LWR,  and  sidewall  divergence,  as 
described  fully  in  Reference  8  and  summarised  in  Reference  17.  Essentially  the  procedure  used  is  to  reduce 
all  channels  for  purposes  of  calculating  pressure  recovery  to  a  common  form  of  representation  having 


parallel  sidewalls  and  AS  *  1,  by  the  following  means. 

(i)  Introduce  a  "two-dimensional  equivalent  channel  width"  given  by  2D  "  wth* 

geometric  parameters  defining  the  "two-dimensional  equivalent"  channel  are: 


Then  the 
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(ii)  When  AS  <  1,  apply  a  change  in  20  £ ■  A(20)j  at  the  given  LWR  so  as  to  produce  an  effective  20 

(and  hence  an  effective  AR)  at  that  LWR,  for  use  with  data  at  AS  *  1;  that  is  to  say,  assume 

Cpr  [lWR;  20;  AS  <  ij  -  Cpr  £  LWR;  20  -  A(20);  AS  -  ij 

A(29)  -  (inis  +  OUs-  0 


where 


Then  AR(1S_,)  -  1  +  2  LWR  tan  ^20  -  A(20)j 

When  AS  >  1,  within  the  usual  range  of  interest  only  small  error  is  likely  by  treating  as  if  AS  “  1 , 
If  the  channel  has  diverging  sidewalls  then  throughout  this  section  (ii)  AS  is  to  be  read  as 
AS^^,  LWR  as  LWR^p,  and  20  as  20^^- 

Reduction  to  a  common  datum  of  AS  ■  1  has  the  advantage  from  the  design  point  of  view  that  the  optimum  20 
for  that  AS  lies,  according  to  Runstadler's  data  maps,  close  to  8°  (±j°  at  the  level  of  throat  blockage  of 
usual  interest  for  compressor  diffusers)  irrespective  of  other  parameters,  so  that  one  can  immediately 
select  as  one  of  the  channel  design  conditions 
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The  vaned  diffuser  design  problem  can  be  stated  as,  generally,  given  circumscribing  radii  at  vane 
leading  and  trailing  edges,  and  incident  flow  conditions  at  leading  edge  (angle,  blockage  and  Mach  number) 
to  find,  for  a  combination  of  vane  number  and  throat  dimensions  giving  the  total  effective  throat  area 
required  to  match  the  impeller  flow  characteristics,  a  vane  shape  which  combines  a  satisfactory  surface 
contour  ahead  of  the  throat  with  a  channel  having  geometric  properties  (AR,  LWR  and  AS)  affording  the  best 
pressure  recovery  possible  consistent  with  these  other  factors.  In  some  circumstance's  other  considerations 
may  conceivably  override  the  desire  for  optimum  pressure  recovery,  if  for  instance  it  could  be  concluded 
with  certainty  that  compressor  surge  was  affected  by  diffuser  vane  number  (a  matter  which  is  discussed 
later),  but  for  the  present  we  assume  the  design  problem  to  be  as  just  stated.  It  is  immediately  obvious 
(e.g.  from  a  simple  picture  showing  only  vane  chord  lines)  that  the  more  vanes  there  are  the  higher  LWR 
can  potentially  become.  With  the  present  design  method  an  upper  limit  to  vane  number  is  usually  imposed 
by  the  appearance  of  an  undesirable  inflection  in  the  cubic  contour  giving  a  convex  region  of  vane  surface 
near  the  leading  edge.  Another  restriction  to  freedom  of  choice  of  vane  number  may  arise  from  the  need  to 
avoid  vibrations  excited  by  "coupling"  effects  between  rotor  blades  and  diffuser  vanes. 

At  this  stage  we  take  a  provisional  value  of  geometric  throat  area  (A^),  which  is  subject  to  future 
adjustment  in  the  light  of  calculation  of  throat  blockage  (B^)  for  a  particular  selected  geometry  of 
diffuser.  .  For  a  parallel  vaneless  space  h«  («  axial  dimension  at  leading  edges)  is  known.  Suitable 
values  for  the  radii  of  circles  closing  the  vane  shape  at  leading  and  trailing  edges  are  prescribed.  The 
remaining  variables  are  now 

(i)  n  (■  number  of  vanes):  primarily  controlling  LWR 

(ii)  p  :  primarily  controlling  28  (■  mean  passage  divergence  in  the  radial 

plane) 

(iii)  hi  (•  axial  dimension  at  trailing  edges) 

:  primarily  controlling  2$  (■  included  angle  of  sidewall  divergence) 

To  a  first  approximation,  for  a  given  hi  the  effects  of  p  and  n  may  be  represented  as  in  the  diagram 
following.  Hence  the  first  skirmish  is  made  using  a  rough  estimate  for  h7  and  varying  p  and  n  systemati¬ 
cally.  Wien  a  suitable  n  has  been  found  (at  the  desired  20),  a  second  skirmish  is  required,  at  the  same  n, 
to  adjust  p  and  hi  together  in  order  to  bring  both  20  and  2*  to  the  chosen  values.  It  should  be 


appreciated  here  that  none  of  the  factors  affecting  |  v  increasing 

choice  of  n  concerns  conditions  after  the  throat,  and 
since  the  amount  of  sidewall  divergence  between  20 

leading  edge  and  throat  is  small,  h7  (and  hence  2<f>) 

can  be  altered  without  upsetting  the  choice  of  n;  _ ^  n  increasing 

M  alone  needs  to  change  with  h7  ,  in  order  to  restore 

20-  LWR 

The  vane  shapes  are  generated  each  time  by  a  short  computer  program  (called  the  Vane  Design  Program) 
which  has  as  input  the  following  data: 

inner  and  outer  circumscribing  radii  (r6  and  r7 ) 

radii  of  circles  closing  vane  shape  at  leading  and  trailing  edges 

leading  edge  lip  included  angle  (A) 

included  angle  of  channel  at  throat  (k) 

included  angle  of  channel  at  outlet  (u) 

vane  leading  edge  angle,  to  match  incident  flow  direction  (a« ) 
number  of  vanes  (n) 

axial  dimensions  at  leading  and  trailing  edges  (h«  and  h7 ) 
total  geometric  throat  area  (A  ) 

and  which  produces  a  complete  specification  of  one  vane  and  one  channel  as  per  Figure  7,  namely  coordinates 
of  the  surfaces  GJSPDH  and  EQ,  and  the  point  of  inflection  in  the  cubic  describing  the  portion  DH  (the 
point  of  inflection  should  desirably  be  outside  the  region  of  the  vane  DH) ,  together  with  a  graphical  dis¬ 
play  which  includes  a  large-scale  plot  of  the  cubic  portion  DH,  also  the  various  channel  dimensions  and 
properties  required  for  assessment  of  channel  pressure  recovery  (wth>  hth,  wout»  ^out>  28,  2 4> »  AR, 

LWR2D*  A^2D^ *  Each  design  of  a  series  with  varying  n  is  examined  to  determine  whether  a  maximum  limit 
imposed  by  cubic  contour  shape  has  been  reached.  Then,  when  a  suitable  design  has  been  selected,  the 
channel  pressure  recovery  coefficient  (Cpr>  is  obtained  from  the  "extended"  Runstadler  data. 

Finally,  a  check  is  necessary  on  the  assumed  value  of  B^.  For  this  purpose  an  additional  portion 
of  the  Performance  Prediction  Program  is  used,  which  carries  the  calculation  on  beyond  the  end  of  the  vane¬ 
less  space  and  evaluates  blockage  growth  along  two  paths:  first,  that  on  the  vane  surface  (starting  from 
zero  thickness),  and  second,  a  mean  path  on  each  of  the  two  sidewalls  (starting  from  the  conditions  at  end 
of  the  vaneless  space).  The  "core"  Mach  number  distribution  along  each  path  is  assumed  to  be  linear  from 
the  starting  value  to  the  (unknown)  mean  throat  value.  Iteration  is  required  between  continuity  and  blockage 
growth  to  determine  the  mean  throat  Mach  number.  (Built  into  this  iteration,  but  not  relevant  to  the 
design-point  case,  is  an  empirical  schedule  which  arranges  for  "core"  total  pressure  to  be  reduced  below 
the  leading  edge  value  at  flows  towards  the  surge  end  of  the  flow  range.  This  device  was  found  a  convenient 
way  of  dealing  with  an  otherwise  unrealistic  situation  at  operating  conditions  towards  surge  in  which  cal¬ 
culated  displacement  thicknesses  at  the  throat  corresponded,  on  simple  power-law  velocity  profile  assump¬ 
tions,  to  physical  thicknesses  greater  than  the  throat  dimensions.)  Diffuser  throat  blockage  factor  (B  ) 

th 

is  thus  determined,  and,  if  necessary,  a  change  to  A^  is  fed  back  into  the  Vane  Design  Program  and  the 
procedure  repeated. 


4.  Test  experience 

The  N.G.T.E.  design  procedure  has  been  used  for  the  designs  of  a  number  of  compressors  for  commercial 
or  research  applications.  For  the  N.G.T.E.  internal  research  progranme  two  compressors  have  been  designed 
and  tested,  their  pressure  ratios  being  6.5  and  8.0  respectively.  This  Section  describes  some  of  the 
observations  made  during  a  series  of  tests  on  the  former  compressor.  The  discussion  of  surge  in  Section  6 
draws  upon  test  experience  with  both  compressors. 

4.1  Tests  with  vaneless  diffuser 

The  impeller  for  the  pressure  ratio  6.5  compressor  has  been  described  ante.  In  order  to  assess  its 
performance  the  impeller  was  first  installed  on  the  test  rig  with  a  vaneless  diffuser.  The  measuring 
station  downstream  of  the  impeller  was  chosen  to  be  at  a  radial  position  of  1.065  *  impeller  tip  radius, 
rather  than  at  the  tip  itself  where  strong  pressure  fluctuations  due  to  passing  "jets"  and  "wakes"  may 
engender  poor  measurement  accuracy.  Eight  tappings  were  used  to  measure  static  pressure;  total  head  pres¬ 
sure  was  then  derived  on  a  mass-flow-continuity  basis,  and  pressure  ratio  and  isentropic  efficiency  were 
calculated.  An  estimate,  by  the  method  of  Reference  8,  of  the  efficiency  loss  incurred  between  impeller 
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outlet  and  the  measuring  station  is  1$  percentage  points,  so  true  impeller  efficiency  may  be  supposed  to 
be  higher  than  the  test-derived  values  by  about  this  amount. 

Experimental  performance  characteristics  are  shown  in  Figure  9.  A  peak  efficiency  at  design  speed 
of  85.5  per  cent  was  obtained  which  compares  well  with  the  design  target  modified  to  account  for  the  vane¬ 
less  diffuser  loss  as  already  explained.  The  peak  was  in  fact  obtained  at  the  design  mass  flow,  with  a 
choke  flow  margin  (defined  as  the  difference  between  design  and  choke  flows  divided  by  choke  flow)  of  10 
per  cent.  The  combination  of  good  efficiency  and  good  choke  flow  margin  is  seen  as  a  particularly  satis¬ 
factory  outcome  of  specifying  high  impeller  casing  incidence  (7  degrees)  at  design  mass  flow,  the  intention 
having  been  to  achieve  high  choke  flow  with  the  peak  of  the  efficiency  characteristic  situated  in  the 
region  of  design  mass  flow. 

The  attainment  of  correct  incidence  and  flow  margin  depended  critically  upon  estimates  of  the  radial 
variation  of  inlet  axial  velocity  and  incidence,  required  as  input  for  the  Preliminary  Design  Program  and 
obtained  from  an  exploratory  computation  of  the  inlet  duct  flow  using  the  Matrix  Throughflow  Program  (as 
described  earlier). 

In  order  to  provide  comparative  measurements,  therefore,  a  radial  traverse  of  the  impeller  approach 
flow  was  carried  out  at  a  station  12.7  mm  upstream  of  the  blade  leading  edge  plane  using  a  simple  pitot 
probe.  Its  readings  were  combined  with  wall  static  pressures  taken  at  the  same  axial  station,  yielding 
axial  velocity  and  hence  flow  parameters  in  the  impeller  rotational  frame.  Figure  10  shows  axial  velocity 
and  relative  flow  angle  compared  to  the  throughflow  estimates.  Agreement  is  quite  good,  the  only  serious 
discrepancies  arising  very  close  to  the  annulus  walls  where  the  presence  of  local  boundary  layers  is 
observed  in  the  measured  results.  It  is  concluded  that  the  throughflow  predictions  of  inlet  conditions 
allowed  a  satisfactory  compromise  between  impeller  incidence  and  choke  flow  margin  to  be  achieved. 

4.2  Tests  with  vaned  diffusers 

Further  tests  with  this  impeller  were  carried  out  using  several  different  vaned  diffusers.  The 
results  from  three  such  builds  will  be  described  here.  All  these  three  vaned  diffusers  (details  as  in 
Table  II)  were  designed  according  to  the  method  and  principles  set  out  in  Section  3.2,  save  that  the  first 
(that  with  41  vanes)  was  an  early  design  which  departed  from  later  thinking  in  having 

(i)  2®2D  appreciably  below  8°,  the  difference  being  subsequently  estimated  as  losing  about 
J  percentage  point  in  stage  efficiency 

(ii)  no  channel  sidewall  divergence. 

A  further  point  to  note  in  relation  to  the  first  (41-vane)  diffuser  is  that  it  was  designed  before  the 
Performance  Prediction  Program  became  available,  and  consequently  was  based  on  an  unreliable  estimate  of 
leading  edge  incident  flow  angle  (a*);  as  Table  II  shows,  subsequent  calculations  suggest  that  this  dif¬ 
fuser  suffered  3.6°  expansive  incidence  at  the  compressor  design  flow  and  speed,  resulting  in  some  further 
penalty  in  stage  performance.  Vane  shapes  of  all  three  diffusers  are  illustrated  in  Figures  11  to  13. 

The  second  (13-vane)  diffuser  is  a  deliberate  "oddity" •  It  was  designed  to  conform  as  nearly  as 
possible  to  the  third  (37-vane)  diffuser  in  every  respect  except  number  of  vanes.  The  value  of 
(*  8.5  ,  c.f.  8°  for  the  37-vane)  results  from  the  increase  in  optimum  value  when  AS  <  1 .  As  will  be  des¬ 
cribed  more  fully  in  a  later  Section,  certain  evidence  has  been  adduced  as  indicating  that  a  small  number 
of  vanes  gives  better  choke-to-surge  flow  range,  other  things  being  equal.  Should  this  prove  to  be  the 
case,  it  is  clear  that  to  take  advantage  of  the  increased  flow  range  will  necessitate  some  loss  of  design- 
point  efficiency  due  to  the  much  reduced  available  area  ratio  of  channel  (Table  II).  In  this  series  of 
tests  the  13-vane  diffuser  was  included  especially  to  check  whether  it  gave  improved  flow  range. 

Figures  14  to  16  present  the  stage  performance  characteristics  with  these  three  vaned  diffusers. 

Let  us  first  compare  the  41-vane  build  (Figure  14)  with  the  vaneless  diffuser  build  (Figure  9).  At  the 
design  flow  (*  1.81  kg/s)  and  speed,  both  these  two  builds  had  the  same  impeller  tip  clearance  (=  0.28  ran), 
and  should  thus  have  had  the  same  impeller  efficiency.  The  estimated  loss  in  the  1.065  radius  ratio  vane¬ 
less  space  of  the  "vaneless"  build  is  1.5  percentage  points,  so  we  take  a  value  of  0.870  for  impeller 
efficiency.  That  implies  10.5  percentage  points  lost  between  impeller  and  outlet  of  that  vaned  diffuser  — 
a  rather  poor  result.  But  that  diffuser  is  realised  to  have  been  an  incorrectly  designed  one,  as  explained 
ante,  and  certainly  capable  of  improvement.  Figure  11  shows  clear  evidence  of  the  leading  edge  expansion 
resulting  from  3.6°  (estimated)  incidence,  causing  the  Mach  number  to  rise  from  1.05  (estimated)  to  around 
1.29  (c.f.  1.22  from  supersonic  flow  tables  for  that  amount  of  incidence).  What  deserves  particular  note 
is  the  quite  wide  choke-to-surge  flow  range  of  this  vaned  diffuser  build  (Figure  14):  choke  flow  at  design 
speed  is  nearly  identical  between  vaneless  and  vaned  builds  (calculation  suggests  that  impeller  and  diffuser 
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choke  Together  at  this  speed,  as  is  the  usual  intention  for  compressors  designed  at  N.G.T.E.),  so  compari¬ 
son  of  s  irge  flows  gives  direct  comparison  of  flow  range. 


100  per  cent  design  speed 

choke  flow 

surge  flow 

surge  flow 
choke  flow 

vaneless 

1.99 

1.58 

0.794 

41 -vane 

1.98 

1.67 

0.843 

Next  we  come  to  the  1 3-vane 

diffuser  build. 

Unfortunately 

the  no-rotation  impeller 

tip 

clearance 

was  set  at  too  low  a  value  so  that 

"zero"  clearance 

was  reached  and  the  test  stopped  while 

the 

compressor 

was  still  some  way  from  surge  at  design  speed.  Nevertheless  it  is  abundantly  clear  from  comparison  of 

Figures  14  and  15  for  90  and  95  per  cent  design  speed  that  the  choke-to-surge  flow  range  has  not  been 

improved  through  this  major  reduction  of  vane  number.  Total-to-total  efficiency,  however,  has  risen. 

There  is  a  consistent  increase  of  about  3  to  3J  percentage  points  relative  to  the  41-vane  diffuser  build; 
at  1.9  kg/s  and  100  per  cent  design  speed  the  difference  in  efficiency  is  3.4  percentage  points.  This 

efficiency  gain  must  be  apportioned  among  several  causes,  which  can  be  classified  as 

(i)  effect  of  impeller  tip  clearance 

(ii)  more  limited  diffusion  to  the  final  measuring  station  due  to  relatively  higher  diffuser 
channel  outlet  Mach  number  (a  feature  inherent  in  the  design:  Table  II) 

(iii)  potential  design  improvements,  namely  less  leading  edge  incidence  and  more  nearly 
optimum  20 2^. 

In  order  to  make  a  fair  comparison  of  the  several  diffusers  tested,  means  must  be  established  of  fixing  a 
datum  which  takes  into  account  differences  of  impeller  tip  clearance  and  of  the  extent  of  diffusion.  Some 
discussion  of  tip  clearance  loss  appears  in  the  next  Section  of  this  paper:  at  1.9  kg/s  and  design  speed 
the  clearance  for  the  build  with  13-vane  diffuser  was  0.05  mm  as  against  0.28  mm  for  the  41-vane  build, 
and  this  difference  is  reckoned  to  be  worth  about  0.75  percentage  point  in  impeller  (and  hence  stage)  effi¬ 
ciency.  The  question  of  what  value  to  attach  to  the  final  dynamic  head  leaving  the  diffuser  of  any  com¬ 
pressor  is  to  some  extent  tied  up  with  the  type  of  collector  arrangement  following  the  vaned  diffuser  and 
with  the  application  for  which  the  compressor  is  intended;  however,  when  as  here  a  snail-shell  form  of 
collector  is  used,  a  reasonable  comparison  may  be  made  by  calculating  in  each  case  the  effect  on  efficiency 
ot  losing  the  whole  channel  outlet  dynamic  head  —  this  is  tantamount  to  comparing  total-to-s tatic  effi¬ 
ciencies.  On  ihat  basis  we  get,  at  1.9  kg/s: 


41-vane  build 

13-vane  build 

estimated  outlet  M 

0.259 

0.334 

dynamic  head  as  %  of  Pt 

4.56 

7.43 

value  as  Zage  points  in  efficiency 

3.1 

5.1 

difference  from  datum 

datum 

-2.0 

In  sum,  then,  the  3.4  percentage  points  to  the  credit  of  the  1 3- vane  build  nust  be  reduced  by  2.75  (0.75 
for  impeller  tip  clearance  and  2.0  for  dynamic  head),  leaving  a  net  advantage  of  0.65  percentage  point. 
This  shows  that  useful  gain  has  resulted  from  elimination  of  the  leading  edge  expansion  due  to  incidence; 
Figure  12  shows  only  very  slight  expansion  in  the  transonic  region,  to  a  maximum  Mach  number  of  =  1,085. 

Finally,  turning  to  the  37-vane  diffuser  build,  this  had  similar  impeller  tip  clearance  to  the 
original  41-vane  case  (0.33  ram  c.f.  0.28  ram),  and  Figure  16  indicates  about  1.0  percentage  point  improve- 


ment  in  efficiency  at  design  speed,  while  at  the  same 

time 

more  diffusion 

has  taken  place. 

Casting  up  the 

account  in  the  previous  manner,  we  have: 

41* 

-vane  build 

13-vane  build 

37-vane  build 

estimated  outlet  M 

0.259 

0.334 

0.158 

dynamic  head  as  Z  of  P^ 

4.56 

7.43 

1.73 

value  as  Zage  points  in  efficiency 

3.1 

5.1 

1.2 

difference  from  datum 

datum 

-2.0 

+  1.9 

tip  clearance  effect 

datum 

-0.75 

+0.1 

total  Zage  points 

datum 

-2.75 

♦  2.0 

measured  efficiency  difference 

datum 

+3.4 

+  1.0 

corrected  efficiency  difference 

datum 

+0.65 

*3.0 
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This  comparison  indicates  a  satisfactory  result  of  the  diffuser  redesign  from  the  41-vane  build  to  the 
37-vane  build. 

5.  Effect  of  impeller  tip  clearance 

According  to  the  treatment  used  in  Reference  8,  the  loss  due  to  impeller  tip  clearance  is  assumed 
to  increase  rapidly  between  zero  clearance  and  some  fairly  small  value,  and  thereafter  linearly  with  the 
quantity  "clearance/passage  height":  in  other  words  the  linear  relationship  does  not  pass  through  the  con¬ 
dition  "zero  clearance,  zero  loss".  The  fora  of  this  assumption  was  suggested  by  a  survey  of  the  rather 
limited  amount  of  data  available,  and  the  treatment  is  not  claimed  to  be  rigorously  accurate.  In  the  fore¬ 
going  Section  the  instance  of  a  compressor  having  clearance  of  0.05  mm  at  design  speed  (that  with  13-vane 
diffuser)  lies  in  the  non-linear  region,  all  other  cases  cited  being  in  the  linear  region. 

It  is  of  interest  to  note  some  N.G.T.E.  test  experience  obtained  with  change  of  impeller  tip  clear¬ 
ance  on  the  compressor  of  pressure  ratio  8.  This  impeller,  although  of  quite  large  diameter  (270.8  ran), 
had  blade  height  at  impeller  outlet  only  5.31  mm,  i,e.  relatively  smaller  in  proportion  to  impeller  dia¬ 
meter  than  the  majority  of  compressors  for  which  the  available  literature  provides  data  concerning  the 
effect  of  tip  clearance  on  performance.  In  this  respect  it  was  quite  similar  to  the  N.G.T.E.  compressor 
of  pressure  ratio  6£.  Small  blade  neight  is,  of  course,  inevitably  encountered  with  any  very  small  dia¬ 
meter  compressor,  and  the  feature  which  is  of  importance  in  this  discussion  is  the  relationship  between 
blade  height  and  what  can  be  employed  as  a  minimum  practical  operating  clearance. 

Two  builds  of  this  compressor  of  pressure  ratio  8,  with  a  vaned  diffuser,  differed  only  in  the 
amount  of  impeller  tip  clearance.  With  the  first  of  those  builds  clearance  fell  as  speed  was  increased 
from  1.75  mm  at  zero  rotation  to  around  1.14  mm  at  design  speed.  With  the  second  of  those  builds  clearance 
fell  from  0.97  nm  at  zero  rotation  to  around  0.25  ran  at  design  speed.  There  was  a  consistent  improvement 
of  1.3  to  1 .5  percentage  points  in  peak  stage  efficiency  at  all  speeds  (from  70  to  100  per  cent  of  design) 
in  the  later  build  as  a  result  of  closing  the  clearance. 

Exchange  rates  between  clearance  and  efficiency  are  often  cited  which  would  lead  one  to  expect  a 
much  larger  change  in  efficiency  for  such  a  change  in  clearance.  It  is  therefore  worthwhile  giving  an 
explanation  of  the  reason  which,  it  is  believed,  accounts  for  the  difference  in  behaviour  in  the  case  of 
this  compressor.  Essentially  it  amounts  to  the  fact  that  the  change  in  clearance  makes  a  significant 
change  to  total  passage  height,  due  to  the  small  blade  height.  Predictions  of  performance  by  the  method  of 
Reference  8  illustrate  the  point.  Three  cases  have  been  calculated  at  design  speed  and  the  peak  efficiency 
value  of  flow: 

a)  datum  case:  blade  height  5.31  mm  +  clearance  0.25  ran  »  passage  height  5.56  mm; 
thus  clearance /passage  height  ■  0.045 

b)  clearance  increased  by  0.89  mm  to  1.14  ran,  giving  passage  height  6.45  mm  and 
clearance/passage  height  0.177;  loss  of  impeller  efficiency  from  datum  case  is 
0.0147,  which  agrees  well  with  the  experimental  result 

c)  clearance  1.14  mm  as  for  case  (b) ,  but  passage  height  left  at  datum  value  5.56  mm; 
thus  clearance/passage  height  *  0.205;  loss  of  impeller  efficiency  from  datum  case 
is  0.0316. 

It  can  thus  be  seen  that  if  passage  height  remains  substantially  the  same  (as  it  would  do  if  blade  height 
is  such  that  clearance  represents  only  a  small  proportion  of  the  total  passage)  then  change  of  clearance 
has  a  much  larger  effect  on  efficiency.  In  the  present  instance,  with  so  small  a  blade  height,  much  of  the 
effect  of  changing  clearance/passage  height  has  been  offset  by  the  simultaneous  effect  of  changing  passage 
height  itself. 

Reduction  of  tip  clearance  per  se  is  of  course  always  of  benefit  to  efficiency,  since  two  sources 
of  loss  are  thereby  reduced:  first,  in  the  case  of  an  unshrouded  impeller,  the  leakage  of  flow  round  blade 
tips  from  pressure  side  to  suction  side;  second,  the  tendency  for  flow  to  recirculate  from  outlet  to  inlet 
along  a  path  following  the  casing  surface.  Other  things  being  equal,  reduction  of  impeller  outlet  passage 
height  (i.e.  reducing  tu  ,  keeping  constant  both  hs  and  clearance/lu  )  affects  efficiency  via  the  loss  arising 
from  mixing  at  impeller  outlet—  which  represents  a  major  pa  t  of  the  whole  impeller  efficiency  deficit. 

The  effect  on  this  mixing  is  two-fold:  in  the  first  place  the  d/namic  head  of  the  flow  before  mixing  is 
increased;  secondly  the  area  ratio  of  enlargement  (area-af ter-mixing/area-bef ore-mixing)  is  increased;  the 
flow  in  other  words  is  first  accelerated  and  subsequently  has  to  undergo  more  diffusion  relative  to  the 
datum  situation.  There  are  other  considerations  concerning  change  of  flow  angles  before  and  after  mixing, 
but  the  net  effect  of  reducing  impeller  outlet  passage  height  in  this  manner  can  be  seen  to  be  detrimental 


to  efficiency.  Thus  a  change  of  clearance  which  significantly  affects  passage  height  introduces  two 
opposing  effects. 
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6.  Compressor  surge 

It  is  commonly  the  case  that,  for  a  given  rotor  at  a  given  speed,  surge  occurs  at  a  higher  flow 
when  the  rotor  is  followed  by  a  vaned  diffuser  than  when  it  is  followed  only  by  a  vaneless  space.  This  is 
almost  always  true  at  high  rotational  speeds  (although  one  known  exception  will  be  cited  herein);  at  speeds 
of  70  per  cent  of  design  and  lower,  vaned  and  vaneless  builds  tend  to  surge  at  values  of  flow  rather  closer 
to  one  another.  The  compressor  with  pressure  ratio  6$  described  in  previous  Sections  conforms  to  this 
usual  pattern.  (Even  if  vaned  and  vaneless  builds  surge  at  the  same  flow  at  low  speed,  the  choke-to-surge 
flow  range  of  the  vaned  build  will  be  smaller  due  to  the  lower  choke  flow  imposed  by  the  diffuser  throat. 
For  this  reason  we  shall  usually  refer  in  this  discussion  to  minimum  mass  flow  rather  than  to  flow  range.) 

The  mechanisms  by  which  surge  is  induced  in  either  the  vaneless  or  vaned  diffuser  case  are  not  at 
all  well  understood.  But  there  is  clear  evidence  that  different  diffuser  geometries  following  the  same 
impeller  can  in  some  situations  markedly  affect  surge  of  a  compressor  stage.  Thus  we  can  conclude  that, 
while  a  variety  of  potential  surge-producing  mechanisms  may  exist,  it  is  one  associated  in  some  manner 
with  the  vaned  diffuser  which  is  usually  the  first  to  come  into  play.  This  represents  the  case  of  greatest 
practical  interest  for  gas  turbine  compressors. 

Data  which,  in  this  connection,  are  sometimes  adduced  as  having  particular  significance  relate  to 
the  number  of  diffuser  vanes.  For  instance,  one  example  is  known,  for  an  impeller  with  19  blades,  where 
reducing  diffuser  vane  number  from  29  to  13  was  accompanied  by  a  marked  fall  in  minimum  mass  flow,  parti¬ 
cularly  at  the  higher  rotational  speeds  where  flow  range  had  formerly  been  narrow  (see  Table  III, from 
Reference  18),  To  this  may  be  added  the  general  observation  that  there  are  quite  a  large  number  of  pub¬ 
lished  instances  in  which  compressors  with  relatively  narrow  flow  range  at  design  speed  have  had  a  large 
number  of  diffuser  vanes  (more  than  the  number  of  impeller  blades)  while  some  compressors  with  relatively 
wide  flow  range  at  design  speed  have  had  a  small  number  of  diffuser  vanes  (e.g.  that  described  in 
Reference  19,  with  34  impeller  blades  and  13  diffuser  vanes).  Such  evidence  has  been  linked  with  the  idea, 
put  forward  in  Reference  20,  that  when  the  number  of  diffuser  vanes  is  less  than  the  number  of  blades  at 
impeller  outlet  then  every  diffuser  passage  is  always  receiving  some  mixture  of  "jet"  and  "wake"  flow  from 
the  impeller,  whereas  when  the  number  of  diffuser  vanes  is  the  greater  it  is  possible  to  have  some  passages 
receiving  flow  consisting  alternately  of  all  low-energy  "wake"  fluid  and  all  high-energy  "jet"  fluid, 
causing  a  rapid  and  large  cyclical  variation  of  mean  total  pressure  and  mean  flow  angle  at  the  vane  leading 
edge.  On  that  argument  premature  onset  of  surge  in  the  latter  situation  is  ascribed  to  some  breakdown  of 
throughflow  in  the  diffuser  passage (s)  so  treated. 

Given  a  vaneless  space  small  in  extent  in  relation  to  the  rate  of  mixing-out  between  "jets"  and 

"wakes",  such  a  flow  situation  might  perhaps  be  envisaged.  But  as  an  explanation  of  differences  in  surge 

...  .21 

limit  any  such  reasoning  seems  to  be  negated  by  the  work  of  Baghdadi  and  Macdonald  .  They  tested  three 

centrifugal-compressor- type  vaned  diffuser  systems,  which  were  supplied  through  a  "vortex  nozzle",  consist¬ 
ing  of  inwards  radial  flow  through  a  ring  of  swirl-imparting  vanes,  followed  by  a  contoured  approach 
section  which  turned  the  flow  radially  outwards  ahead  of  the  diffuser.  This  arrangement  simulated  the  mean 
outlet  flow  conditions  from  an  impeller,  but  without  the  pronounced  "jet-wake"  pattern  of  a  real  compressor 
And  yet  these  authors  obtained  a  surge  phenomenon  typical  of  a  compressor;  they  also  record  an  effect  of 
diffuser  vane  number,  the  larger  number  having  earlier  surge  (although  marked  differences  of  vane  shape, 
in  addition  to  number,  between  their  three  builds  detract  from  the  conclusiveness  of  the  latter  fact). 

In  the  same  context  it  is  most  noteworthy  that  the  41-vane  diffuser  build  of  our  compressor  with 
pressure  ratio  6$  (and  34  impeller  blades  at  outlet)  has,  by  comparison  with  other  machines  of  comparable 
pressure  ratio  (e.g.  Reference  22),  very  wide  flow  range  at  design  speed,  and  that  changing  the  diffuser 
to  one  with  13  vanes  produced  no  improvement  at  all  in  flow  range  (see  Section  4.2).  A  similarly  wide 
flow  range  at  design  speed  has  been  achieved  with  another  N.G.T.E.  design  of  compressor  having  pressure 
ratio  8,  as  shown  in  Figure  17,  and  in  that  case  also  the  number  of  diffuser  vanes  (41)  exceeded  the 
number  of  blades  at  impeller  outlet  (32).  Diffuser  vane  number  as  such,  therefore,  certainly  cannot  be 
the  predominant  influence  on  surge. 

The  compressor  to  which  Figure  17  relates  affords  the  one  known  instance  where  the  minimum  mass  flow 
at  high  rotational  speed  is  lower  (although  not  much)  with  a  vaned  diffuser  than  with  only  a  vaneless  space 
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It  is  also  worth  mentioning  the  question  of  diffuser  vane  incidence.  Reeves4^  has  proposed  linking 
surge  with  a  particular  condition  of  incidence  to  the  diffuser  vane  leading  edges.  Because  of  the  design 
error  in  vane  leading  edge  angle  mentioned  in  Section  4,2,  the  41-vane  diffuser  build  of  our  compressor 
with  pressure  ratio  6J  had  mean  incidence  at  surge  (as  estimated  for  all  speeds  tested)  of  about  +4.9°. 
Similar  calculations  by  our  Performance  Prediction  Program  for  the  machines  of  Reference  22  give  values  of 
mean  incidence  at  surge  in  the  range  +1.5°  to  -0.5°,  and  another  instance  is  known*  for  which  the  similarly 
calculated  mean  incidence  at  surge  is  -4.8°.  Since  the  two  extremes  of  incidence  (+4.9  and  -4.8°)  relate 
to  compressors  with  the  best  flow  range  at  design  speed  of  all  those  mentioned,  the  evidence  clearly  does 
not  support  any  critical  value  of  diffuser  vane  incidence  as  a  surge  criterion. 

The  literature  contains  a  number  of  suggestions  relating  surge  to  some  diffusion  limit  in  Lhe  semi¬ 
vaneless  space  (e.g.  References  20,  21,  24,  25).  This  seems  a  more  fruitful  line  of  argument.  It  has  been 
found,  in  a  survey  of  available  compressor  data,  that  in  almost  all  cases  the  pressure  rise  coefficient  of 

the  semi-vaneless  space  (PRC),  defined  as  [P  .  -  P  I  *  /  P  -  P  )  and  calculated  by  our  Performance 

V  s,th  s  tt  J  \  t , 6  s  ft] 

Prediction  Program  for  the  experimentally  determined  surge  flows,  shows  a  notable  degree  of  consistency  in 
value  over  the  high  speed  range  for  a  given  compressor.  There  is,  however,  a  very  wide  variation  of  the 
surge  value  of  PRC  among  the  different  compressors,  considerable  variation  appearing  between  different 
builds  having  the  same  impeller  but  different  diffuser  geometries.  An  attempt  has  been  made  by  the  present 
authors  to  correlate  the  variation  in  PRC  at  surge  between  compressor  builds  with  the  property  "wetted  sur¬ 
face  area  of  the  semi-vaneless  space/geometric  throat  area"  [=Aw^Ag]»  where  can  be  approximated  by  the 
expression 


.  v  1  2  "c  2tt  .  2ir 

D*  sin  —  I  -  w. ,  -  7s- - sm  — 

n  I  th  4  n  n 


The  parameter  Aw/Ag  may  be  regarded  as  simply  a  form  of  passage  'L/D';  since  wetted  area  *  length  x  peri¬ 
meter  and  A  =  cross-sectional  area,  it  follows  that  A  /A  is  proportional  to  length /hydraul ic  mean  depth, 
g  w  g 

Supposing  there  to  be  a  diffusion  pressure  gradient  for  the  semi-vaneless  space  at  which  some  critical 

degree  of  stall  exists,  then  the  longer  the  passage  (i.e.  the  larger  is  ’L/D1)  the  greater  the  overall 

pressure  rise  attainable  at  that  gradient,  and  so  the  further  flow  can  be  reduced  before  reaching  the 

critical  situation.  Thus  a  large  value  of  A  /A  might  be  expected  to  give  wide  operating  range  and  vice 

w  g 

versa.  Such  a  correlation  would  serve  to  explain  the  reason  for  two  effects  which  have  been  found  to  lower 
minimum  mass  flow,  namely: 

(1)  reduction  of  vane  number  at  constant  A  and  ti  .  ;  this  increases  w  .  and  hence  A 

g  th  th  w 

(2)  reduction  of  A^  by  change  of  h^  at  constant  n;  A^  is  reduced  in  proportion  to  h^* 

but  A  is  reduced  less  than  pro  rata  with  h  so  that  A  /A  increases, 
w  K  th  w  g 

The  result  of  the  survey  is  summarised  in  Figure  18,  which  for  simplicity  shows  data  for  the  range 
of  speed  90  to  100  per  cent  only.  The  two  parts  of  this  Figure  relate  to  two  different  types  of  delivery 
system.  One  is  for  vaned  diffusers  discharging  into  annular  "dump"  collectors  of  snail-shell  form,  the 
"tongue"  of  the  off-take  pipe  from  the  collector  being  reasonably  remote  from  the  trailing  edges  of  the 
diffuser  vanes.  (It  is  well  known  that  a  snail-shell  collector  in  too  close  proximity  to  diffuser  vane 
trailing  edges  can  promote  a  considerable  circumferential  non-uniformity  of  static  pressure  and  cause 
premature  surge.)  In  the  other  case  the  diffusers  discharged  into  radial-to-axial  bends  followed  by  one  or 
more  rows  of  axial  cascade  vanes,  the  latter  serving  to  provide  further  diffusion  and  subsequent  flow 
straightening.  There  is  a  notable  difference  in  the  pattern  of  data  for  the  two  cases.  Four  builds  of  our 
compressor  with  pressure  ratio  6j  appear  in  Figure  18a,  corresponding  to  diffusers  with  13,  37,  41  and  57 
vanes,  in  all  cases  tested  with  snail-type  collector,  this  being  the  present  form  of  the  N.G.T.E.  test  rig. 

The  consistency  of  PRC  between  speeds  for  a  given  compressor  affords  support  for  the  theory  that 
surge  is  somehow  related  to  a  limiting  value  of  semi-vaneless  space  diffusion.  But  evidently  that  limit 
depends  upon  the  individual  arrangement,  and,  although  the  evidence  of  Figure  18  is  certainly  not  alone 
adequate  proof,  there  is  some  indication  that  the  type  of  delivery  system  may  exert  a  significant  influence. 
A  test  programne  has  been  initiated  to  fit  a  bend-plus-axial-vane  delivery  system  on  the  N.G.T.E.  test  rig 
in  place  of  the  snail-shell  collector,  in  order  to  see  whether  the  13-vane  and  37-vane  diffuser  builds  of 
the  pressure  ratio  6J  compressor  will  then  change  their  surge  characteristics. 


*This  being  the  Rolls-Royce  compressor  with  13-vane  diffuser  mentioned  in  Table  III. 
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It  might  be  postulated  that  a  delivery  system  consisting  of  an  infinite  plenum  chamber  could  hardly 
impose  any  overriding  influence  upon  the  onset  of  a  phenomenon  which  is,  almost  certainly,  related  to  a 
stalling  situation  somewhere  in  the  flow  system.  The  snail-shell  collector  might  be  regarded  as  approach¬ 
ing  that  infinite  plenum.  A  bend-plus-axial-vane  delivery  arrangement,  on  the  other  hand,  contains  further 
system  components  which  could  themselves  be  potentially  capable  of  producing  a  form  of  stall  —  e.g.  either 
the  convex  side  of  the  bend  passage,  or  the  axial  vanes.  The  latter  arrangement  might  then  be  regarded  as 
containing  two  stages  of  stall-prone  diffusing  elements,  namely  the  semi-vaneless  space  and  some  part  of 
the  delivery  system.  In  that  way  a  joint  dependence  on  the  semi-vaneless  space  and  on  the  delivery  system 
in  determining  surge  might  be  envisaged.  Some  analogy  appears  possible  between  such  a  mutual  interrelation¬ 
ship  in  a  centrifugal  compressor  stage  and  the  situation  in  a  high-pressure-ratio  multi-stage  axial  com¬ 
pressor:  there  surge  at  high  speed  coincides  with  stall  of  the  last  stage,  while  at  low  speed  surge  occurs 
at  a  condition  where  the  last  stage  is  free  from  stall  but  the  first  stage  is  well  into  stall.  If  there  is 
any  truth  in  such  a  loose  analogy,  the  part  of  a  centrifugal  compressor  corresponding  to  the  "last  stage" 
of  the  axial  would  be  different  according  to  whether  there  is  or  is  not  a  stall-prone  delivery  system 
following  the  vaned  diffuser.  Then,  if  a  stall-prone  delivery  system  is  present  (i.e.  the  bend-plus-axial- 
vane  case),  that  component  could,  at  least  in  principle,  be  the  critical  element  of  the  whole  system  at 
high  speed,  and  thus,  conceivably,  account  for  surge  occurring  at  a  flow  above  that  experienced  when  the 
semi-vaneless  space  is  the  last  stall-prone  element. 

7.  Conspectus 

This  paper  has  described  a  procedure  for  the  design  of  high  pressure  ratio  centrifugal  compressor 
stages  and  has  illustrated  its  use  with  an  account  of  the  design  and  experimental  performance  of  one  impeller 
and  three  diffusers  for  a  pressure  ratio  6$  compressor  stage.  The  diffusers  were  designed  to  operate  with 
supersonic  approach  flow  and  the  measurements  demonstrate  that,  with  careful  attention  to  the  vane  design 
in  the  transonic  region  ahead  of  the  throat,  good  performance  can  be  achieved. 

Observations  of  surge  behaviour  in  a  number  of  centrifugal  compressor  stages  having  vaned  diffusers 
support  a  connection  between  surge  and  the  diffusion  taking  place  between  diffuser  vane  leading  edge  and 
throat,  as  has  been  proposed  by  other  investigators.  The  nature  of  the  dependence  is,  however,  apparently 
also  influenced  by  the  arrangement  of  the  compressor  delivery  system.  Collectors  of  snail-shell  type  seem 
to  give  a  relatively  better  surge  condition  (i.e.  lower  minimum  mass  flow)  compared  with  the  collectors  more 
typically  used  in  aircraft  gas  turbines,  consisting  of  a  radial-to-axial  bend  followed  by  axial  straighten¬ 
ing  vanes. 


TABLE  I 


COMPRESSOR  FOR  PRESSURE  RATIO  6 


IMPELLER  DESIGN  DATA 


Rotational  speed 

40,000  rev/min 

Specific  speed  (Balje  definition) 

68 

Prewhirl  angle  (o3 ) 

zero 

Number  of  full  blades 

17 

Number  of  half-blades 

17 

Inlet  hub  diameter  1  ^ 

60.96  mm 

Inlet  casing  diameter  J 

134.6  mm 

Inlet  casing  relative  Mach  number  (Ms) 

0.975 

Inlet  hub  blade  angle  •) 

31.36  deg 

Inlet  casing  blade  angle  J 

53.81  deg 

Inlet  hub  incidence 

14.4  deg 

Inlet  casing  incidence 

7.0  deg 

Inlet  axial  velocity  at  casing/inlet 
axial  velocity  at  mean  radius 

1.1 

Flow  margin  (“  design  flow/inducer  choking  flow) 

0.91 

Diameter  at  impeller  outlet  (Ek) 

274.8  mm 

Blade  height  at  impeller  outlet  - 

i.e.  passage  height  Ou )  less  tip  clearance 

5.81  mu 

Passage  height  at  start  of  vaneless  space  (hs ) 

5.48  mm 

Outlet  blade  angle  (B^) 

30.0  deg 

Blade  tip  speed  (U) 

575.5  m/s 

Outlet  absolute  Mach  number  (Ms ) 

1.11 

Work  input  parameter  (AH/U1 ) 

0.80 

VANED  DIFFUSER  DETAILS 


\h 

"out 

«.n 

14.19 

6.35 

23.87 

5.81 

16.2? 

*S2D 

11.98 

0.95 

5-38  1 

0.71 

dimensions  in  mm;  angles  in  deg. 
estimated  flow  quantities  at  compressor  design-point 


Mass  flow  at  surge  +  mass  flow  at 
intended  compressor  design  point 


Percent  design 
speed 

Build  with  13-vane 
diffuser 

Build  with  29-vane 
diffuser 

100 

0.957 

1 .052 

90 

0.758 

0.815 

80 

0.600 

0.658 

70 

0.456 

0.505 

60 

0.358 

0.384 

This  compressor  had  a  bend-plus-axial-vane  collector  system 
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CENTRIFUGAL  COMPRESSOR  DESIGN  SEQUENCE  FIG.  2  ANALYTIC  PATCH  REPRESENTATION  OF  IMPELLER  VANE  SURFACES 


CAMBER  ANGLE  P 


CASING 


\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\ 


CASING 


FI 


ISENTROPIC 
FREE  STREAM 


VANE 


HUB 


HUB 


F  =  TOTAL  AREA  BLOCKED  BY  BOUNDARY  LAYERS 
CHANNEL  CROSS-SECTIONAL  AREA 

=  P  CASING  +  ^  HUB  +  P  VANE 

FIG.  3  BOUNDARY  LAYER  BLOCKAGE  ASSUMED  AT  IMPELLER  OUTLET 


EOGE  EDGE 


4  ADJUSTMENT  OF  MEAN-STREAM-SURFACE  CAMBER  ANGLE  DISTRIBUTION 
TO  ALLOW  FOR  SLIP 
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(b) 

CAMBER  ANGLE  DISTRIBUTION 


FIG.  5  IMPELLER  BLADE  GEOMETRY 


(a) 

FIRST  GEOMETRY 


(b) 

FINAL  GEOMETRY 


FIG.  6 


IMPELLER  VELOCITY  AND  BLADE  LOADING  DISTRIBUTIONS 


PERFORMANCE  OF  IMPELLER  PLUS  VANELESS  DIFFUSER 


41 -VANE  DIFFUSER 


ANO  ESTIMATE!)  TOTAL  PRESSURE 
(100V.  SPEED,  181kg/*) 

FIG.  II  GEOMETRY  OF  41-VANE  DIFFUSER 


•  STATIC  PRESSURE  TAPPING  POSITION 

NUMBERS  REFER  TO  ESTIMATED  MACH  No  (100  V.  SPEED,  19kg/s) 


c 


37- VANE  DIFFUSER 

FIG.  13  GEOMETRY  OF  37- VANE  DIFFUSER 


PERFORMANCE  OF  IMPELLER  PLUS  41  -VANE  DIFFUSER 


i»  i 

0?  04  06  00  10  1/  U  >6  ’0  20 
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FIG.  14  TEST  RESULTS  FOR  COMPRESSOR  WITH  41-VANE  DIFFUSER 
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PERFORMANCE  OF  IMPELLER  PLUS  13-VANE  DIFFUSER 
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FIG.  15  TEST  RESULTS  FOR  COMPRESSOR  WITH  13-VANE  DIFFUSER 


PERFORMANCE  OF  IMPELLER  PLUS  37- VANE  DIFFUSER 


FIG.  16 


TEST  RESULTS  FOR  COMPRESSOR  WITH  37-VANF.  DIFFUSER 


FIG.  17  TEST  RESULTS  FOR  PRESSURE  RATIO  8  COMPRESSOR 
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DISCUSSION 


D.Eckardt,  MTU,  Munich,  Ge 

The  correlation  for  Aw/Ag  with  the  limiting  surge  pressure  recovery  between  diffuser  inlet  and  diffuser  throat  offer 
encouraging  prospects  for  the  difficult  range  and  efficiency  optimization  problem.  Do  the  authors  agree  that  besides 
the  mentioned  incidence  and  blade  number  effects  the  adequate  matching  of  the  diffuser  throat  area  in  itself  is  ol 
certain  influence  on  the  stage  surge  margin23?  Can  the  authors  outline  the  matching  philosophy  of  the  investigated 
stages  and  are  range  data  for  the  various  matching  states  available? 

Author’s  Reply 

We  agree  that  the  correct  matching  of  diffuser  and  impeller  characteristics  is  very  important  for  the  achievement  of 
optimum  stage  efficiency.  Further,  as  pointed  out  by  Jansen  in  his  paper  presented  at  this  meeting,  it  is  important 
to  recognize  the  regimes  of  compressor  operation  in  which  surge  is  influenced  either  by  the  vailed  diffuser  or  by  the 
impeller.  All  aspects,  including  choice  of  vane  number  (Aw/Ag)  and  incidence,  should  be  taken  into  account  in 
choosing  the  geometry  of  the  vaned  diffuser  in  that  region.  The  stages  examined  within  the  correlation  of  Figure  18 
were  not  all  designed  by  the  same  organization  -  three  sources  were  in  fact  used  -  and  so  it  is  not  possible  to  make 
a  general  reply  to  the  last  part  of  Dr  Hckardt’s  question. 


J.W.Railly,  University  of  Birmingham,  UK 

With  reference  to  the  authors’  use  of  the  area  ratio  Aw/Ag,  this  is  evidently  dependent  also  on  the  impeller  tip 
width.  Would  the  authors  please  comment  on  this  point. 

Author's  Reply 

The  parameter  Aw/Ag  certainly  is  affected  by  the  tip  width.  Unfortunately  among  the  compressors  examined  in 
our  study  there  were  no  examples  of  compressors  in  which  only  tip  width  was  varied.  However,  there  were  cases 
where  the  width  of  the  vaneless  space  and  the  width  of  the  vaned  diffuser  throughout  its  length  was  changed  by 
“cropping”  the  diffuser  vane  height  in  order  to  achieve  a  reduction  of  throaf  area,  Ag.  The  net  effect  on  Aw/Ag 
is  such  that  Aw/Ag  increases  which,  according  to  our  theory,  should  allow  a  higher  pressure  recovery  in  the  semi¬ 
vaneless  space  and  hence  better  surge  margin.  This  is  confirmed  by  the  experimental  results,  as  summarised  in 
Figure  18b  of  the  Paper. 


R. A. Novak,  General  Electric  Company,  Lynn,  US 

The  author  did  not  iq  his  verbal  presentation  discuss  the  relative  merits  for  surge  and  efficiency  of  accepting  higher 
diffuser  Mach  numbers  with  small  vaneless  space  or  lower  Mach  numbers  with  more  vaneless  diffusion.  Could  the 
authors  comment  on  this? 

Author's  Reply 

We  have  not  conducted  a  comparative  test  between  subsonic  and  supersonic  inlet  diffusers  but  we  have  planned  a 
quite  carefully  controlled  comparison,  to  take  place  shortly,  between  one  of  each  type  of  diffuser  running  in  a 
compressor  stage  of  pressure  ratio  6‘/2.  We  hope  that  this  will  indicate  relative  efficiency  of  the  two  types.  In  tests 
on  transonic  inlet  diffusers  conducted  so  far  we  have  achieved  surge  margins  which  are  generally  as  good  as  most 
published  surge  margins  achieved  with  subsonic  diffusers. 


D.Japikse,  CREARE,  US 

1  would  like  to  thank  the  authors  for  their  contribution.  Perhaps  they  would  like  to  comment  on  the  following. 

(a)  The  Baghdadi  swirl  generator  gives  a  stalled  diffuser  inlet  with  noticeable  back-flow  thus  requiring  care  in 
applying  his  results. 

(b)  How  did  the  authors  traverse  the  impeller  inlet?  How  does  the  computed  mass  How  agree  from  the  traverse 
with  the  measured  mass  flow? 

(c)  The  authors  correlation  in  Figure  18  is  interesting.  The  use  oi  this  recovery  coefficient  has  been  employed 
by  many  authors  so  it  should  be  possible  to  obtain  substantial  additional  data  to  support  the  concept. 

Author’s  Reply 

The  consequences  of  stall  occurring  at  the  inlet  to  the  Baghdadi  diffuser  may  or  may  not  affect  his  conclusion  that 
the  jet-wake  impeller  exit  flow  has  no  significant  effect  on  surge.  We  are  interested  to  hear  of  this,  however,  because 
it  could  account  for  the  rather  low  values  of  PRC  achieved  by  his  three  diffusers.  The  impeller  exit  in  our  own 
experiments  was  not  traversed.  Stagnation  pressure  was  calculated  from  measurements  of  static  pressure  and  mass 
flow  in  the  NGTE  compressors  which  feature  in  the  surge  study.  We  should  like  to  emphasise,  however,  that  the 
values  of  PRC  plotted  in  Figure  18  are  calculated  using  the  methods  of  Reference  8.  and  not  measured. 

We  note  with  thanks  your  remarks  concerning  possibly  supportive  data  from  pressure  recovery  in  the  semi-vaneless 
space.  We  did  not  put  the  correlations  of  Figure  18  forward  in  a  definitive  way  and  clearly  further  evidence  would 
be  most  desirable. 
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C. Rodgers,  Solar,  US 

Could  the  authors  state  whether  among  the  compressors  used  for  their  correlation  of  Figure  18  there  were  stages 
with  both  radial  and  back-swept  impellers  since  the  stability  of  the  impeller  characteristic  and  therefore  the  stability 
of  the  whole  stage  would  be  affected  by  the  back-sweep  of  the  impeller. 

Author’s  Reply 

There  were  impellers  winch  were  both  radial  and  back-swept  in  the  correlation.  In  fact  a  further  correlation  was 
attempted  in  which  the  authors  tried  to  take  account  of  the  varying  degrees  of  back-sweep  and  hence  work  factor 
on  the  stability  of  the  stages.  No  satisfactory  correlation  was  obtained  using  this  simple  idea,  however. 


I 
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A  PROCEDURE  FOR  THE  COMPUTER-AIDED  CONSTRUCTION  OF 
RADIAL  COMPRESSOR  IMPELLERS  WITH  HIGH  FLOW  COEFFICIENT 


Prof.  Dr.-Ing.  W.  Fister/Dr .-Ing.  J.  Eikelmann 

Lehrstuhl  ftlr  Fluidenergiemaschinen 
der  Ruhr-Universitat  Bochum 

D-4630  Bochum,  Universitatsstrafle 
Germany 


SUMMARY 

A  computer-aided  procedure  for  the  construction  of  radial  compressor  impellers  with 
high  flow-coefficient  is  presented.  The  procedure  consists  of  an  iterative  succession 
of  constructional  design,  recomputation  of  fluid-flow-mechanical  characteristics  and 
specific  geometrical  correction  based  upon  the  given  criteria.  The  significance  of  the 
computational  procedures  and  criteria  used  is  verified  on  the  basis  of  the  operating 
behaviour  of  two  compressor  stages. 


1.  INTRODUCTION 

The  flow-adequate  construction  of  an  impeller  is  an  iterative  process,  which 
essentially  comprises  the  generation  of  the  geometrical  design,  the  recomputation  of 
fluid-flow-mechanical  characteristics,  and  possibly  necessary  geometrical  corrections 
bases  upon  the  given  flow-criteria.  The  relatively  complex  generation  and  description 
of  the  geometrical  design  of  radial  compressor  impellers  with  spatially  twisted  blades 
(fig.  1),  together  with  an  appropriate  flow  computation  (e.g.  three-dimensional  or 
quasi-three-dimensional  method)  require  the  employment  of  a  high-performance  computer. 
The  abovementioned  flow-computational  procedures  require  relatively  long  computing 
times,  and,  at  the  same  time,  high  memory  capacity,  using  presently  available  computers. 
It  is  therefore  economically  advisable  to  pre-optimize ,  as  far  as  possible,  the  basic 
geometrical  design  of  the  impeller,  as  regards  flow  characteristics,  according  to 
simplified  procedures  and  criteria,  and  to  use  the  more  sophisticated  flow-computation 
only  for  the  final  assessment. 

In  the  following,  the  process  of  pre-optimization  is  described. 

2.  GENERATION  OF  THE  BASIC  GEOMETRICAL  DESIGN 

The  form-determining  impeller  dimensions  are  calculated  using  the  proven  methods  of 
one-dimensional  theory  and  simplified  formulations  of  potential  theory.  This  applies 
basically  to  the  rated  dimension  of  the  impeller  inlet.  When  chaping  the  channel  walls, 
attention  is  paid  to  the  smoothness  of  the  surfaces  -  in  mathematical  terms  -  and  the 
lowest  possible  curvature. 


In  the  respect  there  are  virtually  no  problems  in  the  design  of  the  surfaces  of 
revolution  of  hub  and  shroud.  It  is  considerably  more  difficult  to  comply  with  the  two 
criteria  in  the  construction  of  twisted  blade  surfaces.  A  combined  procedure  is  applied 
which  first  ensures  low  curvatures  at  the  blade  edges,  and  second  leads  to  a  smooth 
blade  surface  through  appropriate  surface  interpolation. 

To  generate  the  blade  edge  curves  a  procedure  is  chosen,  in  which  the  orthogonal 
axisymmetric  networks  covering  the  surfaces  of  revolution  of  hub  and  shroud  are 
projected  conformally  onto  a  plane  quadratic  network  (fig.  2). 

Proceding  from  the  predetermined  geometry  of  the  impeller  inlet  and  outlet,  the 
blade  edge  curves  on  the  hub  and  shroud  are  designed  as  continuously  bent  curves  in  the 
projection  plane  (fig.  3) .  This  is  achieved  in  the  computer-aided  construction  process 
through  the  assumption  of  elliptical,  parabolic  or  hyperbolic  functions.  The  plane  edge 
curves  thus  produced  are  then  conformally  projected  onto  the  surfaces  of  revolution  of 
hub  and  shroud,  according  to  the  relevant  projection  rule. 

Fig.  4  shows  the  edge  contours  in  axially  normal  projection. 

The  blade  surface  between  the  edges  is  designed  according  to  COONS'  surface  inter¬ 
polation.  To  this  end  the  generated  edge  curves  are  approximated  by  cubic  polynomials 
either  in  total  or  in  steps.  The  description  of  the  nodal  points  in  parametric  represen¬ 
tation  results  from  COONS'  [2]  interpolation  formula,  according  to  fig.  5,  the  weight 
functions  FQ  and  F1  also  being  assumed  as  cubic  polynomials.  Thus  a  bicubic  blade 
surface  is  generated. 

3.  PRE-OPTIMIZATION  OF  THE  BASIC  GEOMETRICAL  DESIGN  USING  SIMPLIFIED  METHODS 

The  generated  impeller  channels  are  first  evaluated  according  to  the  channel  cross- 
section  pattern  between  inlet  and  outlet.  This  pattern  is  to  be  as  continuous  as 
possible  and  to  have  at  most  one  extreme  value. 

Taking  into  account  the  blade  thickness  a  contour-adapted  spatial  network  is 
generated  from  the  point-by-point  description  of  the  generated  channel  surfaces  (fig.  6). 
If  in  this  difference-geometrical  procedure  the  mesh  width  in  normal  flow  direction  is 
chosen  sufficiently  small,  the  surface  elements  can  be  treated  as  trapezoids.  The 
respective  channel  cross  section  is  obtained  through  summation  over  the  cross  section 
elements. 
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For  further  assessment  of  the  geometry  the  approximative  distribution  of  relative 
velocity  on  the  middle  stream  surface  of  the  first  kind  is  examined.  For  this  purpose  a 
simplified  two-dimensional  approximation  method  of  STANITZ  and  PRIAN  [5]  is  used  in  a 
modified  form.  In  contrast  to  the  original  method  the  calculation  is  not  carried  out  in 
the  axisymmetric  coordinate  system,  but  is  based  upon  the  contour-adapted  network  in 
the  impeller  channel  generated  for  the  calculation  of  the  cross  section.  The  calculated 
behaviours  of  relative  velocity  along  the  channel  walls  and  in  the  middle  of  the  channel 
are  to  be  as  continuous  as  possible  and  to  have  at  most  one  extreme  value.  Moreover, 
theoretically  occurring  back  flow  areas  of  the  impeller  channel  are  to  be  avoided. 

Fig.  7  shows  a  comparison  of  the  distributions  of  relative  velocity  according  to  the 
two-dimensional  approximation  method  with  those  according  to  the  quasi-three-dimensional 
difference  method. 

After  pre-optimization  the  impeller  geometry  is  finally  assessed  on  the  basis  of  a 
more  significant  computation  of  flow  characteristics.  To  this  end  a  quasi  three-dimen¬ 
sional  difference  method  is  used  at  present.  It  is  possible  to  exchange  this  method 
for  a  more  suitable  one  without  any  problems . 

The  finally  determined  impeller  geometry  is  prepared  for  the  subsequent  NC-manufac- 
ture  of  the  impeller.  Computer-aided  construction  and  NC-manufacture  guarantee  a  high 
degree  of  identity  of  the  theoretically  determined  with  the  manufactured  impeller 
geometry.  Fig.  8  shows  a  flow-chart  of  the  whole  construction  process. 

4.  TESTING  THE  CONSTRUCTION  PROCEDURE 

The  construction  procedure  and  the  calculation  procedures  and  criteria  comprised 
are  tested  with  two  impellers  which  have  been  designed  with  the  aid  of  a  computer, 
manufactured,  and  experimentally  examined.  The  impellers  shown  in  fig.  1  are  designed 
for  different  speed  coefficients  Mau  and  flow  coefficients  ip.  Characteristic  values 
are  as  follows: 

Impeller  1 :  V  =  0,10;  Mau  =  0,91;  D2  =  200  mm  and  =  90° 

Impeller  2:  v  =  0,17;  mau  =  1,05;  D2  =  250  mm  and  SJ  =  70° 

Both  impellers  are  examined  in  vaneless  diffusers  (D4/D2  =  2.0).  The  design  of  the 
impeller  outlet  width  b2  and  the  appropriate  meridian  contours  are  based,  among  other 
things,  on  the  criterion  that  in  specified  operation  back  flow  areas  on  the  pressure 
side  are  to  be  avoided.  In  order  to  check  the  significance  of  this  criterion,  the 
meridian  contour  of  impeller  1  was  first  adjusted  to  an  oversized  outlet  width 
b2  =  17,5  mm.  According  to  fig.  9  this  contour  was  reduced  on  the  lathe  in  several 
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steps  to  the  calculated  most  advantageous  outlet  width  b2  =  10  mm,  and  each  time  exami¬ 
ned  on  the  test  stand. 

Fig.  10  shows  the  calculated  cross  section  patterns  of  the  channel  and  the  appro¬ 
priate  distributions  of  relative  velocity  on  the  stream  surface  of  the  first  kind.  All 
patterns  shown  are  continuous  as  defined  by  the  assumption.  The  back  flow  areas  at  the 
outlet  of  impeller  1  with  outlet  widths  b2  >  10  mm  are  remarkable. 

The  appropriate  characteristic  curves  of  efficiency,  which  are  found  experimentally, 
are  shown  in  fig.  11.  In  this  representation  the  instabilities  of  the  characteristic 
curves  with  an  outlet  width  of  >  10  mm  under  partial  performance  load  are  conspicuous. 

These  phenomena  correspond  with  the  occurrence  of  the  calculated  pressure  side  back 
flow  areas  at  the  appropriate  outlet  widths. 

The  measured  dependence  of  the  stage  efficiency  on  the  impeller  outlet  width  is 
shown  in  fig.  12.  According  to  this  the  maximum  efficiency  of  impeller  1  is  achieved 
with  an  outlet  width  b2  =  11.7  mm,  whereas  the  stability  of  the  characteristic  curve 
over  the  entire  operating  range  is  only  achieved  with  an  outlet  width  b2  =  10.0  mm. 

In  the  technical  literature  a  design  criterion  is  sometimes  recommended,  according 
to  which  the  velocity  ratio  of  the  average  relative  velocity  is  to  be  «2/w1  £  0.7. 
According  to  this  an  outlet  width  b2  £  10.5  mm  was  calculated  for  impeller  1. 

Impeller  2  was  directly  manufactured  with  the  geometry  that  had  been  found  advant¬ 
ageous.  In  this  case  the  impeller  outlet  width  is  b2  =  25  mm.  The  calculated  patterns 
of  the  channel  cross  section  and  of  the  relative  velocities  on  the  stream  surface  of 
the  first  kind  are  presented  in  fig.  13.  For  comparison  purposes  the  corresponding 
patterns  are  also  presented,  which  result  from  a  meridian  contour  of  the  impeller  with 
an  outlet  width  b2  =  30  mm.  It  can  be  observed  that,  in  the  latter  case,  back  flow 
occurs  on  the  pressure  side,  which  is  avoided  by  computation  with  an  outlet  width 
b2  =  25  mm.  In  all  other  cases  the  patterns  comply  with  the  assumed  criteria.  The 

stage's  characteristic  curve  which  was  measured  on  the  test  stand  (fig.  14)  does  not 
show  any  discontinuity. 

Finally  it  should  be  emphasized  that  the  presented,  computer-aided  construction 
procedure  is  merely  to  be  a  means  of  checking  calculation  methods  and  of  finding  design 
criteria  through  specific  studies  of  parameters.  In  this  context  it  is  of  special 
importance  that  during  the  construction  process  the  generated  impeller  geometries  are 
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described  in  a  numerically  unambiguous  way,  and  that  in  the  subsequent  NC-manufacture  a 
high  geometric  accuracy  is  observed,  so  that  the  influence  of  particular  modified  geo¬ 
metry  parameters  on  the  behaviour  of  the  impeller  becomes  recognizable. 
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Fig.  7:  Comparison  of  calculated 
revative  velocity  curves 


— Fig.  6:  Contur-adapted  network 


two- dimensional  approximation  method 


Fig.  8:  Flow  diagram  of  the  impeller 
design 
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Fig.  13:  Behaviour  of  cross  section  area 
and  relative  velocities 
(impeller  2) 
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DISCUSSION 


W.Jansen,  Northern  Research  and  Engineering  Corporation,  US 

In  the  analysis  the  authors  have  not  included  the  Kutta-Joukowski  condition  at  the  trailing  edge.  If  this  were  done 
none  of  the  velocities  near  the  trailing  edge  at  the  pressure  surface  would  have  been  negative  and  much  of  the 
reasoning  of  the  paper  would  be  eliminated. 

Author's  Reply 

The  Kutta-Joukowski-condition  is  indirectly  included  by  means  of  the  assumption  of  the  flow  direction  at  the 
trailing  edge.  The  represented  distributions  of  velocities  are  finished  at  last  normal-cross-section  of  the  channel  such 
as  the  trailing  edges  are  not  included. 

The  occurrence  of  theoretical  back  flow  areas  at  the  pressure  side  based  primarily  upon  the  assumption  of  the  non- 
viscous  channel-flow. 


l.H.Skoe,  Kongsberg  Vaapenfabrik,  No 

Could  the  authors  give  absolute  numbers  for  the  efficiencies  presented  in  Figures  1 1  and  1 7. 

Author’s  Reply 

The  polytropic  total  efficiency  of  the  stage  1  (Impeller  1  combined  with  a  vaneless  diffuser)  was  measured  as  0.76 
and  that  of  the  impeller  was  0.84.  The  polytropic  total  efficiency  of  the  stage  2  (Impeller  2  combined  with  a  vane¬ 
less  diffuser)  was  measured  as  0.86  and  that  of  the  impeller  was  0.91 . 


P.M.Came,  NGTE,  UK 

Could  the  authors  please  explain  why  they  selected  the  bi-cubic  patch  for  the  representation  of  the  impeller  surface 
geometry.  Would  not  a  cubic-linear  patch  have  made  the  task  of  numerical  control  manufacture  with  a  straight-sided 
cutter  a  possibility? 

Author’s  Reply 

Bi-cubic  patches  guarantee  a  sufficient  approximate  description  of  universal  twisted  blades.  In  the  special  case  of 
blades  with  developable  surfaces,  the  mathematical  description  is  reduced  to  linear-cubic  patches.  This  case  is  given 
at  the  impeller  1 . 


Y.Ribaud,  ONERA,  Fr 

What  was  the  pressure  ratio  of  the  compressor  described? 

Author’s  Reply 

The  pressure  ratio  of  the  stage  1  was  measured  as  2.0.  The  one  of  stage  2  was  measured  as  2.4. 
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SOMMAIRE 

Presentation  d'un  compresseur  centrifuge  experimental  h  aubes  couch£es  en  arrifcre  dont  la 
geometrie  est  con<jue  de  fagon  A  eliminer  les  contraintes  de  flexion  dues  &  la  force  centrifuge.  Ce 
compresseur  a  ete  experimente  dans  une  boucle  a  fr£on.  Une  analyse  theorique  des  resultats  exp^rimentaux 
a  permis  de  definir  une  version  amelioree  de  la  machine.  Ce  compresseur  semble  bien  convenir  A  une 
structure  multicellulaire  et  donne  dans  cette  configuration  un  taux  de  compression  d'6tage  de  4,8  avec  un 
rendement  polytropique  de  0,83.  Dans  une  version  sans  canal  de  retour  le  taux  de  compression  est  de  5,3 
avec  un  rendement  de  0,85. 


SUMMARY 


A  centrifugal  compressor  with  backward  leaned  blades  is  presented.  The  geometry  of  the 
compressor  is  designed  in  such  a  way  as  to  eliminate  the  bending  stresses  due  to  centrifugal  forces.  The 
compressor  has  been  tested  in  a  Freon  loop.  Due  to  a  theoretical  analysis  of  the  test  results,  an 
improved  version  of  the  compressor  has  been  designed.  This  compressor  seems  well  suited  for  a  multistage 
configuration  and  shows  a  pressure  ratio  of  4.8  with  a  polytropic  efficiency  of  0.83.  In  a  single  stage 
configuration,  without  the  return  duct,  its  pressure  ratio  is  5.3  with  an  efficiency  of  0.85. 


NOTATIONS 


Clo,  vitesse  du  son  locale 

Jlx  ,  largeur  ou  hauteur  de  veine 

D  »  diametre 

1  ,  debit-masse 

M  ,  nombre  de  Mach 

N  ,  vitesse  de  rotation  de  la  roue  mobile 
^ j  ,  pression  statique 
P  ,  pression  d' arret 

Q^,  debit  masse  dans  les  conditions  standard 
T  »  temperature 

Alzt  vitesse  peripherique  A  l'exterieur  de  la  roue 
W  »  puissance 

y  ,  rapport  des  chaleurs  specif iques  a  pression  et  volume  constants 

y  ,  rendement 

TT  ♦  taux  de  compression. 

INDICES 

—  ,  valeur  moyenne 
O  »  conditions  generatrices  amont 
A  f  entree  roue 

2  »  sortie  roue 

3  ,  entree  diffuseur 
4-  »  sortie  diffuseur 
5 ,  sortie  etage 

p  ,  polytropique 


1  -  INTRODUCTION 


1.1  -  Les  compresseurs  h  aubages  radiaux  caract£ris£s  par  les  aspects  suivants  : 

-  Les  aubages  A  la  sortie  sont  radiaux  ;  ils  donnent  a  l’ecoulement  un  angle  de  sortie  tr£s  grand,  6gal  A 
90°  moins  l'£cart  flux  profil. 

-  La  roue  est  generalement  composee  de  deux  parties  ;  une  avant-roue  de  forme  hSlicoidale  qui  se  raccorde 
sur  la  roue  radiale  proprement  dite. 

-II  n'exlste  pas  dans  un  compresseur  radial  de  contraintes  de  flexion  centrifuges  dans  les  ailes  ;  en 
effet,  tous  les  efforts  se  trouvent  alignes  sur  un  meme  rayon.  Cette  particularity  autorise  des 
vitcsses  peripher iques  elevees,  de  l'ordre  de  U  ^ =  550  m/s. 

-  Le  coefficient  manometrique  utile  est  important,  de  l’ordre  de  0,7,  ce  qui  signifie  qu'une  quantity 
proport ionnel le  a  0,7  ajl\  peut  etre  effect ' vement  transformye  en  pression. 

-  Des  deux  derniers  caracteres  qui  viennent  d'etre  cites,  il  rysulte  que  ce  type  de  compresseur  est 
cF.oable  de  rapports  de  pression  trys  eleves  par  ytage,  disons  de  l'ordre  de  6  a  7  en  air  et  10  ou  plus 
avec  des  gaz  lourds. 

-  En  contrepartie  des  avantages  qui  viennent  d'etre  exposes,  le  compresseur  radial  prSsente  deux  gros 
inconvenients  ;  d'une  part,  il  atteint  son  rendement  maximal  a  proximity  immediate  du  pompage,  d'autre 
part,  il  se  prete  mal  a  un  montage  multicellulaire. 


Ce  travail  a  ete  effectue  sous  contrat  DGRST. 


-  Les  aubages  a  la  sortie  de  la  roue  sont  inclines  ;  ils  forment  avec  la  direction  d ' entrainement  un 
angle  variant  de  25  a  60°  environ  et  la  roue  est  ordinairement  realisee  en  une  seule  partie  sans 
element  d' entree. 

-  La  roue,  qu'elle  soit  realisee  avec  ou  sans  frette  avant,  supporte  des  contraintes  de  flexion  impor- 
tantes  dans  les  ailes  et,  pour  cette  raison,  la  vitesse  peripherique  est  limitee  a  des  valeurs  de 
l'ordre  de/U.*  =  320  m/s. 

-  Le  coefficient  manometrique  a  une  valeur  moyenne  de  l'ordre  de  0,5,  ce  qui  signifie  qu'une  quantite 
proportionnelle  a  0,5  ajl\  peut  etre  effectivement  transformee  en  pression. 

Par  1' influence  combinee  des  coefficients  manometriques  et  des  vitesses  peripheriques  une  roue  a  ailes 
en  arriere  classique  est  capable  de  fournir  approximativement  le  quart  du  travail  utile  delivre  par  une 
roue  radiale. 

-  En  contrepartie ,  le  compresseur  a  ailes  en  arriere  off re  une  courbe  de  fonctionnement  extremement  favo¬ 
rable,  avec  un  d6bit  au  pompage  qui  est  sensiblement  0,6  fois  le  debit  optimum.  Ce  type  de  compresseur 
se  prete  egalement  bien  au  montage  multicellulaire,  et  cet  avantage  est  tel  qu'il  est  pratiquement 
beaucoup  plus  repandu  et  utilise  que  le  compresseur  radial,  au  moins  dans  le  domaine  industriel. 

La  figure  2  represente  un  tel  type  de  machine. 


Fig.  2  —  Compresseur  d  ailes  en  arriere,  classique. 


2  -  COMPRESSEUR  AYANT  FAIT  L'OBJET  DE  NOS  TRAVAUX 

L'objectif  que  nous  avons  poursuivi  a  consiste  a  concevoir  et  mettre  au  point  un  compresseur 
centrifuge  ou  leg^rement  h£lico-centrifuge  se  rattachant  aux  compresseurs  h  ailes  en  arriere  du  point  de 
vue  de  1 ' a&rodynamique  et  aux  compresseurs  radiaux  du  point  de  vue  des  contraintes  mecaniques  de  flexion. 

Le  compresseur  que  nous  avons  6tudie  se  caract6rise  done  par  les  aspects  suivants  : 

-  C'est  un  compresseur  exempt  de  flexion  centrifuge  dans  les  aubages  et  capable  sensiblement  des  m@mes 
vitesses  p6riph6riques  que  le  compresseur  radial. 

-  Par  suite  de  son  dessin  tr&s  particulier  d§crit  plus  loin,  ce  compresseur  prSsente  un  angle  de  sortie 
des  aubes  de  66®  par  rapport  h  la  direction  d ' entrainement. 

-  Les  courbes  de  fonctionnement  sont  interm6diaires  entre  celles  d'un  compresseur  &  ailes  en  arridre  et 
cel les  d'un  compresseur  radial,  le  niveau  de  rendement  obtenu  en  fin  de  recherche  6tant  cependant 
sup4rieur  h  celui  des  deux  types  de  machines  auxquels  nous  nous  r6f6rons. 
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ta  description  de  notre  compresseur  est  faite  it  partir  des  figures  3a  et  3b. 


On  peut  voir  sur  la  figure  3a  que  la  veine  est  16g£rement  h£lico-centrifuge  puisque  le  fluide 
quitte  la  roue  non  pas  dans  un  plan  perpendiculaire  it  l1 axe  mais  sur  un  cone  de  demi-angle  au  centre  4gal 
&  66°.  D'autre  part,  dans  la  partie  droite  de  cette  meme  figure  3a,  il  apparatt  que  les  aubages  sont 
inclines  d' environ  45°  par  rapport  au  plan  arri&re  de  la  roue. 

En  se  reportant  maintenant  &  la  fois  aux  figures  3a  et  3b,  on  peut  voir  que  les  ailes  sont 
engendrees  par  des  droites  telles  que  BB70  orthogonales  4  l'axe  de  rotation  de  la  roue  et  assurent 
1'alignement  sur  l'axe  de  la  matiere  qui  constitue  les  ailes,  eliminant  ainsi  les  contraintes  de  flexion 
centrifuge.  La  direction  de  1 'ecoulement  projetee  sur  le  plan  arriere  de  la  roue  est  celle  de  1' element 
B’  A  qui  fait,  dans  notre  exemple,  un  angle  de  24°  avec  la  direction  rayonnante. 

La  figure  3c  presente  une  vue  en  perspective  de  la  roue  r£alis$e  selon  les  principes  qui 
viennent  d'etre  exposes. 


3  -  PREMIER  COMPRESSEUR  EXPERIMENTAL 
3.1  -  Description 

Un  premier  compresseur  experimental  fut  dessin6  pour  les  conditions  de  calcul  suivantes  : 


-  Fluide  vehicu!4 

Air 

-  Rapport  de  pression  nominal 

TT 

5,0 

-  Pression  d'aspiration 

Po 

1,013 

bar 

-  Temperature  d'aspiration 

r  \Zto/2VS  _ 
w  p°/a,oas_ 

15 

»c 

-  DSbit  rdduit 

-  Puissance  absorbge 

6,3 

1  340 

kg/s 

kW 

174 


-  Vitesse  de  rotation  N 

-  Nombre  de  Mach  relatif  A  1'entrAe  de 

la  roue  sur  diamAtre  supArieur  Mo 

-  Valeur  du  rapport  Mt/CL0 

-  DiamAtre  de  sortie  D ^ 


22  000  t/mn 

0,97 

1,52 

450  mm 


Les  principales  dimensions  de  la  roue  sont  donnAes  par  le  schema  de  la  figure  n"  4.  La  roue 
comporte  24  ailes  dans  la  zone  de  sortie  de  l'Acoulement  et  12  ailes  seulement  dans  la  zone  d'entrAe.  La 
cellule  d'essai  est  AquipAe,  en  outre,  d'un  diffuseur  ailetA  et  d'un  canal  de  retour  de  telle  sorte  que 
1 'experimentation  puisse  Atre  representative  d'un  etage  de  compresseur  multicellulaire. 


Fig.  4  -  Premiere  version  de  la  roue  mobile. 


La  figure  n“  5  presente  le  diffuseur.  Celui-ci  est  caracteris6  par  les  grandeurs  ci-aprAs  : 


-  Nombre  de  canaux  .  21 

-  Rapport  hauteur  sur  col  . . . .  1,26 

-  Rapport  des  sections  entree  sortie  . . .  2,9 

-  Rapport  des  diametres  exterieur,  inter ieur  .  1,43 

-  Angle  de  divergence  moyen  .  7° 

-  Rapport  longueur  moyenne  sur  col  d'entrAe  .  15,7 

-  Nombre  de  Mach  A  1'entrAe  du  diffuseur  (en  air)  .  1,0 


Diffuseur  de  hauteur  constante  (A  faces  parall&leB). 

Le  trace  de  ce  diffuseur  et  en  particulier  la  divergence  avaient  6te  determines  en  s'appuyant 
sur  les  travaux  de  Dean  et  Runstadler  qui  permettaient  de  prAvoir  un  coefficient  de  recuperation  de  0,69 
A  0,70.  Nous  ne  dAcrirons  pas  le  canal  de  retour  qui  est  un  organe  classique  qui  ne  presente  aucune  parti- 
cularite  notable.  La  cellule  d'essais  complete  est  prAsent6e  figure  n"  6.  Sur  cette  figure,  on  peut  voir 
la  roue  repAre  1,  le  diffuseur  repAre  2,  le  canal  de  retour  repAre  3. 


3.2  -  Essais 


Pour  des  raisons  pratiques  concernant  les  moyens  d' essais,  la  roue  ne  fut  pas  essay6e  en  air 
mais  au  refrigerant  12,  sur  une  boucle  ferm^e  dont  dispose  l'ONERA  k  Palaiseau  [lj. 


L'essai  iuc  *:  dans  les  conditions  de  similitude  qui  conservaient  le  rapport  Aii/cXo  k  sa 

valeur  nominale  de  1,52. 


On  sait  que  lor  r  changement  de  gaz,  si  la  valeur  de  y  =  Cp/Cv  n'est  pas  conserv6e,  il 
n'existe  pas  de  rkgle  de  similitude  qui  per  mette  de  conserver  en  tout  point  les  principales  grandeurs 
aSrodynamiques  du  compresseur. 


Le  tableau  ci-dessous  fait  la  comparaison  des  conditions  de  dessin  et  des  conditions  d'essai  du 
compresseur. 


Comparaison  au  point  nominal 

Air 

y  -  v-4  -  -  - 

Refrigerant  12 
/  =  1,13 

0 

C\J 

3 

1,52 

1,52 

N  t/mn 

22  000 

9  700 

TT  rapport  de  pression 

5,0 

4,75 

Mach  entr6e  diffuseur 

1,0 

1,13 

Invariant  de  debit  I  -^~T° 

6,3 

12,4 

On  remarque  que  le  nombre  de  Mach  a  1 'entree  du  diffuseur  se  trouve  augmente  notablement  dans 
l'essai  au  refrigerant  12. 


Les  resultats  les  plus  representatifs  obtenus  avec  ce  premier  compresseur  experimental  sont 
pr6sentes  par  les  courbes  de  la  figure  n°  7. 


Fig.  7  -  Premier  compresseur  experimental. 


On  peut  voir  sur  cette  figure  que  le  point  nominal  escompte,  correspondent  k  un  rapport  de 
pression  de  4,75,  est  obtenu  pour  une  vitesse  de  rotation  un  peu  inf6rieure  k  la  vitesse  nominale  et  que 
le  rendement  polytropique  mesure  en  ce  point  est  de  0,785  soit  une  valeur  d6j&  interessante  pour  une 
premiere  tentative.  N6anmoins,  d'assez  nombreuses  imperfections  furent  constat£es  sur  ce  premier  module 
de  compresseur,  imperfections  qui  ont  justifi£  la  realisation  d'un  second  module. 

3.3  -  Imperfections  constatees  sur  le  premier  compresseur  experimental 

Ces  imperfections  peuvent  $tre  regroupees  en  quatre  postes  principaux  : 

-  Evolution  anormale  des  pressions  mesurees  sur  le  carter  avant  de  la  roue  du  compresseur.  La  figure  n*  8 
presente  la  distribution  des  pressions  mesurees  sur  le  flasque  avant  de  la  roue  pour  les  points  de 
fonctionnement  optima  k  differentes  vitesses  de  rotation.  Sur  cette  figure,  on  peut  voir  qu'A  la 
vitesse  nominale,  on  assiste  k  une  chute  de  presBion  sensible  k  1' entree  de  la  roue,  la  pression 
statique  ne  retrouvant  le  niveau  au  bord  d'attaque  qu'apr£s  un  parcours  correspondent  au  tiers  de  la 
longueur  de  la  roue.  Le  ph£nom£ne  se  trouve  encore  accentue  lorsque  la  vitesse  de  rotation  augmente. 


m 


'fevfJdgj; 
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-  Distribution  de  pression  anormale  A  la  sortie  d*  ia  roue.  Dans  cette  zone,  la  pression  statique 
constat6e  sur  le  filet  ext6rieur  est  plus  faible  que  sur  le  filet  int^rieur.  Au  point  nominal,  il  a  6t6 
mesur£  un  rapport  ext£rieure//fv/ interieure  =  0,92,  ce  qui  repr£sente  une  dissym6trie  importante. 

-  En  se  reportant  A  la  figure  n°  9,  on  peut.  voir  que  1 'augmentation  de  pression  se  fait  totalement  dans 
la  partie  d’ entree  du  diffuseur,  les  sections  arri&res  sont  inactives,  la  pression  statique  y  est 
constante.  Le  rel^vement  du  nombre  de  Mach  h  1' entree  du  diffuseur,  li6  6  1 'utilisation  du  refrigerant 
12  comme  fluide  d'essai,  explique  au  moins  en  partie  la  compression  localis6e  que  nous  avons  constatee. 

-  Facteur  de  glissement  plus  faible  que  celui  que  nous  avions  escompt6  par  le  calcul. 


Fig.  8  —  Distribution  des  pressions  mesur6es 
sur  le  flasque  avant  de  ia  roue. 


p  LOCALE 

p  ENTREE  DIFFUSEUR 


Fig.  9  -  Repartition  de  la  pression  statique  dans 
le  diffuseur. 


4  -  SECOND  COMPRESSEUR  EXPERIMENTAL 


4.1  -  Description  et  differences  avec  le  premier  module 

Nous  avons  cherche,  pcur  ce  second  compresseur,  A  effacer  ou  du  moins  att6nuer  au  maximum  les 
defauts  constates  sur  le  modele  precedent.  Pour  ce  faire,  les  dispositions  suivantes  ont  StS  prises  : 


-  Calcul  de  la  roue  pour  un  fonctionnement  au  refrigerant  12 

Pour  6viter  les  ecarts  qui  s6parent  le  fonctionnement  du  compresseur  en  air  du  fonctionnement  au  refri¬ 
gerant  12,  le  nouveau  compresseur  a  6t6  calcule  directement  pour  un  fonctionnement  au  R  12.  De  cette 
fagon,  les  conditions  de  calcul  correspondent  pr6cis6ment  A  celles  que  l'on  rencontre  en  essai. 


Point  de  calcul  correspondent  aux  conditions  de  la  boucle  d'essai 

-  Fluide  vehicule 

-  Rapport  de  pression 

-  Pression  d' aspiration 

-  Temperature  d* aspiration 

-  Debit  r£duit 

-  Vitesse  de  rotation 

-  Nombre  de  Mach  relatif  A  l'entr€e  de  la  roue  A  la  pointe 

-  Valeur  du  rapport  Ui/ao  (au  diamdtre  moyen  de  sortie) 

-  Diamdtre  de  sortie  moyen 


Refrigerant  12 

rr 

Po 

tv/To/29^ 

Mo 

D* 


4,75 

1,013  bar 
20  °C 

13  kg/s 

10  000  t/mn 

1,022 
1,53 

440  mm 


-  Deasln  de  la  roue  profondement  modifie 


A  l'entrAe  de  la  roue,  la  divergence  des  canaux  a  6te  augments  pour  eviter  la  depression  pr£c6demment 
constatee  k  l'ouie.  II  convient  de  noter  ici  que  l'Scoulement  k  1' entree  de  la  roue  est  transsonique, 
voire  legdrement  supersonique,  et  qu'une  modification  mgme  legJre  des  angles  et  des  sections  conduit  k 
une  transformation  importante  des  lois  de  vitesse  et  de  pression.  On  s’est  appuye  pour  affiner  le 
dessin  de  la  machine,  d'une  part  sur  un  programme  de  calcul  ONERA  ^2}  permettant  de  connattre 
l'Scoulement  moyen  (correspondent  k  un  nombre  d'aubes  infini)  et,  d'autre  part,  sur  le  programme  de 
KATZANIS  pour  la  determination  de  la  distribution  de  vitesse  d'aube  k  aube. 


Au  refoulement,  les  ailes  de  la  roue  ont  Ate  prolong£es  sur  le  contour  extSrieur  de  telle  fagon  que  la 
sortie  se  trouve  maintenant  perpendiculaire  A  la  miridienne  de  la  veine. 


La  nouvelle  g£ometrie  de  la  roue  se  trouve  dAfinie  par  la  figure  n’  10.  Comme  pr§c6demment,  le  nombre 
d'ailes  est  rSduit  de  24  k  12  dans  la  section  d'entrSe. 


Les  mesures  internes  au  compresseur  ont  dfimontrS  la  superiority  du  nouveau  trace.  La  chute  de  pression 
statique  k  1 'entree  de  la  roue  a  disparu  et  les  pressions  sont  maintenant  pratiquement  equilibrees 
entre  le  filet  interieur  et  le  filet  exterieur  k  la  sortie  de  la  roue. 
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-  Diffuseur  de  section  tres  peu  evolutive  dans  la  region  du  col 

Four  eviter  une  remontee  de  pression  local isee  comparable  a  celle  que  nous  avions  constatee  sur  le 
modele  precedent,  une  Evolution  de  section  tres  progressive  dans  la  zone  d' entree  a  ete  adoptee.  Les 
valeurs  ci-aprAs  caracterisent  le  nouveau  diffuseur  : 


-  Nombre  de  canaux  .  21 

-  Rapport  hauteur  sur  col  .  1,06 

-  Rapport  des  sections  entree  sortie  .  2,54 

-  Rapport  des  diamdtres  exterieur  interieur  . .  1,43 

-  Angle  de  divergence  moyen  .  7° 

-  Angle  de  divergence  local  au  col  . ,  2,5° 

-  Rapport  longueur  moyenne  sur  col  d' entree  .  14,25 

-  Mach  A  1' entree  du  diffuseur  .  1,08 

-  Divergence  sur  la  vue  mSridienne  .  1,085 


Sur  la  figure  n°  11,  d'origine  experimentale,  on  peut  voir  les  consequences  de  la  modification  du 
dessin  pour  un  fonctionnement  au  point  nominal. 

Sur  le  nouveau  diffuseur,  le  gradient  de  pression  au  col  est  attAnuA  avec  pour  consequences  une  plus 
grande  stability  des  couches  limites  et  une  remontee  de  pression  qui  s’etend  a  1' ensemble  du  diffuseur, 
avec  des  sections  arrieres  encore  actives  malgre  le  rapport  de  diffusion  important.  On  remarquera 
tga^nent  que  le  rapport  de  pression  utile  dans  le  nouveau  diffuseur  est  supArieur  a  celui  du  modele 
pn  Jent,  bien  que  le  Mach  d* entree  ait  ete  reduit  de  1,13  a  1,080,  ce  qui  est  le  signe  d'une 
amelioration  sensible  du  rendement  et  des  performances. 

4.2  -  Variante  avec  diffuseur  lisse 


Nous  avons  jugA  interessant  de  faire  un  essai  avec  diffuseur  lisse,  c’est-A-dire  sans  aubes.  On 
sait,  en  effet,  qu’un  compresseur  AquipA  d'un  diffuseur  lisse  prAsente  A  toutes  les  vitesses  une  plage 
d' operation  plus  favorable  qu'avec  un  diffuseur  ailete. 

Bien  qu'au  point  nominal  de  fonctionnement,  la  version  avec  diffuseur  ailete  bien  adapte  donne 
des  rendements  tres  eieves,  un  compresseur  equipe  de  diffuseur  lisse  peut  offrir,  A  vitesse  reduite,  des 
rendements  egaux  ou  superieurs  A  ceux  obtenus  avec  un  diffuseur  A  ailettes,  et  cette  propriete  peut  Atre 
trAs  interessante  pour  une  utilisation  A  vitesse  variable. 

Par  ailleurs,  les  pertes  d’un  diffuseur  lisse  ont  une  forme  trAs  plate,  par  consequent  le  point 
de  fonctionnement  optimum  du  compresseur  avec  diffuseur  lisse  est  aussi  avec  une  bonne  approximation  le 
point  optimum  de  la  roue  seule,  ce  qui  est  une  information  importante  pour  parfaire,  dans  une  Atape 
ultArieure,  1* adaptation  simultanAe  de  la  roue  avec  un  diffuseur  ailete.  Cette  remarque  permet  de  voir,  A 
partir  des  essais  qui  sont  prAsentAs  figure  n°  12  que  le  diffuseur  ailete  que  nous  avons  essayA  est  un 
peu  trop  fermA  pour  la  roue  et  qu'une  amelioration  probable  pourralt  Stre  obtenue  en  majorant  lAgArement 
sa  section  d'entrAe. 
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Le  diffuseur  lisse  que  nous  avons  experiments  est  caracterise  par  : 

-  un  rapport  diametral  de  1,43 

-  un  pincement  h  1’ entree  Ufo/£t)  =  0,77 

-  un  pincement  sur  la  vue  mSridienne  (b+/JLy)  =  0,715 

4.3  -  Essais  avec  diffuseur  ailete 

Les  essais  ont  encore  ete  effectues  avec  le  refrigerant  12  dans  la  boucie  d' essais  de  1‘ONERA. 

La  figure  n®  13  montre  les  performances  mesurees  a  la  sortie  du  canal  de  retour,  c 1 est-2»-dire 
les  caracteristiques  de  l’ecoulement  3  1’ entree  d'un  eventuel  second  Stage.  On  remarque  que  les 
conditions  nominales  de  fonctionnement  sont  encore  obtenues  pour  une  vitesse  de  rotation  inferieure  a 
celle  prSvue,  mais  avec  un  rendement  polytropique  de  0,83  qui  est  tr£s  elevS  pour  le  taux  de  compression 
recherche.  On  a  ainsi  un  gain  de  rendement  de  4  a  5  points  par  rapport  &  la  premiere  version.  On  remarque 
Sgalement  que  le  domaine  de  fonctionnement  h  rendement  Sieve  est  tres  Stendu  et  que  m@me  aux  vitesses  de 
rotation  proches  de  la  vitesse  nominale  une  marge  en  debit  non  nSgligeable  peut  faciliter  le  couplage  de 
cet  Stage  de  compression  avec  les  autres  Stages. 

La  figure  n°  14  qui  reprSsente  les  performances  mesurees  h  la  sortie  du  diffuseur  ailete,  met 
en  Evidence  les  pertes  importantes  en  pression  et  en  rendement  dues  au  canal  de  retour.  L* optimisation  de 
oe  dernier  n'a  pas  effectuee  et  des  gains  de  performance  peuvent  encore  Stre  escomptes. 
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DeuxiSme  compresseur  experimental. 
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Fig.  14  —  Diffuseur  ailetfc  -  Sortie  diffuseur. 
Deuxteme  compresseur  experimental. 


Par  ailleurs,  utilise  en  etage  isole,  sans  canal  de  retour,  ce  compresseur  peut  fournir  un  taux 
de  compression  TT  =  5,3  au  refrigerant  12  (c*est-a-dire  TT  =5,6  a  l'air)  avec  un  rendement  polytropique 
de  0,85. 


5  -  CONCLUSION 


Les  essais  effectu&s  avec  un  compresseur  centrifuge  a  veine  legerement  helicoidale  et  aubes 
couchees  en  arriere  congues  de  fagon  a  annuler  les  contraintes  de  flexion  centrifuge  ont  mis  en  evidence 
les  performances  elevees  tant  en  taux  de  compression  qu'en  rendement  que  l'on  peut  esperer  d'une  telle 
machine.  L ' optimisation  geometrique  et  a£rodynamique  du  compresseur  n'a  pu  etre  obtenue  que  par  couplage 
d'une  etude  theorique  et  des  resultats  experimentaux.  Les  difficultes  rencontrees  dans  une  premiere  ver¬ 
sion  de  la  machine  ont  pu  ainsi  etre  elimin6es  et  la  variante  actuellement  obtenue  apparait  tres  promet- 
teuse  pour  une  version  multicellulaire  de  compresseurs  centrifuges  de  centrales  frigorifiques  industriel- 
les.  Mais  meme  utilise  en  etage  isole  ou  gave  par  des  compresseurs  axiaux,  ce  compresseur  peut  trouver 
son  emploi  dans  de  nombreuses  applications  industrielles . 
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DISCUSSION 


l.H.Skoe,  Kongsberg  Vaapenfabrik,  No 

We  have  seen  that  total  pressure  deficits  in  the  shroud  region,  caused  by  hub-to-shroud  gradients  in  loss  and  work 
input,  can  be  restored  by  rotor  exit  radius  increase  in  the  direction  of  the  shroud.  Have  you  any  traverse  data  for 
the  rotor  exit  for  the  two  impellers? 

Author’s  Reply 

No,  we  have  not  any  traverse  data  for  the  rotor  exit  flow  for  either  of  the  two  impellers 


Y.Ribaud,  ONHRA,  Fr 

1  would  like  first  to  say  that  Mr  Poulain  is  the  inventor  of  this  type  of  impeller  and  then  to  ask  him  a  question. 

Does  Mr  Poulain  think  that  in  this  type  of  impeller  at  high  pressure  ratio  the  worst  stresses  are  in  the  vanes  or  in  the 
disc?  If  they  are  in  the  vanes  then  perhaps  they  could  be  thickened,  but  what  is  the  advantages  from  the  mechanical 
viewpoint? 

Author's  Reply 

The  high  stresses  are  in  both  blade  and  the  disc.  But  we  have  designed  a  compressor  with  zero  bending  stresses. 

If  it  were  permitted  to  have  bending  stresses  in  the  impeller  vanes  then  even  more  back-sweep  would  be  allowed  and  so 
there  would  still  be  an  advantage  in  this  type  of  design.  However,  in  this  particular  impeller  the  disc  was  designed 
in  an  unsatisfactory  way  because  the  back-flange  was  flat,  but  it  is  to  be  noted  that  we  could  have  achieved  a  high 
rotational  speed  without  the  use  of  titanium;  the  material  used  for  the  impeller  was  steel. 
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Summary 


The  occurrence  of  surge  in  a  compressor  not  only  limits  its  operating  range,  but  it 
may  prevent  the  attainment  of  maximum  efficiency  which  often  lies  at  or  close  to  the  surge 
line.  Much  work  has  been  conducted  lately  to  understand  the  phenomenon  of  surge  with  the 
aim  to  improve  operating  range  and  efficiency.  This  paper  describes  some  positive  aspects 
of  the  effort  that  has  taken  place  at  NREC.  It  follows  the  trends  that  were  successful  in 
previous  investigations  on  both  axial  and  centrifugal  compressors. 


Background 


It  is  generally  acknowledged  that  surge  is  initiated  by  compressor  component  stall. 

In  a  centrifugal,  all  three  components,  the  impeller,  vaneless  diffuser,  and  vaned  dif¬ 
fuser,  will  stall  when  the  flow  is  reduced.  This  component  stall  is  not  a  flow  separation 
along  a  wall  or  blade  surface,  but  a  rotating  stall.  The  phenomenon  of  rotating  stall  is 
often  called  a  flow  instability,  but  it  is  more  correct  to  refer  to  it  as  an  alternative 
mode  of  the  flow  which  satisfies  the  complete  equations  of  motions.  Steady  flow  is  merely 
the  zeroth  mode  of  the  full  unsteady  flow  equations.  In  rotating  stall,  one  or  more  regions 
of  severely  retarded  flow  travel  around  the  circumference  of  the  compressor  at  a  constant 
speed  usually  from  twenty  to  seventy  per  cent  of  the  rotor  speed.  This  phenomenon  lias 
been  investigated  in  detail  over  the  last  twenty-five  years  (Ref  1) ,  and  although  the  flow 
has  large  amplitude  pressure  fluctuations,  linearized  theories  have  provided  reasonable 
understanding  of  the  inception  process.  Tanaka  (Ref  2)  has  applied  non-linear  theory  with 
reasonable  success. 


When  the  steady  flow  suddenly  changes  to  a  rotating  stall  mode,  the  pressure  rise 
through  the  component  drops  considerably;  this  shows  up  as  a  step  change  on  the  performance 
map  (Fig  1).  Surge  analyses  (Ref  3)  show  that  when  such  a  step  chanqe  occurs,  the  compres¬ 
sor  system  consisting  of  inlet  volume,  compressor  stage,  and  discharge  volume  becomes  un¬ 
stable  and  surge  will  take  place  (Fig  1) . 

Figure  2  shows  a  compressor  map  with  the  stalling  lines  of  the  different  components. 
These  stalling  lines  are  nothing  more  than  lines  of  constant  angle  of  stalling  incidence 
(judiciously  decreased  at  high  Mach  number  levels) .  Figure  2  shows  that  surge  at  high 
pressure  ratios  is  generally  caused  by  vaned  diffuser  stall,  at  lower  speeds  (and  high 
specific  speeds)  impeller  stall  occurs  first  and  initiates  stall.  When  no  vaned  diffuser 
is  present,  it  is  often  the  vaneless  diffuser  that  initiates  surge.  At  low  pressure  ratios, 
even  though  the  impeller  stalls,  the  diffuser  may  generate  such  a  pressure  rise  that  no 
net  loss  in  stage  pressure  occurs  and,  therefore,  the  compressor  does  not  surge,  but  oper¬ 
ates  with  a  mild  rotating  stall  in  the  impeller.  In  multistage  centrifugals,  rotatinq  stall 
may  exist  in  one  stage  with  no  compressor  surge. 

An  alternative  theory  originally  suggested  by  Stanitz  (Ref  4)  which  maintains  that  the 
pressure  surface  velocity  should  be  kept  positive  to  prevent  surge  was  tested  by  NACA  (Ref  5). 
However,  these  tests  did  not  corroborate  the  theory,  but  recent  experiments  (Ref  6) ,  similar 
to  those  conducted  by  NACA,  claim  appreciable  surge  improvements. 


Component  Stall 


General 


The  concepts  of  component  stall  in  centrifugals  run  parallel  to  those  used  in  axial 
compressor  technology.  In  fact,  much  of  the  current  work  on  stall  inhibitors  finds  its 
origin  in  axial  compressor  work  (Refs  7  and  8).  In  centrifugals,  the  blades  are  long  in 
chord  and  short  in  height  and,  since  the  experiments  in  axials  have  not  been  conclusive 
in  the  placement  of  comDonent  stall  inhibitors  such  as  wall  treatment,  we  had  to  conduct 
tests  with  inhibitors  at  a  number  of  chord  lengths.  For  example,  Ammann  (Ref  9)  reported 
success  when  Placing  wall  treatment  near  the  impeller  blade  trailing  edges.  Wiggins  (Ref 
10)  was  successful  by  placing  circular  grooves  at  the  inlet  of  the  impeller.  Our  proqrar 
consisted  of  some  thirty  different  treatments  with  configurations  based  on  possible  stall 
inhibiting  characteristics.  Most  of  these  were  unsuccessful  and  their  (mostly  negative) 
results  are  described  in  Reference  11.  The  present  paper  describes  those  stall  inhibitors 
that  give  the  most  improvements. 


Impeller  Wall  Treatment 


There  are  three  types  of  treatment  used  here.  The  case  with  no  treatment  is  denoted 
by  Item  A.  There  are  two  treatments,  B  and  '  ,  near  the  impeller  blade  leading  edge.  One 
of  the  upstream  treatments,  B,  had  circular  grooves  as  shown  in  Figure  3A.  This  would 


accommodate  flow  communication  in  circumferential  directions.  Treatment  C  shows  axial 
grooves,  inclined  at  an  angle,  such  that  radial  flow  with  a  rotational  component  can  easily 
enter  the  grooves  and  communicate  in  axial  directions.  A  last  wall  treatment,  D,  is  lo¬ 
cated  near  eighty  per  cent  chord  length.  This  location  was  selected  to  provide  a  space  to 
alleviate  flow  separation  along  the  blades. 

Vaned  Diffuser 

When  scrutinizing  successful  treatments  in  axial  compressors,  the  conclusion  is  that 
wall  treatment  is  successful  when  a  rotating  cascade  is  moving  by  a  stationary  wall  treat¬ 
ment.  However,  a  vaned  diffuser  is  a  stationary  cascade  and,  in  order  to  achieve  the 
desired  effects,  the  wall  treatment  must  move  with  respect  to  the  vaned  diffuser.  Since  the 
impeller  is  the  only  rotating  part,  the  configuration  becomes  as  shown  in  Figure  4.  Again, 
there  is  the  possibility  of  flow  movement  in  the  meridional  direction  with  the  slots  set  at 
such  an  angle  that  they  can  accommodate  the  entering  flow  with  a  rotational  component.  The 
space  in  the  back  of  the  slots  is  provided  as  a  settling  or  return  channel.  This  is  the 
only  configuration  of  this  type  of  wall  treatment  tried  on  the  vaned  diffuser.  Its  place¬ 
ment  with  respect  to  the  vaned  diffuser  is  similar  to  that  of  the  optimum  impeller  configu¬ 
ration  . 

Test  Compressors 


General 

The  testing  of  the  stall  inhibitors  was  mainly  conducted  on  two  types  of  compressor 
stages.  The  impeller  wall  treatment  was  tested  on  stages  that  produce  a  medium  pressure 
ratio  of  three-to-one  at  the  design  point.  Both  the  impeller  and  diffuser  treatment  were 
applied  to  a  stage  that  produces  a  six-to-one  pressure  ratio.  In  these  high  pressure  ratio 
stages,  the  problem  of  flow  range  and  lack  of  efficiency  is  particularly  severe,  with  the 
additional  problem  that  the  high  efficiency  is  right  at  the  surge  line  and,  therefore,  not 
usab le . 


Medium  Pressure  Ratio  Stage 


The  important  flow  variables  for  this  stage  are  given  in  Table  I .  Its  main  features 
are  a  twenty-five  degree  backslope  design  impeller  of  medium  specific  speed,  with  bladed 
vaned  diffusers.  The  impeller  blade  design  was  carefully  selected  to  produce  acceptable 
blade  surface  velocities  at  the  hub  and  shroud  streamtube  (Fig  5) ,  and  to  consist  of 
straight  line  elements  for  ease  of  manufacturing  (Ref  12) .  The  physical  shape  of  the  im¬ 
peller  and  diffuser  is  shown  in  Figure  6. 

This  stage  is  mainly  used  as  the  test  vehicle  for  the  impeller  wall  treatment.  Since 
vaned  diffuser  stall  causes  surge  in  this  stage,  all  testing  was  conducted  by  removing  the 
vanes  and  having  the  remaining  sidewalls  function  as  a  vaneless  diffuser.  This  modification 
caused,  of  course,  a  severe  drop  in  efficiency,  but  the  surge  line  was  now  dictated  by  im¬ 
peller  stall  and  any  improvement  in  impeller  stall  would  clearly  show  up. 

High  Pressure  Ratio  Stage 

The  important  flow  variables  for  this  stage  are  given  in  Table  I.  The  main  feature  of 
this  stage  is  the  radial  bladed  impeller  which  has  thirty-two  blades,  half  of  which  are 
splitter  blades  extending  over  the  last  seventy  per  cent  of  the  chord  length.  The  impeller 
blade  surface  velocities  are  shown  in  Figure  7.  The  vaned  diffuser  consists  of  thin  blades, 
rather  than  island  diffuser  blades.  The  physical  appearance  of  the  stage  is  shown  in  Figure 
8,  where  the  extended  hub  disk  with  the  slots  is  clearly  visible.  The  meridional  view  of 
the  two  stall  inhibitors  is  shown  in  Figure  4. 

Test  Results 


Impeller  Wall  Treatment 

The  test  results  are  best  presented  when  plotted  on  a  performance  map  for  the  stage 
without  vaned  diffusers.  Figure  9  shows  a  comparison  of  pressure  ratio  and  efficiency  of 
the  smooth  wall  and  the  circular  grooves.  Cases  A  and  B.  The  effects  of  the  circular 
grooves  are  minimal.  In  fact  they  cause  a  slight  reduction  in  efficiency. 

Figure  10  shows  the  comparison  between  the  smooth  wall  and  the  inclined  axial  grooves, 
Cases  A  and  C.  Here  the  range  improvements  are  significant,  with  little  to  no  drop  in  ef¬ 
ficiency.  Moreover,  the  area  of  high  efficiency  extends  over  a  large  flow  range.  The  im¬ 
proved  stage  stalls  due  to  impeller  stall;  vaneless  diffuser  stall  occurs  still  at  lower 
flow  rates.  The  same  effect  is  shown  in  Figure  11  for  the  high  pressure  stage. 

Figure  12  shows  the  comparison  between  the  smooth  shroud  wall  and  the  treatment  near 
the  trailing  edge  of  the  blades,  Cases  A  and  D.  Here  the  effects  are  discouraging  with 
no  improvement  in  the  surge  line  but  a  significant  drop  in  efficiency.  Even  though  these 
results  are  negative,  they  are  important  because  they  provide  guidance  for  future  imorove- 
ments ,  as  discussed  in  the  next  section. 
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Vaned  Diffuser  Treatment 


Since  the  severest  lack  of  surge  margin  occurs  in  a  high  pressure  ratio  stage,  the 
vaned  diffuser  treatment  was  applied  to  this  stage.  Tests  were  conducted  with  and  with¬ 
out  the  treatment  applied.  Figure  13  shows  the  comparison  between  a  conventional  (un¬ 
treated)  and  the  treated  vaned  diffuser. 

The  results  are  quite  dramatic,  and  not  as  anticipated.  About  half  the  increase  in 
surge  margin  is  achieved  by  the  increase  in  choke  flow.  This  can  still  be  called  a  surge 
margin  increase  since  an  increased  flow  by  opening  up  the  vanes  would  have  yielded  a  cor¬ 
responding  increase  in  surge  flow.  In  the  present  case,  both  increases  in  low  and  high 
flow  results.  Nevertheless,  the  loss  in  efficiency  is  appreciable  in  this  case.  It  is 
estimated  that  roughly  seventy  per  cent  of  this. loss  increase  is  caused  by  the  vaned  dif¬ 
fuser  treatment;  the  remainder  is  caused  by  the  impeller  treatment. 

Discussion  of  Results 


The  picture  that  is  emerging  from  previous  investigations  in  References  2,  7,  and  8 
and  the  current  work  is  that  separated  flows,  backward  flows  and  rotating  stall  are  all 
intimately  connected.  When  reducing  flow,  the  corresponding  positive  incidence  causes  flow 
separation,  back  flow  and  restriction  of  the  blade  throat  area.  The  restricted  flow  area 
gives  rise  to  "spilling"  of  flow  to  the  next  flow  passage  and  a  rotating  stall  pattern  is 
established.  This  pattern  is  very  inefficient  and  generates  pressure  drops,  a  condition 
necessary  for  stage  surge  to  occur.  Further  evidence  of  the  existence  of  rotating  stall 
was  obtained  from  dynamic  pressure  measurements  at  the  stationary  shroud  at  the  leading 
edge  location  of  the  impeller  blades.  No  evidence  is  visible  by  observing  the  time-wise 
pressure.  However,  the  frequency-analyzed  results  exhibit  an  emerging  frequency  peak  at 
around  130  hz.  The  frequency  corresponds  to  a  system  of  two  stall  cells  at  a  speed  of  55 
per  cent  of  the  wheel  speeds.  (It  is  well  known  that  these  barely  observable  dynamic 
forces  generated  by  rotating  stall  can  cause  detrimental  bearing  failures  in  high  fluid 
density  compressors  and  pumps.) 

The  treatments  provide  a  path  for  the  back  flow,  different  from  the  flow  path.  Con¬ 
sequently,  throat  blockages  are  reduced  and  the  occurrence  of  rotating  stall  is  delayed  to 
lower  flow  rates.  For  this  reason,  circumferential  grooves  are  not  very  effective  since  no 
path  for  back  flow  is  provided  (Refs  7,  8  and  treatment  B) .  Similarly,  wall  treatment  be¬ 
yond  the  blade  throat  section  is  not  effective. 

The  drop  in  efficiency  observed  here  and  by  others  is  not  surprising.  The  wall  treat¬ 
ment  is  very  crude.  No  attempt  is  made  to  provide  the  treatment  with  an  incidence- free 
inlet  section.  If  blade  leading  edges  were  shaped  as  the  wall  slots,  no  surprise  in  the 
low  efficiency  would  be  expressed.  Furthermore,  the  shape  of  the  treatment  flow  section 
with  its  sharp  corners  is  contrary  to  good  fluid  dynamic  design  practices.  Finally,  the 
location  and  direction  of  the  discharge  flow  in  the  wall  treatment  segment  is  not  consis¬ 
tent  with  the  main  flow.  A  Russian  patent  (Ref  13)  by  Atengoff  shows  a  configuration  that 
utilizes  a  movable  concentric  ring  over  the  wall  slots.  At  design  point,  this  ring  closes 
off  the  flow  in  the  slots.  When  moving  towards  lower  flows,  the  slots  in  the  ring  are  tan¬ 
gentially  aligned  with  the  wall  slots  so  that  the  flow  circulation  in  the  slots  can  take 
place.  However,  no  results  are  published  to  indicate  the  design-point  efficiency  improve¬ 
ment.  Current  research  is  directed  to  arrive  at  treatment  whose  geometries  are  governed  by 
fluid  dynamic  principles,  and  thereby  reducing  the  losses  incurred  by  the  wall  treatments. 

The  increased  compressor  cost  by  applying  treatment  should  not  be  surprising  to  those 
familiar  with  modern  compressors  that  have  extensive  bleed  provisions,  variable  stators  or 
three  spool  shaft  systems.  By  demanding  expanded  compressor  opetation,  the  complexity  and 
cost  of  the  machine  will  increase.  These  increases  have  been  small  compared  with  the  bene¬ 
fits  of  expanded  operation,  and  the  treatments  presented  here  fall  into  the  same  cate¬ 
gories  . 
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TABLE  I 

GEOMETRIC  VARIABLES  FOR  IMPELLERS  USED  IN  THIS  STUDY 


Medium 

Pressure 

High 

Pressure 

Shroud  Clearance  (in) 

0.010 

0.012 

Inlet  Hub  Radius  (in) 

1.500 

1.310 

Inlet  Shroud  Radius 

- 

3.331 

3.000 

Exit  Radius  (in) 

5.075 

5.075 

Inlet  Shroud  Blade  Angle  (deg) 

-66.5 

-60.0 

Exit  Blade  Angle  (deg) 

-25.0 

0.0 

Blade  Included  Angle  at  Inlet 
Shroud  (deg) 

8.7 

3.7 

Average  Leading  Edge  Normal 
Thickness  (in) 

0.015 

0.014 

Average  Trailing  Edge  Normal 
Thickness  (in) 

0.0785 

0.093 

Throat  Factor 

0.519 

0.606 

Passage  width  at  Impeller 

Exit  (in) 

0.460 

0.350 

Impeller  Axial  Length  (in) 

2.750 

3.190 

Impeller  Blade  Length  (in) 

5.676 

5.850 

Impeller  Hydraulic  Diameter  (in) 

0.760 

0.684 
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FIGURE  9  -  COMPARISON  OF  MEASURED  PERFORMANCE  BETWEEN  SMOOTH  AND  TREATED  INDUCER 
WALL  (TYPE  B)  FOR  HIGH  PRESSURE  STAGE  WITH  VANELESS  DIFFUSER 
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DISCUSSION 


H.Krain,  DFVLR,  Cologne,  (<e 

The  paper  has  presented  experimental  results  showing  an  increased  How  range  if  a  suitable  easing  treatment  is 
employed.  Could  the  authors  please  supply  a  reasonable  explanation  of  these  results  with  respect  to  centrifugal 
compressor  fluid  dynamics.  Do  the  authors  have  an  idea  as  to  which  How  effects  may  lead  to  the  increased  How 
range  observed? 

Author’s  Reply 

The  phenomenon  of  rotating  stall  is  of  course  caused  by  the  angle  of  incidence  exceeding  a  certain  value  onto  one- 
blade  leading  to  a  separation  and  blockage  so  that  the  How  is  deflected  into  the  next  passage.  The  casing  treatment 
provides  a  way  of  redistributing  the  flow  between  adjacent  vane  passages  and  so  delays  the  rotating  stall. 


R. A. Moyes,  Coinpair  Industrial  Limited,  UK 

Were  the  results  presented  the  best  ot  a  series  ol  treatments  using  various  dimensions,  locations,  and  forms  or  was 
some  specific  non-empirical  approach  used  in  the  initial  selection  of  these  features? 

Author’s  Reply 

We  tried  to  attack  our  investigation  on  surge  with  a  reasoned  approach,  where  we  first  took  all  the  theories  that  have 
been  postulated  for  the  initiations  of  surge  and  then  try  to  provide  means  for  delaying  surge  based  on  the  theories. 
Thus,  we  investigated  boundary  layer  fences  (preventing  low  momentum  flow),  turbulence  generators,  leading  edge 
slots,  side  wall  settling  chambers.  The  presented  data  are  those  that  provided  the  best  results. 


D.Japikse,  CREARE,  US 

I  should  like  to  congratulate  the  authors  on  the  results  obtained  after  years  of  careful  investigation.  Their  comments 

would  be  appreciated  on  the  following: 

(a)  How  have  you  accounted  for  your  additional  work  input  with  the  rotating  slots  at  the  impeller  tip? 

(b)  The  authors  indicated  that  in  centrifugal  compressors  one  invariably  looks  for  rotating  stall.  Surely  they 
must  agree  that  cases  exist  where  surge  was  not  preceded  by  rotating  stall  as  in  the  work,  for  example,  of 
Toyama,  Runstadler  and  Dean. 

(c)  Similarly  the  authors  indicated  that  a  “compressor  will  surge  when  it  reaches  the  first  of  several  stalling  lines”. 
But  it  is  well-known  that  one  can  operate  with  a  stalled  impeller  and  also  with  stalled  zones  in  vaneless  and 
vaned  diffusers. 

Author’s  Reply 

(a)  The  additional  work  input  was  measured  as  a  slight  temperature  and  pressure  rise  increase.  However,  the 
temperature  rise  was  proportionately  much  larger,  causing  a  drop  in  efficiency.  Our  current  work  is  to  devise 
treatment  geometries  where  we  can  maintain  the  pressure  rise  increase  and  thus  raise  the  efficiency. 

(b)  As  far  as  the  authors  are  aware  surge  observed  in  their  compressor  stages  has  been  initiated  by  rotating  stall 
but  it  is  not  possible  to  be  completely  certain  on  that  point. 

(c)  The  authors  agree  that  a  stage  can  operate  with  a  stalled  impeller  provided  that  the  diffuser  recovery  factor  is 
good  enough  to  maintain  a  characteristic  with  a  negative  slope  but  it  is  still  possible  to  get  a  drop  in 
performance  under  these  conditions. 


P.Ramette,  CEPr,  Saclay,  Fr 

The  wall  treatment  designated  type  ‘C’  on  the  impeller  and  the  rotating  wall  treatment  on  the  diffuser  are  similar. 

Yet  the  results  in  the  compressor  maps  are  very  different.  Wall  treatment  type  ‘C’  at  the  impeller  changes  the  stall 
line  but  does  not  change  the  speed  line  very  much  (Figure  10)  and  the  rotating  wall  treatment  at  the  diffuser  changes 
the  speed  line  (Figure  13)  but  does  not  affect  the  stall  line  very  much.  Can  the  authors  explain  why  the  results  are 
so  different? 

Author’s  Reply 

The  authors  do  not  claim  to  understand  the  precise  effects  that  are  occurring  here. 


C.Rodgers,  Solar,  US 

I  would  like  to  point  out  that  although  an  impeller  can  operate  in  a  stalled  condition,  this  is  dangerous  from  a 
mechanical  point  of  view  because  of  the  presence  of  vibrations. 


Author's  Reply 

The  authors  agree  with  this  comment,  particularly  noting  the  effect  of  vibrations  ot  the  shaft  stability  performance. 
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range  observed? 
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blade  leading  to  a  separation  and  blockage  so  that  the  How  is  deflected  into  the  next  passage.  The  casing  treatment 
provides  a  way  of  redistributing  the  (low  between  adjacent  vane  passages  and  so  delays  the  rotating  stall. 


R.A.Moyes,  Compair  Industrial  Limited,  UK 

Were  the  results  presented  the  best  of  a  series  of  treatments  using  various  dimensions,  locations,  and  forms  or  was 
some  specific  non-empirical  approach  used  in  the  initial  selection  of  these  features? 

Author's  Reply 

We  tried  to  attack  our  investigation  on  surge  with  a  reasoned  approach,  where  we  first  took  all  the  theories  that  have 
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Thus,  we  investigated  boundary  layer  fences  (preventing  low  momentum  flow),  turbulence  generators,  leading  edge 
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(a)  The  additional  work  input  was  measured  as  a  slight  temperature  and  pressure  rise  increase.  However,  the 
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treatment  geometries  where  we  can  maintain  the  pressure  rise  increase  and  thus  raise  the  efficiency. 
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(c)  The  authors  agree  that  a  stage  can  operate  with  a  stalled  impeller  provided  that  the  diffuser  recovery  factor  is 
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performance  under  these  conditions. 


P.Ramette,  CEPr,  Saclay,  Fr 

The  wall  treatment  designated  type  ‘C  on  the  impeller  and  the  rotating  wall  treatment  on  the  diffuser  are  similar. 
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The  authors  do  not  claim  to  understand  the  precise  effects  that  are  occurring  here. 
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the  speed  line  (Figure  13)  but  does  not  affect  the  stall  line  very  much.  Can  the  authors  explain  why  the  results  are 
so  different? 

Author's  Reply 

The  authors  do  not  claim  to  understand  the  precise  effects  that  are  occurring  here. 


C. Rodgers,  Solar,  US 

I  would  like  to  point  out  that  although  an  impeller  can  operate  in  a  stalled  condition,  this  is  dangerous  from  a 
mechanical  point  of  view  because  of  the  presence  of  vibrations. 

Author’s  Reply 

The  authors  agree  with  this  comment,  particularly  noting  the  effect  of  vibrations  on  the  shaft  stability  performance. 


20-1 


MODEL  250-C30/C28B  COMPRESSOR  DEVELOPMENT 


Dennis  C.  Chapman 
Detroit  Diesel  Allison  Division 
General  Motors  Corporation 
Mail  Stop  U28,  P.  0.  Box  894 
Indianapolis,  IN  46206 


SUMMARY 

Advanced  versions  of  the  Allison  Model  250  engine  series  are  now  in  production  for  the  Sikorsky  S76 
and  Bell  Long  Ranger  helicopters.  These  engines,  designated  250-C30  and  -C28B  respectively,  use  a  single 
stage  centrifugal  compressor  matched  at  8.7:1  pressure  ratio  at  design  speed.  The  initial  design  met 
flow,  pressure  ratio  and  efficiency  requ i rements,  but  encountered  both  a  localized  deficiency  in  the 
surge  line  around  85%  speed  and  excessive  impeller  blade  vibratory  stress  at  high  speed.  Several  poten¬ 
tial  remedies  were  tried  unsuccessfully  and  the  compressor  was  redesigned.  The  redesign  featured  redis¬ 
tributed  impeller  blade  loading,  revised  impeller  blade  thickness  and  increased  number  of  diffuser 
vanes.  These  changes  eliminated  the  vibratory  stress  problem.  A  unique  inducer  shroud  bleed  system, 
requiring  no  control,  resolved  the  surge  line  problem  and  improved  high  speed  flow  and  efficiency  as  well. 


INTRODUCTION 


The  Allison  Model  250  gas  turbine  engine  (military  T63)  shown  in  Figure  1,  first  entered  production 
in  the  early  1960s  for  light  helicopter  application.  The  initial  engine  was  rated  at  317  horsepower  and 
consisted  of  a  seven  stage  axial/centrifugal  compressor,  single  can  combustor,  two  stage  gas  generator 
turbine  and  two  stage  power  turbine.  This  same  basic  configuration  in  the  same  envelope  has  since  been 
grown  to  a  420  horsepower  rating  and  over  14,000  such  engines  have  been  produced.  Planning  for  addi¬ 
tional  increases  in  the  horsepower  output  of  this  engine  began  shortly  after  production  started  with  com¬ 
ponent  technology  development  programs.  The  initial  compressor  effort  was  a  three  stage  axial/centrifu¬ 
gal  compressor  at  the  same  7:1  pressure  ratio  as  the  original  compressor.  This  compressor  lacked  ade¬ 
quate  part  speed  surge  margin  and  a  single  stage  centrifugal  compressor  at  the  same  pressure  ratio  was 
designed.  The  7:1  centrifugal  stage  was  quite  successful  and  was  FAA  certified  in  a  500  horsepower  en¬ 
gine  designated  250-C28.  Continuing  demand  for  higher  horsepower  led  to  the  design  of  a  higher  flow  cen¬ 
trifugal  stage  at  8.5:1  pressure  ratio.  That  compressor,  in  two  different  flow  sizes,  has  now  entered 
production  in  the  650  horsepower  Model  250-C30  (shown  in  Figure  2)  and  the  500  horsepower  C28B/C  en¬ 
gines.  The  C30  engine  currently  powers  the  Sikorsky  S76  Spirit  Helicopter  and  the  C28B/C  engines  power 
the  Bell  2061-1  Long  Ranger  II  and  MBB  B0-1O5L  helicopters.  This  paper  discusses  the  design  and  develop¬ 
ment  of  the  compressors  for  these  latest  models  of  the  250  engine  series. 


Figure  1.  Allison  Model  250  engine. 


Figure  2.  Model  250-C30  engine. 


INITIAL  DESIGN 

Preliminary  market  and  design  analyses  established  a  requirement  for  5.6  lb/sec  corrected  flow  for 
the  C30  compressor.  To  minimize  the  sizing  impact  on  the  remainder  of  the  engine  and  improve  specific 
fuel  consumption,  a  pressure  ratio  of  8.5:1  was  desirable.  With  single  stage  centrifugal  compressor  ex¬ 
perience  at  both  7:1  and  10:1  pressure  ratio  as  background,  a  single  stage  centrifugal  configuration  was 
chosen.  A  goal  efficiency  of  78X  (t-t,  M^  =  0.17,  at  design  point  was  established.  Restrictions 
placed  upon  the  design  included  maintaining  the  original  engine  design  speed  of  51,000  rpm  and  an  engine 
envelope  limitation/driveshaft  interface  requirement  which  established  a  maximum  diameter  for  the  collec¬ 
tor  at  diffuser  exit.  The  speed  restriction  was  not  a  serious  performance  factor  because  a  specific 
speed  of  91  resulted.  The  collector  diameter  limitation  impacted  the  collector/diffuser  aerodynamic  de- 
i  sign  by  restricting  diffuser  area  ratio,  and  by  requiring  a  folded  collector. 
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The  resulting  design  is  shown  in  cross-section  in 
Figure  3.  The  impeller  is  straddle  mounted  between 
a  rear  thrust  bearing  and  a  ball  bearing  free  to  move 
axially  in  the  front  support.  The  front  support  in¬ 
cludes  five  nonradial  struts  through  which  bearing 
lubricating  oil  and  anti-icing  air  are  conducted. 

The  titanium  impeller  consists  of  18  full  blades  and 
18  splitter  blades  with  50  degrees  of  back  curvature 
and  an  inlet  radius  ratio  of  0.36.  Corrected  tip 
speed  of  the  impeller  is  2160  ft /sec.  The  diffuser 
consists  of  31  wedge  type  vanes  with  the  leading  edge 
at  a  radius  8%  greater  than  the  impeller  exit  radius. 
Oiffuser  area  ratio  is  2.4.  Flow  from  the  diffuser 
exit  enters  a  collector  of  generally  rectangular 
cross-section  which  has  two  exits,  each  including  a 
90°  turn  elbow.  Air  is  discharged  from  these  elbows 
into  the  engine  side  air  tubes  which  carry  the  air  to 
the  rear  of  the  engine  where  it  enters  the  combustor. 
Compressor  pressure  ratio  and  efficiency  are  based  on 
measurements  taken  in  the  side  air  tubes  downstream 
of  the  collector  elbows. 

It  should  be  noted  that  this  combination  of  high 
impeller  tip  speed  and  high  blade  backcurvature  was 
made  possible  in  that  time  frame  only  by  application 
of  advanced  finite-element  structural  analysis  tech¬ 
niques.  The  availability  of  these  techniques  at 
Allison  was  instrumental  to  the  successful  completion 
of  this  program. 


Figure  3.  Model  250-C30  compressor. 


Component  Rig  Tests 

The  component  rig  performance  map  for  the  initial  configuration  is  shown  in  Figure  4.  Design  point 
objectives  of  5.6  lb/sec  flow,  8.5:1  pressure  ratio,  and  78*  efficiency  were  met  or  exceeded  and  suffi¬ 
cient  surge  margin  was  demonstrated  for  steady  state  engine  operation.  The  line  of  constant  T4/0  in 
Figure  4  is  a  reasonable  approximation  to  an  engine  operating  line  during  a  rapid  acceleration.  That 
line  is  seen  to  be  to  the  left  or  unstable  side  of  the  surge  line  from  approximately  75*  to  92*  corrected 
speed,  clearly  not  acceptable  for  engine  transient  operation.  The  diffuser  throat  area  was  reduced  to 
94*  of  the  initial  design  value  and  the  test  map  of  Figure  5  resulted.  Both  steady-state  and  transient 
(acceleration)  engine  operating  lines  are  again  shown.  Design  flow  and  pressure  ratio  were  maintained  at 
design  speed  and  the  transient  operating  line  now  falls  to  the  right,  or  stable,  side  of  the  surge  line. 
The  surge  margin  relative  to  the  transient  operating  line  in  Figure  5  is  adequate  for  in-plant  develop¬ 
ment  testing  of  engines.  Experience  with  production  engines,  however,  dictates  that  a  minimum  surge  mar¬ 
gin  of  approximately  ten  percent  is  required  to  account  for  production  tolerances  on  compressor,  turbine, 
fuel  control,  etc. 

Further  reduction  of  diffuser  throat  area  to  increase  surge  margir  would  have  unacceptably  compro¬ 
mised  efficiency  on  the  operating  line.  A  compressor  discharge  bleed  system  which  functioned  by  sensing 
compressor  pressure  ratio  was  available.  Referring  to  Figure  5  again,  increased  surge  margin  was  re¬ 
quired  up  to  at  least  a  pressure  ratio  of  6:1  during  transient  operation.  An  engine  cruise  power  oper¬ 
ating  condition  occurred  on  the  steady-state  operating  line  at  that  same  pressure  ratio,  precluding  use 
of  compressor  discharge  bleed  at  that  pressure  ratio. 


Figure  4.  Initial  performance  map. 


Figure  5.  Rematched  compressor  performance. 
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Analysis  of  detailed  impeller  inlet  instrumentation  revealed  that  the  surge  line  in  the  80-85%  speed 
region  was  greatly  influenced  by  inducer  stall,  as  would  be  expected.  Referring  to  Figure  5,  as  speed  is 
decreased  from  the  design  level  along  the  surge  line,  a  localized  dip  is  encountered  between  85%  and  80% 
speed.  Shroud  static  pressure  taps  over  the  inducer  reveal  a  breakdown  in  static  pressure  rise  in  the 
inducer  inlet  corresponding  to  that  dip  in  the  surge  line.  As  speed  and  flow  are  reduced  even  further, 
the  static  pressure  rise  is  again  established  and  a  backward  facing  thermocouple  in  front  of  the  impeller 
near  the  shroud  records  much  higher  temperatures  than  those  measured  in  the  inlet  plenum.  Thus  the  in¬ 
ducer  has  passed  from  unstalled  flow  conditions  into  stall  and  finally  into  a  backflow  regime  which  re¬ 
lieves  the  stall  and  improves  the  surge  line. 

Several  alternate  configurations  were  tried  experimentally  attempting  to  improve  surge  margin  at  in¬ 
termediate  speeds.  Those  included  alternate  diffuser  vanes  (shape  and  number),  shroud  treatment  (honey¬ 
comb  and  grooves)  and  shroud  bleed.  None  of  these  configurations  provided  an  acceptable  combination  of 
surge  margin  and  efficiency. 


Impeller  Blade  Cracks 


While  the  surge  margin  problem  was  being  investigated,  impeller  blade  cracks  began  to  appear  on  de¬ 
velopment  engines.  These  cracks  appeared  near  the  inducer  tip  leading  edge  and  were  traced  to  high  blade 
vibratory  mode  (15  through  18)  coincidence  with  diffuser  vane  passage  (31  order)  frequency  which  occur¬ 
red  above  design  speed  as  shown  in  the  resonance  diagram  of  Figure  6.  Although  potentially  troublesome 
coincidences  occurred  throughout  the  operating  range,  only  those  near  design  speed  responded  with  high 
vibratory  stresses.  Vibratory  stress  levels  of  ±44,000  psi  were  measured  at  around  52,000  rpm.  A 
maximum  allowable  level  of  ±18,000  psi  was  established  for  the  region  of  the  leading  edge  in  which  the 
cracks  were  developing. 


Figure  6.  Impeller  resonance  diagram. 


Several  approaches  to  resolving  the  cracking 
problem  were  attempted,  including  both  analysis  and 
experiment.  A  brief  overview  of  the  results  will  be 
presented.  The  first  modification  involved  a  reduc¬ 
tion  of  0.100  inch  in  impeller  tip  radius  to  increase 
the  radial  gap  between  impeller  and  diffuser.  Vi¬ 
bratory  stress  levels  were  reduced  to  approximately 
±16,000  psi.  This  was  adequate  for  continued  devel¬ 
opmental  engine  running,  but  surge  margin  was  re¬ 
duced  to  unacceptable  levels.  Another  attempt  to 
reduce  the  excitation  from  the  diffuser  vane  con¬ 
sisted  of  reducing  the  diffuser  vane  inlet  wedge 
angle  to  less  than  one-half  degree.  A  reduction  of 
less  than  10%  in  vibratory  stress  levels  resulted. 

A  special  impeller  with  thicker  blades  was  tested 
and  found  to  have  little  effect.  Damping  coatings 
applied  to  the  blades  in  the  inducer  region  reduced 
stresses  to  the  ±15,000  psi  range  with  one  side  coated 
and  to  ±7,200  psi  with  both  sides  coated.  These 
coatings  were  ultimately  judged  to  present  exces¬ 
sive  quality  control  and  reliability  problems  and 
were  therefore  abandoned.  It  seemed  possible  that 
the  forces  exciting  the  inducer  could  be  transmitted 
through  the  exducer  blading  although  the  exducer  blad¬ 
ing  was  "quiet"  vibrationally.  To  simulate  a  separ¬ 
ate  inducer  configuration,  a  slot  0.020  inch  wide  and 
extending  from  shroud  to  hub  was  cut  in  the  full  blades 
just  forward  of  the  splitter  leading  edges.  Vibratory 
stress  levels  at  the  inducer  leading  edge  were  re¬ 
duced  to  approximately  ±11,000  psi,  and  a  design  ef¬ 
fort  to  define  a  two  piece  rotor  was  initiated. 


Referring  again  to  the  resonance  diagram  of  Figure  6,  it  can  be  seen  that  the  12th  through  14th  modes 
of  the  impeller  were  coincident  with  31  engine  order  in  the  high  speed  operating  region  of  the  engine  yet 
did  not  produce  high  stresses.  Was  it  therefore  possible  that  these  modes  were  less  responsive  than  the 
higher  ones?  Twenty-seventh  order  would  coincide  with  the  14th  and  15th  modes  just  above  design  speed 
where  the  high  stresses  were  occurring.  A  twenty-seven  vane  diffuser  was  designed  and  fabricated  to  ex¬ 
plore  this  possibility.  The  resulting  vibratory  stresses  were  approximately  ±30,000  psi.  In  an  attempt 
to  determine  if  the  excitation  phenomenon  was  sensitive  to  velocity  or  to  Mach  number,  the  27  vane  dif¬ 
fuser  configuration  was  tested  at  inlet  temperatures  of  9°F  and  114°F  for  a  variation  of  11%  in  cor¬ 
rected  speed  at  a  fixed  mechanical  speed.  The  stress  level  was  essentially  unaffected  by  the  change  in 
aerodynamic  conditions. 


REDESIGN 

None  of  the  aforementioned  experimental  approaches  produced  a  satisfactory  combination  of  performance 
and  vibratory  stress  level.  Nor  was  any  theoretical  approach  forthcoming  which  could  satisfactorily  ex¬ 
plain  the  phenomenon.  The  decision  was  made  to  design  a  new  impeller.  To  minimize  the  impact  upon  the 
remainder  of  the  compressor,  the  impeller  inlet  and  exit  dimensions  were  maintained.  Impeller  internal 
blade  loading  was  redistributed  in  an  attempt  to  Improve  performance.  And  finally,  blade  thicknesses 
were  tailored  to  avoid  any  Impeller  blade  modes  in  the  frequency  range  which  had  responded  in  the  initial 
design. 


The  high  vibratory  stresses  of  the  original  design  were  encountered  in  the  frequency  range  from 
26,300  to  28,000  Hz.  Allowing  for  a  blade  frequency  scatter  of  ±3.5%  stretched  the  required  “window"  on 
the  resonance  diagram  to  the  range  from  25,400  to  29,000  Hz.  The  required  window  was  identified  on  a 
theoretical  basis  and  later  confirmed  experimentally  as  shown  in  Figure  7.  Special  care  was  taken  with 
this  particular  impeller  to  control  blade  thicknesses  and  therefore  blade  frequency  scatter.  With  normal 
manufacturing  practices,  the  individual  blade  frequency  scatter  essentially  eliminated  the  window  and 
rendered  that  approach  useless.  Had  it  later  proven  to  be  necessary,  sufficient  care  in  manufacturing  to 
control  individual  blade  frequencies  might  have  been  possible. 

Redistribution  of  the  blade-to-blade  loading  within  the  impeller  can  be  observed  in  Figure  8  where 
the  original  impeller  design  is  shown  on  the  left  and  the  redesigned  impeller  on  the  right.  The  new  de¬ 
sign  has  much  less  turning  in  the  mid-region  of  the  impeller  which  reduced  the  loading  in  that  region  at 
the  expense  of  increased  loading  in  the  exducer  region.  The  blade  “wrap"  of  the  new  impeller  is  also 
increased  significantly.  Both  designs  have  the  same  inlet  and  exit  dimensions,  back  curvature  and  blade 
numbers . 
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Figure  7.  Measured  impeller  blade  frequencies.  Figure  8.  Original  and  redesigned  impellers. 


Redesigned  Impeller  Blade  Vibration  and  Performance 


Early  strain  gage  testing  of  the  new  impeller  design  with  the  31  vane  diffuser  revealed  significantly 
reduced  vibratory  stress  levels  (± 44,000  psi  to  ±27,000  psi)  which  were  still  above  the  target.  An 
earlier  program  at  Allison  had  shown  some  indication  of  reduced  impeller  vibratory  stresses  with  in¬ 
creased  number  of  diffuser  vanes.  A  37  vane  diffuser  had  therefore  been  designed  and  fabricated.  That 
diffuser  reduced  the  vibratory  stress  levels  due  to  diffuser  vane  excitation  in  the  new  impeller  to 
±  9500  psi  which  satisfied  all  our  objectives.  It  is  perhaps  of  interest  to  note  that  the  37  vane 
diffuser  also  reduced  the  stress  level  of  the  original  impeller,  but  only  to  ±15,000  psi.  These  levels 
were  attained  with  the  original  radial  gap  between  impeller  and  diffuser.  So  an  acceptable  solution  to 
the  impeller  vibratory  stress  problem  had  at  last  been  found. 


Aerodynamic  performance  for  the  new  impeller  with  37  vane  diffuser  configuration  is  indicated  by  the 
compressor  map  shown  in  Figure  9.  Compared  to  the  compressor  map  of  Figure  5,  the  surge  margin  is  re¬ 
duced.  Subsequent  cross-testing  revealed  that  both  the  impeller  and  diffuser  contributed  to  the  decrease 
in  surge  margin.  A  reduction  of  3%  in  diffuser  throat  area  provided  adequate  surge  margin  except  for  the 
localized  area  around  85%  speed. 


Earlier  in  the  program,  examination  of  corrected  shroud  static  pressures  as  a  function  of  flow  and 
speed  revealed  that,  at  certain  locations  on  the  shroud,  the  static  pressures  are  higher  than  ambient  at 
part  speed  and  lower  than  ambient  at  high  speed.  This  effect  is  illustrated  in  Figure  10.  This  sug¬ 
gested  the  possibility  of  a  bleed  slot  connecting  the  flow  path  at  a  given  shroud  location  to  ambient  as 


Shroud  static  pressure  distribution 
Steady  state  operating  line 
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Figure  10.  Shroud  static  pressure  distribution. 
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shown  in  Figure  11.  At  part  speed,  air  would  bleed  out  from  the  inducer  to  atmosphere,  increasing  the 
airflow  into  the  inducer,  reducing  blade  incidence  angles  and  also  possibly  reducing  the  boundary  layer 
thickness  on  the  shroud.  This  should  improve  part  speed  surge  characteristics  and  perhaps  efficiency  as 
well.  At  high  speed,  where  the  inducer  throat  capacity  limits  flow,  ambient  air  could  flow  into  the  in¬ 
ducer  behind  the  throat.  Thus  inducer  choking  and  attendant  reduction  in  inlet  static  pressure  could  be 
relieved.  An  early  attempt  to  use  this  concept  with  the  original  impeller  did  improve  part  speed  surge 
margin  and  increase  high  speed  flow  capacity,  but  high  speed  efficiency  was  adversely  affected.  The  sec¬ 
ond  attempt  was  made  with  the  new  impeller  and  37  vane  diffuser  and  with  a  different  slot  location.  The 
results  were  exceptional.  The  inducer  bleed  flow  concept  was  tested  on  a  compressor  with  diffuser  throat 
area  approximately  311  smaller  than  that  which  produced  the  performance  shown  in  Figure  9.  It  should  also 
be  noted  here  that  calculated  efficiencies  for  a  compressor  with  inducer  shroud  bleed  fully  account  for 
the  energy  in  the  bleed  air,  i.e.,  the  flow,  pressure  ratio  and  efficiency  accurately  reflect  the  power 
required  to  drive  the  compressor: 


n 


C 


(exit  flow)  (overall  ideal  enthalpy  rise)  _ 

(exit  flow)  (overall  actual  enthalpy  rise)  +  (bleed  flow)  (bleed  enthalpy  change) 


The  compressor  rig  test  map  with  inducer  shroud  bleed  is  shown  in  Figure  12.  Compared  to  Figure  9, 
the  inducer  stall  point  has  been  moved  down  in  speed  and  pressure  ratio  sufficiently  to  permit  the  use  of 
a  pressure  ratio  sensing  bleed  valve  at  compressor  discharge.  Peak  compressor  efficiency  was  increased 
at  all  speeds  above  60S  of  design  speed  and  by  1.5  to  3.2  percentage  points  in  the  region  of  principal 
operation  between  100  and  85*  of  design  speed. 


Figure  12.  Compressor  performance  with  inducer 
Figure  11.  Inducer  shroud  bleed  concept.  shroud  bleed. 


A  more  important  indication  of  benefit  to  the  en¬ 
gine  is  to  compare  efficiency  at  equal  surge  margin. 

At  the  steady  state  surge  margin  level  of  the  com¬ 
pressor  with  inducer  shroud  bleed,  the  bled  compressor 
is  three  percentage  points  higher  in  efficiency  in  the 
90  to  100*  speed  range  as  shown  in  Figure  13.  The 
large  (7  percentage  points)  increase  at  85*  speed  oc¬ 
curred  because  the  baseline  compressor  was  stalled  and 
short  on  range  at  that  speed  while  the  bled  compressor 
was  unstalled.  Inducer  shroud  bleed,  which  requires 
no  expensive  and  potentially  troublesome  controls  or 
valving,  provided  a  major  improvement  in  compressor 
performance.  The  combination  of  redesigned  impeller 
with  inducer  shroud  bleed  and  37  vane  diffuser  pro¬ 
vided  a  compressor  which  met  all  requirements  of  the 
250-C30  engine  program  and  is  the  configuration  cur¬ 
rently  in  production. 


Percent  design  corrected  speed 

Figure  13.  Performance  effect  of  inducer 
shroud  bleed. 


250-C28B/C  COMPRESSOR 

The  C28B/C  compressor  is  a  simple  trim  (both  impeller  and  diffuser)  of  the  C30  compressor  to  provide 
approximately  4.5  lb/sec  flow  at  design  speed,  or  a  reduction  of  approximately  20  percent.  That  trim  has 
been  accomplished  with  quite  similar  results  to  those  shown  for  the  C30  compressor.  Minimum  surge  margin 
of  the  C288/C  compressor  is  superior  to  that  of  the  C30  compressor  and  some  installations  are  operating 
without  compressor  discharge  bleed  for  engine  transients. 


CONCLUSIONS 


This  compressor  development  program  solved  two  major  problems,  a  blade  vibration  and  cracking  problem 
and  an  intermediate  speed  surge  line  problem.  Not  only  has  the  resulting  compressor  met  all  the  require¬ 
ments  for  the  advanced  Model  250  engines,  but  the  technology  developed  in  this  program  has  proven  quite 
beneficial  to  other  programs  as  well.  The  inducer  shroud  bleed  concept  has  demonstrated  outstanding  im¬ 
provements  in  some  other,  but  not  all  compressors.  Future  objectives  for  the  compressors  include  reduc¬ 
tion  in  cost  of  producing  the  impellers  and  improved  low  speed  surge  margin  to  eliminate  compressor  dis¬ 
charge  bleed  requirements  for  engine  acceleration. 
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SUMMARY 

The  development  of  the  small  gas  turbine  engine  has  been  a  considerable  stimulus  for  the  development  of 
the  centrifugal  compressor.  Compressor  design  requirements  vary  for  differing  engine  applications  and 
these  are  briefly  discussed  for  three  engine  types.  These  types  are  the  expendable  turbojet,  the  low  cost 
single  shaft  turbopropeller  engine  and  the  automotive  truck  gas  turbine  engine.  Technical  and  test  data 
are  presented  for  representative  types  of  compressor. 


1  INTRODUCTION 

During  the  last  decade  considerable  progress  has  been  made  in  increasing  the  performance  bounds  of 
centrifugal  compressors.  A  stimulus  for  much  of  this  progress  has  been  the  use  of  the  centrifugal  compressor 
in  the  small  gas  turbine  engine.  For  most  applications  the  small  gas  turbine  has  been  under  intense  pressure 
for  improved  design  and  performance;  a  considerable  portion  of  this  pressure  has  been  applied  to  centrifugal 
compressor  development. 

Given  this  stimulus  the  centrifugal  compressor  has  advanced  due  to  a  number  of  factors  which  include: 

*  the  expanding  technology  base  that  enables  potentially  inadequate  designs 
to  be  recognised  and  discarded  early  in  the  design  analysis  stage  with  the 
consequent  conservation  of  development  funds. 

*  the  availability  of  advanced  computers  and  computational  processes  for 
aerodynamic,  stress,  vibration  and  geometric  analysis. 

*  the  growth  of  experience  with  transonic  inducers  and  diffusers. 

*  the  acquisition  of  rational  design  data  not  hitherto  available,  particularly 
that  regarding  diffuser  design. 

*  wider  recognition  of  the  importance  of  impeller  vane  backsweep. 

The  centrifugal  compressor  has  a  number  of  virtues  which  justify  its  use  in  the  small  gas  turbine.  Its 
blading  is  relatively  easy  to  design  and,  manufacture  to  cope  with  the  low  mass  flows  of  small  engines,  its 
efficiency  levels  are  acceptable,  it  is  cheap  and  rugged. 

At  Noel  Penny  Turbines  Ltd  (NPT)  the  development  of  centrifugal  compressors  has  been  primarily  associated 
with  the  development  of  advanced  small  gas  turbine  engines  for  aircraft,  automotove  and  industrial  purposes. 
The  aircraft  applications  are  simple,  expendable  or  short  life  jet  engines  for  remote  piloted  vehicles 
(RPV's)  in  the  .45  KN  to  2.0  KN  (100  lbf  to  450  lbf)  static  thrust  range  and  a  family  of  simple  single 
shaft  turhopropeller  engines  in  the  225  KW  to  450  KW  (300  SHP  to  600  SHP)  range.  The  automotive 
applications  have  concerned  truck  and  off-highway  vehicle  engines  in  the  335  KW  to  450  KW  (450  HP  to  600  HP) 
range.  Some  aspects  of  the  centrifugal  compressor  development  associated  with  these  engines  are  outlined 
in  the  following  paper. 


2  COMPRESSOR  REQUIREMENTS 

2.1  Engine  Types 

Three  engine  types  are  considered,  by  example,  namely 

*  the  expendable  or  limited  life  RPV  turbojet  engine 

*  the  low  cost  single  shaft  turbopropeller  engine 

*  the  automotive  truck  gas  turbine  engine. 

The  compressor  design  requirements  differ  considerably  for  each  engine  type.  Perhaps  the  only  common 
requirements  are  that  the  compressor  designs  and  arrangements  must  lend  themselves  to  low  cost  engine  design 
and  that  surge  lines  are  unkinked.  High  efficiency  is  required  for  the  turbopropeller  and  automotive 
engines  but  for  many  RPV  missions, though  desirable, it  is  not  of  first  importance.  Wide  flow  range  is  usually 
demanded  for  all  applications  but  the  term  'wide'  is  strictly  relative. 


2.2  RPV  Jet  Engine 

Figure  1  illustrates  the  wide  variety  of  component  configuration  used  in  small  RPV  turbojets.  The 
centrifugal  or  axi -centrifugal  compressor  can  be  fed  by  an  axial  or  radial  inlet,  it  can  exhaust  to  a 


straight  through  or  reverse  flow  combustor  and  it  can  be  driven  by  an  axial  or  radial  turbine.  Figure  2 
indicates  typical  design  point  performance  levels  for  current  engines  and  also  gives  suggested  targets  for 
advanced  engines  using  high  technology  turhomachinery  (Hef  1).  The  turbomachinery  of  most  current  engines 
is  of  conservative  design. 

Achieving  low  frontal  area  is  a  most  important  requirement  for  any  turbojet  and  is  dominated  by  t lie 
compressor  configuration.  With  the  small  HIT'  turbojet  frontal  area  is,  to  a  considerable  extent,  traded 
with  cost  and  performance.  When  it  is  of  critical  importance  an  axi -centri fugal  compressor  will  be  used. 

For  engines  above  2KN  (-150  lhf)  thrust  an  all  axial  compressor  becomes  a  practical,  but  expensive, 
proposition. 

For  both  the  centrifugal  and  axi -cen tri fugal  compressors  low  frontal  area  requires  designing  for  high  values 
of  specific  speed  and  flcw-speed  function,  as  is  illustrated  by  Figures  8  and  9.  Kngine  life  requirements 
usually  span  1  to  10  missions  and  design  life  2  to  40  hours.  Depending  on  choice  of  turbine  material  and 
entry  temperature  this  lifing  allows  higher  specific  speed  compressors  to  be  used  than  would  normally  be 
the  case.  Further  frontal  area  reduction  is  often  achieved  by  severe  restriction  of  the  dimensions  of  the 
radial  diffuser,  to  the  detriment  of  compressor  efficiency. 

To  keep  the  control  system  cheap  and  simple  an  unkinked  compressor  surge  line  is  desired.  High  flow  range 
is  not  needed  nor  use  of  impeller  vane  backsweep,  thereby  helpinj  the  frontal  area  problem. 

For  many  applications  fast  engine  acceleration  is  not  necessary  and  rotational  inertia  considerations  do  not 

directly  impact  impeller  design. 

High  corrosion  resistance  is  an  important  consideration  when  the  flight  vehicle  is  designed  for  sea  water 
recovery  and  this  influences  primarily  choice  of  material  and  surface  treatment.  Kngine  specifications  often 
call  for  the  ability  to  withstand  repeated  sea  recovery  with  immersion  periods  up  to  24  hours. 

2.3  Low  Cost  Single  Shaft  Turbopropeller  Engine 

The  small  turbopropeller  engine  markets  directly  against  the  turbocharged  piston  engine.  To  compete 
successfully,  that  is  to  achieve  widespread  acceptance,  it  must  have  good  performance  and  a  competitive 
manufacturing  cost.  Configurations  for  advanced,  low  cost  turbopropeller  engines  are  depicted  in  Figure  3 

and  Figure  4  shows  a  design  point  performance  map  applicable  to  these  and  similar  configurations. 

Figure  3  shows  single  shaft  engines  having  a  minimum  of  turbomachinery.  All  compression  is  achieved  in  a 
single  centrifugal  stage.  Design  pressure  ratios  of  the  order  7:1  to  9:1  are  indicated  from  Figure  4. 

High  compressor  efficiency  is  needed  to  achieve  the  performance  shown. 

Fuel  and  control  systems  for  turbopropeller  engines  can  be  very  expensive  and  can  form  a  large  portion  of 
the  engine  total  price.  These  systems  can  be  simplified  and  cheapened  if  wide  mass  flow  range  is  available 
from  the  compressor  and  the  surge  line  is  unkinked.  The  high  pressure  ratio  and  high  flow  range  requirements 
necessitate  use  of  impeller  vane  backsweep. 

Compressor  frontal  area  restrictions  arenot  usually  severe  since  it  is  the  main  reduction  gearbox  that  tends 
to  dominate  the  maximum  engine  cross  sectional  area. 

Design  specific  speed  tends  to  be  low  and  is  set  by  stress  limitations  in  the  turbine,  not  by  compressor 
aerodynamic  considerations. 

Restriction  of  engine  rotational  inertia  is  not  a  prime  requirement  since  this  type  of  engine  operates  with 
little  speed  variation  in  the  flight  mode.  Certain  inertia  limits  have  to  be  met,  however,  to  avoid  the 
fitment  of  a  large  and  therefore  heavy  and  costly  engine  starter. 

Target  design  life  will  be  of  the  order  10,000  hours.  This  can  be  met  by  a  steel  or  titanium  impeller 
having  a  solid  hub  at  the  higher  pressure  ratios  and  machined  from  a  forging. 

2.4  Automotive  Gas  Turbine  Kngine 

The  automotive  gas  turhine  has  been  under  development  for  many  years  as  an  alternative  powerplant  to  the 
spark  and  compression  ignition  engines  used  in  passenger  cars,  trucks  and  off  highway  vehicles.  These 
applications  probably  represent  the  most  difficult  design  task  of  the  gas  turbine  spectrum. 

Although  offering  many  real  and  potential  advantages  over  piston  engines  the  prime  requirements  of  an 
automotive  engine,  namely  low  cost,  good  fuel  economy,  particularly  at  low  power  levels,  and  high  durability- 
are  difficult  for  the  small  gas  turhine  to  achieve.  Despite  this  the  automotive  gas  turbine  has  made 
substantial  technical  advances  in  recent  years. 

Figure  fi  depicts  typical  one  and  two  shaft  truck  gas  turbine  configurations  and  Figure  0  gives  a  design 
point  performance  map.  Heat  exchange  is  used  in  the  thermodynamic  cycle  to  give  good  fuel  economy  at  both 
high  and  low  power  levels.  The  use  of  heit  exchange  limits  the  design  pressure  ratio  requirements  to  between 
about  I : :  to  8:1. 

The  compressor  needs  to  be  of  high  efficiency,  have  an  unkinked  surge  line  and  have  high  flow  range  at  all 
operating  speeds.  The  high  flow  range  requirement  enables  the  engine,  in  the  interests  of  good  fuel  economy, 
to  tie  operated  at  peak  turbine  entry  temperatures  at  all  power  levels.  Impeller  backsweep  is  thus  required. 

To  give  acceptable  vehicle  driveability  very  fast  engine  acceleration  is  needed  from  idle  to  maximum  power. 
Consequently  low  rotational  inertia  is  required  of  the  compressor  and  this  tends  to  conflict  with  obtaining 
good  aerodynamic  design. 


As  with  the  turhopropel  ler  engine  compressor  design  specific  speed  is  Set  l>y  stress  limitations  in  the 
driving  turbine. 

Lite  design  targets  for  automotive  compressors  are  usually  Severe,  typically  10,000  hours,  30  maior  cvcles 
per  hour. 

I  able-  1  summarises  the  compressor  design  requirements  for  the  three  applications  discussed. 


3  PERFORMANCE  LEVELS  OK  SMALL  GAS  TURBINE  CENTRIFUGAL  COMPRESSORS 

figure  7  shows  achieved  rated  performance  for  small  compressors  in  terms  of  stage  static  -  total  polylropic 
efficiency  versus  specific  speed.  Upper  bounds  are  tentatively  shown  defining  1973  and  1979  technology 
levels.  The  1973  data  has  been  taken  from  (2)  and  it  covers  design  pressure  ratios  from  1  6-1  to  12'1*  the 
high  pressure  ratio  data  relates  to  the  lower  efficiency  levels.  The  1979  data  is  for  high  pressure  ratio 
machines  in  the  5:1  to  10:1  range  and  is  taken  from  the  literature  and  other  sources.  This  type  of 
presentation  has  shortcomi ngs  but  nevertheless  is  considered  to  reasonably  portray  performance  advances  over 
the  stated  time  interval. 

A  most  significant  advance  of  recent  years  has  been  the  ability  gained  in  designing  impeller  inducers  and 
radial  diffusers  to  accept  transonic  inlet  flow  with  little  compromise  of  efficiency  or  flow  range.  Attain¬ 
ment  oi  high  stage  pressure  ratio  with  limitation  on  the  maximum  diameter  of  the  compressor  demands  the  Use 
of  transonic  inducers.  This  is  evident  from  Figures  0,  9  and  10. 

figure  9  shows  the  relationship  between  specific  speed  and  the  flow  speed  function  (m  N'VsJ*  )  for 
increasing  pressure  ratio.  Suggested  boundaries  are  superimposed  which  enclose  design  areas  for  turbojet  and 
turboshal t-turbopropeller  compressors.  Good  performance  has  been  demonstrated  by  experimental  machines  at 
high  pressure  ratios  and  very  high  flow  speed  functions  (3).  However  this  combination  produces  formidable 
design  problems  with  respect  to  the  driving  turbine. 

figure  10  shows  the  relationship  between  inducer  tip  minimum  relative  Mach  Number,  flow  speed  function  and 
inducer  hub-tip  ratio  which  can  be  used  in  conjuntion  with  Figure  9. 

A  stimulus  for  using  a  transonic  radial  diffuser  rather  than  a  subsonic  one  is  also  to  reduce  frontal  area. 
Well  designed  transonic  diffusers  can  be  highly  efficient  up  to  incident  Mach  Numbers  exceeding  1.3  (41. 

An  efliciency  versus  pressure  ratio  chart  for  small  centrifugal  and  axi -cen t ri f ugal  compressors  is  shown  in 
Figure  11.  The  efficiency  levels  shown  are  appropriate  targets  for  the  design  of  high  performance 
machines.  Where  greater  latitude  is  allowed  on  the  diffuser  than  implied  in  the  chart  higher  efficiency- 
levels  would  be  assumed.  The  converse  also  applies.  The  chart  is  one  of  a  number  used  at  the  authors' 
Company  for  project  design  purposes. 

4  TECHNICAL  AND  TEST  DATA  FOR  THREE  SMALL  TURBINE  ENGINE  COMPRESSORS 

4.1  Compressor  Types 

In  this  section  certain  technical  and  test  (lata  are  presented  for  three  representative  small  gas  turbine 
centrifugal  compressors  selected  from  the  NPT  range.  These  are 

-  the  NPT  VM’  compressor  of  8:1  pressure  ratio;  a  generic  model  for  a  family 
of  turboshaft-turbopropeller  compressors  in  the  7:1  to  9:1  pressure  ratio 
range;  tested  1970. 

*  the  NPT  ’C’  compressor  of  4.5:1  pressure  ratio;  a  generic  model  from  which  derivative 
compressors  have  been  developed  for  turbojet  and  other  applications;  tested  1972. 

*  the  NPT  'J'  compressor  of  5:1  pressure  ratio;  designed  for  an  automotive  truck  gas 
turbine;  tested  1975. 

Pressure  ratios  quoted  are  outlet  collector  static  pressure  to  inlet  total  pressure. 

Views  of  the  'M',  'C'  and  'J'  impellers  are  shown  in  Figures  12,  13  and  14  respectively.  Figure  15  shows 
a  'J'  diffuser.  Table  2  lists  salient  technical  data. 

4.2  NPT  'M'  Compressor 

Leading  design  requirements  were  high  efficiency,  wide  flow  range  and  long  life.  Target  isentropic 
efficiency  was  77.8%  S-T  at  8:1  pressure  ratio.  Impeller  vane  sweepback  was  deemed  necessary  to  achieve  the 
performance.  Specific  speed  was  set  by  stress  limitations  in  the  drive  turbine. 

The  design  process  used  was  entirely  computer  based.  Preliminary  design  of  the  impeller  and  the  total 
aerodynamic  design  of  the  intake  and  diffuser  system  was  carried  out  on  a  high  performance  desk  top 
computer  with  graphic  peripherals.  Final  impeller  design  was  done  using  the  National  Gas  Turbine 
Establ  i  shmen  t  (NGTK)  impeller  design  prograitne  package  described  in  (5).  The  desk  top  computer  programmes 
used  were  developed  try  NPT. 

All  the  aerodynamic  variables  affecting  impeller  inlet  and  exit  velocity  triangles  were  established  at 
the  preliminary  design  stage.  Also  at  this  stage  tentative  meridional  flow  path  and  hub  and  shroud  vane 
camber  distributions  were  established,  together  with  a  first  stress  analysis.  Final  impeller  design  involved 
geometric  modelling  using  3  dimensional  analytic  surfaces,  through  flow  analysis  by  a  matrix  method  and 
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3  dimensional  stress  analysis  by  a  finite  element  technique.  The  final  output  of  the  design  process  was 
an  NC  tape  for  the  5  axis  machining  of  the  impeller  using  a  single  straight  flanked  cutter. 


Through  flow  analysis  was  used  to  design  the  inlet  duct  which  was  of  the  radial  inflow  type.  The  duct 
was  carefully  matched  to  the  transonic  inducer.  13  full  and  13  splitter  vanes  were  selected 
for  the  impeller.  These  allowed  acceptable  blade  loadings  to  be  achieved,  enabled  the  desired  inducer 
throat  area  to  be  obtained  and  satisfied  cost  objectives.  As  well  as  influencing  aerodynamic  performance 
vane  numbers  affect  cost,  with  cost  tending  to  be  more  than  proportional  to  vane  numbers. 

The  diffuser  has  radial  and  axial  sections.  Although  required  to  diffuse  and  produce  a  static  pressure 
rise  the  prime  purpose  of  the  axial  section  is  to  straighten  the  flow.  The  transonic  radial  diffuser  is 
of  the  channel  type  and  its  design  geometry  was  described  in  3  dimensions  by  a  mathematical  method  evolved 
from  that  of  (6)  and  existing  NPT  methods. 

This  method  when  programmed  on  a  desk  top  computer  provides  a  very  general,  flexible  and  rapid  design 
tool  for  channel  diffusers;  it  describes  the  geometry  by  use  of  first,  second  and  third  order  curves. 
Diffuser  aerodynamic  analysis  was  carried  out  by  use  of  another  desk  top  computer  programme  that  assessed 
performance  of  a  given  geometry  from  impeller  tip  through  to  the  dump  at  the  axial  straightener  exit. 

The  method  accounts  for  shock  losses  and  employs  boundary  layer  calculations  to  determine  the  throat 
blockage  of  the  radial  diffuser;  the  blockage  is  used  in  the  determination  of  the  3  dimensional  diffuser 
channel  performance.  This  part  of  the  method  is  based  on  that  developed  in  (7) .  Reference  (7)  uses 
2  dimensional  data  with  a  3  dimensional  correction.  The  2  dimensional  data  was  taken  from  Runstadler 
(8)  and  considerably  extended  in  terms  of  area  ratio,  blockage  and  aspect  ratio.  A  through  flow  type 
of  analysis  is  used  downstream  of  the  channels  with  computed  pressure  losses  based  on  blockage,  diffusion 
and  dumping  conditions. 

The  'M'  compressor  was  tested  at  the  NGTE.  The  rig  module  incorporated  an  engine  type  radial  inlet  duct 
complete  with  support  struts  and  the  diffuser  axial  straightener  exhausted  into  a  constant  section  ring 
collector.  Figure  16  indicates  the  flow  path  configuration.  Comprehensive  instrumentation  was  fitted 
as  detailed  in  Table  3.  Data  acquisition  was  controlled  by  an  Intercole  Compulog  II  data  logging  system. 
This  system  is  entirely  software  controlled  and  has  routines  for  pre-scan  transducer  calibration  by  dead 
weight  testers,  full  instrumentation  scan  and  raw  data  storage,  data  normalising,  data  analysis,  test 
point  setting  and  holding  and  data  validation. 

Prior  to  a  full  build  being  run  the  impeller  was  tested  at  95%  and  100%  of  design  rotational  speed  without 
the  radial  and  axial  diffuser  vanes  being  fitted.  Impeller  exit  total  pressure  was  determined  from  mass 
flow  rate  and  from  the  mean  of  30  static  pressure  taps  circumferentially  distributed  at  the  vaneless  space 
radius  ratio  1.035.  The  impeller  test  total-total  pressure  performance  is  shown  in  Figure  17.  A  test 
total-total  pressure  ratio  of  9.2  :  1  and  an  isentropic  efficiency  of  85%  were  obtained  at  the  design  point. 
Target  pressure  ratio  and  efficiency  were  9.4  :  1  and  86%  respectively.  The  impeller  test  data  was  used  for 
final  'tuning'  of  the  radial  diffuser  throat  size. 

The  static  to  total  pressure  ratio  map  for  the  first  full  build  test  is  shown  in  Figure  18;  at  the  design 
point  a  pressure  ratio  of  8.0:  1  and  isentropic  efficiency  of  78.2%  were  obtained  ie  slightly  better  than 
target.  The  pressure  ratios  quoted  are  for  collector  ring  static  pressure  to  the  total  pressure  at  the 
leading  edge  station  of  the  radial  intake  duct  struts.  Design  target  efficiencies  did  not  assume  any 
inlet  duct  loss.  Figure  19  gives  a  total-total  pressure  ratio  map,  the  outlet  total  being  measured  at  the 
radial  diffuser  outer  radius.  This  map  shows  a  design  point  total  to  total  isentropic  efficiency  of  80.7%. 
The  compressor  achieved  its  overall  performance  targets  by  having  its  diffuser  performance  slightly  better 
than  and  its  impeller  performance  slightly  less  than  design  intent. 

Test  distributions  of  inlet  duct  wall  velocities  were  determined  from  the  wall  static  pressure  data  and  the 
inlet  total  pressure.  Figure  20  compares  design  point  and  test  data  and  the  agreement  is  good. 

The  through  flow  analysis  method  used  in  the  impeller  design  incorporates  two  options  for  loss  modelling. 

One  option  is  the  use  of  polytropic  compression  and  expansion  efficiency  distributions  along  streamlines 
and  the  other  a  distribution  of  blockage  along  all  channel  walls  from  entry  plane  to  exit  together  with  the 
assumption  of  an  isentropic  core.  The  latter  method  was  used  for  the  'M'  impeller.  Figure  21  shows  test 
shroud  static  pressure  distributions  and  the  distribution  at  design  point  mass  flow  is  seen  to  compare  well 
with  the  design  curve.  The  test  performance  of  the  diffuser  at  the  design  point  is  given  in  Figure  22. 

This  shows  static  pressure  rise  from  the  vaneless  space  station  at  radius  ratio  1.035  to  the  collector  ring. 
A  continuous  pressure  rise  is  maintained  along  the  flow  path  including  a  useful  increment  in  the  axial 
straightener  vanes.  The  difference  between  test  and  design  performance  for  the  bend  and  axial  straighteners 
was  due  to  a  pessimistic  estimate  of  design  total  pressure  loss  in  the  bend.  Table  3  indicates  the  pressure 
tapping  locations  used  to  compile  this  figure. 

During  the  testing  excellent  repeatability  of  data  was  demonstrated  by  the  data  logging  system. 

Further  development  work  is  being  undertaken  on  the  'ST  compressor  with  the  view  to  raising  the  static  to 
total  isentropic  efficiency  to  80%.  The  impeller  has  been  manufactured  in  both  steel  and  titanium. 


4.3  NPT  'C'  COMPRESSOR 

The  'C'  compressor  was  designed  as  a  source  design  for  a  series  of  compressors  for  small  turbojet  and 
turboshaft  engines.  To  meet  the  various  applications  it  has  been  scaled  up  and  down  and  modified  to  raise 
or  lower  its  specific  speed  and  the  impeller  has  been  matched  with  a  number  of  diffusers  of  differing  design. 
Although  designed  for  a  pressure  ratio  of  4.5:1  the  compressor  was  required  to  achieve  good  performance  at 
pressure  ratios  up  to  6:1  to  meet  certain  turbojet  altitude  requirements.  The  moderate  flow  range,  low 
frontal  area  and  very  low  cost  requirements  of  the  RPV  turbojets  called  for  a  radially  vaned  impeller. 


The  'C'  impeller  and  its  derivatives  have  been  produced  as  one  piece  designs  in  aluminium  alloy  or 
stainless  steel  or  as  two  piece  designs  (Figure  13)  with  an  aluminium  alloy  impeller  section  and  steel 
inducer. 
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The  testing  of  the  'C'  compressor  was  for  overall  performance  only  and  a  test  static-total  pressure  ratio 
map  is  shown  in  Figure  23.  For  this  te: t  map  the  impeller  was  matched  with  a  13  vane  radial  diffuser, 
channel  area  ratio  1.65:1.  Flow  range  at  design  speed  was  14%. 


4.4  NPT  'J'  COMPRESSOR 

This  compressor  was  designed  for  a  two  shaft  recuperative  heat  exchanger  automotive  truck  gas  turbine 
The  power  turbine  of  the  engine  had  variable  geometry  nozzle  guide  vanes.  The  prime  purpose  of  these  vanes 
was  to  enable  the  engine  to  operate  at  high  cycle  temperatures  at  all  power  levels  in  the  interest  of  good 
fuel  economy.  This  required  the  compressor  to  have  wide  flow  range  over  a  large  rotational  speed  range. 

The  engine  was  designed  to  produce  a  flat  rating  power  at  extremes  of  ambient  temperature  up  to  altitudes 
of  2750  metres.  To  meet  this  the  'J'  compressor  was  designed  for  a  static-total  pressure  ratio  of  5.1:1  at 
the  ISA  SL  condition.  At  this  condition  engine  flat  rating  and  idling  speeds  occurred  at  90%  and  55%  of 
design  compressor  speed  respectively.  High  efficiency  was  therefore  required  from  idle  up  to  design  speed. 

To  obtain  wide  flow  range  the  compressor  featured  impeller  backsweep,  a  low  inducer  hub-tip  ratio,  and  a 
subsonic  diffuser  having  a  low  number  of  curved  vanes.  Design  specific  speed  was  set  by  gasifier  turbine 
stress  and  total  gasifier  rotor  inertia  considerations. 

The  'J'  compressor  was  tested  at  the  NGTE  and  was  only  instrumented  to  obtain  overall  performance.  Figure  24 
shows  the  static-total  pressure  ratio  performance  map  for  the  second  build  standard.  As  can  be  seen  the 
desired  wide  flow  range  was  achieved,  the  hatched  lines  on  the  map  indicating  the  regions  of  engine  operation 
to  achieve  full  flat  rating  and  part  load  performance.  The  design  pressure  ratio  was  obtained,  also  the 
efficiency  target  for  the  build  standard.  For  this  build  the  area  ratio  of  the  diffuser  channels  was  set 
low  at  1.60:1. 

The  'J'  impeller,  like  that  of  the  'C'  has  been  manufactured  as  a  one  or  two  piece  design. 


5  FINAL  COMMENT 

In  the  Introduction  it  was  stated  that  the  development  of  small  gas  turbine  engines  has  been  a  major  stimulus 
for  the  development  of  the  centrifugal  compressor.  This  is  likely  to  remain  so  in  the  forseeable  future. 
However,  the  growing  interest  in  the  development  of  advanced  piston  engine  turbocharger  systems  particularly 
turbocompound  arrangements  could  well  produce  a  stimulus  of  equal  magnitude.  To  meet  the  advanced  turbo¬ 
compounding  requirements  we  can  forsee  the  development  of  very  high  efficiency,  low  cost  single  stage 
compressors  of  4  to  6:1  pressure  ratio  having  flow  ranges  in  excess  of  45%,  thus  giving  a  lead  to  the 
automotive  gas  turbine. 
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CENTRIFUGAL  COMPRESSOR  REOU I REMENTS  FOR  THREE  DIFFERENT  SMALL  GAS  TURBINE  APPLICATIONS 


COMPRESSOR  REQU IREMFNT  AND 
DESIGN  PROBLEMS 

RPV  TURBOJET 

LOW  COST  SINGLE 
SHAFT  TURBOPROP 

AUTOMOTIVE 

GAS  TURBINE 

PRESSURE  RATIO 

4  -  G 

7-9 

4-8 

HIGH  EFFICIENCY 

DESIRABLE 

IMPORTANT 

IMPORTANT 

SPECIFIC  SPEED 

HIGH 

LOW 

MEDIUM  TO  LOW 

DESIRED  MINIMUM  FLOW  RANGE 
(DESIGN  SPEED) 

12% 

16% 

28% 

LOW  INERTIA 

NOT  IMPORTANT 

NOT  IMPORTANT 

VERY  IMPORTANT 

FRONTAL  AREA  RESTRICTION 

SEVERE 

MODERATE 

MODERATE 

LIFE  REQUIREMENT 

LOW 

HIGH 

VERY  HIGH 

COffT  AMINAT  ION  RESISTANCE 

VERY  HIGH 

MODERATE 

HIGH 

LOW  CYCLE  FATIGUE 

RESISTANCE 

LOW 

HIGH 

VERY  HIGH 

TABLE  2  SUMMARY  OF  LEADING  COMPRESSOR  DESIGN  FEATURES 


(i)  GEOMETRIC 


FEATURE 


COMPRESSOR  DESIGNATION 


Inducer  Hub  diameter  mm  (in) 

Inducer  Shroud  diameter  mm  (in) 

Impeller  Tip  diameter  mm  (in) 

Number  of  Vanes/Splitters 

Impeller  Vane  Backsweep  (°) 

Angle 

Number  of  Diffuser  Vanes 

Diameter  of  Diffuser  mm  (in) 

Leading  Edge 

Diameter  of  Diffuser  mm  (in) 

Trailing  Edge 

Diffuser  Area  Ratio 


61.9  (2.44)  50. B  (2.0) 

145.2  (5.72)  124.5  (4.9) 

275.3  (10.84)  234.9  (9.25) 


40.4  (1.59) 
95.00  (3.74) 
163.7  (6.45t 
17/17 
0 


180.9  (  7.12)  304  (11.97)  247  (  9.71) 

257.1  (10.12)  432.3  (17.02)  370.8  (14.6) 

1.65  1.6  2.1 


AERODYNAMIC 


Rotational  Speed  N //!* 

Mass  Flow  myo/l 

Pressure  Ratio  Overall 
(S-T) 

Inlet  Swirl 

Loading A H/Uj 

Impeller  Tip  Speed  at 
Design,  U//9 

Inducer  Tip  Rel  Mach  No, 

Impeller  Tip  Abs.  Exit 
Mach  No. 

Diffuser  IE  Mach  No. 

Axial  Straightener  Mach  No 

Specific  Speed 

Flow  Range  at  Design 
Speed  %  *  (Test) 


rad  (rpm) 


(ft3/*# 


ft.lbf/lU 


6084  (58100) 

3822  '  %500) 

5236  (5 0000) 

1,03  (  2.28) 

2.45  (5.4) 

1.95  (4.3) 

4.5 

5.1 

8.0 

0 

0 

0 

0.82 

0.76 

0.79 

498  (1634) 

526  (1726) 

615  (2017) 

1.00 

0.97 

1.17 

1.16 

1.04 

1.14 

1.0 

0.90 

1.06 

- 

- 

0.13 

0.72  (92.2) 

0.64  (82.7) 

0.62  (79.9) 

14 

28 

18 

(m  choke  -  m  surge) /m  surge 


TABLE  3. 


NPT  '  M'  COMPRESSOR.  TEMPERATURE  f.  PRESSURE  INSTRUMENTATION  SUMMARY 


LOCATION 

TYPE 

NUMBER 

COMMENT 

Radial  Intake 

Inlet 

PT 

5 

Probes  set  in 
inlet  struts 

Intake  Duct 

PS 

13 

Hub  and  shroud 
wall  statics 

Inducer  Inlet 

PS 

5 

Wall  statics 

PT 

9 

3  head  comb  (3) 

PT 

1 

Traverse  vaw  meter 

Impeller  Shroud 

PS 

30 

Shroud  statics, 

2  planes 

Impeller  tip 
-  vaneless 
space  RR  =  1.035 

PS 

30 

Front  and  rear  wall 

circumferential 

statics. 

Vaneless  Space 
at  RR  =  1.05 

PS 

1 

Diffuser  leading 
edge 

Radial  Diffuser 

Semi  Vaneless 

Space 

PS 

8 

1  diffuser  vane 
suction  surface 

Ditluser  Throat 

PS 

5 

3  Channels 

Diffuser  Channel 

PS 

6 

Along  centre  line 
of  one  channel 

Diffuser  Exit 

Throat 

PS 

9 

Used  to  calculate 
total  pressure 

Diffuser  Exit 

PS 

3 

Keil  probes 

radius 

PT 

3 

Diffuser  Bend 

PS 

5 

Wall  statics,  hub 
and  shroud 

Axial  Vane 

PS 

5 

Along  centre  line 
of  1  channel 

Axial  Vane  Exit 

PT 

b 

Keil  probes 

PS 

6 

In  annulus  shroud 

Collector 

PS 

6 

On  mean  diameter 

T 

6 

Exit  total  temp¬ 
erature 

Impeller 

Backplate 

PS 

4 

CODE 


PS  =  Static  pressure 
PT  =  Total  pressure 
T  =  Total  temperature 
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FIGURE  2.  DESIGN  HO  INI'  PERFORMANCE  MAP  FOR  SMALL 
RPV  TURBOJETS 


FIGURE  1.  TYPICAL  SMALL  RPV  TURBOJET 


FIGURE  3.  TYPICAL  SMALL,  LOW  COST  FIGURE  4.  DESIGN  POINT  PERFORMANCE  MAP  FOR  SMALL, 

TURBOPROP  ELLER  ENGINE  LOW  COST  TURBOPROPELLER  ENGINES 

CONFIGURATIONS 


POLYTROPIC  EFFICIENCY 
STATIC  TO  TOTAL  -  PERCENT. 


FIGURE  5.  TYPICAL  TRICK  GAS  TURBINE 
CONFIGURATIONS 


I3SCK 


1450  K 

'■-.PR 


INCREASING  T.E.T 


FIGURE  (>.  DESIGN  POINT  PERFORMANCE  MAP  FOR 
ADVANCED  GAS  TURBINE  TRUCK 
ENGINES 


SPECIFIC  POWER  (KW.S/kG) 


FIGURE  7.  RATED  PERFORMANCE  POLYTROPIC 

EFFICIENCY  FOR  SMALL  COMPRESSORS. 

(Adapted  from  ref  2) 
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f 

IGIJRE  B.  EXAMPLE  OF  AIRFLOW  PER  UNIT 

FRONTAL  AREA  v  FLOW  SPEED  < 

FUNCTION  FOR  A  SMALL  TURBOJET  Z 

O 


S 

o 

-J 


a. 


O 


ILL  ISENTR0P1C  EFFICIENCY.  (STATIC  -TOTAL) 


FLOW-SPEED  FUNCTION.  ifiN’/Sy®  (xio’)-  (kG.RPLI/S) 


FIGURE  9.  COMPRESSOR  SPECIFIC  SPEED  v  FLOW 
SPEED  FUNCTION 


FIGURE  10.  INDUCER  TIP  RELATIVE  MACH 

NUMBER  v  FLOW  SPEED  FUNCTION 


FIGURE  11.  CENTRIFUGAL  AND  AXIAL-CENTRIFUGAL 
COMPRESSOR  EFFICIENCY  CHART 


AXIAL  STAGE  PRESSURE  RATIO.  (TOTAL  -  TOTAL) 


(impeller  exit  total/inlet  total)  isentrgpic  EFFICIENCY 


PRESSURE  RATIO. (radial  DIFFUSER  EXIT  TOTAL/  INLET  TOTAL)  gj  PRESSURE  RATIO.  (COLLECTOR  STATIC/  INLET  TOTAL) 
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18.  NPT  -r  COMPRESSOR.  STATIC-TOTAL  PRESSURE  RATIO  PERFORMANCE  MAP 


FIGURE  19.  NPT  \M’  COMPRESSOR.  TOTAL-TOT*!.  PRESSURE  RATIO  PERFORMANCE  MAP 


ucssvmc  Rise  cocmocMr  (ps -pso/(pt<-M'> 
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NPT  'm'  COMPRESSOR 

•NTiu«t  W4U.  v£lco  *  i  o-«  rmsin»0N. 


?£SiGN, 
.  *£ST 


SCCCC  SPM  i/5  ►  z-n 


FIGURE  20. 


NPT  *M’  COMPRESSOR.  TEST  AND  DESIGN  INTAKE  WALL 
VELOCITY  DISTRIBUTIONS 


o  jc  40  eo  eo  co 


PERCENT  MEPtOOKAt.  DISTANCE. 


NPT  *-*  CC'Mr.''p;irCR 

«MP=U-£B  ShP.OoO  STATIC  P«ES5UK£  0*iTRl?uTON. 


FIGURE  21.  NPT  \M’  COMPRESSOR.  TEST  AND  DESIGN  IMPELLER 
SHROUD  STATIC  PRESSURE  DISTRIBUT IONS 


NPT  'M’  COMPRESSOR 

CISTRieuTiCN  OP  D»FK’'£R  STATIC  PRESSURE  PISE 
AT  THr  DESiCn  CONCITlQN 
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PREDICTED - 
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o  20  *0  60  »0  ICO 

PERCENT  MERIDIONAL  DISTANCE 


FIGURE  22. 
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•NPT  'V  COMPRESSOR.  DISTRIBUTION  OF  DIFFUSER 
STATIC  PRESSURE  RISK  AT  THE  DESIGN  CONDITION 
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PRESSURE  RATIO.  (COLLECTOR  STATIC  /  INLET  TOTAL)  PRESSURE  RATIO  (PLENUM  STATIC/  INLET  total) 
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CORRECTED  PLOW  /  REFERENCE  FLOW. 

NPT  'C'  COMPRESSOR.  STATIC-TOTAL  PRESSURE:  RATIO  PERFORMANCE  MAP 
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CORRECTED  flow  /  REFERENCE  FLOW. 


0,8 
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FIGURE  24.  NIT  'J'  COMPRESSOR.  STATIC-TOTAL  PRESSURE  RATIO  PERFORMANCE  MAP 


DISCUSSION 


D.Japikse,  CRFARL,  US 

I  was  interested  to  observe  the  good  surge  margin  of  this  compressor  which  was  obtained  on  the  first  test  in  contrast 
witli  tiie  Allison  compressor  described  in  Paper  No. 20  in  which  difficulty  was  encountered  in  obtaining  sufficient 
surge  margin  in  a  compressor  of  8  to  1  pressure  ratio.  Why  was  it  so  easy  for  the  NPT  compressor  and  so  difficult 
for  Allison’s? 

Author's  Reply 

We  have  ideas  as  to  how  we  obtained  such  a  good  surge  margin  which  were  incorporated  in  the  design  but  I  am 
unable  to  state  this  information  for  proprietary  reasons. 


R.A.Novak,  G.E.  Company,  US 

Could  the  author  please  explain  why  the  splitter-vane  leading  edges  appear  to  lean  forward  in  this  compressor  ‘C. 

Author’s  Reply 

The  lean  of  the  splitter-vane  leading  edges  was  somewhat  arbitrary  to  suit  manufacture  and  there  was  no  particular 
aerodynamic  reason  for  it. 


D.Eckardt,  MTU,  Munich,  Ge 

In  the  case  of  the  ’J’  compressor  there  was  only  a  very  small  diffuser  area  ratio  of  1 .6.  Could  the  author  explain  if 
this  was  due  to  a  spatial  limitation. 

Author’s  Reply 

There  was  originally  a  space  limitation  on  the  design  of  this  compressor  and  although  that  limitation  was  later 
lifted  the  area  ratio  was  not  changed.  The  design  exit  Mach  number  of  the  diffuser  was  quite  high  at  about  0.35. 


R. A. Moyes,  Compair  Industrial  Ltd,  UK 

l  observe  that  the  impellers  described  in  the  papei  do  not  have  rake  at  the  tip.  Is  there  any  aerodynamic 
significance? 


Author’s  Reply 

We  have  no  experience  of  the  aerodynamic  effects  of  rake.  Some  designers  claim  that  rake  acts  in  a  manner  akin 
to  back-sweep  and  also  that  it  helps  in  reducing  impeller  tip  noise  or  blade  slap.  Forward  rake  can  be  beneficial 
as  regards  reducing  machining  time  in  the  tip  region  when  cutting  on  a  5-axis  machine.  Forward  rake  is  avoided  by 
some  designers  since  it  could  lead  to  extensive  damage  due  to  its  natural  gouging  tendency  should  a  shroud  ‘rub’ 
occur. 
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EFFICIENCY  OF  CENTRIFUGAL  COMPRESSOR  IMPELLERS 

by 

Colin  Rodgers 
Chief  Analytical  Engineer 
Solar  Turbines  International 
2200  Pacific  Highway 
P.0.  Box  80966 
San  Diego,  CA  92138 


SUMMARY 

The  correlation  of  efficiency  levels  of  low  and  high  pressure  ratio  centrifugal 
compressors  and  pumps  with  specific  speed  have  produced  relatively  large  uncertainty 
concerning  the  state  of  the  art  in  maximum  attainable  efficiency  potential.  This 
uncertainty  has  arisen  from  the  practice  of  extrapolating  the  published  performances  of 
widely  differing  impeller  and  diffuser  designs,  the  differences  in  determination  of 
efficiency  measurement  and  computation,  and  basic  data  uncertainty  and  repeatability. 

Improved  efficiency  correlation  can  be  obtained,  if  the  impeller  and  diffuser 
performances  of  centrifugal  compressors  and  pumps  can  be  separated.  This  allows  the 
impeller  performance  potential  to  be  correlated  separately  in  terms  of  peak  polytropic 
efficiency  versus  specif i;  speed  based  upon  average  flowpath  density.  Test  data  are 
presented  in  this  paper,  to  support  the  improved  correlation,  on  several  compressor 
impeller  geometries  at  low  and  high  Mach  number  and  specific  speed,  together  with  design 
charts  showing  attainable  state-of-the-art  impeller  efficiency  levels  as  dependent  upon 
geometry  and  operating  conditions. 

NOMENCLATURE 

b  Blade  Height 

C  Absolute  Velocity 

cf  Skin  Friction  Coefficient 

CFS  Volume  Flow 

Cp  Specific  Heat  at  Constant  Pressure 
D  Diameter 

g  Gravitational  Constanc 

GPM  Gallons  per  Minute 

J  Joules  Equivalent 

H  Head 

L  Blade  Length  along  Mean  Streamline 

My  Machine  Mach  Number  (Based  on  tip  speed  and  inlet  stagnation  conditions) 

N  Rotational  Speed 

Ng  Specific  Speed 

q  Work  Factor  or  Loss  Coefficient 

R  Gas  Constant 

rhyd  Hydraulic  Radius 

U  Impeller  Tip  Speed 

W  Relative  Velocity  or  Flow  Rate 
Z  Blade  Number 

0  Blade  Angle  (relative  to  axial  direction) 

Difference 
p  Density 

1  Efficiency 

<P  Flow  Coefficient 

$  Head  Coefficient 

y  Specific  Heat  Ratio 

v  Kinematic  Viscosity 

w  Angular  Velocity 

SUBSCRIPTS 

1  Impeller  Inlet 

2  Impeller  Tip 

h  Inducer  Hub 

d  Diffusion 

f  Friction 

th  Theoretical 

p  Polytropic 

r  Meridional 

s  Shroud 

w  Windage 

SUPERSCRIPT 


Average 


INTRODUCTION 


The  expense  and  duration  of  developing  new  centrifugal  compressor  designs  to  obtain 
higher  performance  levels  often  precludes  departure  from  established  baseline  design 
procedures  yielding  satisfactory  performance  results.  This,  however,  may  confine  and 
eventually  stagnate  compressor  design  technology. 

With  a  confined  technology  spectrum,  it  is  difficult  to  clearly  establish  the  influ¬ 
ence  of  major  impeller  performance  parameters  on  impeller  loss  fractions  and,  hence,  on 
efficiency  trends.  A  broader  centrifugal  compressor  technology  must  intrinsically  be 
established  when  diversified  market  applications  demand  compressor  designs  to  suit  an 
ever  increasing  range  of  flow  capacities  for  various  impeller  types.  It  is  common,  for 
example,  in  industrial  centrifugal  compressor  applications  to  demand  flow  capacities  for 
a  given  impeller  family,  varying  by  an  order  of  50.1,  which  pushes  the  extremities  of  the 
specific  speed  or  flow  coefficient  curve  to  ever  lower  and  higher  limits. 

The  importance  of  the  specific  speed  efficiency  relationship,  and  the  design  param¬ 
eters  selection  that  enables  optimum  performance  te  be  attained  along  the  peak  efficiency 
locus,  is  paramount  technology  for  successful  competitive  designs.  Reluctance  to  use  the 
specific  speed  relationship  in  preliminary  design  by  some  designers  appears  to  stem  from: 

•  Insufficient  published  test  data  to  clearly  identify  efficiency  levels  and  trends 

•  Apparent  diversity  of  specific  speed  curves  required  to  cover  variations  in 
density  ratio,  hub  diameter  ratios,  and  Reynolds  number 

•  Reluctance  to  use  a  "dimensional”  parameter  grouping  with  no  real  physical 
meaning  other;  than  excellence  of  shape,  unlike  true  dimensionless  similarity 
parameters  such  as  Reynolds  numbers  and  Mach  number 

The  derivation  and  use  of  specific  speed  has  been  extensively  treated  by  many 
authors.  (Refs.  1,  2,  and  3  are  outstanding.)  Further  treatment  would  be  superfluous, 
except  to  reiterate  that  specific  speed  combines  the  two  most  common  non-dimensional 
turbomachinery  parameters,  flow  and  head  coefficients  (p,  ip),  with  a  constant,  in  the 
following  relationship: 

0.5 

Specific  Speed  /  Constant  x  V q~T5  ( 1 ) 

The  three  most  common  forms  for  specific  speed  used  in  the  United  States  are: 


To  aid  comparison  between  U.S.  and  metric  designed  pumps  and  compressors,  the  non- 
dimensional  form  of  specific  speed  is  adapted  herein. 


(2) 

(3) 

(4) 

(5) 


Commercial  pump  design  practice  in  the  U.S.  (Ref.  3)  is  to  essentially  rely  upon  a 
single  specific  speed  curve,  often  known  as  "the  chart,"  as  a  yardstick  with  which 
designers  may  judge  the  merit  of  their  designs  before  commencing  detail  design,  or  to 
assess  potential  efficiency  level.  Use  of  the  chart  does  not  reveal  the  particular  design 
features  of  the  impeller  that  will  produce  optimum  efficiency. 


For  this  reason,  it  is  necessary  to  initiate  design  with  information  relating  to  the 
corresponding  optimum  velocity  triangles  -  the  optimum  variation  of  both  f  and  $  along 
the  optimum  efficiency  locus.  Even  with  this  Information,  good  design,  manufacturing,  and 
test  development  practice  is  still  necessary  to  attain  the  peak  efficiency  level.  Thus, 
choosing  specific  speed  "a-priori"  is  not, an  unconditional  guarantee  of  maximum  perfor¬ 
mance.  Ref.  3  provides  additional  information  in  the  form  of  pump  Impeller  tip  flow 
coefficient  and  exit  blade  angle.  It  will  be  shown  later  that  similar  optima  can  be 
derived  for  compressible  media  impellers,  except  that,  as  would  be  expected  from  dimen¬ 
sional  considerations,  both  Mach  number  and  Reynolds  number  variables  have  to  be  taken 
into  account.  This  is  a  consequence  of  the  fact  that  exact  geometric  (vector  triangles) 
and  viscous  similarity  cannot  be  maintained  as  both  Mach  and  Reynolds  numbers  are  varied. 


For  low  Mach  numbers  (M.,  <  0.6),  however,  it  is  possible  to  compare  centrifugal  pump 
and  compressor  Impellers  at  the  same  Reynolds  numbers  on  the  basis  of  efficiency  versus 
inlet  specific  speed,  since  the  density  ratio  is  small.  Tests  on  centrifugal  pumps  using 
both  air  and  water  are  commonly  conducted.  Some  of  the  better  documented  tests,  described 
in  Ref.  4,  show  that  pump  performance  characteristics  on  air  (at  low  speed)  and  water  can 
indeed  be  correlated,  if  corrections  are  made  for  the  changes  in  viscosity  and  seal 
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losses.  The  effect  of  using  air  in  a  water  pump  test  is  the  same  as  using  a  fluid  of 
viscosity  15  times  greater  than  that  of  water,  or  reducing  the  water  test  speed  15  fold. 
Such  pump  and  compressor  comparisons  for  the  same  geometry  at  low  speed  are  valid,  but 
have  been  extrapolated  ad  infinitum,  for  all  forms  of  compressors  and  pumps  with  widely 
different  impellers,  diffusers,  and  volutes.  These  extrapolations  may  lead  to  erroneous 
correlations  of  peak  stage  (impeller  plus  diffuser)  efficiency. 

It  is  established  that  high  Mach  number  compressor  performance  is  critically  influ¬ 
enced  by  the  matching  and  vaned  diffuser  configuration,  and  that  choking  conditions 
result  in  radical  discontinuities  in  the  variation  of  the  impeller  and  diffuser  velocity 
triangles  and  losses.  The  casing  losses  of  high  specific  speed  pumps  and  compressors  can 
also  significantly  influence  the  overall  stage  performance  dependent  upon  throat  area 
ratios  and  discharge  treatment. 

A  more  logical  performance  comparison  (when  specific  geometries  are  available)  ought 
to  be  possible  by  comparing  impeller  performances  alone.  The  difficulty,  however,  is 
evaluation  of  impeller  performance,  especially  for  small  high-pressure  ratio  impellers, 
where  physical  measurement  of  the  impeller  exit  flow  conditions  is  virtually  impossible. 

IMPELLER  EFFICIENCY  ASSESSMENT 

Since  the  measurement  of  impeller  exit  momentum  is  problematical,  it  is  customary  to 
assess  impeller  efficiency  based  upon  a  computed  exit  average  vector  triangle.  Computing 
methods  are  diverse  and  provide  slightly  different  results  depending  upon  the  particular 
analytical  model  hypothesized. 

Impeller  performance  is  usually  determined  by  testing  an  impeller  with  a  short 
vaneless  diffuser  or  dump  section  downstream  of  the  tip.  A  conventional  impeller  effi¬ 
ciency  calculation  technique  .s  based  upon  establishing  a  mean  exit  vector  by  using  the 
discharge  total  temperatures  average  tip  static  pressure,  flow  and  continuity  equation. 
This  technique,  by  no  pretense  an  absolute  measurement,  provides  a  reliable  yardstick  for 
impeller  efficiency  assessment  and  was  used  to  determine  the  performance  of  many 
impellers  discussed  herein. 

An  intrinsic  weakness  of  the  technique  is  the  inability  to  rate  the  quality  of  the 
impeller  exit  flow  distribution  and  wake  mixing  effects  on  the  downstream  diffusion 
system.  It  has  been  determined  that  impeller  performance  calculated  in  this  manner  does 
not  always  exhibit  acceptable  repeatability  when  the  downstream  diffusion  process  is 
changed. 

With  nearly  uniform  exit  flow  conditions,  assumption  of  a  mixed-out  exit  velocity 
triangle  condition  is  meaningful  and  not  overly  sensitive  to  assumed  blockage  values  and 
recirculation  effects.  At  stall  and  lower  flows,  however,  the  flow  may  dichotomize  into 
high  and  low  momentum  paths  with  possible  recirculation  of  the  low  momentum  fluid  back 
into  the  impeller  and/or  rotating  stall.  The  calculation  of  a  mixed  rotor  tip  relative 
velocity  under  such  conditions  msy  result  in  apparently  high  diffusion  rates,  since  W„ 
mixed  can  be  substantially  lower  than  the  main  core  flow  vector. 

Representation  of  the  impeller  tip  flow  conditions  by  either  blockage,  jet  and  wake 
momentum  deficiency,  or  profile  corrections  is  a  controversial  subject  (in  both  radial 
and  axial  compressor  design)  and  becomes  a  matter  of  the  taste  and  experience  of  the 
individual  designers.  All  impeller  geometries  discussed  herein  were  designed  with  the 
assumption  of  constant  blockage  (from  five  to  ten  percent  depending  upon  specific  speed) 
plus  windage  and  recirculation  losses  qw,  treated  as  a  simple  external  energy  loss. 

Albeit,  analysis  of  impeller  test  data,  using  constant  blockage  and  the  defined 
windage  plus  recirculation  allowance,  tends  to  discredit  the  impeller  with  apparently 
excessive  diffusion  capabilities;  the  tip  vector  condition  is  ever  elusive,  in  that 
blockage  is  variable  and  influenced  by  several  factors  amongst  which  are: 

•  Impeller  Geometry  -  Hydraulic  diameter  and  blade  thickness 

•  Diffusion  Factor 

•  Inducer  Incidence  -  Boundary  layer  growth  near  choke  and  stall 

•  Clearance  Effects 

IMPELLER  SIMILARITY  CONSIDERATIONS 

Impellers  designed  for  the  same  head,  inlet  flow,  and  rotational  speed  with  dif¬ 
ferent  molecular  weight  gases  are  not  geometrically  similar.  To  maintain  equal  diffusion 
ratios,  the  exit  passage  width  (for  a  given  discharge  blade  angle)  can  be  shown  to  be 
proportional  to: 

Exit  Width  «  P^/P2  (6) 

where 
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Mj,  -  U2  (g  Y  RTj )-0‘ 5  (8) 

This  means  that,  although  the  inlet  specific  speed  may  be  identical,  the  impeller  geom¬ 
etry  differs,  and  the  larger  density  change  design  approximates  a  lower  specific  impeller 
exit  shape  with  its  consequent  smaller  exit  blade  height. 

In  Ref.  5,  an  alternate  definition  of  specific  speed  is  proposed  which  attempts  to 
account  for  this  compressibility  influence  and  also  selects  polytropic  efficiency  Instead 
of  adiabatic  efficiency.  Polytropic  efficiency  is  used  as  a  better -reference  of  state-of- 
the-art  than  adiabatic  efficiency,  since  it  is  more  indicative  of  the  true  aerodynamic 
(or  hydraulic)  losses.  A  constant  polytropic  efficiency  over  a  density  ratio  range  from 
1.0  to  4.0  indicates  that  aerodynamic  losses  are  proportional  to  the  impeller  work.  A 
drop  in  polytropic  efficiency  over  this  density  ratio  range  would,  therefore,  indicate 
proportionately  higher  losses  as  impeller  work  increases.  Essentially,  the  use  of  poly¬ 
tropic  efficiency  and  average  specific  speed  reduces  the  compressor  impeller  flowpath  to 
an  equivalent  incompressible  frictional  path,  analogous  to  that  of  a  centrifugal  pump 
impeller,  although  generally  at  a  lower  Reynolds  number. 

Specific  speed  is  defined  with  the  volume  flow  represented  by  the  average  of  the 
inlet  and  exit  volume  flows,  namely: 


N  [ (CFS.  +  CFS„)/2 ]0,5 

HS - ~5T75— g -  <*») 

Note:  To  be  consistent  with  the  use  of  polytropic  efficiency,  polytropic  head  is  used  in 
this  equation. 

thus , 
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Utilization  of  the  average  specific  speed  Ng,  therefore,  reflects  the  physical 
geometry  change  of  reduced  exit  with  a  higher  density  ratio  impeller  design  by  displacing 
it  to  a  lower  specific  speed/ lower  efficiency  position.  All  that  has  been  changed  in  the 
dimensional  similarity  of  specific  speed  derivation  is  really  the  reference  density 
condition.  It  is  to  be  anticipated  that  the  higher  density  design  will  result  in  lower 
polytropic  efficiency  (apart  from  clearance  effects)  since  the  impeller  passage  fric¬ 
tional  losses  will  increase  with  reduced  hydraulic  diameter. 


Although  the  use  of  is  empirically  innovative  in  minimizing  the  number  of  param¬ 
eters  associated  with  efficiency  correlation,  the  effects  of  impeller  geometric  differ¬ 
ences,  such  as  hub  diameter  ratio,  blade  sweep,  solidity  and  curvatures,  are  not  specif¬ 
ically  delineated.  Inadequate  or  excessive  blade  solidity,  for  example,  would  prevent  an 
impeller  design  from  reaching  the  peak  efficiency  locus.  The  effects  of  these  more 
refined  aspects  of  impeller  design  upon  the  efficiency  of  the  specific  speed  relationship 
will  be  discussed  shortly. 


TEST  CORRELATION 


Correlation  of  efficiency  versus  specific  speed  for  a  given  type  of  turbomachine  is 
a  common  practice  throughout  industry.  When  accomplished  on  an  overall  stage  basis,  with 
relatively  similar  rotors  and  stator  designs,  it  may  provide  relatively  smooth  data 
trends.  This  practice,  however,  can  be  abused,  as  mentioned  previously,  by  extending  the 
extrapolation  to  cover  wider  variations  in  geometry.  As  a  result,  data  correlation  can  be 
poor,  showing  large  scatter.  Additionally,  differences  in  measurement  techniques  and 
methods  of  efficiency  assessment  aggravate  the  data  scatter. 

In  this  particular  correlation,  the  peak  polytropic  efficiencies  of  many  (radial 
discharge)  impellers  manufactured  at  Solar  were  correlated  against  mean  polytropic 
specific  spetd  over  their  range  of  test  speeds.  At  the  higher  specific  speed  stages, 
both  peak  and  efficiencies  at  higher  flows  than  the  peak  were  used. 

The  design  features  of  the  impellers  used  are  described  in  Ref.  6.  Fig.  1  shows  low, 
medium,  and  high  impeller  flow  configurations  to  illustrate  the  range  of  specific  speed 
covered. 


Before  discussing  the  results  of  the  correlation,  it  is  necessary  to  define  its 
limitations  in  terms  of  those  parameters  influencing  the  viscous  and  non -viscous  flow- 
path  losses: 

Size:  Impeller  tip  diameters  ranged  from  10  to  36  cm  (4  to  14  inches). 

Type :  All  impellers  were  of  the  three  dimensional  Inducer  type  with  blade  exit 
angles  ranging  from  0  to  SO  degrees  (from  the  radial). 

Inlet :  Axial  accelerating  (nozzle)  type. 

Hub  Diameter:  The  hub-to-tip  diameter  ratios  varied  (Dlh/D2)  from  0.27  to  0.36. 


A-1  (121747-5) 


E-2  (121752-1) 

Fig.  1  Test  impellers 

Surface  Finish:  All  impellers  were  manufactured  by  integral  milling  with  a  polished 

surface. 

Blade  Numbers:  Blade  numbers  varied  from  14  to  36  depending  upon  specific  speed  and 

Uach  number. 

Density :  All  impellers  were  tested  at  ambient  suction  conditions. 

The  influence  of  clearance  losses  is  also  an  important  performance  consideration.  In 
all  test  cases  discussed  here,  the  impeller  casing  shrouds  were  either  manufactured  from, 
or  coated  with,  an  abradable  material  so  as  to  allow  the  minimum  possible  clearance 
without  destructive  damage.  In  many  instances,  slight  rubbing  did  occur  at  maximum  test 
speeds.  Solidity  and  form  of  the  impeller  blade  were  designed  to  provide  a  relatively 
smooth  mean-line  diffusion  throughout  the  flow  path  with  no  (calculated)  zones  of  nega¬ 
tive  surface  velocity,  at  the  design  condition.  Impeller  designs  with  higher  operating 
inlet  relative  Mach  numbers  used  modified  parabolic  inducer  camber-line  geometries  from 
the  leading  edge  past  the  throat,  with  low  suction  surface  curvature.  Impeller  efficiency 
was  calculated  using  the  average  of  five  static  pressure  taps  at  the  impeller  tip,  the 
measured  airflow,  casing  discharge  temperature  and  a  tip  blockage  of  5  to  10  percent, 
with  a  windage  correction  (subtracted  from  the  exit  momentum)  according  to  the  empirical 
relationship: 
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Impeller  tip  traversing  was  practical  for  the  larger  impellers  and  revealed  accept¬ 
able  agreement  between  the  measured  and  computed  tip  total  pressures  near  the  peak 
efficiency  flow  conditions. 


Impeller  efficiencies  were  examined  for  the  various  test  tip  speeds,  which  for  one 
impeller  ranged  from  1080  to  2060  feet  per  second  (fps).  The  correlation  of  impeller 
polytropic  efficiency  and  mean  specific  speed  for  many  impellers  designed,  fabricated, 
and  tested  in  accordance  with  the  previous  limitations  is  shown  in  Fig.  2.  Although  some 
data  scatter  is  inevitable,  the  general  trend  represents  an  improvement  upon  previous 
correlations  of  overall  stage  data.  Even  for  this  restricted  range  of  impellers,  some 
scatter  must  be  anticipated  due  to  measurement  errors.  Cumulative  error  of  instruments  on 
impeller  efficiency  computation  was  on  the  order  of  +2.0  percent. 

Fig.  2  reveals  peak  impeller  polytropic  efficiencies  of  93  to  94  percent  at  mean 
specific  speeds  on  the  order  of  0.6  to  0.8,  with  peak  radial  impeller  (0„  »  0  deg) 
efficiencies  slightly  lower  than  those  of  the  backswept  type.  Of  particular  interest  was 
the  data  from  a  radial  impeller  (Ref.  6)  run  to  a  tip  speed  of  1900  fps  and  a  backswept 
impeller  run  to  2060  fps  which  showed  only  a  minor  decrease  of  polytropic  efficiency  with 
increasing  tip  speed.  This  result  will  be  discussed  in  more  detail  later.  That  peak 
impeller  polytropic  efficiencies  of  93  to  94  percent  are  attainable  (including  windage) 
is  significant  in  that: 

•  The  residual  inefficiency  of  flow  path  loss  must  be  relatively  small. 

5 

•  Even  with  the  relatively  small  size  (Re  »  1  x  10  ) ,  viscous  losses  are  apparently 
small,  no  doubt  due  to  aerodynamical ly  smooth  surfaces. 

These  results  prompted  an  analytical  study  to  investigate  the  residual  losses  in  the 
form  of  a  simplified  mean  streamline  model  of  the  impeller  flow  path.  The  presumption 
that  such  a  model  is  indeed  a  valid  representation  of  the  flow  process  requires  further 
deliberation  of  the  fact  that  the  performance  level  the  impeller  can  produce,  in  terms  of 
exit  momentum  and  its  distribution,  is  not  necessarily  what  the  downstream  diffuser  wants 
to  accept.  For  example,  the  impel1  r  tends  to  produce  a  Couette  meridional  flow  profile, 
whereas  the  diffuser  would  prefe  .o  accept  a  flat  profile. 


I 


•  JO  —  36  cm 

•  Minimum  Clearance 

•  M1#0.3-1.3 

.  r6,  =  ^252=  1  x  10® 

19v 


D^Odeg 
0/32  25-50  dag 
55  deg 


•  D,h/P2<0.4 

►  Data  with  parallel  wall  vaneless  diffuser  fitted 

►  *7p  includes  windage  and  recirculation 

•  Test  data  nearrjp  maximum  at  varying  speeds 


r&O  O^PO?  Q 

vr  &  ° 


sP°  °°co  „ 


o  o 
<9 

aa  a 


A-1  (121747-5) 


E-2  (121752-1) 


0.1  0.2  0.3  0.4  0.5  0.6  0.7  0.8  0.9  1.0  1.2  1. 

Ns  AVERAGE  DENSITY  DIMENSIONLESS  SPECIFIC  SPEED  (LOG  SCALE) 

Fig.  2  Test  impeller  efficiencies  versus  average  specific  speed 
FLOW  PATH  MODEL 

A  simple  mean  streamline  flow  path  model  was  generated  in  which  the  ratio  of  the  poly¬ 
tropic  to  actual  work  input,  needed  to  achieve  the  impeller  tip  stagnation  pressure  rise, 
could  be  expressed  in  terms  of  the  losses  by: 


«th  Mf 
qth  +  <»* 


^  f  *  qd  *  Vj 


The  viscous  loss  coefficients  q.  and  q  were  associated  with  flow  path  friction  and 
discharge  windage.  A  "diffusion1 loss"  was  postulated  encompassing  all  other  loss  sources 
with  the  exception  of  clearance  losses,  which  were  assumed  to  be  negligible  on  the  basis 
of  the  data  constraints. 


Both  frictional  loss  assessments  used  were  semi-empirical  because  data  concerning 
the  direct  measurements  of  these  quantities  in  centrifugal  compressors  were  not  avail¬ 
able.  The  flow-path  frictional  model  was  based  upon  friction  losses  in  90  degree  curved 
stationary  pipes: 
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The  effective  impeller  curvature  in  space  (for  radial  discharge  conditions)  was 
assumed  to  be  proportional  to  the  backswept  angle  0„-  (Mixed-flow  diagonal  discharge 
Impellers  possess  lower  equivalent  curvatures  and  are  not  covered  here  due  to  insuffi¬ 
cient  mixed-flow  Impeller  data.)  Since  the  frictional  model  is  based  upon  stationary 
curved  circular  pipe  data,  its  application  range  is  limited  by  passage  aspect  ratio 
considerations.  For  example,  low  speed  pumps  conventionally  Use  low  blade  numbers  with 
higher  passage  aspect  ratios  and  hydraulic  radii.  Rotation  effects  on  the  friction 
coefficient  are  assumed  to  be  negligible  for  a  turbulent  flow  regime  at  a  Reynolds  number 
of  1  x  10°.  The  friction  and  windage  losses  were  calculated  using  each  of  the  impeller 
geometries  investigated  together  with  the  efficiency  and  work  factor  q  to  determine  the 
residual  loss  q^. 

Fig.  3  shows  the  relatively  small  residual  loss  band  versus  the  work  factor  q, 
indicating  increasing  "diffusion"  loss  wltb  increasing  work  factor.  This  trend  is 
expected,  as  Ref.  6  shows,  an  almost  linear  relationship  between  q  and  diffusion  factor 
(DF)  for  a  particular  impeller  geometry  and  speed.  A  disadvantage  to  the  correlation  q^ 
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■  Radial  Impeller  Mu  max  1.8 
#  Swept  Impeller  Mu  max  1.9 


Fig.  3  Diffusion  loss  versus  work  factor 

vis  DF  is,  however,  that  DF  must  be  estimated  from  the  controversial  vector  conditions  at 
the  impeller  exit,  whereas  q  is  obtained  directly  from  test.  The  diffusion  loss  in  Fig.  3 
is  expressed  as: 

qd  -  0.15  (q  -  0.5)  (15) 

Postulated  diffusion  losses,  therefore,  become  increasingly  smaller  for  lightly 
loaded  impellers  and  appear  to  approach  zero  with  a  work  factor  of  0.5.  This  implies  that 
the  majority  of  impeller  losses  must  be  frictional,  as  corroborated  in  Ref.  4.  Fig.  3 
also  shows  the  individual  diffusion  losses  for  two  high-pressure  ratio  impellers  tested 
over  a  wide  range  of  tip  speeds  (identified  by  the  shaded  symbols).  These  data,  which 
follow  the  general  diffusion  loss  pattern  trend,  imply  the  important  conclusion  that  the 
reduction  in  peak  efficiency  with  increasing  density  ratio  for  a  high-pressure  ratio 
impeller  of  given  geometry  stems  basically  from  increasing  diffusion  loading,  providing 
shock  boundary  layer  separation  losses  are  small. 

One  impeller  in  particular  (shaded  circles)  was  operated  to  an  inducer  tip  relative 
Mach  number  of  1.36  without  indication  of  significant  shock  losses,  both  from  the  q.  data 
trend  and  examination  of  the  inducer  tip  shroud  steady-state  static  pressure  distribu¬ 
tion.  This  impeller,  shown  in  Fig.  4,  had  an  inducer  section  designed  for  efficient 
transonic  operation  with  small  curvature  and  blade  thickness  preceeded  by  an  axial  inlet. 
Distortion  of  the  inlet  flow  and  departure  from  transonic  blade  design  criteria  would  be 
expected  to  precipitate  significant  shock  losses. 

Simply  labeling  all  residual  loss  as  arising  from  internal  diffusion  does  not 
preclude  mixing  losses  downstream  of  the  impeller.  Mixing  losses  are  also  a  function  of 
internal  diffusion  and  blade  blockage.  The  latter  was  less  than  three  percent  for  the 
impellers  investigated. 

Having  generated  the  flow-path  model  from  friction  and  diffusion  losses  using  test 
data  from  a  wide  variety  of  specific  speed  impellers,  an  inverse  computation  procedure 
was  conducted  to  compare  impeller  test  and  estimated  performances.  To  complete  such  a 
comparison,  it  was  necessary  to  calculate  the  work  factor  q  from  impeller  geometry,  flow, 
speed,  and  slippage  or  deviation  criteria  with  deviation  as  a  dependent  function  of 
diffusion  factor.  Such  a  calculation  was  computerized,  and  although  not  described  herein, 
comparative  analyses  of  the  test  and  estimated  peak  impeller  performances  showed  agree¬ 
ment  to  within  +1.5  percentage  points  on  efficiency  and  +5  percent  on  work  factor. 

The  impeller  flow-path  model  based  on  a  single  streamline  analysis,  assuming  loss 
sources  fitting  the  test  data  and  polytropic  compression,  did,  therefore,  satisfactorily 
predict  peak  Impeller  performance  for  a  wide  variety  of  impeller  configurations  with 
ambient  suction  conditions.  The  application  of  such  a  model  to  encompass  other  alternate 
Impeller  configurations,  operating  conditions,  gas  or  fluid  properties,  and  suction 
conditions,  and  the  interpretation  of  results  thereby  obtained  is  left  to  individual 
discretion. 

PREDICTION  OF  SPECIFIC  SPEED  CURVES 

After  an  Improved  technique  was  established  for  correlating  the  efficiency  of  radial 
discharge  centrifugal  Impellers  near  peak  efficiency  conditions  based  upon  existing 
impeller  geometries,  the  Incentive  materialized  to  generate  design  curves  for  prompt 
identification  of  the  efficiency  potential  of  future  or  alternate  designs.  The  computer¬ 
ized  procedure  for  impeller  performance  prediction  previously  mentioned  suggested  an 
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Fig.  4  Transonic  impeller 

immediate  tool  to  generate  such  impeller  peak  efficiency  versus  mean  specific  speed 
design  curves.  The  many  parameters  involved,  however,  have  to  be  generalized  to  cover 
typical  design  configurations.  Optimization  for  a  particular  design  and  the  associated 
design  restraints  is,  of  course,  best  accomplished  by  successive  computer  iterations. 

The  following  dependent  variables  were  selected  as  an  example  of  the  capability  to 
generate  specific  speed  design  curves. 


•  Impeller 

•  Impeller 

•  Impeller 

•  Impeller 

•  Impeller 

•  Impeller 

•  Impeller 


Tip  Blade  Angle  (02) 

Inlet  Flow  Coefficient  (.<?) 
Mach  Number  ( M^ ) 

Diameter  Ratio  (D^/Dg) 
Diffusion  Ratio  (W1/W2) 
Solidity  (irD2/2ZL) 

Tip  Reynolds  Number  (b2U2/('2) 


0,  25,  50  deg 

0.1,  0.2,  0.3,  0.4 

0.77,  1.54 

0.3 

1.4 

0.25 

1  x  105 


Figs.  5  and  6  show  impeller  specific  speed  design  charts  for  Mach  numbers  of  0.77 
and  1.54  respectively  as  constrained  by  the  previous  parameters  and  an  inducer  tip 
relative  Mach  number  not  exceeding  1.3.  These  specific  speed  charts  indicate: 

•  Optimum  mean  specific  speed  increases  as  the  tip  blade  angle  increases  for  a 
given  Mach  number.  Efficient  high  specific  speed  impellers  should,  therefore,  be 
of  the  backswept-type,  providing  blade  stresses  are  acceptable. 

•  Optimum  specific  speed  for  a  given  tip  blade  angle  decreases  slightly  with 
increasing  Mach  number. 

•  Optimum  efficiency  at  a  given  mean  specific  speed  and  Mach  number  is  a  function 
of  the  inlet  flow  coefficient.  Low  inlet  flow  coefficients  are  optimum  at  low 
specific  speeds;  high  inlet  flow  coefficients  are  optimum  at  high  specific 
speeds.  This  follows  similar  trends  in  established  centrifugal  pump  practice. 

•  Peak  impeller  efficiency  (for  a  fixed  solidity)  decreases  by  up  to  two  percentage 
points,  increasing  the  Mach  number  from  0.77  to  1.54  (for  constant  Reynolds 
number ) . 

•  Highly  backswept  impellers  (50  degrees  or  more)  are  some  two  percentage  points 
higher  in  peak  efficiency  than  radial  impellers  for  the  constraints  of  Figs.  5 
and  6.  Straight  radial  impellers  provide  the  highest  efficiency  at  very  low 
specific  speeds. 


Although  not  examined  in  this  study,  the  data  trends  would  support  the  test  evidence 
that  mixed  flow  impellers  with  tip  blade  angles  exceeding  50  degrees  would  be  optimum  at 
specific  speeds  approaching  1.5. 


These  design  charts  provide  a  quick  "look-see"  at  the  optimum  efficiency  zones  and 
the  effects  of  blade  sweep  and  inlet  flow  coefficient  for  fixed  diffusion  rate,  diameter 
ratio,  blade  solidity,  and  Reynolds  number. 

Due  to  the  latter  constraints,  the  practice  of  referring  to  such  charts  as  a  design 
aid  is  rapidly  becoming  outmoded,  since  the  desk  computr  is  a  far  more  versatile  design 
aid  and  may  be  programmed  to  search  for  optimums  without  laborious,  two-dimensional, 
chart-form,  graphical  determination  of  optima. 
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DIFFUSER  CONSIDERATIONS 


The  improved  correlation  of  impeller  efficiency  may  assist  in  more  accurate  defini¬ 
tion  of  optimum  impeller  features,  but  its  inherent  shortcoming  is  that  it  does  not 
quantitatively  rate  the  efficiency  potential  of  the  overall  stage;  i.e.,  impeller  plus 
stationary  diffusion  system  (diffuser).  Futhermore,  the  specific  speed  of  the  impeller 
cannot  be  readily  calculated  and  requires  iteration  of  the  impeller  tip  vector  triangle. 

If  it  is  assumed  that  the  impeller  and  diffuser  performances  can  Indeed  be  separated 
and  that  their  performances  are  not  interdependent,  it  should  be  possible  to  apply  the 
extensive  data  generated  for  two-dimensional  and  conical  diffusers  to  evaluate  overall 
stage  performance  potential.  (See  Ref.  7.) 

Although  component  separation  works  reasonably  well  for  the  impeller  (with  undis¬ 
torted  inlet  flow),  such  is  not  the  case  for  the  downstream  diffuser.  This  is  expected, 
since  the  single  most  dominant  parameter  affecting  the  performance  of  a  particular 
diffuser  geometry  is  the  inlet  blockage.  Thus,  diffuser  performance  with  a  centrifugal 
compressor  or  pump  depends  upon  the  particular  impeller  discharge  flow  conditions.  (See 
Ref.  8.)  Extensive  literature,  including  Refs.  9,  10,  and  11,  is  available  which  deals 
with  the  performance  characteristics  of  various  forms  of  stationary  diffusion  devices. 

The  most  common  devices,  in  order  of  decreasing  efficiency  and  increasing  flow  range, 
are: 


•  Vaned  diffusers 

■  Volute  or  scroll  diffusers 

•  Vaneless  diffusers 


Vaneless  diffusers  in  themselves  can,  with  proper  design,  be  a  source  of  relatively 
small  loss,  but  as  little  diffusion  other  than  vortex  dissipation  is  accomplished,  the 
exit  energy  is  relatively  high  and  may  be  lost  entirely.  Improved  overall  recovery  is 
obtained  from  a  vaneless  diffuser  by  adding  a  volute  or  scroll  discharge  to  reduce 
discharge  losses.  In  effect,  the  scroll  tongue  performs  as  a  single  blade  or  airfoil  and 
as  such,  exhibits  a  stalling  limit,  which  reduces  its  flow  range  compared  to  a  vaneless 
diffuser.  Maximum  diffuser  system  static  pressure  recovery  is,  of  course,  obtained  with  a 
cascade  of  diffuser  vanes  at  the  expense  of  reduced  flow  range.  Typical  static  pressure 
recoveries  (impeller  tip  to  discharge  static)  for  all  three  systems  are  given  below. 

These  recovery  levels  may  be  used,  together  with  the  impeller  performance  levels  pre¬ 
viously  discussed,  to  arrive  at  representative  overall  stage  efficiency  levels. 

Type  of  Diffuser  Vaned  Volute/Scroll  Vaneless 

Static  Pressure  Recovery  0.65/0.78  0.55/0.68  0.5/0. 6 

Using  a  maximum  vaned  diffuser  static  pressure  recovery  of  0.78,  together  with  the 
optimum  impeller  performance  levels  from  Figs.  5  and  6,  the  representative  optimum 
overall  stage  performance  capabilities,  shown  in  Fig.  7,  can  be  plotted  in  the  conven¬ 
tional  form  of  adiabatic  total-static  efficiency  for  comparison  purposes.  Maximum  stage 
adiabatic  efficiency  is  seen  to  be  83.5  percent  with  a  Mach  number  M.,  of  1.54  and  a  of 
50  degrees.  u  ^ 

As  the  optimum  impeller  performances  (with  aerodynamical ly  smooth  surfaces)  reflect 
essentially  frictional  loss  sources,  it  is  difficult  to  conceive  how  attainable  centrif¬ 
ugal  compressor  performances  can  be  raised  above  the  stage  levels  shown  without  higher 
attainable  diffuser  static  pressure  recoveries  or  possibly  increased  impeller  diffusion. 
Unfortunately,  higher  impeller  diffusion  levels  precipitate  reduced  range  and  increased 
diffuser  inlet  blockage.  The  estimated  effect  of  increasing  the  impeller  diffusion  ratio 
f./l2  *rom  1-4  to  1*8  is  also  shown  iri  Fig.  7,  (assuming  0.78  recovery)  and  indicates 
only  slightly  higher  stage  efficiencies  with  blade  angles  p2  ot  25  and  0  degrees. 

It  would  appear,  therefore,  that  if  (as  postulated)  the  losses  in  high  performance 
optimum  design  Impellers  are  essentially  frictional,  future  efforts  to  further  raise 
overall  stage  efficiency  should  concentrate  upon  improving  the  flow  mixing  and  distribu¬ 
tion  of  the  Impeller  exit  and  diffuser  inlet.  These  efforts  may  involve  investigation  of 
the  vaneless  diffuser  end  wall  profiling  and  of  boundary  layer  control  devices. 

Various  forms  of  diffuser  entry  boundary  layer  control  and  bleed  have  been  tried 
throughout  the  industry,  including  end-wall  plenums,  diffuser  vane  end-wall  gaps,  and 
throat  bleed.  Incorporation  of  these  features  may  provide  small  apparent  improvements  in 
compressor  performance,  but  are  often  accompanied  by  minor  parasitic  performance  penal¬ 
ties;  for  example,  boundary  layer  bleed  which  cannot  be  usefully  employed  elsewhere.  It 
is  difficult,  therefore,  to  conceive  that  ultimate  stage  efficiencies  higher  than  90 
percent  for  small  high-pressure  ratio  centrifugal  compressors  can  be  attained  (Ref.  7). 

Efficiencies  greater  than  90  percent  are  attainable  for  large  centrifugal  pumps, 
according  to  "the  chart"  in  Fig.  8,  in  terms  of  non-dimensional  specific  speed.  Chart 
efficiencies  of  80  and  89  percent  are  indicated  for  flow  rates  of  0.028  and  0.57  nr/s. 
Peak  efficiencies  for  overall  compressor  stage  at  a  low  Mach  number,  M..  -  0.5,  are 
superimposed  for  comparison.  The  computed  compressor  efficiencies  (determined  in  a 
similar  manner  in  Fig.  7)  compare  qualitatively  with  chart  efficiency  trends,  even  with 
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Fig.  7  Estimated  stage  efficiencies  (My  =  1.54) 


Fig.  8  Centrifugal  pump  and  compressor  efficiencies 

the  Reynolds  number  disparity.  Ref.  12  offers  test  confirmation  that  adiabatic  stage 
efficiencies  of  86  percent  can  be  attained  with  relatively  large  low  pressure  ratio 
centrifugal  compressors  designed  near  optimum  specific  speed. 

The  performance  and  operating  range  of  high  (air)  pressure  ratio  centrifugal  com¬ 
pressors  suitable  for  aircraft  gas  turbine  applications  eventually  become  limited  as  the 
Inducer  tip  relative  Mach  number  increases  beyond  approximately  1.4.  For  aircraft  appli¬ 
cations  in  particular,  it  is  desirable  not  only  to  attain  high  pressure  ratios  effi¬ 
ciently,  but  also  to  swallow  high  airflow  rates  per  unit  frontal  area;  i.e.,  to  utilize 
high  specific  speed  designs.  Optimization  was  applied  to  the  compressor  performance 
prediction  program  previously  described  to  determine  the  maximum  specific  speed  and 
efficiency  deg-adation  for  typical  high  pressure  aircraft  type  centrifugal  compressors  as 
a  function  of  pressure  ratio  for  M._  limit  of  1.4.  The  results  of  optimization  are  shown 
in  Fig.  9  indicating  a  reduction  in^both  specific  speed  and  efficiency  as  pressure  ratios 
are  Increased  beyond  7.0.  A  reduction  in  efficiency  is  also  reflected  at  pressure  ratios 
below  7.0  as  a  consequence  of  operating  beyond  the  optimum  Mach  number  and  specific 
speed. 
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Fig.  9  Inducer  tip  Mach  number  limit  on  specific  speed  and  efficiency 
CONCLUSIONS 

Analysis  of  the  test  performances  of  many  h: gh  and  low  speed  centrifugal  compressors 
(for  which  the  author  held  developmental  responsibility)  has  shown  a  satisfactory  corre¬ 
lation  of  impeller  polytropic  efficiency  versus  specific  speed  based  upon  average 
impeller  density.  This  correlation  is  contingent  upon  the  ability  to  assess  the  impeller 
and  diffuser  performances  as  separate  components,  and  presumes  the  impeller-diffuser 
interaction  effects  are  small. 

The  use  of  polytropic  efficiency  and  average  specific  speed  essentially  reduces  the 
impeller  flow  path  to  an  equivalent  incompressible  frictional  path,  and  is,  thus,  analo¬ 
gous  to  flow-path  conditions  in  a  centrifugal  pump,  although  generally  at  a  lower 
Reynolds  number.  Examination  of  test  impeller  efficiency  levels  and,  hence,  internal 
losses  indicates  that  the  majority  of  the  losses  is  frictional  from  both  the  flow-path 
geometry  and  the  windage  between  impeller  and  stationary  shrouds,  providing  clearance 
losses  are  minimal.  With  friction  as  the  major  loss  source,  it  is  difficult  to  perceive 
that  substantial  performance  improvements  can  be  made  to  the  impeller  other  than  in 
possibly  improving  its  discharge  flow  conditions  and,  thereby,  improving  the  static 
pressure  recovery  of  the  downstream  stationary  diffuser. 

The  frictional  hypothesis  appears  to  be  also  characteristic  of  flow  conditions  in 
the  channel  of  high-efficiency  transonic  impellers  where  shock  losses  may  be  minor  if 
proper  transonic  entry  design  blading  can  be  applied.  An  impeller  mean  streamline 
empirical  frictional  loss  model  with  blade  loading  loss  allowances  satisfactorily  dupli¬ 
cates  test  impeller  polytropic  efficiency  versus  average  density  specific  speed  trends. 
Analytical  demonstration  of  this  model  assists  in  the  generation  of  design  specific  speed 
charts  for  high  performance  centrifugal  impellers  within  specific  design  constraints. 

Although  the  particular  correlation  of  impeller  efficiency  may  assist  in  improved 
selection  of  optimum  impeller  geometries,  its  inherent  shortcoming  is  that  the  efficiency 
potential  of  the  overall  stage  (impeller  plus  stationary  diffuser)  cannot  be  determined 
without  additional  knowledge  concerning  the  diffuser  static  pressure  recovery,  as  influ¬ 
enced  by  the  impeller  exit  flow  distribution. 
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DISCUSSION 


WJansen,  Northern  Research,  US 

Could  the  author  explain  whether  he  really  means  that  the  diffusion  losses  are  not  a  function  of  impeller  relative 
velocity  ratio.  Also  could  the  author  suggest  why  diffusion  ratios  are  limited  to  1 .7  in  his  impeller  designs  where 
values  of  2.0  would  give  less  frictional  losses. 

Author’s  Reply 

I  do  not  mean  to  imply  that  diffusion  ratio  is  unimportant  but  nearly  all  of  the  compressors  of  Figure  3  have 
diffusion  ratios  lying  in  the  relatively  narrow  range,  from  1 .4  to  1.7.  They  are  limited  to  these  values  in  order  to 
avoid  impeller  stall. 


Y.Ribaud,  ONERA,  Fr 

What  values  will  stage  efficiency  reacli  for  the  optimum  value  of  specific  speed? 

Author’s  Reply 

Polytropic  efficiencies  of  about  0.85  can  be  obtained  for  machines  of  mass  flows  of  around  3  lb/s. 


D.Japikse,  CREARE,  US 

What  type  of  vaneless  diffuser  was  used,  was  it  a  pinched  type  or  an  unpinched  type  and,  in  any  case,  how  was  back- 
flow  controlled? 

Author’s  Reply 

The  choice  of  impeller  “b”  width  to  the  vaneless  diffuser  “b”  width  was  dictated  by  considerations  of  the  design  of 
the  diffuser  throat  area,  (particularly  its  aspect  ratio)  when  the  impeller  was  run  with  the  vaned  diffuser.  Width 
ratios  ranged  from  0.9  to  1.1. 

There  would  certainly  be  the  possibility  of  backflow  into  the  impeller  in  some  cases  beyond  the  point  of  stall,  when 
running  with  a  vaneless  diffuser. 


P.Langdon,  Holset  Engineering  Ltd,  UK 

I  have  observed  that  in  some  of  your  impellers  you  feature  short  splitter  blades  near  the  tip.  Have  you  found  any 
gain  from  these?  In  our  work  at  Holset  we  have  sometimes  obtained  improvements  in  surge  margin  and  slip  factor 
but  sometimes  we  only  get  an  improvement  in  slip  factor  and  certainly  we  obtain  no  improvement  in  efficiency. 
What  methods  do  you  use  for  positioning  the  splitter  vanes  and  do  you  think  that  improved  positioning  would  lead 
to  better  performance  gains? 

Author's  Reply 

We  use  splitter  blades  like  everyone  else  to  help  to  optimise  the  blade  loading,  but  we  do  not  have  any  special 
method  of  positioning  them  and  it  would  be  informative  to  conduct  research  in  this  area.  However  from  mechanical 
considerations  we  would  like  really  not  to  have  to  design  impellers  with  short  splitter  blades  at  the  tip  at  all. 
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14.  Abstract 

These  Conference  Proceedings  contain  the  21  papers  presented  at  the  AGARD  Propulsion  and 
Energetics  Panel  55th  (B)  Specialists’  Meeting  on  Centrifugal  Compressors,  Flow  Phenomena 
and  Performance,  which  was  held  in  Brussels,  Belgium,  on  7-9  May  1980.  The  questions  and 
answers  after  the  presentation  of  each  paper,  as  well  as  after  the  evaluation  which  was  made  at 
the  end  of  the  meeting,  are  included. 

The  Technical  Evaluation  Report  is  included  at  the  beginning  of  the  Conference  Proceedings. 


The  meeting  was  divided  into  five  sessions:  Experimental  Investigations  on  Flows  in  Impellers 
and  Diffusers;  Theoretical  Calculations  of  Flows  in  Impellers;  Interaction  between  Impeller 
and  Diffuser;  Design  Experience  and  Performance  of  Advanced  Centrifugal  Compressors 
(Parts  I  and  II). 

The  papers  were  focussed  on  the  inducer,  impeller  and  the  diffuser  flow  field,  on  interactions 
between  impeller  and  diffuser,  and  they  provided  a  comprehensive  survey  and  detailed 
information  on  design  experience  and  centrifugal  compressor  performance.  Viscous,  transonic, 
compressible  and  3-D  effects  were  studied.  The  influence  of  non-uniform  flow  at  the  rotor 
outlet  on  performance  and  surge  margin,  namely  for  high  pressure  ratio  compressors,  were 
discussed . 
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